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This  be  eh  diacusses^the  sources  of  nols*  In  ship*  and 
the  bases  for  controlling  noise  and  vibration  in  ships.  A  short  treat¬ 
ment  of  the  fields  of  physiosl,  physiological  and  structural  acoustics, 
as  well  as  acoustloal  measurements,  is  presented.  Modern  methods  of 
sound  and  vibration  Insulation,  and  sound  and  vibration  absorption,  and 
methods  for  measuring  these  values  are  described.  The  causes  of  the 
origin  of  vibrations  in  machinery  and  mechanisms  are  analysed,  end 
several  means  and  methods  for  controlling  those  vibrations  ase  indicated. 
The  material  discussed  la  illustrated  by  examples  and  calculations. 

The  book  is  intended  for  use  by  designers,  scientific 
shipbuilding  personnel  and  the  manufacturers  of  shipboard  meet 
It  may  ba  utilised  also  by  students  of  marine  end  architectural  acous¬ 
tics,  aeeustloe  of  mechanisms,  and  of  several  technical  applications 
of  the  theory  of  vibrations.  Certain  chap  tar#  of  the  present  book  may 
be  utilised  by  parsons  concerned  with  o  on  trolling  noise  and  vibration 
in  other  transport  vahiolea,  in  buildings  and  in  industry. 
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I 

"Sometime  in  the  future  mankind  will  suooeed  in 
controlling  noise  as  decisively  as  it  has  suc¬ 
ceeded  in  controlling  cholera  and  bubonic  plague." 

Robert  Kooh  (18)43-1910) 

(Epigram  of  the  exhibit  "Less  Noise l"  at  the 
Third  International  Congress  on  Acoustics,  Septem¬ 
ber,  1939.) 


INTRODUCTION 

1938  —  68  phons 
1952  —  77  phons 
1957  —  80  phons 

These  figures,  like  the  epigram  above,  were  taken  from  the  data 
of  the  Third  International  Congress  on  Acoustics.  They  indleate  the 
average  annual  increase  in  noisiness  of  transport  vehicles.  An  increase 
of  12  phons  in  the  noise  level  (i.e«,  a  more  than  two-fold  increase  in 
the  level  of  noise)  over  a  period  of  some  18  years,  as  indicated  by 
world  statistics,  is  a  value  sufficient  to  evoke  s  pause  for  reflection. 

Ships  do  not  constitute  an  exception  in  this  respect.  The  ex¬ 
tensive  introduction  of  Diesel  end  gas  turbine  equipment,  the  increase 
in  their  power  end  pressure,  and  the  increased  speed  of  >s  all  raault 
in  an  increase  in  the  noise  level  of  the  service,  passenger  and.  naviga¬ 
tion  areas  of  ships.  Thus  it  is  quite  natural  that  control  of  noise  end 
vibration,  aimed  at  improving  the  habitability  of  snips,  has  acquired 
prime  importance  during  recant  years. 

The  control  of  noise  and  lessening  of  the  effect  of  noise  and 
vibration  of  man  is  not  a  new  subjeot.  The  olaeeioal  works  of  Helmholz, 
Rayleigh,  G.  Lamb,  A.  N.  Krylov  and  S»  P.  Timoshenko  form  the  scientific 
basis  of  this  field  of  technical  acoustics.  Considerable  research  in 
the  field  of  sound  absorption,  and  in  the  related  fields  of  physical, 
physiologioal,  architectural  and  mensural  acoustics  have  been  performed 
by  the  native  sooustloa  scientists  N.  N.  Andreyev,  A.  X.  Belov,  L.  M. 
Brekhovskikh,  V.  S.  Origor’yev,  S.  N.  Rshevkin,  I,  I,  Slavin,  V.  V. 
Furduyev,  Ye.  Ya.  Yudin  and  others. 

Of  the  researoh  conducted  abroad  mention  may  be  made  of  the  funda¬ 
mental  investigations  of  G.  Fletcher  and  0.  Bekaahl  on  the  physiology 
of  hearing,  the  works  of  F.  Morse,  E.  Meyer,  L.  Kramer,  L.  Beranek, 

,  V.  Knuds an,  K.  Oeael,  tJ.  Ingard,  F.  Ingerslev,  0.  Oberst,  V.  tseller 
I  _and  others,  on  the  absorption  end  insulation  of  sound.  __j 
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The  majority  of  th«  work  dona  on  sound  shielding  has  dealt 
with  the  problems  connected  with  lessening  noise  in  industrial,  housing 
and  public  buildings,  and  in  surface  and  air  transport  vehioles.  The 
field  of  shipboard  aooustics  has  found  relatively  weak  expression  in 
the  scientific  and  technical  literature. 

Shipboard  aooustics  are  distinguished  from  architectural  acoustics 
by  several  peculiarities.  Firstly,  these  have  abundant  metallio  struc¬ 
tures,  through  which  sound  may  penetrate  to  remote  treat  j  there  is  con¬ 
siderable  saturation  of  areas  with  powerful  and  noisy  maohlnes,  such 
as  diesels,  ventillators  and  pumps,  which  as  a  rule  havs  variable 
schedules  of  operation)  heavy  eound-ehieldlng  structures  used  in  sta¬ 
tionary  construction  cannot  be  utilised.  The  peculiarities  listsd 
above  determine  a  certain  spedfio  approach  to  aooustlo  problems  of 
ships.  Attention  has  bean  fooustd  most  constantly  in  this  respect  on 
the  problems  of  propagation  of  vibration,  vibration  insulation  and 
absorption,  and  dlrsct  action  upon  the  sources  of  sound,  and  the 
problems  of  development  of  light,  and  sufficiently  efficient  sound 
shielding  means. 

Xn  connection  with  domestic  investigations  of  aooustios  having 
direct  bearing  on  shipa  and  other  means  of  transportation,  it  would 
be  pertinent  to  mention  the  works  of  Ye,  Ta.  Andreyevs -Oalinina  on  the 
effects  of  vibration  on  man,  M.  S.  Antsyferov  on  the  absorption  of  the 
sound  of  shipboard  ventillators  and  on  vibremetry,  N.  N,  Babayev  on 
shipboard  vibration,  N,  0.  Belyakovskly  on  vibration-insulating  struc¬ 
tures,  M.  D.  Oenkin,  V.  I.  Zinehsnko  and  K.  I.  Sell  van  ov  on  reduction 
of  the  noise  of  shipboard  mechanisms,  Yu.  I.  Iorlsh  on  vlbrometry, 

B.  D»  Tartakovskiy  on  vibrati on-abs orbing  coatings,  and  V,  P.  Terekikh 
on  the  vibrations  of  ships'  propeller  shafting.  These  and  other  works, 
investigations  and  projects  conducted  in  the  USSR  by  Institutes  cf  the 
Academy  of  Sciences  and  of  the  industries  and  plant  laboratories  create 
a  definite  basis  for  the  formulation  of  shipboard  aooustios  as  one  of 
the  branches  of  structural  and  architectural  acoustics  an  one  hand,  and 
of  the  structural  mechanics  of  shipbuilding  on  the  other. 

The  present  book  le  the  first  attempt  at  a  generalisation  of  the 
results  of  investigations  end  projeots  in  the  field  of  controlling  sound 
and  vibrations  in  the  sonic  frequency  band  in  shipe.  In  addition  to  the 
data  of  Russian  and  foreign  investigators,  the  book  contains  a  summary 
of  tha  author's  experiences  in  relation  to  various  problems  of  ship¬ 
board  acoustics. 

The  book  consists  of  three  parts.  The  flret,  or  introduotoxy 
part  presents  the  necessary  information  from  the  fields  of  physioal, 
physiological  and  manaural  aoouetioa ;  tha  souroes  and  level  of  noise  . 
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on  shipboard  are  indicated,  and  a  general  classification  of  the  methods 
of  controlling  sound  and  sonic  vibrations  is  given. 

Th&  second,  and  main  part  of  the  book  is  devoted  to  exposition 
of  the  methods  of  improving  the  acoustic  characteristics  of  ships' 
compartments.  The  sequence  of  chapters  of  this  part  conforms  to  the 
foregoing  classification,  i.  a.,  the  chapters  dealing  with  oontrol  of 
airborne  noise  by  the  methods  of  sound  isolation  and  sound  absorption 
are  first,  followed  by  the  chapters  dealing  with  control  of  sonic 
vibrations  by  vibration  isolation  and  absorption. 

Problems  in  quieting  shipboard  equipment  and  mechanisms  at  the 
source  are  discussed  in  the  third  part  of  the  book,  although  it  would 
appear  more  natural  to  discuss  them  on  the  basis  of  the  means  of  sound* 
shielding  of  compartments.  This  is  explained  by  the  fact  of  the  present 
insufficiency  of  experience  in  the  field  of  elimination  of  the  noise  of 
machinery  at  the  source,  and  by  the  faot  that  the  means  of  isolation 
and  absorption  utilised  in  elimination  of  the  noise  of  these  mechanisms 
are  described  in  part  two.  Yu.  S.  Kryuchkov  participated  in  drawing 
up  part  three,  and  the  author  expresses  his  gratitude  to  him. 

The  material  present  in  the  book  is  illustrated  by  numerical  and 
graphic  examples.  All  computations  in  the  examples  were  performed  with 
a  level  of  precision  equal  to  that  of  a  25 -centimeter  slide  rule.  In 
most  cases  the  mathematical  values  are  expressed  in  the  COS  system,  the 
use  of  which  enables  employment  of  the  Russian  standard  of  acoustic 
values  (GOST  8bU$-58,  datad  1  January  1959). 

The  author  is  indebted  to  L,  Ya.  Outin,  Who  reviewed  the  manuscript, 
to  the  critics  S.  N,  Rahevkin  and  I.  Ya.  Kolesnikov,  and  to  Editor  M.  S, 
Antsyferov  for  their  vexy  valuable  notations.  Consents  of  readers  rel¬ 
ative  to  the  present  book  also  will  be  received  with  gratitude. 


The  Author 
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PART  I 

BRIEF  SUMMARY  OF  PHYSICAL  AND  PHYSIOLOGICAL 
ACOUSTICS  AND  ACOUSTICAL  MEASUREMENTS 


CHAPTER  1 

GENERAL  CONCEPTS  AND  DEFINITIONS  OF 
PHYSICAL  ACOUSTICS 


1.  Vibration  Syatema  and  Vibratory  Motion,  Oscillation  of 
Sysiama  With  Gonosnlrated  ^onatanis 

.Ahqt  mechanical  system  having  elements  of  elasticity  and  mass  may 
produce  vibrations  upon  application  of  a  periodic  force  to  the  system. 
If  the  periodic  exciting  factor  is  present  during  the  entire  time  of 
vibration  it  is  oallel  a  forced  vibration.  If  the  system  is  excited 
from  a  state  of  equilibrium  and  vibrates  under  the  effect  of  its  own 
internal  forces  the  motion  is  referred  to  as  free  vibration.  Free 
vibrations  are  brought  about  by  the  transition  of  kinetic  energy  to 
potential  energy,  and  baok  to  klnetle.  Klnetle  energy  is  accumulated 
by  the  elements  of  mass,  and  potential  energy  is  accumulated  by  the 
elastic  elements. 

Ihe  simplest  example  of  a  vibrating  system  is  a  concentrated 
weight  suspended  by  a  spring,  one  and  of  which  is  fixed  to  a  support 
(Figure  1).  In  a  system  of  this  kind  the  elements  of  elasticity  and 
lass  are  separated  from  each  other,  and  it  is  called  a  system  with 
concentrated  constants.  In  acoustics  ws  encounter  Also  systems  with 
distributed  constants,  in  eaoh  portion  of  which  elastic  elements  are 
oonbined  with  mass  elements. 

In  the  system  illustrated  in  Figure  1,  no  external  force  is 
applied  in  its  free  oscillation,  end  thus  the  internal  forces  so  ting 
in  the  system,  elastic  and  inertial  forces,  are  equilibrated.  Accord- 
ing  to  Newton's  second  law  the  inertial  force  is  equal  to  the  product^] 


of  the  mass  M  and  its  acceleration,  and  the  elastio  force  is 
t,o  the  displacement  of  the  spring. 


proportion, 


Figure  1.  Simplest  vibrating  system  and 
its  vibration  curve. 

1,  Spring  2,  Mass 


The  equation  of  forces  acting  within  the  system  at  any  given 
moment  has  the  form 


My  +  Cy  •  Oj  (1) 

where  C  is  the  elasticity  or  rigidity  of  the  spring,  computed  aa 
the  force  whioh  must  be  applied  to  the  spring  to  effect 
unit  dis placement j 

y  momentary  value  of  the  oscillatory  displacement  of  the 
aprlngj 

y  momentary  value  of  the  oscillatory  acceleration  of  the  mass, 
equal  to  ths  second  derivative  of  the  oscillatory  displace* 
ment  according  to  time. 

The  simplest  form  of  resolution  of  the  differential  equation  of 
the  free  oscillations  of  a  system  with  concentrated  constants,  having 
one  degree  of  freedom  (represented  by  the  coordinate  y  in  the  given 
case),  is  a  harmonic  funotlon  of  time.  The  faot  that  a  harmonic,  i.e., 
sinusoidal  or  soainuaoldal  function  satisfies  the  aquation  of  oacilla* 
tory  movement  may  be  verified  by  fastening  a  stylus  to  the  moving  mass. 

A  sinusoid  wavs  is  drawn  on  paper  moving  perpendicularly  to  the  direc¬ 
tion  of  oscillation  (Figure  1). 

Equation  (1)  also  satisfiaa  an  axponential  function  of  an  Imaginary 
j  argument  whiqh  may  be  based  on  the  mathematical  formula  of  Euler  and  i 
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expressed  as  the  sum  or  difference  of  two  harmonic  functions.  In  the  I 
following  we  shall  frequently  undertake  resolution  of  equations  of 
oscillations  in  the  form  of  exponential  functions,  expressing  the  solu¬ 
tion  of  equation  (1)  in  the  simplest  form* 

y  ■  ya  sin  wtj  (2) 

where  ya  -  is  the  amplitude  of  the  oscillatory  displacement.  In 

Figure  2,  depicting  the  formation  of  a  curve  of  harmonic 
oscillation,  ya  represents  the  amplitude  of  the  rotating 
radial  vector,  the  projection  of  which  on  the  vertical  axis 
gives  a  sinusoid  function j 

t  -  is  time) 

cJ  -  is  the  rotational  velocity,  indicating  the  angle  (in 
radiant)  traversed  by  the  radial  vector  per  unit  time. 


Figure  2.  Determining  the  elements  of  s  harmonic  os  History 
proosss. 


A  very  important  characteristic  of  oscillatory  motion  is  the 
IKiriod  of  oscillation,  i.e.,  the  tine  of  one  complete  oscillation 
(Indicated  by  ?)•  It  ia  apparent,  that* 

tO  T  •  2/7T', 

JYon  which  wre  hava  T  *  •  (3) 


J 


? 


1 


Very  often  in  technical  aeoustlos  not  the  period  of  oedllationTT 
but  its  rtoiproosl  value,  ths  frequency  f  of  osoillation,  is  used, 
indie etin|  the  nuaber  of  ooaplete  osoilletions  per  seoond.  The  frequency 
is  expressed  in  cycles,  end  thus  is  equal  tot 


(U) 


An  expression  of  'the  monanbary  value  of  the  speed  of  oscillation 
of  a  ness  nay  be  obtained  from  equation  (2),  This  speed  is  equal  to 
tits  first  derivative  of  osoillatcry  displaesnsnt  with  tinet 

.  y-  ^  -  y.»CO* mtmy, tin  (mt  +  -j-j .  (5) 

idtere 

y.-y.».  («) 


< 


As  we  have  seen,  the  amplitude  of  the  speed  of  osoillation 
y,  is  u)  -fold  greater  than  the  amplitude  of  osoillatcry  displaoenent. 
The  argument  of  the  trigonometrio  function  In  the  expression  j  is 
distinguished  from  the  corresponding  argument  y  by  .  This 

implies  a  phase  displaesnsnt  of  ths  vector  of  the  speed  of  oscillation 
relative  to  the  veotor  of  oaoillatory  displaoenent  equal  to  a  90° 
angle. 


The  speed  of  osoillation  of  the  ease  is  equal  tot 

y  m  0  -  — yt»»  sin  «y.  sin  mt, 


where 

y.--yae>». 


The  amplitude  of  the  vibrational  eeeelerstion  mswrioelly 
exoeede  the  enplltmde  of  oeoilletory  displecensnt  u>  z-fold.  The  nlnus 
•ign  indioetes  that  the  direction  of  the  veotor  of  the  acceleration  it 
opposite  to  the  direction  of  the  vector  of  oeoilletory  displaoenent, 
i.e.,  that  in  the  very  simple  oeeillatory  system  considered  the  phase 
displaoenent  between  the  acceleration  end  displaesnsnt  of  oooilletionc 
is  equal  to  100°. 
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Example  1.  Given  ext  two  vibrating  plate*.  The  speed  of  oeoillaj- 
tion  or  the  first  plate  1*  ■  20  oyelet  per  aeoond,  and  it*  amplitude 

of  oscillatory  displacement  is  •  0,J  am.  The  second  plate  oselllates 
with  a  speed  of  f  2  •  1,000  cycles  per  aeoond,  and  its  amplitude  is 
y.g  ■  0.0005  net.  The  problem  is  to  determine  the  acceleration  of  oe&lla- 
tion  of  both  plates. 

Solution.  On  the  basis  of  formal**  (8)  and  (I*)  the  amplitude  of 
the  acceleration  of  osolllatlon  of  the  first  plat*  is 

y«-(2«/)*yu-  (J«ao)*-o.06-790  «/•«>*. 


The  aeoelaratlon  of  osolllation  of  the  seocnd  plate  is 

yMw(2ic*  1000)** 0.00006— 1970  om/aee2. 


Thus  the  acceleration  of  osolllation  of  the  aeoond  plate  is 
2.5-fold  greater  than  that  of  the  first,  although  the  amplitude  of  its 
oscillation  is  1, 000-fold  less  than  that  of  the  first. 

From  this  example  it  is  not  difficult  to  deduce  e  practical  eon- 
olualon  relative  to  instruments  for  measuring  vibration,  via.  instru¬ 
ments  reacting  to  oscillatory  asoeloration  mat  bo  mueh  more  sensitive 
in  the  field  of  high  frequency  than  the  instrownta  for  measuring  the 
speed  of  oeollletion,  whioh  in  turn  must  be  more  sensitive  than  in¬ 
struments  reacting  to  the  magnitude  of  oeeillatory  displacement. 

We  turn  next  to  expression  for  the  frequency  of  free  osolllation 
of  the  system  depleted  in  Figure  1,  l.e. ,  the  frequency  with  which  this 
system  oscillates  when  it  is  removed  from  an  equilibrium  situation  end 
oaolllatea  by  itself.  Inserting  expression  (?)  end  (2)  into  formula 
(1),  wo  obtain,  after  reduction  of  the  value  of  rotational  frequently  • 
of  the  free  oeoillatione  of  the  system  (Indicating  this  frequency  by 

yJ0)» 


Taking  aeooent  of  the  relationship  between  end  f  (formal* 
(lt»,  w*  obtain  an  expression  of  the  frequency  of  free  oscillations  fQ 
of  the  systsmt  ° 


L 
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(10) 

J 


whore  0  is  the  weight  of  the  oscillating  mass] 
g  is  the  aooeleratlon  due  to  gravity. 


"I 


Example  2.  A  maohine  of  weight  0  «  200  kg  Is  set  on  four  shook* 
absorber  springs]  eaoh  of  the  springs  is  able  to  compress  through  a 
distance  of  1  mu  under  the  effeot  of  a  foroe  of  10  kg.  The  problem  is 
to  determine  the  frequency  of  free  oscillations  of  the  mechanism  on  ths 
shook  absorbers.  By  what  factor  should  the  number  of  shock  absorbers 
be  increased  to  affect  s  two-fold  increase  In  this  frequency? 

Solution.  The  magnitude  of  fg  may  be  found  according  to 
formula  (id),  expressing  all  magnitudes  In  a  system  such  as  that  of 
013.  In  practice ,  however,  It  ie  more  convenient  to  repress  the 
rigidity  in  kg/cm,  end  the  weight  In  kg.  In  thla,  g  1 n  formula  (10) 
will  be  equal  to  98l  cm/eec2. 

The  eleatloity  of  eeoh  of  the  shook  absorbers  lei 
C,®.*  *  100  kg/cnw 

The  frequency  of  free  oaclllatlans  of  the  shock  absorbing 
meotoanlam  1st 


To  lnoreaaa  the  frequency  two-fold  the  number  of  ahoek  abeorbere 
must  be  lnoreaaad  h-fold. 

*• 

The  foregoing  section  presented  a  brief  survey  of  free  vibra¬ 
tions  of  very  simple  oscillatory  ay  tame  with  concentrated  cone  tents. 
Whan  some  external  periodic  activating  force  acts  on  the  system  the 
oac illation  of  the  system  becomes  forced.  The  equation  of  forced 
oepl nation  la  obtained  from  equation  (1),  supplementing  the  right- 
hand  side  of  the  equatien  with  a  teem  characterising  the  exciting 
foroe. 


To  the  left  aide  of  the  aquation  we  also  add  a  term  charac¬ 
terising  the  reaction  of  the  fores  of  friction,  which  la  present  to 
greater  or  lesser  degree  in  oscillatory  systems.  In  engineering  oal- 
-eulations  the  force  of  friction  moat  often  is  taken  as  proportionate. 
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f  to  th«  speed  of  osoillatlon  (vlsooua  friction).  Adoption  of  th«  law  of] 
viscous  friotion  grsstly  alnpUflaa  analysis,  although  thla  law  by  no 
means  la  alwaya  trua  In  aotual  oscillating  systems. 

Thu*  the  equation  of  the  vibrations  of  a  very  aimple  oaolllatory 
system  with  vlsooua  friction  may  be  written  aa  follows* 

♦  Ry  ♦  Cy  -  P,  (11) 

where  R  le  the  coefficient  of  frlotlonj 
P  la  the  exciting  foroe. 

The  periodical  exciting  foroe  may  be  expressed  In  the  form  of  a 
harmonic  function  or  exponential  function,*  i.e.,  in  the  form* 

P  •  (12) 


where  Pt  is  the  amplitude  of  the  foroe) 

e  la  the  natural  logarithm  base  a  •  2.718) 


J 


V'-1 


The  representation  of  os¬ 
cillating  foroes  and  parameters 
of  oecillatory  processes  (dis¬ 
placement,  speed,  acceleration) 

In  the  form  of  exponential  func¬ 
tions  derives  from  the  symbolic 
method,  which  la  applied  ex¬ 
tensively  In  aoouatios  and 
electro technology.  At  the 
basis  of  this  method  is  the 
utilisation  of  geometric  Inter¬ 
pretation  of  oomplax  numbers, 
i.e.,  representation  of  vectors  as  the  sum  of  two  of  their  projections, 
on  real  and  imaginary  coordinate  axes  (figure  3),  Por  example,  vector 
A  In  Pigure  3  may  be  expressed  In  the  following  form* 


Plgure  3*  Representation  of  a 
vector  and  its  components  in 
a  oomplax  plane. 


A  •  B  ♦  jC 


Where  B  end  C  are  the  real  and 
i.e.,  its  projeotlona  on  tl*e  e 
plane. 


(13) 

components  of  the  veotor, 
coordinate  axes  of  a  oomplax 


.] 
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Prom  Figure  3  it  may  be  seen  that  [ 

B  •  |  A I  ooe  f>  j 

,  ,  *  (U) 

C  •  I A  {  si n<f>  t 

where  I A  |  la  the  absolute  value,  or  module  of  the  complex  number 
comprising  rector  A) 

¥  is  the  phase  ancle  (eomplax  number  argument). 

It  is  readily  seen  that  the  value  of  |A[  is  equal  to 

ui  •  V  b*  +  c*;  (15) 

Therefore  the  vector  A  may  be  represented  in  the  form: 

A  •  |  A  |  (cos^  +  1  sin  <f  ).  (16) 


This  is  the  so-called  trigonometric  form  of  depicting  a  complex 
number.  Taking  into  aceount  the  relationship  between  trigonometric  and 
exponential  functions  known  from  the  field  of  mathematics,  the  value 
A  may  be  represented  also  in  exponential  form: 

*  -  |  A  |  e J  r  (17) 

The  latter  font  of  depletion  of  a  complex  number  is  utilised  in 
acoustics.  The  reader  who  must  aoquaint  himself  in  greater  detail  with 
complex  numbers  and  their  geometric  representation  or  desirea  to  refresh 
his  memory  with  respect  to  this  field  of  mathematics  may  refer  to  the 
corresponding  mathematics  textbook  or  handbook  (26,  97).  The  problems 
connected  with  the  application  of  tha  symbolic  method  in  aooustier 
and  tha  theory  of  oscillations  are  discussed  in  the  bocks  of  P.  Morse 
(76),  T.  V.  Furduyev  (105)  and  G.  Olson  (62).  From  these  works  it  may 
be  seen  that  this  method  is  very  suitable  for  resolution  of  vibration 
problems  which  at  first  glance  appear  to  be  effected  by  several  dif¬ 
ferent  conditions , 


The  value  j  occasionally  la  called  the  phase-rotational 
operator.  For  tha  purpose  of  olarlfioation  of  the  reason  and  essence 
of  this  appellation  wa  most  turn  to  the  expression  of  oscillatory  dis¬ 
placement,  oscillation  speed  and  tha  acceleration  of  oeoillatlon  of  mass 
in  the  system  with  one  degree  of  freedom  as  described  in  Section  1  of 
the  present  chapter  (formulae  (2),  (5)  and  (6)).  Expressing  tha 
oscillatory  displacement  in  exponential  form,  we  have:  t 
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(18)1 


If  the  vector  of  oscillatory  displacement  is  projected  upon  the 
real  axis,  on  the  aide  of  the  positive  value  of  y,  the  vector  of  the 
speed  of  oscillation  will  be  projected  upon  the  imaginary  axis,  i.e., 
axis  j  (Figure  U).  .  Thus  multiplication  by  j  in  the  formula  (19) 
would  indicate  a  rotation  of  90°  in  the  vector. 

the  oscillatory  acceleration 
of  the  mass  is  equal  tot 

y«  «*  jwyneJ'“t •  jin'*-  —  <*>*)'•  (20) 

nM  • 


The  vector  of  oscillator; 
acceleration  is  projected  on  the 
Figure  h.  Vector  diagram  material  axis  on  the  side  of  the 

of  oecillatory  displace-  negative  value  of  y,  i.e.,  forma 

ment,  speed  and  accelera-  an  angle  of  180°  with  the  dia- 

tion  in  a  frictionleaa  placamant  vector.  This  may  be  o on- 

system.  eidered  formelly  as  a  consequence 

of  the  rotational  multiplication 
by  j.  On  the  whole,  the  vector 
diagram  of  displacement,  speed 

and  acceleration  (Figure  it)  is,  »s  may  be  deal red,  similar  to  a  diagram 
which  could  be  cone trusted  according  to  formulas  (5)  and  (8),  obtained 
with  the  eld  of  trigonometric  functions . 

Let  us  turn  again  to  aquation  (11)*  The  general  solution  of 
this  equation  contains  two. tarns t  the  first  term  correspond* «to  the 
free  oscillations  of  the  system,  which  in  the  given  oase  are  diminish¬ 
ing,  due  to  the  pretence  of  frioticn  in  the  system;  the  second  corre¬ 
sponds  to  forced  oseillatlon.  The  expression  of  oscillatory  dis¬ 
placement  under  forced  oscillation  may  take  the  form  of  formula  (18) • 
Inserting  the  expressions  of  dlsplaeeswnt,  speed  and  aeeelaration  from 
formulas  (16)  -  (20),  and  expression  F  from  formula  (12)  Into  formula 
(11),  we  obtain,  aftar  reduction  of  the  exponential  factors 
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— Af^y.  +J»Ry,  +  Cy, 


"1 

(21) 


from  which  we  have 


sas 


C-M*>  +  hR' 


(22) 


For  determination  of  the  amplitude  of  the  oscillatory  displace* 
went  it  ie  neeeeeery  to  make  use  of  the  modulus  of  the  complex  ex¬ 
pression  (22).  On  the  basis  of  formula  (15)  the  modulus  y*  is  equal 
to* 


4 


V  +<•#)*  * 


(23) 


Let  us  now  find  the  value  of  the  vector  and  the  modulus  of  the 
amplitude  of  the  speed  of  oscillation.  Knowledge  of  this  value  is  very 
important  because  the  value  of  the  speed  of  oscillation,  and  not 
osoillatory  displacement,  determines  the  amount  of  energy  radiated  during 
vibration,  and  the  degree  of  sound  isolation  of  the  structure. 

In  determining  the  value  of  the  speed  of  osoillation  we  express 
the  value  of  osoillatory  displacement  end  acceleration  through  the 
value  of  the  speed  of  osoillation.  From  formulas  (19)  and  (20)  we  haves 


Following  insertion  in  formula  (11)  and  reduction,  we  haves 


>Afy,  -h/?y* — >  —  y.»  Ft. 

ui 


Whence 


(25) 

(26) 

(27) 
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The  expression  in  the  denominator  of  formula  (26)  is  called  ! 
the  total  mechanical  resistance  of  the  system  (occasionally  it  is  called 
the  impedenoe  of  the  system)*  Indicating  this  by  the  symbol  2,  we 
have* 


\  *  /  y« 


(28) 


i.e.,  the  total  meohanioal  resistance  of  the  system  is  equal  to  the 
ratio  of  vibratory  force  acting  In  the  system  to  the  speed  of  oscilla¬ 
tion  evoked  by  this  for"*.  The  dimension  of  the  meohanioal  resistance 
is  dynes*sec/cm. 

Let  the  oscillatory  system  consist  of  a  single  mass  only,  i.e. 

C  •  0  and  R  ■  0.  Then  from  formula  (28)  we  havet 

.  (29) 

From  this  it  is  apparent  that  the  meohanioal  resistance  of  the 
mass  to  the  established  oscillatory  motion  is  proportional  to  the 
frequency  of  osolllation.  The  mechanical  resistance  of  the  elements 
of  elasticity  and  friotlon  have  similar  form 


(30) 

(31) 


The  meohanioal  resistance  of  the  elastic  element  is  inversely 
proportionate  to  the  frequency  of  oscillation,  but  the  clement  of 
viscous  friotlon  does  not  depend  upon  frequency*  Furthermore,  from 
formulas  (29)  through  (31)  it  is  apparent  that  the  resistance  of  mass 
and  elasticity  are  plotted  on  the  imaginary  axis  (with  the  former 
in  the  positive  direction,  and  the  latter  in  the  negative  direotion), 
but  the  resistance  of  friction  is  plotted  on  the  real  axis.  Multiplica¬ 
tion  by  3,  as  described  in  the  above,  corresponds  to  a  phase  rotation 
of  9C°*  Thus  the  mess  effects  a  phase  shift  of  the  speed  of  oscillation 
of  90°  relative  to  the  osolllatory  force,  and  the  elastloity  effects 
a 'shift  of  90°  in  the  opposite  direction.  With  the  action  of  a  single 
frictional  force,  only,  there  is  no  phase  shift  between  the  osolllatory 
force  and  the  speed  of  oscillation* 


The  frictional  resistance,  evoking  an  Irreversible  loss  of  f 
energy,  is  called  an  aotlve  resistance.  The  resistance  of  mass  and 
elasticity,  evoking  only  the  appearance  of  a  phase  shift  between  foroe 
arid  speed,  but  no  energy  loss,  is  called  a  reactive  resistance. 


Figure  5  depicts  the  frequency  dependence  of  the  amplitudes  of 
the  mass  and  elasticity  components  of  mechanical  resistance,  i.e«,  the 
values 


w 


It  may  be  noted  that  ^  distinction  from  Figures  and  li,  the 
curves  of  Figure  5  are  plotted  not  on  a  oompleoc  plane,  but  In  an  ordinary 
coordinate  system,  in  which  the  values  of  the  modulus  of  the  vector  of 
mechanioal  resistance  are  plotted  on  the  vertical  axis  (with  obssrvance 
of  sign)  and  the  values  of  the  frequency  of  oscillation  ars  plotted 
on  the  horizontal  axis. 


Figure  5.  Frequency  function  Figure  6.  Resonance  curves, 

of  the  components  of  meoh-  1  -  In  s  system  without  frio- 

anlcal  resistance  in  an  tionj  2  -  In  a  system  with 

oscillatory  system,  without  friction 

resist anos. 


At  a  deflnlta  frequency  the  total  resistance  of  s  system  without 
resistance  (broken-line  curve)  progresses  through  taro.  This  is  the 
|  frequency  of  resonance  of  the  system.  For  s  oircular  resonance  frequency 
•'XU’  Q,  therefore,  — 1 
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Thence  the  resonance  frequency  of  a  system  without  frlotion  Is  t 


(32) 


The  resonance  frequency  of  a  system  of  this  kind  is  found  to  be 
equal  to  the  frequency  of  free  oscillation  of  the  system  (formula  10). 
The  frequency  of  resonant  osolllatlon  in  a  system  with  frlotion  is 
somewhat  lower  than  the  frequency  of  natural  osolllatlans  in  a  system 
without  friction;  however.  In  the  overwhelming  majority  of  oases  of 
practical  interest  this  difference  may  be  neglected. 

At  the  resonant  frequency  of  a  system  its  reactive  resistanoe 
is  equal  to  zero.  The  speed  of  osolllatlon  of  the  mass  la  equal  to 
(from  formula  26) t 

yiree-ly«resl“  -J  -  <33) 

In  the  absence  of  the  foroe  of  frlotion  from  the  system  the 
speed  of  oscillation  at  resonant  frequency  Increases  without  limit 
(Figure  6,  curve  1).  The  greeter  the  meohanleal  loss  in  the  system, 
the  weaker  is  the  appearance  of  resonance  (curve  2). 

Example  3.  In  the  ayatam  depicted  in  Figure  1  the  weight  la 
equal  to  3  kg,  and  tha  atiffness  of  the  spring  is  300  kg/ca.  The  prob¬ 
lem  la  to  determine  the  magnitude  and  ohareoter  of  the  maohaaioal 
resistance  of  the  system  at  fraquanclsa  20  cycles  above  and  below  the 
reaonahoe  frequenoy. 

Solution.  The  resonant  frequency  of  the  system  1st 

/  _  1  ,  /~C~Z  1  ,  f 300*961  _  . 

CTOlM- 

The  magnitude  of  the  meohanleal  resistance  of  the  system  at  a 
frequency  of  70  oyolts  1st 

(***  -  &)  ->(»-•»•••  *«•-  ££)  * 
ay  ( 13.2— 6.8) •  10*«/» 6,4*  10*  dynes  aeo/cm.  __j 
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The  resistance  of  the  system  at  frequencies  above  the  resonant  •  | 
frequency  are  inertial  in  character  (as  was  seen  from  equation  (29)  t 
the  inertial  character  of  a  system  is  reflected  by  the  sumbol  +  j  before 
the  value  of  the  resistance). 

it  a  frequency  of  30  cycles  the  mechanioal  resistance  of  the 
system  is  equal  tot 

*iW(2ie.30.3  10»~  ay(5.65-15.9).  10»- 

*■  —/•  10.2*  10*  dynes  sec/om. 

At  a  frequency  below  resonance  the  resistance  has  an  elastio 
character  (the  sign  -j  before  the  resistance  value,  of.  equation  (30)). 

Example  It.  In  the  system  characterising  the  data  of  the  previous 
example,'  the  element  of  friction  has  been  added.  The  friotiocal  resist¬ 
ance  is  R  ■  10?  dynes  •sec/cm.  The  problem  is  to  determine  the  ratio 
of  the  amplitude  of  the  speed  of  oscillation  of  the  system  at  resonance, 
to  the  amplitude  of  the  speed  of  oscillation  at  a  frequency  of  30  ope. 
[oyoles  per  seoond]. 

Solutloq.  Because  the  frictional  foroe  is  relatively  small,  the 
resonant  frequency  of  the  system  is  not  significantly  dlffsrent  from 
the  frequency  of  free  oscillations  of  a  system  without  friotion,  but  the 
resistenoe  of  the  eye  tern  at  a  frequency  of  30  oyoles  is  praetioally 
equal  to  its  reactive  reaistanoe,  determined  in  the  preoaeding  example. 

From  formulas  (33)  and  (27)  it  follows  that  at  a  constant 
exciting  foroe  the  ratio  of  the  amplitude  of  the  speed  of  oeeiUation 
at  resonant  frequency  to  the  amplitude  of  the  apeed  of  oaoillation  at 
any  other  frequency  is  equal  to  the  ratio  of  the  moduli  of  the  mechani¬ 
cal  reaistsnoaa  of  the  system  at  these  frequencies.  The  mechanioal 
reaistanoe  of  the  system  at  resonant  frequency  is  determined  by  the 
magnitude  of  the  friotion  value  (formula  31)*  The  magnitude  of  meohanl- 
oal  resistance  of  the  system  at  a  frequency  of  30  ope.  wee  determined 
in  the  previous  example.  Using  these  values,  me  have* 

L&mL  -  10,a  ty  _  10.2 

ly.sal 


The  amplitude  of  the  speed  of  oscillation  at  resonance  it  10- 
fold  greater  then  the  amplitude  of  the  speed  of  oscillation  at  a 
frequency  differing  by  only  20  eyolee  from  the  reson  jit  frequency. 
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The  sharp  increase  in  the  speed  of  osoilletion  at  resonsnoe  is  ex-  ! 
plained  by  the  relatively  snail  value  of  friotion  in  the  system* 

The  phenomenon  of  resonance  plays  an  important  role  in  structural 
acoustios.  Resonsnoe  may  be  observed  not  only  in  vibrations  of  a 
machine  as  a  whole  on  elastio  supports ,  but  also  in  the  elastic  material 
of  anti-vibration  mounts,  Just  as  plates,  bars,  air  buffers  and  air 
spaoes.  Osoillating  systems  either  radiate  or  transmit  the  greatest 
amount  of  oscillatory  energy  at  resonance.  However,  the  phenomenon 
of  resonance  may  be  utilised  for  the  opposite  purpose,  for  absorption 
of  vibration. 

3.  Origin  of  Sound,  Speed  of  Propagation  of  Sound 

Elastic  and  inertial  foroes  exist  not  only  in  systems  with  con¬ 
centrated  constants,  but  also  in  solid  media*  These  forces  derive  from 
a  correspondingly  elastio  interaction  of  particles  of  the  medium  and  the 
inertial  properties  of  the  mass  of  the  particles.  The  elasticity  and 
mass  seem  to  be  distributed  throughout  the  elements  of  the  medium,  and 
because  of  this  a  solid  medium  is  oalled  a  system  with  distributed  con¬ 
stants.  Elastic  vibration  also  is  possible  in  them,  consisting  of  a 
series  of  subsequent  compressions  and  rarefactions,  propagating  from 
the'  source  of  excitation  with  a  definite  velocity.  Vhia  process  of 
propagation  of  moohsnioal  vibrations  in  s  medium  is  celled  sound* 

In  particular,  the  sound  prooeas  arises  In  the  medium  surrounding 
the  system  of  Figure  1,  through  the  oaoillation  of  the  litter.  The 
back-end -forth  motion  of  tha  mass  leads  to  the  creation  of  compression 
and  rarefaction  of  tha  medium  st  its  surface,  which  propagates  through 
the  surrounding  mar  *f  medium  end  Is  perceived  ss  sound  (Figure  7). 

Not  only  various  mechanical  oscillatory  systems  with  oonosntrsted 
constants  may  serve  ss  sound  generators,  but  also  vortical  fool,  oavita- 
tion  bubbles  (in  a  liquid),  and  aurfaeea  whioh  rub  against  sach  other. 
Similar  proceesaa  of  the  generation  of  sound  vibrations  in  mechanisms 
are  discussed  in  Fart  HI* 

Sound  propagating  through  air  is  oalled  airborne  sound.  Sound 
propagating  through  sufficiently  extensive  solid  bodies  may  be  oalled 
materiel,  or  structural  sound.  In  solid  bodies  of  finite  dimensions 
(pistes,  bare)  the  sound  prooeas  appears  i'i  the  form  of  sonic  vibrations* 


Figure  7.  Formation  of  sound  from  the  vibrations 
of  a  system  with  concentrated  constants . 


Reviewing  the  picture  of  propagation  of  sound  vibration  in  any 
given  medium  it  may  be  noted  that  in  the  direction  of  propagation  there 
are  points  with  identical  degree  of  compression  or  rarefaotion  and  that 
these  are  located  at  identical  dietanoae  (Figure  7).  The  distance 
between  these  points,  having  identical  phase  of  oaoillatlan,  is  called 
the  length  of  the  wave*  It  may  be  noted  also,  that  the  length  of  the 
wave  is  the  distance  travelled  by  a  sound  wave  during  a  certain  period. 
If  the  wave  length  is  indicated  by  the  eynbol  X.  end  the  speed  of 
propagation  of  the  vibration  in  the  medium  is  indieated  by  c,  we 
have  the  relationship 


X  •  -f-  -  ex  (3li) 

where  f  end  T,  ee  in  the  oaee  of  an  oscillating  system  with  con¬ 
centrated  constants ,  are  the  frequency  and  period  of  vibration. 

The  speed  of  propagation  of  aound  or,  as  it  is  abbreviated,  the 
speed  of  sound,  is  a  vary  important  characteristic  of  the  sound  process. 
The'  magnitude  of  this  speed  depends  upon  the  char ao tar  of  the  medium 
and  the  form  of  propagation  of  sound  waves  in  the  medium. 

Osseous  and  liquid  madia  are  entirely  characterised  by  one 
elaetlo  oonatant,  the  ooeffioient  of  oompreaslbility  (or  the  reolprooal 
of  its  value,  the  modulus  of  elasticity) .  In  these  media  only  one  type 
of  sound  waves  may  occur,  compression,  or  longitudinal  waves,  i.e.,  J 
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those  In  which  the  direction  of  vibration  of  particles  of  the  medium  ^ 
coincides  with  the  direction  of  propagation  of  the  waves.  Let  us  imagine 
a  conventional  system  with  distributed  constants  In  the  form  of  a 
series  of  parallel  linkages  of  an  infinite  number  of  alternating  elements 
of  elasticity  and  mass.  In  the  ease  of  longitudinal  oscillations  we 
have  displacement  of  the  masses  end  deformation  of  the  springs,  trans¬ 
mitted  from  one  element  to  another,  in  the  direotlon  of  the  length  of 
the  linkage  (one  of  these  linkages  is  depietsd  in  Figure  8), 


Homogeneous  isotropic  solid  media  are  characterised  by  two 
elastic  constants.  Host  often  we  find  the  modulus  of  elasticity  (Young’s 
modulus)  and  the  modulus  of  shear  as  these  constants.  the  presence  of 
a  second  elastic  constant  corresponds  to  the  possibility  of  the  appearance 
of  deformation  of  shear,  as  well  ss  deformation  of  compression  4  in 
unbounded  solid  media,  with  tha  result  that  two  types  of  waves  exist, 
longitudinal  and  transverse.  Transverse  waves  ere  distinguished  from 
longitudinal  vaves  in  that  the  vibrations  are  perpendioular  to  the 
propagation  of  the  wave  (Figure  8).  Other  types  of  waves  also  are  possi¬ 
ble  in  bounded  solid  bodies  and  at  the  boundaries  of  media. 


I  t 


Figure  8.  Longitudinal  v 
(1),  and  transverse  (2) 
vibration  of  partioles 
of  a  continuous  medium. 


Let  us  consider  the  expressions 
of  the  r peed  of  sound  in  various  media. 
In  a  gaseous  medium  the  speed  of  sound 
is  equal  tot 


where  p  and  p0  are  tha  density  end 
statlo  pres sura  of 
tha  gasj 

V  i*  the  ratio  of  tha 

specific  heat  of  tha  gas 
at  constant  pressure  to 
the  speelflo  heat  at 
ocnstant  voluma  (in  tha 
oaaa  of  air,  y  •  l.lt). 

tha  speed  of  sound  in  e  gae  da- 
pende  upon  the  temperature.  In  air  this 
dependent  function  has  the  form 

•  332  ♦  0.6t  m/eeo  (36) 

where  t  is  the  temperature,  in  degrees  ! 
Centigrade.  *~l 
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At  temperatures  In  the  range  of  20°C  the  speed  of  sound  In  sir 
is  close  to  3u0  n/seo.  The  dependence  of  the  speed  of  sound  upon 
temperature  is  weaker  in  the  exhaust  gases  of  engines,  containing  a 
conslderabls  amount  of  earbon  oxides,  than  in  air* 


The  speed  of  sound  in  liquids  is  detendnsd  according  to  the 
formula!  • 

ellquid  *  vqp.  (37) 

where  K  is  the  so-called  modulus  of  volumetric  elasticity. 


In  practical  computations  the  speed  of  sound  in  water  and  liquid 
fuels  nay  be  taken  as  approximately  1,500  m/sec. 

As  mentioned  in  the  foregoing,  two  types  of  waves  exist  in  un¬ 
bounded  solid  media.  The  formula  for  calculating  the  speed  of  propaga¬ 
tion  of  longitudinal  waves  1st 

01  ~  V  tV (1- 2n)(l  +  (38) 

where  E  is  Young's  modulus} 

p  is  Poisson's  ratio} 

p  is  the  density  t  .he  material  of  the  medium* 

i 

In  metals  c^  has  a  value  of  3  to  5  km/sec.  In  media  with  a 
large  coefficient  of  loss  due  to  internal  friction  (rubber,  plastics, 
wood),  the  value  of  the  speed  of  propagation  of  vibrations  is  a  func¬ 
tion  of  the  frequency  of  the  vibrations. 

The  values  of  the  speed  of  propagation  of  longitudinal  waves 
in  several  materials  and  media  of  major  importance  are  given  in  the 
several  column  of  Table  1.  The  table  also  presents  the  density  values 
of  these  materials  and  media  necessary  for  practical  computations. 

In  thin  bars,  the  transverse  dimensions  of  which  are  lass  than 
the  length  of  longitudinal  waves,  the  speed  of  propagation  of  longi¬ 
tudinal  wavaa  ia  equal  tot  * 

•bar  *  ]/-f~  •  (39) 
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If  the  transverse  dimensions  of  the  bar  are  several-fold  greater ! 
than  the  length  of  the  sound  waves,  the  speed  of  propagation  of  longi¬ 
tudinal  vibrations  in  the  bar  may  be  considered  equal  to  the  speed  of 
propagation  of  these  vibrations  in  an  unbounded  medium  (formula  38), 

As  may  be  seen  from  formulas  (38)  and  (39),  the  speed  of  propaga¬ 
tion  of  longitudinal  waves  in  thin  bars  is  distinguished  from  the  speed 
of  propagation  of  the  same  waves  In  unbounded  media  or  very  wide  bars 
by  the  absence  of  the  factor  containing  Poisson's  ratio#  This  dif¬ 
ference  is  not  very  significant  in  metals  due  to  the  relatively  small 
value  of  Poisson's  ratio.  In  rubber  and  several  rubber-like  materials 
used  for  Isolation  of  sound  vibration  Poisson's  ratio  is  approximately 
0.5,  ar.d  because  the  denominator  of  formula  (38)  contains  the  value 
1 2  (i,  the  speed  of  sound  in  unbounded  media  of  these  materials  may 
be  several-fold  greater  than  the  speed  of  sound  in  bars. 

Table  1. 

DENSITY  AND  SPEED  OF  PROPAGATION  OF  LONGITUDINAL  SONIC  WAVES, 

AND  1H3  ACOUSTIC  RESISTANCE  OF  SEVERAL  MEDIA  AND  MATERIALS 


Medium,  Material 

Density, 

g/cm3 

Speed  of 
Propagation 
of  Sound, 

m/sec 

Specific 

Acoustic 

Resistance, 

g/seccm2 

Air . *  .  e 

0.0012 

340 

41 

Water  .  . 

1 

1800 

1,5  10* 

Steel . . 

7.S5 

3,9*10* 

Aluminum.  .  .  . 

2.7 

6100 

1,3*10* 

Rubber  (bars)  ........ 

1-2 

40-100 

4*  10*  — 3,2*10* 

Cork . 

Wood  (pine) 

0.2 

430-530 

8,6*10*—  1,2*10* 

with  the  grain  . 

0.7 

2.4* 10* 

across  the  grain.  ..... 
Wood  (fir; 

0.7 

2500 

•  1,7*10* 

with  the  grain  . 

0.5 

2,5-10* 

across  the  grain  ..... 

0.5 

2400 

1,2*10* 

Glass  . 

me— . . . . 

2.5 

5200 

1,3* 10* 

-  - .  .  ) 

Example  5.  The  transverse  dimension!  of  the  rubber  part  of  a 
sound-isolating rubber  mount  are  several  times  greater  than  the  length 
of  longitudinal  waves  in  tha  rubber.  The  problem  la  to  find  ths  ratio 
of  the  velocity  of  longitudinal  vavaa  In  auoh  a  broad  mount  to  that  _j 
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in  a  mount  with  a  small  load -carrying  area  of  rubber,  Poisson's  ratio  : 
for  the  rubber  Is  p  °  0,h9. 

Solution.  The  speed  of  sound  In  the  mount  with  a  small  Isolating 
surface  in  relation  to  the  ware  length  may  be  considered  as  equal  to  the 
speed  of  sound  in  thin  bars,  because  the  lateral  surface  of  the  coating 
may  expand  laterally.  In  a  broad  rubber  coating  the  propagation  of 
these  waves  approximates  their  speed  of  propagation  In  an  unbounded 
medium.  Utilising  formulas  (38)  and  (39),  wa  obtain  the  ratio  of  the 
speed  of  sound  In  wide  and  narrow  mounts  in  the  following  formt 


°1  -  1  f _ IzJL 

V  (1  — 8p)(l  +i»)  * 

At  the  value  p  •  0.1(9  indioated  above,  the  ratio  is  equal  to 

C1  -  1  f - LzML - »  4,1, 

"c ZTT  V  (1-0.98)0  +  0.49) 


Tbs  influence  of  a  similar  increase  In  the  speed  of  sound  In 
a  broad  mount  upon  its  vibration  insulation  may  be  seen  in  the  material 
of  Chapter  12,  In  which  vibration-isolating  configurations  are  discussed. 

In  addition  to  longitudinal  sound  waves,  propagation  of  trans¬ 
verse  waves  also  my  arias  in  solid  madia.  Transverse  vibration,  and 
especially  banding  vibration  may  be  of  very  great  Importance  in  the 
propagation  of  sound  through  plates  and  bars.  Thest  vibrations  transmit 
a  particularly  large  portion  of  the  energy  propagated  through  metallic 
structure  of  ships,  'ilia  speed  of  bending  waves  in  plates  1#  equal  tot 


°bend.  pi. 


where  D 


12(1  -(*•) 
MmpJl 

/«£ 

12 
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-  stiffness  in  bending 

-  *aas  per  unit  width  of  the  plate,  in  grams} 

-  moment  of  inertia  per  unit  width  of  the  piste} 

-  thiokneee  of  the  plate,  in  emj 

-  Poisson's  ratio  for  the  material  of  the  plate. 
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The  other  factor*  have  been  introduced  previously. 
In  the  case  of  bars,  we  have  similarly : 


Cbenc.  bar 


1,35  V°i  hf , 


wnere  d  is  the  croas-sectional  area  of  the  bar; 
c-,  is  the  speed  of  longitudinal  waves; 

VvV,  ■>  • 

1  - r  w-  is  the  moment,  of  inertial  of  the  cross-secti ona i  area  of 
^  the  bar  (b  is  the  width  of  the  bar). 

The  expression  of  the  speed  of  propagation  of  bending  vibrations 
may  be  simplified  for  particular  materials.  In  the  case  of  steel,  for 
example,  taking  into  account  the  relatively  small  value  of  fi,  the 
speed  of  bending  waves  in  bars  and  plates  may  be  taken  as  equal,  and 
may  be  determined  according  to  the  following  formula: 

cbend  *  950  ^hf  .  (U1 ) 


The  speed  of  propagation  in  formula  (blj,  as  in  the  other 
formulas,  is  expressed  in  cm/sec.  • 

As  is  apparent,  in  distinction  from  longitudinal  waves,  the 
magnitude  of  the  speed  of  propagation  «>?  beading  waves  depends  upor. 
the  frequency ,• even  for  materials  with  low  external  friction  (metals). 

hxar.pl  fc  6.  The  problem  is  to  determine  the  speed  of  propagation 
r.f  bending  waves  with  frequency  of  1C  end  1,000  cycles  ir.  a  steel  plc.e 
1  cm  thick,  *ihat  is  the  ratio  of  the  value  of  this  speed  tc  the  value 
of  the  speed  cf  propagation  of  longitudinal  waves? 

Solution,  he  find  the  speed  of  propagation  of  the  bending  waves' 
ii.  the  plate  according  to  fonoula  (11) » 

At  a  frequency  of  10  cycles: 

Cbend  '•  (jo0 1  1  iO  -*3*  10s  9*/svc  •  30  m/sec. 

At  a  frequency  of  1,000  cycle** 

Obend  *  960 $/  1  1000*  3  10*  os»/a*c  -  300  »/sec.  1 


*5; 


The  speed  of  propagation  of  banding  waves  at  a  frequency  of  ! 
1,000  cycles  is  10-fold  greater  than  the  speed  of  propagation  of  the 
sane  waves  at  a  frequency  of  10  cycles.  It  was  mentioned  earlier 
that  the  speed  of  longitudinal  waves  in  metal  was  on  the  order  of 
5  km/seo.  Consequently,  the  speed  of  propagation  of  longitudinal  waves 
at  a  frequency  of  10  cycles  is  approximately  170-fold  greater  than  that 
of  bending  waves  in  a  metal  plate  1  cm  thlok,  and  17-fold  greater  at 
a  frequency  of  1,000  cycles. 

It.  Sound  Pressure,  Acoustical  Resistance,  Intensity  and  Power 
of  Sound 

The  displacement  of  particles  of  a  medium  during  sound  vibration 
may  be  expressed  in  the  form 

4  •  •  ertu',t“k*>  (1*2) 

where  <£  is  the  amplitude  of  vibrational  displacement  in  the  wave. 

The  exponent  of  the  exponential  function  is  distinguished  from 
the  corresponding  exponent  in  the  solution  for  a  system  with  concentrated 
constants  (formula  18)  by  the  presence  of  a  member  depending  upon  the 
coordinate  x,  in  addition  to  the  presence  of  a  time  term.  The  former 
term  indicates  that  the  wave  moves  through  space.  The  magnitude  of  k 
in  this  term  ia  called  the  wave  number. 

With  respect  to  finding  the  wave  number  we  note  that  during  the 
course  of  one  period  of  vibration  T  the  vibrating  point  moves  through 
a  distance  equal  to  the  length  of  the  wave.  From  the  expression  of  the 
indicator  in  the  formula  (1*2)  it  follows  that 

uJT  ■  k/l. 


whence 


k  - 


(U3) 


Taking  account  of  the  fact  that  aeoording  to  formula  (3k) * 


A  f  ■  c, 


the  wave  number  k  may  be  written  in  the  following  formi 


to  I 


where 


The  speed  of  vibration  of  the  particles  of  the  medium  is  equal 


T 


i*mMv 


m 

(h6) 


The  speed  of  vibration  of  the  partlelaa  of  a  medium  must  not  be 
confused  with  the  speed  of  propagation  of  vibration  o.  In  ordinary 
sound  processes  the  speed  of  vibration  is  thousands  of  times  less  than 
the  speed  of  propagation  of  sound. 

With  the  vibration  of  the  particles  of  a  medium  an  alternating 
pressure,  called  sound  pressure,  arises  In  the  latter.  Sound  pressure 
is  customarily  expressed  in  dynes /cur,  in  newtons  per  nr,  or  in  "bars”. 

irubt .  vasfL  &ufca 

For  the  purpose  of  determining  the  connection  between  sound 
pressure  end  other  quantities  ohartetsrislng  the  sound  field,  let  us 
review  the  forces  acting  in  a  small  layer  of  the  medium,  through  which 
the  sound  wave  is  propagated. 


Figure  9.  Determination  of  tha  connection  between 
sound  pressure  and  tha  epaad  of  vibration  in  a 
plane  wave* 


The  wave  la  descrlbad  as  plana,  i.a.  a  wave  in  which  the  surface 
passing  through  a  point  with  identical  phase  of  oaoillation  is  a  plane, 
perpendicular  to  tha  direction  of  propagation  of  vibretlone.  In  each 
element  of  this  layer  the  elastic  foroa  must  ba  balanced  by  tha  inertial 
force,  i.e.,  we  have  the  equation  (in  differentiated  form)* 


* 


3  dp  ♦  pS  dx 


Jl 

©  t 


(U7) 


where  dp 


- r 

is  the  change  In  vibratory  preserve  along  the  length  of  j 
the  element  dx  (Figure  9) J 


S  Is  the  cross-sectional  area,  perpendicular  to  the  direction 
of  propagation  of  vibrations} 

p  1*  the  density  of  the  medium}  multiplying  this  value  by  o 

'  and  by  the  length  of  the  element  dx,  me  obtain  the  mass  of 

the  elemental  section  of  the  medium} 

3  &  acceleration  of  vibration  of  the  partiolea  of  the  medium} 

$  t  the  product  of  this  acceleration  and  the  mass  of  the  medium 
element  of  area  c  and  the  length  dx  gives  the  Inertial 
f oroe  of  the  eleamnt. 


On  the  basis  of  formula  (1*7)  the  vibratory  pressure  is  equal  toi 


Inserting  the  value  of  the  speed  of  vibration  4  from  formula 
(15),  we  havet 

P-  ~P  Jy  (i,/ '-"*«)  e,"'-^dx. 


After  integration  the  expression  p  acquires  the  form 

p '-'-*■»+  C-pci  +  C. 

The  integration  constant  c  in  the  given  ease  is  equal  to  zero, 
because  at  £  -  0  there  is  no  sound,  and  p  •  0.  We  obtain 


pc£  . 


0*8) 


This  equation  is  valid  for  any  instantaneous  values  of  speed  of 
vibration  and  pressure,  including  amplitude  values  of  these  quantities t 


Pa  *  f°£ v 


m 


The  relationship  obtained,  in  which  the  values  of  speed  of  vibra¬ 
tion  in  the  sound  wave  are  connected  with  the  alternating  sound  pressure 
in  the  waves,  is  one  of  the  basic  relationships  in  acoustics.  It  in-  . 
jdicates  that  the  sound  pressure  in  the  medium  is  directly  proportionate] 
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to  the  speed  of  vibration  of  the  partiolea  of  the  medium,  ihe  co¬ 
efficient  of  proportionality  la  the  value  p c,  the  product  of  the 
density  of  the  medium  and  the  speed  of  sound  in  it,  and  is  oalled  the 
specif ic  aooustlo  resistance  of  the  medium.  For  the  eake  of  oonvenienoe 
it  often  la  oalled  simply  the  acoustic  resistance,  or  the  nave  resiatanoe 
of  the  medium,  although  striotly  speaking  the  acouatio  reaiatanoe,  i.e., 
the  resistance  offered  to  the  nave  by  the  medium,  is  equal  tot 

*0  ■  PoS,  (50) 

where  S  is  the  area  of  the  wave  front . 

If  we  inserted  e0.  in  formula  (1*8)  In  plaee  of  pot  we  would 
have  in  the  left  portion  of  the  equation  not  the  vibratory  pressure, 
but  the  force  of  vibration  relative  to  the  area  S. 

The  name  *  acoustic  resistance”  is  completely  justified)  from 
formula  (1*8)  it  ie  apparent  that  at  a  given  vibratory  pressure,  the 
speed  of  vibration  of  the  partiolea  of  thr.  medium  le  greater  with  a 
lower  value  of  the  aeoustic  resistance  of  the  medium.  The  value  of 
the  aoouatle  resistance  of  aeveral  media  (in  a  plane  wave)  is  given  in 
the  last  column  of  Table  1. 

The  expressions  for  the  aooustlo  resiatanoe  of  more  complex  oaaee 
of  wave  motion  may  be  Obtained  in  e  similar  manner,  including  that  for 
a  different  kind  of  non-plane  wave,  and  for  -ran  averse  waves  in  solid 
bodies. 


Aooustlo  realetanoe  plays  a  primary  role  in  tbe  consideration 
of  the  phenomena  of  radiation,  propagation,  reflection  end  absorption 
of  sound. 


Example  7.  A  vibrating  natal  plate  la  bo  nded  on  one  aide  by 
air,  and  on  the  other  aide  by  water.  The  proble.  is  to  evaluate  the 
ratio  of  th#  magnitude  of  the  sound  pressure  in  the  air  and  in  wtber. 


Solution.  The  speed  of  vibration  of  the  partiolea  of  the  medium 
on  both“sT3es  of  the  plate  la  identical.  From  formula  (i*d)  it  is 
apparent  that  in  this  oats  the  ratio  of  sound  pressure  values  in  the 
two  media  is  equal  to  the  ratio  of  the  aooustlo  reaiatanoe  of  the 
media,  i.e., 


Pyatar 

Pair 


(P0)weter 
^P  °^air 


1.5*10? 

1*1 
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It  Is  apparent  that  at  idantioal  value#  of  vibratory  speed  the 
s-wnd  pressure  is  thousands  of  tines  greater  in  water  than  in  air. 

This  revolts  in  the  strong  transmission  of  sound  through  water  and 
fwl  tanks  in  ships.  Passing  through  the  tank,  the  sound  eoceltes  a 
vibration  in  the  natal  walls,  which  is  accompanied  by  narked  sound 
lnidiation  in  areas  far  r snored  from  the  machinery  compartment. 

Let  us  detemine  the  value  of  the  intensity,  or  fores  of  sound, 
'tills  value  is  taken  to  refer  to  the  energy  transmitted  by  a  sound  wave 
per  unit  tine  through  a  unit  surf  see.  ihe  amount  of  work  aoeonpliahed 
by  sound  pressure  per  unit  surfaee  is  equal  to* 

4A  —pdi—p  it  dt-ipdt. 


The  work  accomplished  per  period  of  vibration  T  1st 

r 

A  **  |  Ipdt. 


The  average  value  of  this  work  g  ..vea  the  amount  of  energy  trans¬ 
mitted  through  a  unit  of  surfeoe  per  unit  of  timet 

'-T 


Following  Insertion  of  the  values  £  and  p  in  the  above 
expression  in  the  form  of  sinusoidal  functions  of  time  and  after  in¬ 
tegration  wa  obtain  an  aanrerslon  for  the  vector  of  the  density  of  flow 
of  energy  (vector  of  Umov),  or  bn  expression  of  the  intensity  of  sound 
In  the  foxmt 


(51) 


Inserting  in  the  above  the  values  £  or  p  obtained  from 
formula  (U9),  expressed  through  wave  reeietlnce  ,  the  formula  for  J 
MQr  be  transformed  to  the  following  form* 


.  1  P.  1 

2  pc  o  * 


(52) 
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In  practioe,  w  often  have  to  dool  with  not  tho  amplitude  valuta 
of  speed  of  vibration  and  vibratory  pressure,  bat  tho  effootivo  values 
of  thou  quant itl os.  Tho  effective  value  of  a  variable  parameter  la 
taken  aa  tho  value  of  that  para— tor  whloh  la  equivalent  to  it  in 
respect  to  energy  and  eonatant  with  raapoot  to  tims. 

It  nay  bp  shown  that  tho  effootivo  value  of  any  given  para— tor 
described  by  a  harmonic  function  of  tl—  la  leu  than  tho  amplitude 
of  tho  value  of  this  para— tor  by  a  factor  yt.  Thus  for  tho  effootivo 

value  of  tho  speed  of  vibration  4  ^  and  vibratory  pressure  p^,  we  have* 


Inserting  tho  valuu  of  4  a  Pa  fr0tt  these  expressions  in 

formulas  (51)  and  (Si),  we  Obtain  the  strength  of  tho  sound  in  the 
following  formi 


CSM 


The  sound  power  radiated  by  o  souree  nay  be  determined  from  the 
magnitude  of  the  force  of  tho  sound.  If  the  source  radiates  a  planar 
wave,  ita  power  may  be  determined  by  multiplying  the  fores  of  the  sound 
by  the  croea-eeotional  area  through  whloh  the  sound  energy  is  radiated, 
Hoat  often,  however,  one  enoountera  another  type  of  radiation,  the 
radiation  of  spherical  waves,  With  this  type  of  radiation,  if  the  wave 
length  la  aueh  greater  than  the  dimensions  of  the  radiator,  the  source 
is  non-dlraetional,  l,a«,  it  radiates  sound  in  all  dlreotlona. 

At  a  sufficiently  great  die  tenet  from  the  source  of  a  spharleal 
wave,  i.e.,  at  a  distance  considerably  greater  than  the  wave  length, 
the  radius  of  curvature  of  the  wave  front  la  large  and  the  wave  approxi¬ 
mates  a  plana  wave,  i.e.,  the  above  axprassion  of  sound  pressure  and 
strength  of  sound  applies.  The  sound  power  radiated  by  the  souree  than 
may  be  found  from  the  expressions 

r-V~t«rV.  (55) 

where  ~c  la  the  surfaoe  area  of  a  sphere  with  radius  r,  squal  to  tho 

distance  from  the  source,  st  whloh  the  strength  of  the  sound  la  equal 
to  J. 
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Inserting  the  value  of  J  from  formula  (5U)»  we  ha  vat 

1 «4Kr*5*  pc.  ($6) 

Pe 

Various  oases  may  exist  in  which  the  simultaneous  action  of 
several  sources'  of  acoustic  vibration  is  encountered.  When  vibration 
of  the  same  frequency  from  two  or  more  souroes  pile  up  axaotJy  in  phase 
or  exactly  out  of  phase  the  resulting  vibratory  pressure  is  determined 
by  algebraic  summation  of  the  pressure  of  eaoh  of  the  souroes. 

More  often  cases  are  encountered  in  vhioh  the  pressure  of  dif¬ 
ferent  souroes  have  random  phases.  In  the  case  of  a  large  number  of 
sources  with  random  distribution  of  phases  and  frequencies,  such  as 
enoountered  in  the  ease  of  noise,  the  resulting  pressure  is  the  energy 
summation  of  the  souroes,  i.e.,  eunaation  of  their  powers.  The  total 
power  of  an  equivalent  source  W#  is  equal  tot 

W9 *  Wj  *f  Wt  -f  W$  -f-  . . .  2  WV  ($7) 

where  W^,  W2,  •••  is  the  power  of  the  individual  sources. 

The  resulting  sound  pressure  at  a  distance  r  from  the  souroes 
1st 


Example  8.  The  sound  pressure  at  a  diatauoe  of  one  meter  from 
a  talking'  nan  la  on  the  order  of  magnitude  of  1  dyne/cm2.  The  problem 
is  to  determine  the  aoouatlo  power  of  an  equivalent  source  radiating 
a  spherioal  wave  (let  us  assume,  to  the  first  approximation,  that  the 
sound  of  a  voice  conforms  to  this  lew). 

Solution.  From  formula  (£6),  we  find! 

IP' as  **(*00)*  ea  3.103  «**»/••©  *  3*10*^  Witt. 


As  is  clear,  the  sound  power  of  speech  is  very  small.  On  the 
other  hand,  the  sound  power  of  noisy  machinery  can  exceed  tens  aid 
hundreds  of  watts. 
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Example  9.  The  sound  pressure  at  a  dlstanoe  r.  «  5m  from 
the  source  oTa  spherical  wave  is  •  100  dynes  per1©!®2.  Determine 
the  sound  pressure  pg  at  a  distance  •  50  u  from  the  souroe. 

Solution,  from  formula  (56)  it  follows  that  with  a n  unchanged 
power  of  the  source  the  sound  pressure  is  inversely  proportional  to  the 
dlstanoe  from  the  source.  The  pressure  at  a  distance  of  50  m  is  equal 
tot 


pi^pllL  m,  100 10  dynea/e*2.  (59) 

rt  50 

Example  10.  With  the  operation  of  a  non -directional  point 
source  (I.e.  the  source  is  of  extremely  small  dimensions),  radiating  a 
epherloal  noiaa  wave  with  power  W,  the  sound  pressure  at  e  fixed  distance 
is  equal  to  p.  What  ia  the  value  of  the  sound  pressure  at  this  distance 
If  the  number  of  sound  sources  is  increased  by  the  factor  m? 

Solution.  From  formulaa  (56)  and  (58)  it  1a  apparent  that  the 
magnitude  of  the  sound  pressure  of  the  noise  ie  proportional  to  the 
square  root  of  the  power  of  the  souroe.  Utilising  these  formulas,  ws 
obtain  for  the  magnitude  of  the  sound  pressure,  with  the  action  of  m 
souroe* i 

Pm~P  ~pVn-  (60) 


In  particular,  with  the  transition  from  one  souroe  to  two  *002*0*0 
the  pressure  inoreeees  approximately  UO  percent,  end  with  three  sourees 
the  pressure  increases  70  percent,  eto, 

5.  Nolee.  Sound  Spectre 

With  the  exception  of  the  lest  few  formulae,  the  eontent*  of  the 
foregoing  paragraphs  relate  mainly  to  simple  sounds,  or  as  they  sometime* 
are  called,  pur*  tones,  i.a.,  harmonic  vibrations  of  e  definite  frequency 
end  strength  (force) .  In  praotiee  we  often  anoounter  complex  sounds, 
constituting  a  mixture  of  several  or  many  simple  vibrations  of  various 
intensity  and  frequency. 

A  complex  vibratory  process  of  this  type  may  be  represented 
mathematically  in  the  form  of  a  emanation  of  harmonic  functional 
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(61) 


T  (/.  t)  **  jSo  A,  sin  (2 *ift  +  ?,), 


where  A,  and  ^  are  the  corresponding  amplitudes  and  phases  of 
1  individual  members  of  the  series  (i  is  any  whole 

number)) 

f  and  t  are  frequency  and  time) 

with  a  large  i  we  have  a  Fourier  series. 

A  series  of  the  type  of  equation  (61)  may  be  constructed  for  the 
components  of  a  vibratory  pressure,  for  the  frequency  of  vibration  or 
any  other  parameters  of  a  vibratory  process. 

From  formula  (61)  it  may  be  seen  that  the  components  of  the 
series,  forming  a  complex  sound,  may  be  included  in  either  the  function 
of  time  t,  or  in  the  function  of  frequency  f •  The  depiotlon  of  a 
vibratory  prooess  or  its  individual  components  as  a  function  of  time  is 
oalled  an  oscillographio  prooess. 

Examples  of  oscillograms  of  several  vibratory  processes  are 
shown  at  the  left  in  Figure  10.  Figure  10  shows  the  osclllogrem  of 
sound  pressure  under  simple  harmonic  vibration,  in  the  absence  of  any 
other  component  except  the  components  of  main  frequency.  A  similar 
oscillogram  (for  the  amplitudes  of  vibratory  displacement)  is  obtained 
directly  in  depicting  the  oscillation  of  a  mass  suspended  from  a 
spring  (Figure  1). 

Figure  10,  b  shows  the  osolllbgrams  of  two  vibrations,  each  of 
which  canaista  of  two  simple  harmonic  vibrations  of  different  frequency. 
The  frequency  of  the  components  of  each  vibration  are  in  the  ratio  of 
1  *  2,  and  the  amplitudes  in  the  ratio  1  t  1.  The  vibrations  are  dis¬ 
tinguished  from  each  other  by  the  magnitude  of  phase  displacement 
between  their  components.  In  one  of  the  vibrations  the  phaso  dis¬ 
placement  the  components  is  equal  to  zero,  and  in  the  other  is  equal 

to 

Depiction  of  the  human  voloa  producing  extended  vowel  sound 
produces  a  more  complex  oscillogram  (Figure  10,  b). 

Oscillographio  representation  of  vibratory  processes  is  used 
often  in  structural  meehanics  in  the  investigation  of  lov-frequaney 
vibrations . 


Figure  10*  Oscillograms  and  spectrograms  of  several 
vibratory  processes.  Those  on  the  left  depict  amplitude 
vs.  time}  those  on  the  right,  amplitude  vs.  frequency. 


The  disadvantage  of  this  method  is  the  well  known  cumbersomeness 
of  the  prooess  of  Interpretation  of  the  graphs,  requiring  special 
harmonic  analysis.  Because  of  this,  another  method  of  depiction  of 
^rlbratory  processes  often  is  used  in  statistics,  the  depiction  of^their 
components  as  functions  of  frequency.  This  depiction  Is  called  the 
cpectographic  prooess. 

Although  a  more  complex  apparatus  is  used  in  the  formation  of  a 
spectrogram,  the  use  of  the  latter  greatly  faollitates  evaluation  of  the 
ifeouliarlties  of  each  complex  vibration  in  relation  to  its  aural  per¬ 
ception.  Aural  perception  is  characterized  by  the  faot  that  the  ear  is 
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not  equally  sensitive  to  sounds  of  different  frequencies,?  on  the  other- 
hand  the  spectrogram  directly  indicates  the  frequencies  of  the  most 
intense  components  of  a  given  sound,  as  well  as  the  frequencies  of 
of  the  less  intense  sounds. 


The  figures  at  the  right  in  Figure  10  are  spectrograms  of  the 
vibrations  depicted  by  oscillograms  at  the  left  in  Figure  10.  The 
spectrogram  in  Figure  10,  d  depicts  e  sinusoidal  vibration  of  fixed 
frequency.  The  frequency  of  the  vibration  is  indicated  on  the  horizontal 
axis,  as  in  all  the  following  spectrograms,  and  the  amplitudes  of  the 
components  are  indicated  on  the  vertical  axis.  Thus  the  amplitude  of 
each  sf  the  components  is  determined  by  the  height  of  the  corresponding 
bar  on  the  spectrogram.  If  a  simple  harmonic  vibration  is  depicted  by 
a  single  bar,  vibrations  consisting  of  two  components  are  depicted  by 
two  bars  (Figure  10,  e). 


Comparison  of  Figures  10,  b  and  10,  e  shows  that  the  character 
of  the  spectrogram  depends  solely  upon  the  value  of  the  amplitude  and 
the  frequency  of  the  individual  component  sounds,  but  not  upon  the 
magnitude  of  the  phase  displacement  between  them.  This  also  corre¬ 
sponds;  to  the  properties  of  the  ear,  which  reacts  only  to  the  magnitude 
of  the  amplitude  arid  frequency  of  individual  components  of  sound,  inde¬ 
pendently  of  the  phase  relationships  between  them. 


The  spectrogram  of  Figure  10,  f  shows  that  the  sound  of  the 
human  voice  has  a  large  number  of  components  of  various  frequencies  and 
amplitudes , 


Figure  11  shows  various  types  of  spectra  of  vibrations.  A 
spectrum,  ir.  which  individual  components  are  separated  by  more  or  less 
significant,  frequency  intervals  (Figure  11,  a)  are  called,  in  analogy 
to  the  field  of  optics,  a  line  or  discrete  spectum.  This  type  includes, 
for  example,  th«?  spectrum  of  the  human  voice  discussed  (Figure  10,  f). 

The  components  of  a  line  spectrum,  the  frequencies  of  which  are  close 
together,  are  called  harmonics.  The  number  and  strength  of  the  individual 
frequencies  of  the  components  of  a  sound  determine  its  tone  coloring, 
or  timbre. 
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Figure  11,  b  is  an  example  of  another  type  of  spectrum,  the  so- 
called  continuous  speotrum,  in  whioh  the  intervals  between  the  frequency 
components  are  very  small,  i.e.,  the  components  follow  closely  after 
each  other.  A  spectrum  of  this  type  arises  within  definite  frequency 
ranges  in  the  striking  together  of  solid  bodies,  and  in  the  formation 
of  sound  Impulses*  The  shorter  the  impulse,  the  wider  the  band  of 
frequencies  in  which  the  components  of  the  sound  are  located. 

The  predominant  type  of  spectrum  in  the  aooustios  of  ships  is 
the  mixed  spectrum  (Figure  11,  b).  This  type  includes  individual 
discrete  components  in  the  continuous  portion  of  the  spectrum.  The 
majority  of  spectra  of  mechanical  noises  belong  to  this  type.  In 
electrical  machinery  having  a  merited  magnetio  sound  the  spectrum  of 
vibrations  may  be  of  the  line  type. 

A  review  of  Bound  spectre  leads  us  to  a  physical  definition  of 
the  concept  of  noise.  From  a  physloal  point  of  view  noise  may  ba  defined 
ae  a  mixture  of  sounds  with  frequencies  and  phases  which  are  distributed 
irregularly.  From  tha  physiological  point  of  view  nolee  le  characterized 
as  a  sound  prooass  which  is  mare  or  lees  unpleasant  upon  perception, 
and  constitutes  a  certain  hindrance  to  work  or  rest. 

If  a  noise  is  of  a  continuous  spectrum  and  the  amplitudes  of 
all  components  within  a  broad  range  of  frequencies  are  identical ,  in 
analogy  to  the  corresponding  term  from  the  field  of  opt; '*  this  noise 
is  called  a  white  nolee. 

In  the  oase  of  a  continuous  spectrum  within  the  frequency  range 
of  fn  and  fj>,  the  Intensity  of  the  noise  is  equal  tot 

-'=| 

where  J^(f )  is  the  so-called  spectral  density  of  intensity,  indicating 
the  character  of  distribution  of  the  latter  along  the  frequency  scale. 

For  "white"  noise, 

J^(f)  *  const  and  J  »  J^fg  -  fj), 

i.e.,  the  intensity  is  proportional  to  tha  width  of  the  frequency  band 
of  the  white  noise. 
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CHAPTER  2 


ELEMENTS  OP  PHYSIOLOGICAL  \COUSTICS 


6,  Perception  of  Sound.  Deoibela 

The  human  hearing  apparatus  la  a  very  well  perfected  and  complex 
>rgan.  It  consists  of  three  parts,  the  external,  middle  and  inner  ear. 
the  external  ear  consists  of  the  aural  helix,  performing  the  function 
of  concentration  of  sound,  and  the  external  ear  canal.  Which  has  a 
surface  of  approximately  0.5  om^.  It  is  separated  from  the  middle  ear 
by  the  tympanio  membrane,  which  ie  approximately  0.1  mm  thick.  Con¬ 
cerning  the  sensitivity  of  the  ear  it  is  sufficient  to  say  that  vibra¬ 
tions  of  the  tympanic  membrane  on  the  order  of  magnitude  of  the  size 
of  an  atom  are  peroeived  as  sound.  These  vibrations  are  transmitted 
through  a  system  of  three  small  bonas,  oalled  the  hammer,  anvil  and 
stirrup,  In  the  inner  ear.  Here  the  vibrations  act  on  numerous  nerve 
endings  sensitive  to  sound,  which  are  located  within  tha  auditory  canal, 
each  of  which  reacts  to  vibrations  of  a  definite  frequency. 

Vibrations  perceived  by  the  ear  as  heard  sound  have  a  frequency 
of  form  16  or  20  cycles  to  16  or  20  kilocycles.  This  range  is  not 
identical  for  diffarant  people,  and  depends  upon  the  age  of  the  person 
and  the  condition  of  his  hearing  apparatus.  With  the  extended  action 
of  intense  noise  the  upper  frequency  limit  of  sensitivity  of  hearing 
may  decrease  5  to  6  kilocycles. 

Vibrations  of  a  frequency  below  16  or  20  cycles  ere  not  perceived 
by  the  ear  as  heard  sounds,  and  are  oalled  Inf resounds,  and  vibrations 
dth  frequency  above  16  to  20  kilocycles,  whioh  also  are  not  heard  by 
the  ear,  are  oalled  ultrasounds. 

The  range  of  audibility  of  soundt  is  limited  not  only  by  definite 
frequencies,  but  also  by  definite  values  of  sound  pressure,  or  the 
strength  of  the  sound.  These  limiting  values  of  sound  pressure  are 
depleted  by  two  ourvee  in  Figure  12.  The  lower  curve  corresponds  to 
the  threshold  of  audibility,  or  the  threshold  of  hearing.  In  the  range 
of  frequency  uf  1,000  to  5,000  cycles  the  average  value  of  threshold 
pressure  for  persona  with  good  hearing  approximates  2*10mU  dynes/cm. 
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The  sensitivity  of  the  oar  decreases  in  proportion  to  digression  above 
or  below  this  range,  which  is  reflected  in  an  increase  in  the  value  of 
sound  pressure  at  which  the  ear  begins  to  react  tc  sound. 


The  upper  curve  in 
Figure  12  represents  the 
threshold  of  pain.  Sounds 
exceeding  this  threshold  in 
magnitude  way  result  in  damage 
or  destruction  to  the  hearing 
apparatus . 

At  a  frequency  of  1,000 
cycles,  which  is  taken  as  the 
standard  frequency  for  compari¬ 
son  in  acoustics,  the  ratio  of 
pressure  at  the  threshold  of 
pain  to  the  pressure  at  the 
threshold  of  hearing  is  approxi¬ 
mately  lCr,  and  the  ratio  of 
the  corresponding  intensities 
of  sound  attains  a  value  of 
lO1*. 

This  large  range  of 
sound  intensities  perceived 
by  the  ear  results  from  the 
fact  that  not  the  intensity  of  sound  but  its  logarithmic  is  involved  in 
sound  perception.  The  corre sponding  logarithmic  value  /3  is  called  the 
level  of  intensity,  or  also  the  strength  level  of  sound.  Thus  the  level 
o3T intensity  of  sound  1st 

/S  •  A  log  J,  (62) 

where.  A  is  the  coefficient  of  proportionality, 

A  graph  of  the  logarithmic  function  is  shown  in  Figure  13.  At 
small  values  the  argument  of  the  slope  of  the  logarithmic  curve  is 
great,  and  the  slope  decreases  in  proportion  to  the  increase  in  the 
argument.  According  to  this  functional  relationship  the  ear  seems  to 
increase  its  sensitivity  in  the  perception  of  weak  vibrations,  and 
automatically  "becomes  calloused"  in  the  perception  of  powerful  sounds. 

This  nonlinearity  of  the  amplitudinal  characteristics  of  sensitivity 
enables  the  ear  to  perceive  an  enormous  range  of  sound  pressures  and 
intensities  without  overloading  or  distortion. 


P 


Frequency, 

cycles 

Figure  12.  Range  of  sound  perception 
in  man. 

(a)  Threshold  of  hearing 

(b)  Threshold  of  pain 


39 


Let  us  assume  two  sounds  with  Intensities  and  J2.  According 
to  formula  (62)  the  level  of  intensity  of  these  sounds  is  equal  tot 

fi\  *  A  log  Jx,  fi2  -  A  log  J2. 


The  difference  in  the  intensity  levels  of  the  two  sounds  ist 
Ap  •  6  :  -  p2  -  A  (log  Jx  -  log  J2)  -  A  log  . 

Assuming  A  •  1,  we  express  the  intensity  level  in  bels. 


It  is  more  convenient  to  express  $  in  deoilogarithmic  units, 
for  which  we  must  assume  the  value  A  ■  10.  In  this  case  the  difference 
between  the  two  sound  levels  will  be  expressed  in  decibels*  From  a 
physiological  point  of  view  1  db  (decibel)  corresponds  to  a  hardly 
noticeable  inorease  in  the  perception  of  the  loudness  of  sound.  The 
difference  in  the  level  of  strength  of  two  sounds.  In  decibels,  is 
equal  to: 

AB-  lOlflgA  db. 


Taking  into  account  the  relationship  (51:)  between  the  intensity 
and  pressure  of  sound,  we  obtain  the  following  expression  of  the 
difference  in  intensity  level  of  two  sounds  having  pressures  of  p^  and 
P2  (the  indexes  m,  indicating  selection  of  effective  pressure  values, 
have  been  omitted  here  and  in  the  following) i 


■a  LO  “ 
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j  *.  20iqgfAj  db. 

Table  2,  which  is  suitable  for  praotioal  computations,  contains 
the  ratios  of  sound  pressures,  sound  intensity  and  their  corresponding 
difference  in  sound  strength  levels,  in  decibels.  If  the  value  of  this 
ratio  is  greater  than  unity  it  indicates  a  positive  difference  in  level, 
and  if  less  than  unity  it  indicates  a  negative  difference.  A  change 
in  the  sound  level  equal  to  1  db  (a  value  hardly  dsteoted  by  the  ear) 
corresponds,  as  may  be  seen  from  the  table,  to  a  change  in  sound 
pressure  of  12  percent,  ahd  a  change  of  26  percent  in  sound  Intensity. 

Table  2  also  may  be  utilised  in  calculating  the  difference  in 
levels  of  sonic  vibrations  in  decibels.  For  this  purpose,  the  ratio  of 
vibrational  velocities  must  be  used  Instead  of  the  ratio  of  sound 
pressures.  At  fixed  frequencies  it  may  be  replaced  by  the  ratio  of 
vibrational  accelerations  or  displaoerwnts. 

Finally,  the  table  may  be  employed  in  computation  of  the  amount 
of  sound  insulation  and  sound  absorption,  which  also  may  be  expressed 
in  logarithmio  units. 

In  acoustic  calculations,  as  the  sero  decibel  level  it  is  customary 
to  take  a  sound  pressure  pq  •  2*10““  dynes /cm2,  corresponding  to  the 
threshold  of  hearing  at  a  frequency  of  1,000  cycles,  ‘lids  pressure 
corresponds  to  a  threshold  of  intensity  of  sound  of i 

J Q  •  10“9  erg/sec  cm2  •  lO"1^  watts/cm2. 

The  strength  of  any  given  sound  above  the  threshold  is  equal  tot 

8  -  20  log  ( — ^—i — )  •  10  log  (  — i--  )  db,  (6$) 
2*10"“  10"iO 

where  p  is  the  efxeetive  value  of  sound  pressure  in  dynes /cm2, 
and  J  is  its  intensity  in  watts/cm2. 

The  expression  "above  threshold"  is  encountsred  very  frequently, 
although  it  must  be  borne  in  mind  that  when  me  speak  of  the  level  of 
strength  of  a  sound,  its  level  is  expressed  with  respect  to  the  zero 
threshold. 
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The  value  of  the  sound  level  .also  nay  be  expressed  through  the 
value  of  the  speed  of  vibration  of  £  the.  particles  of  the  medium} 
related  to  the  sero  threshold  of  speed  4  Q. 

•  20  log  db.  (66) 

4  o 

The  expressions  under  the  sign  of  the  logarithm  In  formulas 
(6$)  and  (66)  are  equal  to  eaoh  other.  Taking  Into  account  the  basio 
relationship  between  sound  pressure  and  speed  of  vibration  In  a  planar 
wave  (formula  1*8),  we  obtain* 


*  t,  ■  p  . 

2-10-1*  «0  po  S0 

The  value  of  the  sero  threshold  of  the  speed  of  vibration  may 
be  obtained  easily  from  the  above.  This  threshold  for  air  (po  *  1*1) 
is  equal  tot 

£0  ■  J -5  •  10-6  0V»M.  (6?) 

Example  11.  Two  machines  are  installed  in  a  room)  eaoh  of  them 
has  a  sound  strength  level  8l  db  above  threshold.  With  the  eld  of  e 
series  of  measures  the  sound  pressure  of  eaoh  machine  Is  reduced  to  a 
value  of  0.2  of  the  initial  value.  What  will  be  the  noise  level  in 
the  room? 

Solution.  With  the  aid  of  Table  ?  we  find  that  reduction  of 
the  sound  pressure  to  a  value  of  0.2  from  the  initial  value  ocrreaponds 
to  a  ohange  in  level  of  approximately  lit  db,  i.e.,  the  noise  level  of 
eaoh  of  the  machines  is  equal  to  81  -  lit  •  67  db. 

From  the  same  table  we  find  that  if  the  sound  strength  is  doubled 
the  sound  level  will  be  increased  by  3  db.  Thus  the  total  noise  level 
of  the  two  machines  after  the  measures  have  bean  taken  for  noise 
elimination  la  equal  to  67  +  3  •  70  db. 

It  nmy  be  readily  seen  that  direct  computation  consumes  a  great 
deal  of  time. 

The  noise  level  of  each  of  the  msohinse  prior  to  elimination  of 
noise  is  t 


01  dbj 


&  1  »  20  log  JL-  • 

PO 

and  after  elimination  of  noise t 

3  2  "  20  log  (0.2  — )  -  20  log  JL-  ♦  20  log  0.2  •  81  -  20  log  $  • 

PO  PO 

-  67  db. 

The  noise  level  of  the  two  machines  iat 

Ptotal*6?*1010*2*?0  db. 

Example  12.  Under  the  oonditiona  of  the  previous  example, 
determine  the  number  of  functioning  machines  necessary  for  raising  the 
noise  level  In  the  room  to  90  db. 

Solution.  Prom  Table  2  we  find  that  increasing  the  level  by  20 
db  corresponds  to  a  100-fold  increase  in  the  sound  strength,  i.e. ,  it 
is  necessary  to  assume  100  souroes  of  sound. 

Let  us  determine  the  seas  ease  by  direct  computation. 

The  total  level  of  n  sources  of  noise  1st 

^  n  *  10  log  (“jjip*  »n)  *  10  log  ■  ♦  10  log  n  db. 

According  to  the  oonditiona  of  the  example, 

90  ■  70  ♦  10  log  n, 
whence  log  n  •  2,  and  n  •  100. 

This  result  convinces  us  of  the  improbability  of  obtaining  large 
sound  levels  In  rooms  with  the  simultaneous  functioning  of  several 
machines  with  low  or  medium  noise  levels. 

Under  the  conditions  of  ths  above  example  the  total  noise  level 
is  not  Increased  20  db  by  the  addition  of  a  number  of  machines  to-bring 
the  total  number  of  machines  to  100,  because  the  addition  of  such  a 
large  number  of  machines  would  require  very  great  enlargement  of  the 
room. 


The  graph  of  Figure  lb  may  be  used  for  determining  the  total 
noise  level  of  two  souroes  with  different  noise  levels.  On  this  graph 
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the  noiite  levels  of  both  sources  are  depicted  by  straight,  lines,  in 
which  the  noise  level  of  the  first  source  is  represented  by  /?  db,  and 
the  level  of  the  second  source  varies  from  ft  *  10  to  f\  -  10  db.  The 
total  noise  level  is  represented  by  a  curve,  ' 


Figure  ll.  Total  noise  level  of  two  sources  with 
different  noise  levels. 


At  the  point  of  equality  of  the  noise  level  of  both  sources 
(point,  of  intersection  of  the  straight  lines)  w?  obtain  the  already 
familiar  result)  the  total  noise  level  is  3  db  greater  than  the  level 
of  each  of  the  sources.  When  the  level  of  one  of  the  sources  is  6  db 
less  than  the  level  of  the  other  source  the  total  level  is  1  db 
greater  than  that  of  the  noisier  boutcs.  If  the  difference  between 
the  levels  of  the  individual  sources  exoeeds  10  db  the  total  noise  level 
may  be  determined  for  practical  purposes  by  the  level  of  the  noisier 
souroo. 
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Example  13*  Five  maohlnes  are  located  in  a  room  cf  limited 
size.  The  noise  level  of  three  of  the  machines  is  80  db,  the  level 
of  the  fourth  is  83  db,  and  of  the  fifth  is  7?  db.  The  problem  is  to 
determine  the  value  of  the  total  noise  level. 

Solution.  With  a  3-fold  increase  (more  precisely,  3.16-fold) 
in  the  intensify  of  sound,  it  may  be  seen  from  Table  2  that  its  strength 
increases  by  £  db.  Thus  the  total  noise  level  of  the  first  three 
machines  is  approximately  8$  db.  With  the  addition  to  this  level  of  a 
value  of  83  db  the  total  level  increases  by  2.3  db  (Figure  lb)  and 
attains  a  value  of  87. $  db.  The  fifth  mechanism  does  not  add  more 
than  0,5  db  to  this  level.  Consequently  the  total  noise  level  of  all 
five  machines  is  equal  to  68  db. 

The  logarithmic  scale  is  valid  not  only  for  computing  the 
perception  of  the  strength  of  sound,  but  also  of  its  frequency.  As 
in  perception  of  sounds  of  different  strength,  the  eer  notes  changes 
not  in  the  range  of  any  given  number  of  units  (cycles),  but  in  multiples. 
Because  of  this,  for  example,  au  increase  in  tha  frequency  of  sound 
from  100  to  200  cycles  corresponds  to  the  seme  perception  of  change  in 
frequency  in  tone  as  in  an  increase  in  frequency  from  1,000  to  2,000 
cycles.  This  peculiarity  of  hearing  is  reflected  in  Figure  12  fcy  the 
faot  that  the  scale  of  frequency  of  the  graph  ia  plotted  acoording  to 
logarithmic  functions. 

The  customary  unit  of  reckoning  intervals  of  frequency  of  sound 
vibrations  is  the  octave,  corresponding .  +  o  a  2-fold  change  in  frequency. 
Frequency  ranges  equal  to  half -octaves  and  or.e-third-octavoa  also  are 
used  extensively. 

Sound  vibrations  may  be  peroelved  not  only  by  the  ear,  but  also 
directly  through  the  bones  of  the  skull.  This  type  of  perception  of 
sound  bears  the  name  of  bone  conductivity.  The  level  of  air  sound 
conducted  by  this  means  is  20  or  30  db  lower  than  the  level  perceived 
by  the  ear.  Bone  conductivity  plays  a  significant  role  in  the  perception 
of  sonic  vibration.  Placing  a  steel  bar  against  the  bones  of  the  head , 
with  the  other  end  resting  on  the  housing  of  a  machine,  Is  sufficient 
for  distinct  detection  of  the  timbre  of  the  noise  of  the  machine,  the 
presence  of  impacting  parts  within  the  machine,  changes  in  speed  of 
revolution,  etc, 

7.  Characteristics  of  the  Loudness  of  Sounds  of  Different 
Frequencies 

Evaluation  of  sound  acoording  to  its  strength  above  the  threshold 
is  valid  only  for  a  frequenoy  of  1,000  cycles,  corresponding  to  the 
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accepted  standard  threshold  of  Teseurt  or  strength  of  sound.  At  other 
frequencies  the  value  of  the  zero  threshold  (Figure  12)  ohanges,  end 
the  sensitivity  of  the  ear  to  changes  in  the  strength  of  sound  also 
changes . 

Figure  1£>  depicts  a  set  of  curves  of  equal  loudness.  Each  of 
the  curves  characterizes  a  sound  of  differing  frequency  and  intensity, 
although  giving  the  impression  of  identical  loudness.  The  bottom  curvj, 
as  is  the  oase  with  the  analogous  curve  in  Figure  12,  corresponds  to 
the  threshold  of  perception  of  sound,  and  the  top  curve  is  the  threshold 
of  perception  of  pain* 

The  levels  determined  by  the  curves  of  Figure  1$  are  called 
levels  of  equal  loudness.  At  a  frequency  of  1,000  oycles  the  levels 
of  equal  loudness  are  taken  as  equal  to  the  ootresponding  levels  of  the 
strength  of  the  sound;  at  other  frequencies  they  differ  to  greater  or 
lesser  degree  from  the  levels  of  the  strength  of  sound.  The  level  of 
the  loudness  of  s  sound  of  any  given  frequency  is  the  level  of  strength 
of  a  sound  with  frequency  of  1,000  cycles,  of  equal  loudness  to  that 
of  the  given  sound. 

< 

The  loudness  level  is  expressed  in  special  units,  phons.  If, 
for  example,  a  sound  of  any  particular  frequency  produces  an  impression 
of  being  identical  in  loudness  with  a  1,000-cycle  tone,  the  strength 
level  of  which  is  J>0  db  above  threshold,  it  naans  that  tha  laval  of 
loudneSs  of  the  former  is  equal  to  £0  phons. 

In  the  range  of  frequencies  below  500  cycles  and  intensity  level 
values  below  60  db  the  steepness  and  tha  nearness  of  the  curves  of  equal 
loudnees  are  greatest.  The  latter  means  that  in  this  range  the  ear  is 
most  sensitive  to  ohanges  in  the  frequency  and  strength  of  sound.  How¬ 
ever,  the  absolute  sensitivity  of  healing  in  this  range  is  low,  taken 
per  as  (the  threshold  of  hearing  is  20  to  60  db  higher  than  at  a  frequeny 
of  1,000  oyoles). 

At  values  of  the  strength  of  sound  greater  than  60  db  the  curves 
of  equal  loudness  are  almost  parallel  to  the  horizontal  axis,  i.e.,  the 
values  of  the  loudness  level  at  any  given  frequency  may  be  considered 
approximately  equal  to  tha  corresponding  values  of  tha  level  of  the 
strength  of  the  sound* 

Example  lit.  Determine  the  level  of  loudness  of  two  sounds t  the 
frequency  of  the first  is  UO  oyoles,  with  a  pressure  of  2  dynes /cm2, 
and  tha  second  sound  has  a  frequency  of  600  oyoles  and  a  pressure  of 
0.2  dynes/om2. 
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Solution.  Prom  Figure  15  we  find  that  a  curve  of  equal  loudness 
corresponding  to  60  phons  passes  through  the  point  with  coordinates 
of  Uo  cycles  and  2  dynea/cn2.  Therefore  the  loudness  level  of  the 
first  sound  is  equal  to  60  phons.  The  loudness  level  of  the  second 
sound  also  is  equal  to  60  phons,  because  the  very  same  curve  for  600 
cycles  frequency  has  an  ordinate  of  0*2  dynea/cn2. 
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Figure  15.  Curves  of  equal  loudness  of  sounds. 


Example  15.  The  frequency  of  the  main  component  of  the  noise 
of  a  transformer,  determining  the  total  level  of  noise,  is  100  cycles 
and  It  has  a  loudness  of  100  phons.  To  what  extent  must  the  noiae  be 
reduced  to  bring  ita  loudness  level  below  60  phons? 

Solution*  From  the  ourve  of  equal  loudness  we  find  that  at  a 
frequency'"  of  l'OC  cycles  a  loudness  level  of  100  phons  corresponds  to  a 
sound  strength  level  of  100  db,  and  a  loudness  level  of  60  phons  corre¬ 
sponds  to  e  strength  level  of  71  db.  Therefore  the  strength  of  the 
sound  must  be  reduced  by  100  -  71  db  ■  29  db.  As  may  be  seen  from 
Table  2,  this  corresponds  to  s  28-fold  decrease  in  sound  pressure,  end 
a  reduction  of  approximately  800-fold  in  the  eound  intensity.  . 
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Instruments  used  for  +  ne  measurement  of  the  loudness  charac¬ 
teristics  of  sound  (sound-  or  noise-meters)  are  unable  to  reproduce 
all  curves  of  equal  loudness.  Figure  15  contains  curves  of  equal  loud¬ 
ness,  plotted  with  an  interval  of  10  phone,  although  as  mentioned  in  the 
foregoing,  the  ear  detects  changes  in  the  strength  of  eound  equal  to 
1  rib,  and  because  of  this  the  actual  number  of  curves  of  equal  loudness 
is  much  greater.  The  approximate  value  of  the  loudnens  level  obtained 
through  the  measurements  of  objective  instruments  is  called  the  sound 
level. 


This  quantity  is  accepted  in  the  acoustic  standards  of  several 
countries.  The  sound  level  is  expressed  in  decibels.  At  strength 
levels  above  70  to  80  db  the  sound  level,  and  the  loudness  level,  also, 
coincide  with  the  level  of  strength  of  the  sound. 

Table  3  includes  values  of  the  sound  level  for  several  frequently 
encountered  sound  and  noise  sources  (similar  levels  for  shipboard  noise 
sources  are  presented  in  Chapter  5). 

TABLE  3 

SEVERAL  SOUND  LEVELS 


Character  and  Sources  of  Sounds, 
Thresholds  of  Hearing 

Sound  level 
relative  to 

20.0“^ 
dynes /cm* 

Threshold  of  hearing 

0-10 

Rustling  of  leaves,  weak  wind 

10  -  20 

Whisper,  at  distance  of  1  m 

30  -  hO 

Very  soft  music  (radio) 

ho  -  $0 

Noise  in  room  with  window  on  street 

UO  -  $0  . 

Soft  speech 

SO  -  60 

Loud  speech  at  distance  of  several  meters 

60  -  70 

Music  (through  loudspeaker) 

70  -  80 

Street  noise 

?0  -  80 

Noise  in  factory  shop 

90  -  ICO 

Orchestra  music  (fortissimo) 

100  -  13.0 

Noise  of  pneumatic  tool 

110  -  120 

Aircraft  propeller  at  3  m  distance 

120  -  130 

Threshold  of  pain 

Noise  of  aircraft  jet  engine  at  1  m  from 

120  -  130 

exhaust  (to  the  side) 

130  -  3ii0 

Noise  of  rocket  installation  at  20  meters 

- - -  - - 

>  130  -  lljC 

—  L$  - 


The  above  sound  levels  do  not  exhaust  attempts  at  establishing 
the  physiological  characteristics  of  sound.  The  attempts  at  establishing 
thorn  also  were  aimed  at  determining  the  characteristics  of  sound  which 
would  directly  indicate  the  multiple  by  which  one  sound  is  louder  than 
another.  As  a  result  of  many  investigation#,  of  which  we  mention  the 
very  basic  works  of  0.  Fletcher  (US),  a  loudness  scale  was  established, 
i«e.,  values  which  are  di:*ctly  proportional  to  the  perception  of  the 
loudness  of  sound  of  any  given  frequency. 


A  special  unit,  the  so;:.,  was  proposed  for  expression  of  the 
numerical  value  of  loudness.  The  relationship  between  the  loudness 
number  of  a  sound  in  sons  and  its  loudness  level  in  phone  (or  the  sound 
level  in  db)  is  shown  in  the  form  of  a  nomogram  (Figure  16).  The  loudness 
value  of  1  son  corresponds  to  the  loudness  level  of  LC  phons ,  For  loud¬ 
ness  levels  greater  than  I4O  phons  a  charge  in  the  loudness  level  of  a 
sound  equal  to  9  or  10  phons  corresponds'  to  a  two-fold  change  in  the 
perception  of  the  loudness  of  the  sound. 
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Figure  16.  Relationship  between  loudness 
level  and  loudness  of  a  sound. 


With  a  change  in  the  loudness  level  from  30  to  130  phons  the 
loudness  number  (sons)  changes  more  than  $ 00-fold,  However,  a  2-  to 
Wold  change  in  the  amount  of  loudness  may  be  discerned  by  hearing) 
other  relationships  of  loudness  have  r.ot  been  subjected  to  any  type  of 
evaluation.  Because  of  this,  only  limited  portions  of  the  nomogram  are 
utilised  in  comparing  the  loudness  two  sounds,  corresponding  to  a 
change  in  loudness  level  of  more  than  20  to  23  db.  The  distribution  of 
sections  on  the  nomogram  is  determined  by  the  magnitude  of  the  loudness 
levels  of  the  compared  sounds. 

The  loudness  scale  also  is  utilised  in  calculation  of  the  loudness 
levels  of  complex  sounds.  Utilisation  for  this  purpose  is  based  or  the 
fact  that  the  loudness  number  is  directly  proportional  to  the  perception 
of  loudness,  and  because  of  this  the  loudness  of  a  complex  sound  is  equal 
to  the  sum  of' the  loudness  of  1  oa  individual  frequency  components. 
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Example  16 «  Analysis  of  a  ship's  whistle  and  the  sound  of  a 
rotary  air  blower  indicated  the  presence  of  nany  tonal  components  in 
the  spectrum  of  these  sounds,  determining  the  total  sound  level,  The 
strength  levels  of  these  components  at  a  distance  f  £  meters  are  in¬ 
dicated  together  with  their  frequency  in  the  corresponding  columns  of 
the  table  below.  The  problem  is  to  determine  which  of  the  sounds  is 
louder. 


Solution.  We  determine  the  loudness  level  of  the  individual 
components  L*  aooordlng  to  the  equal  loudness  ourves,  and  then  their 
loudness  G.  is  determined  aooordlng  to  the  nomogram  of  Figure  16. 

The  total  loudness  is  found  by  summation  of  the  loudness  of  the  individual 
components.  In  the  general  case,  in  computing  the  loudness  of  a  complex 
sound  the  mutual  effects  of  the  components  in  the  oourse  of  their  per¬ 
ception  by  hearing  must  be  taken  into  account  (masking  eff eet) .  With 
sufficiently  large  frequency  intervals  between  the  components  their 
mutual  masking  effeot  may  be  ignored. 

Using  the  total  loudness  values  thus  found,  the  nomogram  (Figure 
16)  again  is  used  in  deterndhlrg  the  level  of  loudnese  of  the  sound  of 
the  whistle  and  the  blower.  The  computation  ie  shown  in  the  following 
table. 


Sound  of  Whistle 

Sound  of  Blower 

Given 

Found 

Given 

- - - — —  "  ■  ■  . . 

Found 

* 

•H 

1 

la 

III 

Intensity  of 
sound  p  1,  db 

<l>  n  § 

Ji* 

a  s  i  s 

ill! 

From  nomogram 
(Figure  16) 

Loudness 

Gj,  sens 

|i 

h 

*8% 

&  * 
£  ca 

is 

°  a 
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H  §  rl  » 

9m 

■  8  Jll  e- 

Sill 

H  H 

ll,ll 

3  tS* 

'i  100 
250 
400 
1200 

90 

110 

90 

85 

90 

106 

90 

85 

32 

112 

32 

23 

m 

1400 

3200 

4500 

7000 

80 

70 

80 

75 

too 

80 

70 

85 

75 

95 

16 

8 

23 

11 

46 

[i _ _ 

199 

IQl 

Ml 

According  to  Nomogram, 

Figure  16,  Le  *  116  phone 

Aooordlng  to  Nomogram, 

Figure  16,  LQ  ■  107  phons 

The  loudness  level  of  the  sound  of  the  whistle  is  9  phons  greater 
than  the  loudness  level  of  the  sound  of  the  blower,  i.e.  the  sound  of 
the  whistle  is  approximately  twice  as  loud  as  the  sound  of  the  blower. 

8.  Irritating  Effect  of  Sounds 

Perception  of  the  loudness  of  sound  does  not  coincide  with  the 
irritating  effect  of  sound.  The  problem  of  the  irritating  and  fatiguing 
effeots  of  sound  were  investiged  for  the  first  time  in  the  decade  of 
1530  by  laird  and  Coy  [approximate  transliteration  from  the  Cyrillic j, 
who  constructed  the  so-called  ourves  of  equal  unpleasantness  of  sound 
on  the  basis  of  statistical  experiments. 

During  recent  years  this  problem  has  received  further  precise 
investigation  and  development.  Figure  1?  shows  ourves  of  equal  un¬ 
pleasantness  of  sounds,  obtained  by  D.  Parkinson  (157).  The  loudness 
level  of  the  sound  in  phons  is  plotted  on  the  vertioal  axis  of  the 
graph;  the  ordinates  of  the  graphs  indicate  levels  of  unpleasantness 
of  sounds  of  different  frequency. 


Figure  17.  Curves  of  equal  unpleasantness  of  sounds. 
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No  special  units  have  been  proposed  for  the  level  of  unpleasant¬ 
ness.  Seme  authors  have  suggested  expressing  the  level  of  unpleasantness 
in  deoibels. 


Frequency, 
cycles  per  second 

i 


Figure  18.  The  surpassing  of  the  loudness  level 
of  a  sound  by  its  level  of  unpleasantness 
(according  to  data  of  Figure  17). 


The  graph  of  Figure  18  was  constructed  by  the  present  author  on 
the  basis  of  the  data  of  Figure  17.  It  reflects  the  surpassing  of  the 
loudness  level  by  the  level  of  unpleasantness  of  sounds.  The  solid 
curve  oorrespbnds  to  a  vary  loud  sound  (loudness  level  100  phons ) ,  and 
the  broken  curve  corresponds  to  the  sound  of  average  loudness  (60 
phorra) .  Although  the  graph  is  not  rigorous  because  it  was  obtained 
lihrough  a  computation  using  different  units,  it  suffioes  to  show  fairly 
clearly  the  difference  in  the  loudness  and  the  unpleasant  effaot  of 
sounds.  It  is  apparent  that  at  high  frequencies  the  perception  of  un¬ 
pleasantness  of  sound  is  20  to  30  logarithmic  units  above  the  perception 
of  loudness.  On  the  other  hand,  at  low  frequencies  the  value  of  the 
loudness  level  surpasses  the  values  of  the  level  of  unpleasantness . 
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Example  1? .  Under  the  oonditlone  of  the  previous  example ,  let 
us  evaluate  wKIcn  of  the  sounds,  the  sound  of  the  whistle  or  the  sound 
of  the  rotary  air  blower  has  the  more  irritating  effaet. 

Solution.  We  shall  attempt  to  perform  the  required  evaluation 
using  the  most  intense  component  of  eaoh  sound*  The  most  intense  com¬ 
ponent  (108  phone)  in  the  sound  of  the  whistle  has  a  frequency  of  250 
cycles.  At  this  frequency,  as  may  be  seen  from  Figure  17,  the  loudness 
level  surpasses  the  level  of  unpleasantness  by  10  units* 

At  a  frequency  of  7,000  cycles,  where  the  strongest  component 
of  the  sound  of  the  blower  is  located,  the  level  of  unpleasantness 
surpasses  the  loudness  lyvel  by  approximately  bO  unite.  At  this  level 
of  loudness  this  component  is  13db  below  *he  strongest  component  of  the 
sound  of  the  whistle.  Taking  all  these  values  into  account,  we  find 
that  the  excess  of  the  level  of  unpleasantness  of  the  sound  of  the  blower 
above  the  corresponding  level  of  the  sound  of  the  whistle  le  -10  +  bO  - 
-  13  *  17  units. 

Therefore  the  high-frequency  sound  of  the  blower,  which  was  of 
a  lower  level,  was  found  to  be  considerably  more  unpleasant  than  the 
low-frequency  sound  of  the  whistle.  Beoause  of  thia  it  is  often  suffi¬ 
cient  to  reduce  the  Intensity  of  the  high-frequency  component  of  the 
noise  to  effect  a  marked  reduction  in  dts  Irritating  effect,  although 
this  does  not  change  the  total  level  of  noise. 

The  presence  of  a  large  number  of  components  with  high  frequency 
in  a  noise  is  one  of  the  faotors  determining  the  considerably  irritating 
effect  of  the  noise.  Another  faotor  of  this  type  is  the  intermittent 
character  of  the  noise.  The  ear  accomodates  itself  to  noise  of  a  given 
level,  and  changes  in  this  level  are  r  rceived  as  being  very  unpleasant, 

A  periodically  operating  hand  pump  located  near  a  passenger  cabin  tray 
have  a  more  irritating  effect  than  the  regular,  though  somewhat  louder 
noise  transmitted  from  the  machinery  compartment* 

The  loud  speech  of  nearby  persona,  cries  of  children  and  loud 
radio  playing  have  a  considerably  irritating  effect  on  a  resting  person, 
Even  though  the  meaning  of  speeoh  or  of  the  exclamations  are  not  dis¬ 
tinguishable,  but  their  Intonations  are  perceivable,  the  psyehophyaiologi- 
oal  effect  upon  a  resting  men  or  person  occupied  in  intellectual  work 
is  rather  strong. 

The  result  of  the  eff eot  of  noise  on  the  organism  is  not  limited 
to  Irritation.  Investigation*  have  shown  that  the  spaed  of  visual 
react! can  is  reduced  2$  pereent  In  the  presence  of  a  noise  of  90  phone, 
end  the  time  required  for  resolution  of  typical  task  tests  increases 


I  10  peroent  above  average  (lf>U).  Noise  aote  upon  muscular  activity,  an< 
may  lead  to  a  drop  in  the  pulse  (down  to  70  peroent  of  normal)  aa  a 
result  of  an  inoreaae  in  resistance  to  the  circulation  of  the  blood. 

As  is  well  known,  periodic  relaxation  of  the  nervous  system  is 
necessary  for  productive  work  of  man.  Under  noisy  conditions  the 
necessary  relaxation  does  not  occur.  Numerous  Investigations  in  the 
USSR  indloate  that  in  this  ease  the  daoreaee  in  work  productivity 
mentioned  above,  and  premature  deterioration  of  the  organism,  result. 
At  high  noise  levels  (110  to  120  db)  not  only  the  productivity  of  any 
given  work  of  a  parson  is  reduced,  but  the  possibility  of  damage  to 
his  nervous  system  end  hearing  apparatus  exists. 

The  facts  stated  in  the  present  ohapter  concerning  the  levels, 
and  physical  and  physiological  characteristics  of  sound  are  summarized 
in  Table  1». 


TABLE  U 


CHARACTERISTICS  OP  3CSJND  (NOISE) 


r  •  ■  ”  ™  ' 

Characteristic 

Principal  Function  of  the 
Characteristic 

Units 

Level  of  Strength 
of  Sound  (Intensity) 

Qeneral  evaluation  of  tha  strength 
of  sound,  comparison  of  the 
strength  of  sounds 

Decibel 

Level  of  Loudness 
of  Sound 

Determination  of  the  level  of 
auditory  perception  of  sounds 
of  various  frequencies,  and 
complex  sounds 

Phona 

Sound  Level 

Approximate  expression  of  the 
level  of  loudness  of  sounds 
in  measurement  by  objective 
nolsemeters 

Decibel 

Loudness  of 

Sound 

Computation  of  tha  loudness  of 
complex  sounds,  direct  comparative 
evaluation  of  tha  loudnaaa  of 
sounds  differing  several-fold 
in  loudnaaa 

Sons 

• 

Level  of  Unpleasant* 
ness  of  Sound 

Comparative  evaluation  of  tha  un¬ 
pleasant  effect  of  sounds  of 
different  frequencies  and 
strength 

mm 

J 

— —  -m*  ' 
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All  the  levels  listed  in  the  table  are  utilised  to  greater  or 
lesser  degree  in  acoustic  invest! gationj  and  computations.  In  the  USSR 
the  level  of  intensity  of  sound,  and  the  level  of  loudness  of  sound, 
plus  units  for  their  measurement  are  standardized  (Q05T  88U9-58,  1 
January  1959). 

9.  Masking  Effect  of  Sounds 

Reduction  in  the  ability  of  a  listener  to  perceive  one  sound 
in  the  presence  of  another  sound  is  called  masking  of  sound.  In  this, 
the  first  is  oalled  the  masked,  and  the  second  the  masking  sound. 

At  the  present  time  the  problem  of  the  masking  of  sounds  has  been 
sufficiently  well  studied.  Reset,  ch  has  been  conducted  on  the  masking 
effeot  of  pure  tones  c«i  other  pure  tons  and  of  noises  on  pure  tones, 
as  well  as  the  maski:  j  effect  of  noises  or  impulse-tones  on  human 
speech. 


Figure  19  contains  curves  of  the  masking  of  pure  tones  by  tones 
of  200,  1,000  and  U,000  cycles  (left  column)  frequency,  and  by  noises 
having  relatively  narrow  (oenter  column)  and  broad  (right  column) 
ranges  of  frequency  obtained  by  Fletcher.  The  masking  effect  appears 
in  the  increase  in  the  threshold  of  audibility  of  the  masked  tone 
(i.e.,  in  a  reduction  in  the  sensitivity  of  hearing  a  tone  of  this 
frequency),  in  the  presence  of  a  masking  sound.  At  low  frequencies  the 
masking  sound  (including  high  levels  of  the  latter)  the  masking  effect 
extends  to  a  broad  range  of  frequencies,  which  mainly  are  higher  than 
the  frequency  of  the  masking  tone.  With  an  1  *ease  in  the  frequency 
of  the  tone  of  masking,  the  range  of  masking  frequencies  becomes  narrower. 
In  other  worda,  the  greatest  masking  effect  is  exhibited  by  sounds  of 
low  frequency.  Because  of  this  the  low-frequency  sound  of  a  ship's 
whistle,  discussed  in  Example  16,  has  a  very  strong  masking  effect. 

It  may  be  seen  from  Figure  19  also,  that  the  masking  effect  of 
noise  is  somewhat  higher  than  the  masking  effeot  of  pure  tones. 

Figure  20  illustrates  the  masking  sffeot  of  noise  upon  human 
speech.  The  lower  curve  is  an  idealised  spectral  curve  of  speech 
(loud  voice).  The  broken  curve  corresponds  to  the  threshold  of  masking 
of  speeoh,  i.e.,  the  level  of  noise  which  renders  speech  completely 
unintelligible,  lhe  shaded  area  determines  the  frequency  in  the 
spectrum  of  speech  whioh  determines  its  intelligibility  to  the  greatest 
extent.  This  area  may  be  masked  only  by  powerful  sounds  of  low  frequency, 
or  frequencies  coinciding  with  the  given  range.  Sounds  with  1,000 
cycles  or  higher  frequency  have  a  weaker  masking  effect  upon  this  area. 

In  this  way  we  arrive  at  the  interesting  conclusion  that  high  frequency 
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cirods  of  average  strength  are  £ iirly  unpxeaaant  in  respect  to  effect 
pon  the  organa  of  hearing  and  upon  the  nervoua  system,  although  they' 
do  not  mask  the  human  voloe. 


is  iso  sot  tot  too  mm  mo 

Frequency,  oyelee 

Figure  20.  Spectral  oomposi- 
tion  of  speech,  and  the 
threshold  of  its  masking* 


For  quantitative  evaluation 
of  the  degree  of  intelligibility 
of  speeoh  under  conditions  of 
interference  the  articulation 
tab' es  given  in  reference  (28} 
are  used.  They  consist  of  one 
hundred  words,  mostly  highly 
articulated,  and  therefore  very- 
difficult  to  understand.  The 
number  of  words  correctly  under¬ 
stood  determines  the  percentage 
of  verbal  articulation.  Under  the 
conditions  of  the  conduct  of  ship¬ 
board  work,  UO  to  50  percent  of  the 
articulation  may  be  recognized 
sufficiently,  although  under  the 
same  conditions  the  nurv  er  of 
sentences  understood  correctly 
exceeds  90  percent.  With  a 
verbal  articulation  of  70  percent 
the  percentage  of  understood 
sentences  is  approximately  100,  and 
the  sense  of  sentences  is  under¬ 
stood  almost  without  effort. 

Figure  21  shows  the  rela¬ 
tionship  between  verbal  articula¬ 
tion  of  speech,  the  speeoh  level 
and  the  noise  level.  In  the  given 


osse  the  noise  oovers  a  broad  range 
of  frequencies,  from  125  to  5*700  cycles.  In  this  range  noise  has  a  con¬ 
tinuous  spectrum  of  oonstant  amplitude,  l.e.,  it  is  a  '’white'*  noise.  In 
bhe  experiment  the  noise  level  is  varied  from  0  to  120  db.  The  speech 
level  also  changes  within  s  broad  range,  up  to  the  levels  corresponding 
to  a  loud  ory  (on  the  order  of  90  db)  or  loud  radio  transmission  of 
speech  (90  to  100  db).  The  solid  curves  correspond  to  the  values  of 
articulation  at  the  given  corresponding  speech  level  and  level  of  inter¬ 
fering  noise,  end  the  broken  ourvee  unite  the  points  of  the  basic  curves 
containing  a  oonstant  difference  between  the  speech  level  end  noise 


level. 
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Example  18.  The  noi3e  level  at  the  control  station  of  the 
machinery '~c ompartment  of  a  ship  is  90  dbj  the  character  of  the  noise 
approximates  that  of  a  '•white"  noise.  The  problem  is  to  determine  the 
magnitude  of  the  speech  level  neoeasary  for  attaining  50- percent 
articulation.  VJhat  is  the  amount  of  decrease  in  articulation  at  this 
level  of  speeoh  if  the  level  of  the  interfering  noise  is  increase!  to 
110  db? 


* 
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Figure  21.  Dependence  of  the  articulation  of  speech  upon 
the  level  of  speech  and  the  level  of  the  interfering 
"white"  noise. 

mmmmmmm  Difference  between  the  speeoh  and  noise  level  (db) 


Solution.  According  to  the  curves  of  Figure  21  we  find  that  at 
a  noise  level  of  90  db  a  speech  level  no  greater  than  100  db  ia  necessary 
for  obtaining  50- percent  articulation,  l.e.,  the  difference  between  the 
speech  and  noise  levels  is  *  10  db. 


If  the  noise  level  is  increased  to  110  db  this  difference  i« 
equal  to  »  10  db.  Then  we  find  the  point  of  intersection  of  the  broken 
curve  corresponding  to  -10  db  with  the  absoisaa  of  100  db.  The  articula¬ 
tion  found  is  less  than  5  percent,  i.e.,  intelligibility  of  speech  drops 
very  sharply. 

At  the  same  difference  between  the  noise  and  speech  levels  the 
articulation  increases  somewhat,  as  the  noiae  level  decreases  to  50  db, 
vhioh  may  be  seen  from  the  course  of  the  broken  curves  in  Figure  21. 

When  the  noise  level  decreases  from  100  to  50  db  (and  with  a  corre¬ 
sponding  reduction  in  the  speech  level)  the  articulation  attains  a 
relative  increase  of  7  percent. 

10.  Perception  of  Vibration 

Vibration  not  only  is  a  source  of  airborne  noise,  but  in  itself 
may  produce  an  unpleasant  physiological  effeot.  One  of  the  first  in¬ 
vestigations  of  the  effect  of  vibration  upon  the  human  organism  was 
performed  by  the  Soviet  scientist  Ye.  Ts.  Andreyeva-Galanina  (?). 

Most  investigators  have  studied  the  effeot  of  artificially 
generated  vibration  on  individual  parts  of  the  human  body.  An  article 
by  William  (16?)  contains  data  on  investigation  of  the  influence  of  ship 
vibrations  on  the  human  organism* 


The  author  divides 
vibrations  into  six  degrees, 
or  gradations,  according  to  the 
degree  of  physiological  percep¬ 
tion  of  the  vibration.  The 
ranges  corresponding  to  these 
gradations  of  vibrations  are 
shown  in  Figure  22.  They  in¬ 
clude  vibrations  with  frequency 
up  to  50  cycles  ana  amplitude 
up  to  0.05  tnm  (a  total  move¬ 
ment  of  0.1  mm).  From  the 
curves  it  may  be  seen,  far 
example,  that  at  a  frequency 
of  20  cycles  unpleasant  per¬ 
ception  begins,  even  when  the 
amplitude  is  only  0.015  to 
0,02  mm.  Human  sensitivity 
increases  sharply  with  an 
increase  in  the  frequency  of 
vibration. 
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Figure  22.  Sensitivity  of  man 
to  shipboard  vibrations, 

1  -  Vibration  not  perceived 

2  -  Vibration  weakly  perceived 

5  -  Vibration  markedly  perceived 
' k  -  Vibration  unpleasant 

5  -  Vibration  markedly  discomforting 

6  -  Vibration  causes  pain 
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Vibration,  like  sound,  customarily  is  expressed  in  logarithmic 
units  above  a  threshold.  If  a  vibration  of  0,031  cm/ sec  is  taken  as 
the  threshold,  the  level  of  vibration  will  be  expressed  in  pale  [trans- 
literationj  "pal"  •  pawl],  A  level  of  60  pals  comprises  a  vibration 
which  is  very  unpleasant  to  man. 

M.  S,  Antsyferov  (12)  suggested  the  expression  of  the  level  of 
the  speed  of  oscillation  of  a  vibration  above  a  threshold  equal  to 
5*10“°  cm/sec.  This  value,  as  was  seen  from  formula  (6?),  is  nothing 
other  than  the  speed  of  oscillation  of  air  particles  at  the  threshold 
of  aural  perception.  The  level  of  vibration  above  the  indicated  threshold 
is  equal  tot 

B  .  ■  20  log  (  — )  db  (68) 

5*io“6  . 

where  y  is  the  speed  of  vibration  of  the  vibrating  surface,  in  cm/sec. 

The  adoption,  for  the  zero  level  of  vibration,  of  the  vibratory 
velocity  of  air  particles  at  the  threshold  of  aural  perception,  is 
convenient  because  it  serves  to  relate  very  closely  the  vibrations  of 
a  surface  and  the  sound  radiated  by  it. 


«  6l  - 


CHAPTER  3 


SOME  SOUND  PROCESSES 


11*  Radiation  of  Sound 

The  phenomenon  of  radiation  of  sound  during  the  operation  of 
machines  and  In  the  vibration  of  the  structural  boundaries  of  a  compart¬ 
ment  has  a  fairly  oemplex  character*  In  many  oases  these  oonplax 
actual  processes  and  sourees  of  radiation  may  be  reduced  to  simplified 
models.  This  faoiUtstss  analysis  of  the  relationships  between  the 
parameters  of  the  process  of  radiation  and  the  parameters  of  a  source 
of  vlbratlon}  and  enables  identification  of  the  most  rational  197  In 
whloh  sound  radiation  may  be  reduced. 

Figure  23  contains  diagrams  of  sons  extremely  simple  sources  of 
vibration  and  deplota  the  radiation  of  sound  by  the  aotlon  of  these 
sources.  Figure  23  e  shows  the  radiation  of  a  rigid)  very  long  wall 
or  panel  undergoing  aynpfcasio  vibration  (i.e.  vibrations  with  identical 
phase  for  the  entire  surface  of  the  panel)  end  producing  these  vibra¬ 
tion*  in  a  direction  perpendicular  to  its  surface.  The  term  "very  long" 
is  taken  to  mean  that  tha  dimensions  of  ths  panel  exceed  many-fold  the 
wave  length  \  in  the  medium  surrounding  the  panel.  Somewhat  similar 
to  this  process  may  be  the  vibrations  of  thick  metallic  walls  (for 
example)  the  flat  walla  of  the  cylinder  block  of  an  engine)  at  high 
soldo  frequencies,  at  Which  the  wave  length  of  the  sound  in  sir  is 
small. 

The  process  depioted  in  Figure  23-a  is  a  unique  type  of  radiation) 
in  whloh  tha  sound  pressure  in  the  medium  is  directly  proportional  to 
the  speed  of  vibration)  independently  of  frequency.  The  wave  in  the 
medium  has  a  flat  front,  and  the  amplitude  of  the  sound  pressure  is 
equal  to  (formula  1*9)  * 

Pa  "  P«ia* 

Because  there  is  no  lateral  displacement  of .the  medium,  the 
speed  of  vibration  of  the  particles  of  ths  medium  C  a  may  be  replaced 
by  the  speed  of  vibration  of  ths  surface  of  ths  radiator  y,,  Converting 
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to  the  avera go  value  of  the  speed  of  vibration  y,  m  obtain  the  level 
of  sound  pressure  above  the  threshold) 

P  •  20  log  —f^L-  ■  20  log  —,33..-  y  *  20  log  y  +  106. $  db. 

2*10"^  2*10“^  (69) 


This  Is  the  expression  of  the  sound  level  when  the  absolute 
magnitude  of  the  speed  of  vibration  of  the  surface  is  known.  If  this 
vibration  is  expressed  with  respect  .to  the  level  of  the  vibrational 
velocity  above  a  threshold  of  5*10~°  cm/sec,  it  may  be  seen  that  this 
level  also  is  equal  to  the  sound  level  In  the  medium.  Actually,  the 
sound  level  is  equal  to  (formulas  (66)  and  (67) ) * 


0  -  20  log 


db 


The  level  of  vibration  (68)  ist 

B  b  •  20  log  — L—  db. 
r  5*10-6 

However,  because  4  *  y,  we  have 

f'K 


(70) 


< 


The  flat  surface  of  a  panel  with  synphasic  vibration  is  the  most 
efficient  of  all  possible  sound  radiators.  Thus  by  measuring  the  level 
of  the  speed  of  vibration  of  any  given  long  panel  we  obtain  the  maximum 
possible  sound  level  in  the  medium  surrounding  the  panel.  In  this,  it 
is  natural  that  changing  the  level  of  vibration  by  a  certain  number  of 
decibels  evokes  the  same  change  in  sound  level  of  the  medium. 

A  point  source  is  a  less  efficient  radiator  of  sound*  A  source 
of  this  type  may  comprise  a  sphere  pulsating  in  synphase,  the  radius 
of  which  sphere  is  considerably  less  than  the  wave  length  of  the  radiated 
sound  (Figure  23-b),  In  this  oase  the  amplitude  of  sound  pressure  at 
a  distance  r  is  many-fold  greater  than  the  wave  length  of  the  sound, 
end  is  equal  to) 
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where  f  is  the  frequency  of  vibration  j 
fj  is  the  density  of  the  medium j 

Qa  ia  the  amplitude  of  the  volumetric  speed  of  the  surface 
of  the  source,  or  the  so-called  output  of  the  souroe,  equal 
to  the  product  of  vibratory  speed  of  the  surface  of  the 
source  by  its  area* 


Figure  23.  Radiation  of  sound  during  the  action  of  several 
very  simple  sources  of  vibration*  Types  of  sources t 

(a)  long  panel  under  aynphaaic  trans verst  vibration} 

(b)  point  souroe;  (c)  piston  in  an  extensive  wall} 

(d)  panel  vibrating  in  banding  mods. 


< 


61* 


1* 


It  is  apparent  that  the  scmd  pressure  in  this  oase  is  inversely 
proportionate  to  the  distance.  This  law  of  measurement  of  pressure 
was  mentioned  earlier  (of.,  for  example,  formula  58)  j  it  corresponds 
to  the  divergent  sphsrioal  sound  wave* 

A  point  source  is  almost  never  enoountered  in  pure  form  in 
architectural  acoustics  and  acoustics  of  machines*  However,  in  many 
cases,  such  as  in  evaluation  of  the  sound  radiation  of  machines  of  small 
dimensions,  these  may  he  considered  as  point  sources  of  a  corresponding 
output,  which  greatly  simplifies  computation.  This  type  of  computation 
of  the  acoustic  field  of  a  maohine,  taking  into  aooount  the  sound 
absorbing  properties  of  a  room,  ie  shown  in  examples  28  through  30. 

The  next  simple  type  of  radiator  is  the  piston  membrane,  or 
piston  in  a  rigid  wall  (Figure  23-c).  'lhe  term  "pieton**  in  the  given 
oase  indicates  merely  that  as  in  the  previous  types  of  radiators  all 
the  points  of  the  radiating  element  vibrate  in  synphaee  end  in  a  direc¬ 
tion  perpendicular  to  its  surface.  The  sound  pressure  le  distributed 
unevenly  in  the  space  surrounding  this  kind  of  radiator.  At  a  distance 
r,  considerably  exceeding  the  radius  a  of  the  piston,  the  amplitude 
of  the  sound  pressure  ie  equal  tot 

pt3z£~m*ytQ(9ta,f). 

Here  ^  is  the  angle  between  the  axis  of  the  piston  and  the 
dlreotion  to  the  point  at  which  the  pressure  is  determined}  the  other 
symbols,  except  <$ ,  have  been  Introduced  earlier. 

The  faotor  <£>  is  a  certain  function  of  the  parameters  ,  a, 
and  f,  indicating  the  degree  of  diraotionality  of  the  radiation.  The 
directionality  of  radiation  is  determined  by  the  addition  of  the  vibra¬ 
tions  emanating  from  various  points  of  the  radiator  and  the  solid  wall 
surrounding  the  radiator. 

For  frequencies  at  which  the  radius  of  the  piston  is  considerably 
smaller  than  the  wave  length  of  the  radiated  sound,  $  (<p ,  a,  f)  -  1. 

In  this  oase  radiation  is  not  the  seme  in  all  directions,  i.e.,  the 
piston  is  equivalent  to  a  point  source,  with  the  only  difference 
that  at  equal  amplitudes  of  volumetric  velocity  the  magnitude  of  sound 
pressure  in  the  field  of  the  piston  is  twice  as  great  as  in  the  field 
of  a  point  aourot.  Bearing  in  mind  tha  faot  that  7t  a~ya  ie  the 
volumetric  velooity  or  the  output  of  the  souroe,  indicated  in  the  fore¬ 
going  by  Qt,  the  above  may  be  readily  understood.  Tha  doubling  of  the 
pressure  is  oauaed  by  the  refleotlon  of  sound  from  the  solid  wall. 
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If  the  wall  were  absent  and  the  piston,  as  before,  radiated  to 
one  side  (i.e.,  the  piston  is  situated  in  the  open  end  of  a  long  tube), 
a  doubling  of  pressure  in  the  medium  would  not  be  noted,  and  a  snail 
piston  would  be  completely  equivalent  to  a  j>oint  source.  A  condition 
of  this  kind  occurs  in  the  radiation  of  sound  fron  exhaust  pipes t  the 
mss  of  gas  in  the  exit  section*  of  a  tube  of  this  type  My  be  simplified 
and  equated  to  a  vibrating  platen. 

At  higher  sound  frequencies,  where  the  dimensions  of  the  piston 
coincide  with  the  wave  length  of  the  sound  in  the  surrounding*  medium, 
the  picture  of  radiation  will  be  substantially  different.  In  this 
oaee  the  equation  $  (f ,  a,  1}  *  1  la  fulfilled  only  for  the  angle 
<f  •  0°,  i.e.,  the  equation  of  sound  pressure  characteristic  of  a  point** 
source  radiator,  valid  only  on  the  axis  of  the  piston.  The  min  radia¬ 
tion  is  ooneentrated  in  a  cone,  the  angle  f  q  at  the  apex  of  which  may 
be  found  with  the  equation  t 

sin  f>  0  -  0.6  ,  (73) 

where  X  is  the  length  of  the  sound  wave}  at  <P  -  the  sound 
pressure  *  0. 

Within  this  so-called  main  maximum  of  radiation  are  observed 
concentrically-spaced  additional  Mediums,  the  intensity  of  which  is 
considerably  lower  than  the  main  maximum.  The  properties  of  directional 
radiation  must  be  studied  in  the  cc  arse  of  experimental  investigation  of 
a  noise  which  ia  formed  as  a  result  of  the  vibrations  of  various  types 
of  diaphragms ,  membranes  and  small  rigid  panels. 

Although  the  types  of  radiators  described  in  the  above  include 
a  considerable  number  of  sound  radiators  actually  encountered,  the  radia¬ 
tion  produced  by  the  vibration  in  bending  of  plates  included  in  the 
bounding  structure  of  compartments  is  of  greatest  Interest  in  architectur  1 
practice.  This  type  of  radiation  (Fivure  23-d)  not  only  is  very  import an 
but  also  is  vary  oomplex,  and  because  of  this  has  been  subjected  to  the 
least  research.  During  recent  years,  due  to  the  works  of  L.  Cremer, 

K.  Oesele,  L.  Ta.  Qutin,  et  al*,  the  problem  of  sound  radiation  of  platee 
in  which  curved  vibrations  are  excited  has  been  clarified  to  a  definite 
extent.  We  present  a  general  outline  of  tbe  character  of  this  type  of 
radiation,  referring  ir  Crested  partl&s  to  more  detailed  exposltlens 
of  the  problem  In  the  appropriate  sources  (33,  70,  121*,  132). 

Let  us  assume  that  a  sinusoidal  ourved  wavs  la  excited  in  a  very 
extensive  (theoretically  infinite)  plate  with  amplitude  of  the  speed 
of  vibration  (Figure  23-d),  If  the  wave  in  the  plate  is  a  travelling 
wave,  radiation  into  apses  occurs  at  an  angle  y ,  for  which 
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sin  y 


9 


where  A  a  and  "A-  are  the  length  of  the  sound  wave  in  the  medium  (in 
this  case,  air)  and  the  length  of  the  wave  of  bending  vibration  in  the 
plate  (71) »  respectively. 

Prom  the  theory  of  vibrations  it  is  known  that  a  standing  wave 
in  any  given  vibrating  system  may  be  represented  as  the  result  of 
addition  of  two  moving  waves  extending  in  opposite  directions.  It  is 
apparent  that  in  the  presence  of  a  standing  bending  wave  in  the  plate, 
radiation  will  take  the  form  of  two  planar  waves  emanating  at  angles 
Y  to  the  normals  for  which: 

sin  y  *  -  ——  • 


The  intensity  of  the  radiated  waves  is  equal  to: 


ii 

2 


K 


cos  7 


if.  v2 

2 


(7k) 


The  expression  for  J  is  real  only  at  ?la  ^  At 
%  a<$T  7tp»  i.e.,  at  very  high  frequencies. 


and  as  is  the  case  for  an  infinite  piston  membrane,  the  plate  radiates 
a  planar  wave  in  a  direction  very  near  to  normal. 


For  the  purpose  of  examining  in  detail  the  character  of  radiation 
at  various  frequencies  we  express  the  frequency  factor  of  radiation  in 
formula  (7k)  in  decibels*  *  • 


$=10lo^ 


i  /•-(# 


(75) 


In  Figure  2h  this  relationship  is  depicted  by  the  solid  line. 

At  "X.  a  >  A.p  the  expression  under  the  sign  of  the  logarithm  is  minimal, 

i.e,,  there  is  no  radiation.  As  will  be  seen  in  the  following,  this 
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condition  corresponds  to  an  abscissa  value  less  than  unity.  This  is 
explained  physically  by  the  fact  that  at  a  snail  wave  length  of  the 
bending  save  in  a  plate,  various  parts  of  its  surface,  vibrating  in 
counter-phase,  continuously  "pump  over"  energy  from  one  portion  of  the 
medium  next  to  the  plate  to  another. 


At  X8  ■  p  the  radiation  of  a  very  extensive  plate  increases 
without  limit  (of.  formula  75)  ♦  From  formula  (7b)  and  the  expression 
for  sin  y  »  it  is  apparent  that  oos  y  *  0,  i.e.,  at  any  given  point  In 
semi-space  the  radiated  wave  progresses  parallel  to  the  surface  of  the 
panel.  The  frequency  corresponding  to  the  equality  of  wave  lengths  is 
called  the  critical  frequency.  On  the  basis  of  expressions  for  the 
length  of  longitudinal  and  bending  waves  included  under  Chapter  1, 
we  obtain  the  expression  for  the  critical  frequency  f^j.  in  the  form 


JL  1  / 

2nk  V  E 


(76) 


where  h  is  the  thickness  of  the  plate j 

p,  E  and  u  are  the  density,  modulus  of  elasticity  and  co- 

r  efficient  of  Poisson,  respectively,  of  the  material 
of  the  panel} 

c  is  the  speed  of  sound  in  the  medium  surrounding 

the  panel. 

The  critical  frequency  for  a  steal  plate  in  air  is  approximately 

fkr  s  -1S2_  .  (77) 


where  h  is  expressed  in  centimeters . 

In  the  following  chapters  the  values  of  the  critical  frequency 
are  indicated  for  plates  of  other  materials,  in  the  course  of  discussion 
of  the  phenomenon  of  sound  insulation,  because  the  concept  of  this 
frequency  ie  no  less  important  in  prob?  erne  of  sound  radiation  than  in 
problems  of  sound  insulation.  This  is  due  to  the  fact  that  resonance 
of  coincidence  (12b)  occurs  at  the  critical  frequency,  and  at  this  ~ 
Trequenoy  the'  plate  or  partition  transmits  sound  (if  there  is  no 
mechanical  loss  in  them).  Ihe  resonance  of  coincidence  is  essentially 
a  phenomenon  comprising  the  inverse  of  the  radiation  at  an  angle  y  of 
sound  by  a  plate,  mentioned  above.  If  a  planar  wave  impinges  on  the 

panel  at  an  angle  fm  arc  sin  -XJL.  (in  a  diffuse  sound  field  such 

Tip 
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angles  of  incidence  of  sound  always  are  found),  a  resonant  wave  process 
arises  in  the  panel  and  it  tranemits  the  wave  without  diminishing  it, 
also  resulting  in  loss  of  sound  insulation  of  the  panel. 


Figure  21*.  Frequency  function  of  the  radiation  factor 
for  bending  vibrations  of  a  plate. 


Infinite  plate j 


.mmmmmm-  Slid 


plate  with  finite  dimensions. 
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The  sound  radiation  functions  described  in  the  foregoing  ere 
characteristic  of  infinite  plates  undergoing  bending  vibration.  In 
plates  of  finite  dimensions  marked  radiation  is  observed  also  in  the 
range  below  the  critical  frequency.  Let  us  indicate  the  dimension  of 
the  plates  in  the  direction  of  propagation  of  the  bending  wave  by  b, 
and  indicate  the  wave  length  at  critical  .frequency  by  \  ^r.  Figure  5?h 
indicates  the  values  of  the  factor  of  radiation  of  the  panel  as  & 
f 'junction  of  the  frequency  and  the  ratio  _  (132).  The  values 

b  ^  to? 

— -  »  oe  or  b  *©o  ,  i.e.,  an  infinite  plate,  correspond  to  the 

A-  kr 

solid  line  mentioned  in  the  foregoing.  Radiation  in  tine  suberitical 
range  increases  in  proportion  to  a  decrease  of  Tyb  .  At  a  value 

■^kr 

~JL —  ■  3  the  difference  in  the  level  of  sound  radiated  by  the.  plate 

A  kr 

at  high  and  low  frequencies  does  not  exceed  10  to  15  db. 

The  curves  of  Figure  2b  relate  to  radiation  by  standing  bending 
waves  in  plates  of  small  dimensions.  However,  an  analogous  relationship 
holds  true  for  travelling  waves,  also,  although  idealized  pictures  of 
the  radiation  (radiation  through  openings  of  finite  dimensions  in  an 
infinite  screen,  covering  a  plate  in  which  a  travelling  wave  is  being 
propagated)  must  be  employed  to  satisfy  the  conditions  of  finiteness 
of  the  plate. 

Another  cause  of  the  mutual  approximation  of  the  levels  of  radiate 
sound  at  high  and  low  sound  frequencies  is  the  damping  of  vibrations 
of  bending  of  a  plate  due  to  external  or  internal  friction.  Here  also, 
as  a  result  of  diminution  of  vibrations  in  the  plate  marked  radiation 
occurs  only  in  a  limited  portion  of  the  plate,  accompanied  by  the 
appearance  of  radiation  in  the  suberitical  range  of  frequencies. 

At  frequencies  f  lying  within  the  limit, 3 

fQ<f<fkr  (73) 


where  f^ 


Is  any  value  having  a  frequency  dimension  and 
is  the  speed  of  30und),  the  radiation  factor 


represented  in  the  form 


equal  to 
may  be 


3  »  10 


70  - 


For  a  steel  plate  in  air 


S 


10  log 


1250 


(79) 


where  the  dimensions  h  and  b  are  given  in  centimeters,  and  the 
speed  of  sound  in  cm/sec. 

From  the  above  it  is  apparent  that  within  definite  limits  the 
frequency  of  sound  energy  radiated  by  a  plate  vibrating  in  air  is  pro¬ 
portional  to  the  thickness  of  the  panel,  This  must  be  taken  into  account 
in  comparative  evaluation  of  the  amount  of  sound  radiation  contributed 
by  various  structures  of  differing  thiokness,  but  vibrating  with  the 
identical  amplitude  (for  example,  the  thick  walls  •'**  engine  cylinders 
and  portions  of  a  thin-walled  engine  housing). 

Example  19.  The  thickness  of  a  steel  plate  vibrating  in  air  is 
5  mm,  an"<3  the  transverse  dimension  is  50  cm.  The  problem  is  to  determine 
the  frequency  at  which  increased  radiation  of  sound  by  the  plate  jlS  to 
be  expected,  and  the  approximate  range  of  frequencies  in  which  the 
radiated  sound  energy  will  be  proportional  to  the  thickness  of  the  plate. 

Solution.  According  to  formula  (77)  the  critical  frequency  for 
a  steel  panel" in  air  is  equal  tos 

fkp  -  Jhi&2  -  Ju2>£  -  2,500  cycles , 

Kr  h  0.5 


Beginning  with  this  frequency,  radiation  occurs  with  great 
intensity.  Within  the  limits 

from  f jg,  to  f0  ■  JL-  ■  ■  ht&ZL.  680  cycles, 

the  energy  radiated  by  the  plate  is  directly  proportional  to  the  thick¬ 
ness  of  the  plate, 

12 .  Interference  and  Diffraction  of  Sound 

The  principle  of  superposition  may  be  applied  to  sound  waves, 
according  t o' whicn  each  sound  'vibration  occurs  independently  of  other 
vibrations  at  a  given  point  of  space.  The  superposition  of  two  or  more 
vibrations  upon  each  other  is  called  interference.  This  phenomenon  may. 
occur  for  either  longitudinal  or  transverse  vibrations  (in  solid  bodies). 
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During  the  period  of  sinusoidal  vibration  the  phase  of  vibration 
at  each  point  of  space  changes  contin .  nlly.  If  two  vibrations  occur 
in  the  same  phase,  strengthening  of  vibration  is  observed.  In  the  case 
of  movement  of  particles  in  antiphase,  i,e,,  in  a  different  direction, 
the  vibration  is  weakened. 

When  the  amplitude  of  interfering  vibrations  occurring  in  phase 
is  identical,  the  total  vibration  is  doubled  in  amplitude)  when  they 
are  superposed  in  opposite  phase  the  amplitude-  of  the  total  vibration 
is  equal  to  zero.  This  situation  occurs  in  the  formation  of  standing 
waves  in  any  given  sound  conductor,  such  as  tubes,  rods,  plates  or 
columns  of  air. 


A  very  peculiar  phenomenon  occurs  when  two  vibrations  with  a 
certain  amount  of  difference  in  their  frequencies  are  superposed.  In 
this  case  a  beat  occurs,  markedly  noticeable  to  the  ear.  The  frequency 
of  the  beat  is  equal  to  the  difference  in  frequency  of  the  interfering 
vibrations.  The  sound,  within  the  comoosition  of  which  the  beat  occurs, 
3s  very  unpleasant  to  hear,  as  are  other  sounds  which  vary  in  strength. 


Figure  2$,  Diffraction  of  sound  waves  involving 
screens  and  apertures  of  various  sizes. 
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At  the  present  time  interference  is  utilised  in  noise  reduction 
technology  for  local  reduction  of  sound  at  individual  points  in  the 
compartments  of  transport  vehicles , 

The  phenomenon  of  diffraction  also  is  encountered  frequently 
in  practice,  consisting  of  the  bending  of  sound  waves  by  obstructions. 
Diffraction  may  be  easily  explained  in  that  similarly  to  the  principle 
of  Huygens,  each  vibrating  particle  of  the  medium  in  which  sound  is 
propagated  may  be  considered  as  an  elementary  source  of  spherical  waves. 
As  a  result  part  of  the  wave  energy  penetrates  into  the  region  which  is 
in  the  shadow. of  the  obstruction. 

The  degree  of  penetration  of  sound  waves  into  the  region  shaded 
by  the  obataole  depends  upon  the  ratio  between  the  alee  of  the  obstacle 
and  the  length  of  the  sound  wave.  The  longer  the  wave  length,  the 
less  is  the  penetration  of  the  shadowed  area  with  a  given  dimeneion  of 
the  obstruction  (Figure  25,  a  and  c).  'ihe  length  of  the  zone  of  shadow 
behind  an  obstacle  with  transverse  dimension  D  may  be  computed 
according  to  the  following  formula: 

x,  -  _si_  . .  ®!l  .  (so) 

UX  40 

This  formula  relates  to  diffraction  in  parallel  rays.  When 
sound  waves  originate  from  a  single  point  in  front  of  the  screen  the 
length  of  the  zone  of  shadow  behind  it  increases.  Figure  26  oontalns 
a  graph  for  computation  of  the  decrease  in  intensity  of  sound,  in 
decibels,  at  a  point  looated  at  a  distance  D  from  a  soreen  with  height 
H.  The  source  is  at  a  distanoe  R  from  the  screen.  The  quantity  N 
is  plotted  on  the  horizontal  axis  of  the  graph,  and  is  equal  to: 

N~ (■«■)* ~‘) + D ( V ,+ (tt)  -i)]  (ei> 


This  relationship  is  useful  in  designing  various  sound- 
protection  screens. 

With  the  passage  of  sound  through  apertures  or  perforations, 
diffraction  causes  propagation  of  the  sound  not  only  along  the  axis  of 
the  aperture,  but  also  laterally  from  the  axis.  The  formal  picture  in 
this  case  is  similar  to  the  picture  of  radiation  of  a  piston  in  a 
screen  (Paragraph  11).  Just  as  in  the  ease  of  a  piston  radiator,  when 
the  dimensions  of  the  aperture  are  considerably  smaller  than  the  wave 
length  the  radiation  in  the  semi-space  behind  the  partition  is 
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nondirectional  (Figure  25-d)$  If  the  dimensions  of  the  aperture  ere 
identical  with  the  wave  length  or  greater1  than  the  latter,  radiation 
behind  the  partition  is  localised  in  a  more  or  less  narrow  bean 
(Figure  2f>-b). 


Figure  26.  Weakening  of  sound  bent  by 
a  screen,  as  a  function  of  the  height 
of  the  soreen  and  its  distance  from 
the  source  and  receiver  of  the  sound* 


surface  et  the  sane  angle  as  the  angle 


Diffraction  results 
in  intense  pessage  of  sound 
through  apertures  or  per¬ 
forations,  whioh  is  the 
cause  of  reduction  of  the 
sound  Insulation  of  parti* 
tions.  is  a  result,  of  dif- 
fraotion  the  sound  field  is 
distorted  when  an  obstruc¬ 
tion  of  dlaaneians  equal 
to  the  sound  wave  is  installed 
In  it.  This  requires  a  dif¬ 
fraction  correction  in 
measuring  the  sound  field 
of  large  microphones .  The 
magnitude  of  correction  may 
attain  3  or  5  db,  or  more. 

13.  Reflection  of  Sound 

Reflection  of  sound  to 
a  considerable  extent  re¬ 
settles  reflection  of  light, 
is  in  the  ease  of  li^ht,  in 
the  absence  of  dispersion^ 
sound  is  reflected  from  a 
incidence  (Figure  27-a  and  27 -b). 


From  this  it  follows  that  oomrex  surfaces  disperse  sound 
(Figure  27-o),  and  concave  surfaces  focus  and  concentrate  sound  (Figure 
27-d). 


Let  us  assume  that  a  sound  wave  impinges  normally  on  the  line  of 
division  between  two  media  (Figure  26).  The  energy  of  the  impinging 
sound  is  equal  to  the  sum  of  the  energy  of  the  reflected  sound  and 
sound  passing  through  the  second  medium! 

Jinp  “  Jref  *  Jtrans» 


7U 


whence 


Jref  Jtr«ns 

y <■■* ■  +  ■" *  —  ■  m  1. 

''imp  Jimp 


Figure  27.  Reflection  of  sound  from  surfaces  of  various  shapes. 


The  first  fraction  may  he 
called  the  coefficient  of  re¬ 
flection  of  sound  energy.  We  shall 
indicate  it  with  the  symbol  J* , 

The  second  fraotion  is  the  coeffi¬ 
cient  of  transmission  or  absorption 
of  sound  oo.  Thust 


Figure  28.  Reflection  of 
sound  from  the  surfaoe  of 
discontinuity  between  two 
media. 

(1)  Jinp  (impinging) 

(2)  (reflected) 

(3)  Jtrana 1 (transmitted) 


(9*  *  co  •  It  (82) 

1 

For  the  coefficient  of 
reflection  of  sound  impinging 
normally  upon  the  border  of  the 
media,  we  have  the  expression t 


l 

where  2^  *nd  a 2  ar®  the  specific 
aoouetio  resistances  of  the  media 


Very  frequently  an  expression  for  the  coefficient  of  reflection 
of  sound  with  reference  to  pressure  or  speed  of  vibration  is  used. 

It  is  equal  tot 
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-LLlLi. 

*i  +  *2  1 


(8U 


Taking  Into  account  the  relationships  (82)  end  (83),  we  may  find 
the  coefficient  of  transmission  of  sound  through  the  boundary  between 
the  two  media.  The  coefficient  of  transmission  of  sound  energy  is 
equal  tot 


.—  i—l  ft— p _ 

I  *>  +  *»  I  lh  +  *f  (85) 


The  coefficient  of  transmission  of  sound  pressure  is  found  by 
taking  into  account  the  relationship  between  the  sound  energy  and  sound 
pressure  in  each  of  the  media.  We  thun  obtain t 


j*5J 

!  *i  +  *t  I 


(66) 


Figure  29  is  a  graph  of  the  relationship  between  the  coefficients 
of  refaction  and  transmission  of  sound  as  a  function  of  ths  ratio  of 
the  acoustio  resistances  of  the  media  (formulas  83  and  8$).  The  value 
of  the  retio  zg  1*  1 coated  on  the  horizontal  axis,  in  a  logarithmic 
“ 

seals.  From  the  graph  and  from  the  formula  it  may  be  seen  that  the  value 
of  the  coefficient  of  reflection  of  sound  from  the  boundary  between  two 
media  depends  only  upon  ths  absolute,  value  of  the  ratio  of  the  acoustio 
resistances  of  ths  madia  but  does  not  depend  upon  which  of  the  resistance- 
is  greater.  Because  of  this  the  sound  propagating  through  any  given 
solid  thick  wall  undergoes  reflection  from  the  boundary  of  the  wall 
and  air  identical  to  the  reflection  exhibited  by  sound  propagating 
through  air  and  reflected  by  that  wall. 

Let  us  examine  an  example  of  the  utilisation  of  this  relationship 
in  the  aoouatlos  of  ships.  A  liquid  (water,  oil)  conducts  sound  well, 
and  has  great  acoustio  resistance  in  comparison  to  air  (Table  I), 

Beoause  of  this,  if  fuel  or  water  tanks  of  s  ship,  within  which  sound 
vibrations  from  machinery  Installations  are  propagated,  are  separated 
from  housing  areas  of  tha  ship  by  an  air  layer  (cofferdam)  in  a  manner 
ensuring  that  vibrations  will  be  reflected  from  this  layer,  the  acoustic 
regime  of  the  oocupled  areas  will  be  Improved.  An  air  layer  between  two 
rigid  walls  having  considerable  acoustio  resistance  has  analogous  sig¬ 
nificance  in  the  insulation  of  air  sounds. 
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Figure  29.  Coefficient  of  refleotion 
(loner  curve)  and  tr ana mission  of 
sound  (upper  orve)  at  the  boundary 
between  two  sulla  as  a  function  of 
the  ratio  of  the  acoustic  resistances 
of  the  media. 


conductor  (formula  50)  ist  zy  •  f  oS^j 


Formulas  (83)  and 
(8b)  were  discussed  prim¬ 
arily  in  relation  to  the 
reflection  and  penetration 
of  sound  at  the  boundary 
between  two  homogenous, 
infinite  media.  However, 
theee  formulas  also  apply 
with  certain  limitations 
to  any  similarly  dimen¬ 
sioned  sound  conductors 
if  si  and  Sg  are  considered 
as  tfts  acoustic  resistances 
of  semi-infinite  portions 
of  this  sound  conductor. 

1st  us  consider  in  partic¬ 
ular  the  application  of 
formula  (8b)  in  determining 
the  reflection  of  sou'.d 
under  the  conditions  of 
change  in  the  cross- 
seotion  of  the  sound  con¬ 
ductor  (Figure  30). 

The  acoustic 

resistance  of  individual 
portions  of  a  sound 

PoS2* 


Here  and  Sg  are  the  cross-sectional  areas  of  each  portion. 

On  the  basis  of  equation  (8b)  the  coefficient  of  reflection  1st 


S» 


‘+4 

S* 


(87) 


This  value  of  refleotion  holds  for  both  the  passage  of  sound 
from  a  wider  section  Into  a  narrower  one  (Figure  30-a),  and  vice  versa 
(Figure  30-b),  if  the  difference  in  the  values  S,  and  Sg  la  not 
exceptionally  great.  Another  condition  of  the  application  of  formula 
(87)  is  a  small  cross-sectional  area  of  the  sound  conductor  In  com¬ 
parison  to  the  wave  length  passing  through  It. 
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Example  20,  The  problem 
is  to  determine  the  coefficient 
of  transmission  of  sound  pressure 
with  normal  impingement  of  a 
sound  wave  from  air  upon  the  steel 
wall  of  a  tank  filled  with  water 
(sound  frequency  $00  cycles,  and 
wall  thickness  It  mm)* 

Solution.  We  apply 
formula  (at),  taking  account  of 
the  fact  that  in  this  oase 

*i  ■  p  w 

%2  «  J«>  a  +  f  cwter, 

where  tUm  is  the  inertial  resist¬ 
ance  of  the  wall  at  the  given 
frequency?  the  subscripts  a^r  and  expressions  far  wave 

resistance  refer  to  the  medium. 

The  impedance  of  the  wall  at  a  frequency  of  $00  cycles  is* 
oJm  •  2^*  $00  *  O.It  *  8  -  10 h  poftlp. 

Thus  the  value  of  z.  in  the  denominator  of  (66)  may  be  Ignored 
in  comparison  with  zp.  Thus  we  obtain* 

-/£!,  g  1  ha  *  t  ta&a!  -i, 

|  juJm  +  PCyj^^j.1 

i.e,,  the  pressure  ie  doubled  upon  passing  through  the  wall.  However, 
as  may  be  deduced  from  formula  (8$),  the  energy  passing  Into  water  le 
negligible,  and  the  large  value  of  t.  e  transmitted  sound  pressure  results 
only  from  the  large  aooustic  resistance  of  water.  It  may  be  stated,  alec 
that  when  a  diffuse  sound  field  obtains  in  front  of  a  thin  wall,  the 
pressure  in  a  liquid  on  the  other  side  of  the  wall  is  not  double  the 
value  of  the  pressure,  as  In  the  case  of  a  free  sound  wave  Impinging  on 
a  wall,  but  ia  equal  to  the  value  of  pressure  in  the  diffuse  field. 

The  .same  steel  wall,  not  bordering  on  water  but  situated  in 
air,  ensures  a  considerable  weakening  of  sound  pressure  (as  a  result 
of  very  low  resistance  of  the  medium  behind  it)?  cf  also  formulas  (100), 
(101),  etc. 


a) 


4 

I 


Figure  30,  Reflection  of  sound 
under  the  condition  of  ohange 
in  the  oross -section  of  the 
sound  conductor. 


76 


CHAPTER  it 


THE  MEASUREMENT  OF  NOISE  AND  SONIC  VIBRATION 


11*.  Instruments  for  Measuring  the  Level  of  Airborne  Noise 

Noise  meters  are  divided  into  subjective  and  objective  types 
according  to  the  operating  principle  and  construction  of  these  inst.ru- 
ments  for  measuring  the  level  of  sound  and  noise. 

In  subjective  noise  meters,  or  phonometers,  the  measured  sound 
or  noise  is  compared  vlth  a  pure  tone  of  definite  frequency,  produced 
by  a  special  generator.  In  the  courts*  of  measurement  the  operator 
applies  a  radiator  of  a  sound,  connected  by  means  of  an  acoustic  circuit 
to  the  tonal  generator  (Figure  31) »  to  one  ear,  and  receives  the  sound 
to  be  measured  in  the  other  ear.  With  the  aid  of  the  strength  regulator 
(attenuator)  of  the  noise  meter,  equality  of  perception  of  the  loudness 
of  the  sound  from  the  generator  and  the  measured  sound  may  be  obtained. 

Because  the  hearing  apparatus  of- man  participates  in  the  measure¬ 
ments,  the  levels  thus  obtained  are  the  true  levels  of  loudness  of  the 
sound.  The  values  of  these  levels  are  computed  on  the  scale  of  the 
attenuator,  calibrated  in  phons. 

The  possibility  of  obtaining  values  directly  characterising  the 
degree  of  the  effect  of  a  sound  upon  the  human  ?ar  is  the  advantage 
of  the  phonometric  method  and  instrument.  The  disadvantages  include 
the  complexity  of  the  process  of  measurement,  and  dependence  of  the 
results  upon  the  hearing  characteristics  of  each  operator.  Because 
of  this  phonometry  is  not  employed  in  ordinary  acoustic  measurements , 
but  only  in  certain  research  work. 
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Figure  31.  Diagram  of  measurement  of  the  level 
of  loudness  of  noise  with  the  aid  of  a  phonometer. 

1  -  Sound  generator 

2  -  Amplifier,  with  logarithmic  attenuator 

3  -  Earphone 

k  -  Measured  sound 


Objective  noise  meters  have  found  considerably  more  extensive 
application.  In  these  instruments  (Figure  32)  the  measured  sound  is 
perceived  with  the  aid  of .a  microphone,  which  has  a  broad  range  of 
working  frequencies.  Electrical  vibrations  from  the  microphone  are 
amplified  and  transmitted  to  a  circuit  consisting  of  capacitors, 
resistances  and  inductances,  and  forming  the  frequency  characteristics 
of  sensitivity  of  the  instrument  into  frequency  curves  of  equal  loudness. 

Koverver,  the  most  highly 
perfected  noise  meter  cannot 
produce  curves  of  equal  loudness 
for  any  given  value  of  intensity 
of  sound.  Most  often  noise 
meters  are  limited  to  three 
scales,  corresponding  to  curves 
of  equal  loudness  for  medium  and 
high  values  of  sound  intensity. 
Types  of  noise  meters  with  a 
large  number  of  scales  also 
have  been  proposed. 

Because  of  its  limited 
number  of  frequency  character¬ 
istics  of  sensitivity  in  compari¬ 
son  with  the  human  ear,  the 
objective  noise  meter  enables  determination  of  only  approximative  values 
of  the  loudness  level  of  sound.  As  mentioned  in  the  foregoing  (cf. 

Table  h)  these  approximative  values  of  the  level  of  loudness  of  sound 


Figure  32.  Block  diagram  of  an 
objective  noise  meter. 

1  -  Microphone,  or  pick-up 

2  -  Amplifier  with  attenuator 

3  -  Frequency  correction  link 
1*  -  Measuring  instrument 
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are  called  sound  levels,  and  are  expressed  in  decibels.  In  measuring 
complex  sounds  the  value  of  sound  level  registered  by  the  noise  meter 
may  differ  by  6  to  5  db  from  the  true  value  of  the  level  of  loudness 
of  a  sound  (usually  below  the  level). 

Figure  33  shows  two  models  of  portable  precise  noise  meters 
incorporating  semiconductors,  and  Figure  3l»  depicts  the  frequency  charac¬ 
teristics  of  sensitivity  of  the  precise  noise  meter  of  the  firm  Bruel 
and  Kjaer  (Denmark).  This  noise  meter  has  four  frequency  character¬ 
istics  of  sensitivity,  indicated  by  A,  B,  C  and  I, inear.  The  first 
characteristic  is  used  at  noise  levels  up  to  60  db,  the  second  within 
the  range  of  60  to  130  db,  and  the  third  at  levels  above  130  db.  The 
linear  characteristic  is  utilized  in  measuring  sound  pressure. 


Figure  33.  Portable  objective  noise  meters  incorporating 
semiconductors . 


Portable  objective  noise  maters  also  have  been  developed  by  Yu. 
M.  Il'yashuk  and  I.  I.  blavin  (96)  at  the  Leningrad  Institute  of 
Labor  Safety. 
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The  microphone  of  the  noise  meter  occasionally  is  provided  with 
an  extension  cord,  enabling  measurement  of  noise  at  various  points  of  a 
room  without  moving  the  instrument  from  place  to  place. 

Figure  35  illustrates  the  measurement  of  noise  of  a  machine  with 
the  aid  of  an  objective  noise  meter.  The  noise  level  is  determined  by 
summation  of  the  indications  of  the  logarithmic  amplifier  switch  and 
of  the  needle  indicator  of  the  instrument. 


Figure  Frequency  characteristics  of  a 
noise  meter. 


It  must  be  mentioned  that  measurement  of  the  level  of  unpleasant¬ 
ness,  or  degree  of  irritating  effaot  of  noise  may  be  no  lass  important 
than  measurement  of  the  level  of  loudness  of  noise.  For  this  purpose 
the  frequency  characteristics  of  sensitivity  of  the  instrument  measuring 
noise  should  correspond  not  to  ourves  of  equal  loudness,  but  to  ourves 
of  equal  unpleasantness  of  sound  (Figure  17).  Instruments  of  this  type 
have  not  been  developed  as  yet,  and  tha  only  instrument  available, 
characterizing  the  effect  of  noise  on  the  human  organism  is  the  noise 
meter.  It  may  be  noted  that  the  use  of  a  noise  meter  with  one-third- 
octave  or  one-half-octave  filters  enables  determination  of  the  role  of 
high-frequency  components  in  the  spectrum  of  an  investigated  noise, 
together  with  approximate  evaluation  of  its  unpleasantness . 
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Figure  35*  Measuring  the  noise  of  a  machine 
with  the  aid  of  an  objective  noise  meter 
equipped  with  microphone  on  an  extension 
cord. 


15 .  Instruments  for  Measurement  of  Sordo  Vibrations 

Measurement  of  the  parameters  of  uhe  prooess  of  sonic  vibration, 
or,  what  is  the  same  thing,  the  level  of  vibration,  is  required  in 
many  instances  cf  shipbuilding  and  Architectural  practice!  e.g.,  in 
investigation  of  the  phenomena  of  propagation  of  vibrations  in  the  hull 
and  in  foundation  structures  }  in  locating  resonant  portions  and  par  " 
of  these  structures  radiating  strong  noise}  and  in  evaluating  the  effect 
of  any  given  measures  taken  for  controlling  noise. 

A  special  instrument,  the  vlbrometer ,  is  used  in  measuring  sonic 
vibration.  The  term  "  v3 Promoter''  "has  l wo  applications .  This  term  is 
taken  to  mean  the  sensing  Instrument  detecting  a  vibration,  i.e.,  vibra¬ 
tion  detector.  Most  often  the  term  vlbrometer  is  taken  to  refer  to  the 
entire  apparatus  for  measurement  of  vibration  including,  ir.  addition  to 
the  detector,  the  amplifier  and  registering  portions  of  the  instrument 
(in  this  case  the  vibration  sensor  itself  may  be  called  a  vibration 
rick-up,  in  conformity  with  terminology  frequently  applied  in  practice), 
however,  a  tendency  was  noted  toward  the  development  cf  instruments 
intended  solely  for  measurement  of  vibration  (for  example,  the  "General 
Radio"  vlbrometer  in  the  US),  which  at  the  present  time  has  given  way  to 
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a  trend  in  production  of  instruments  serving  simultaneously  for  the 
measurement  (and  analaysis)  of  noise  and  vibration.  An  over-all  view 
of  an  Instrument  of  this  type  (27)  is  shown  in  Figure  36.  A  simplified 
block  diagram  of  a  cirouit  for  measurement  of  sound  vibration  is  presented 
in  Figure  37* 

All  modem  designs  of  vibration  pick-ups  In  the  sonic  range  are 
based  on  the  electroacoustic  principle,  i»e*>  on  the  principle  of  trans¬ 
formation  of  the  mechanical  energy  of  the  vibration*  which  are  being 
measured,  into  eleetrieal  energy.  The  application  of  this  principle  is 
a  result  of  the  broad  potentialities  of  electrical  designs  for  amplifica¬ 
tion  and  analysis  of  very  mask  vibrations  which,  however,  and  as  we 
have  seen  in  the  foregoing,  may  evoke  very  unpleasant  physiological 
effects. 


Figure  36.  Vibration  (and 
noise)  analyser. 


Figure  37*  Block  diagram  of 
a  vlbrometer. 

(1)  Vibration  pi  ok -up 

(2)  Integrator 

(3)  Amplifier,  with 

attenuator 

(i)  Measuring  instrument 
(5)  Vibrating  surface 


Conversion  of  mechanical  vibrations  into  electrical  vibrations 
occurs  in  the  vibration  pick-up,  itself.  The  vibrations  are  amplified 
in  the  eleotrleal  link  of  the  vlbrometer  and  are  forwarded  to  the  in¬ 
dicating  apparatus,  which  moat  often  oonsista  of  a  needle  indicator. 

The  amplifier  of  the  vlbrometer,  like  the  amplifier  of  a  noise  meter, 
is  provided  with  an  amplification  regulator,  calibrated  in  logarithmic 
units.  To  th*  electrical  portion  of  the  vlbrometer  may  be  attached  an 
earphone  for  listening  to  the  vibrations,  and  instruments  for  meording 
and  for  frequency  analysis  of  the  vibrations. 
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Many  systems  for  conversion  of  the  mechanical  vibr  xons  into 
electrical  ones  exist,  and  correspondingly  numerous  system  of  vibration 
pick-ups  have  been  developed .  In  shipboard  vibrometric  practice,  how¬ 
ever,  vibration  detectors  of  the  piezoelectric  type,  which  are  suitable 
and  adequately  efficient  for  this  type  application,  ere  used  almost 
exclusively.  Their  action  is  based  on  the  piezoelectric  effeot,  con¬ 
sisting  of  the  generation  of  electrioal  charges  on  the  fecea  of  crystals 
and  wafers  of  certain  materials  when  static  or  intermittent  forces  are 
applied  to  them.  The  materials  of  this  type  (piezoelectric  materials) 
include  Rochelle  ealt,  barium  titanate,  ammonium  phosphate,  quartz, 
tourmaline,  eto. 


Figure  3d.  Construction  of  piezoelectric  vibration 
pick-ups. 


Diagrams  of  the  structure  of  three  piezoelectric  vibration  pick¬ 
ups  are  shown  in  Figure  38.  In  the  vibration  detector  of  deelgn  shown 
in  Figure  3 8 -a,  which  is  produced  by  many  foreign  firms  and  still  is 
used  fairly  extensively  in  the  Soviet  Union,  the  sensitive  element  is 
e  wafer,  or  a  combination  of  a  wafer  of  Rochelle  salt  of  relatively  large 
size,  fixed  by  means  of  a  bracket  within  the  housing  of  the  vibration 
detector.  The  vibration  of  a  surface  upon  which  the  pick-up  is  placed 
la  transmitted  through  a  vertical  rod  to  the  housing  and  the  location 
of  the  piezoeleetrio  element,  oauslng  flexural  vibration  in  the  latter. 
The  Inertial  forces  arising  as  a  result  of  this  lead  to  the  formation  of 
piezoeleetrio  charges  of  vatying  frequency  at  the  faces.  The  elec trio 
voltage  from  the  faoee  of  the  piasoalaetrie  element  are  fed  Into  the 
amplifier  of  the  vlbrometer.  The  piezoeleetrio  vibration  detector  may 
be  plugged  Into  not  only  the  special  tube-type  vibrometric  circuit,  but 
also  into  any  nolee  meter  with  high  reeistanoe  input,  which  uses  a 
piezoelectric  microphone. 
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Because  the  magnitude  of  the  voltage  at  the  facet  of  the 
piezoelement  is  determined  by  inertial  force,  and  the  latter  is  pro¬ 
portion  to  the  vibratory  acceleration  at  the  point  of  application  of 
the  vibration  detector,  the  vibration  deteotora  of  the  piezoelectric 
system  are  piek-upa  of  the  vibratory  acceleration.  This  ia  why  instru¬ 
ments  uaing  single  or  double  integration  of  the  indioated  piezoelectric 
vibration  sensor  (Figure  37)  must  be  applied  to  obtain  the  value  of  the 
speed  of  vibration  of  vibratory  displacement  of  the  vibrating  surface. 

The  vibration  deteotor  (Figure  38-a)  has  two  substantial  dis¬ 
advantages  t 

(1)  a  relatively  high  weight  (up  to  1*00  or  500  grams),  as  a 
result  of  which  the  pioture  of  the  vibration  of  the  struoture  being 
tested  i nay  be  distorted  (cf.  Chapter  20) j 

(2)  narrow  range  of  working  frequencies*  This  range  extends 
from  a  few  cycles  to  1  or  1.5  kilocycles. 

At  higher  frequencies,  resonance  of  the  rod,  of  the  housing 
and  of  the  piezoelement  occurs,  distorting  the  indications  of  the 
vlbrometer.  At  frequencies  above  2  kc,  i.e, ,  in  the  range  beyond 
resonance  of  the  piezoelectric  crystal,  the  sensitivity  of  che  vibra¬ 
tion  deteotor  drops  sharply. 

These  disadvantages  are  absent  in  the  case  of  another  design 
of  piezoeleotric  vibration  detector,  the  "point'1  vibration  detector. 

It  is  distinguished  from  the  above  by  the  very  small  size  of  its 
piezoelement,  as  a  result  of  which  its  resonance  frequency  attains  15 
to  20  kc  and  higher.  The  dimensions  of  the  housing  are  only  slightly 
larger  than  the  supporting  bracket  of  the  piesoelement,  and  because 
of  this  all  imposed  distorting  resonance  of  the  housing  is  absent. 
Because  of  its  lo«r  weight  the  vlbrometer  has  practically  no  influence 
upon  the  vibratory  regime  of  the  struoture  which  is  being  tested. 

A  vibration  deteotor  of  similar  design  was  used  by  the  present 
author  in  testing  noise-isolating  mounts  (1*7).  The  ssnslng  element 
consisted  of  a  package  of  Roohelle  salt  crystals  having  a  natural 
frequency  of  approximately  25  eycles,  working  in  compression  (Figure 
38-b). 


During  recent  years  very  highly  perfected  "point"  vibration 
detectors  with  barium  titanate  (Ba'i'iCu)  and  zirconium  titanate  have 
been  developed  in  Denmark  and  in  the  USSR.  In  one  of  the  modifications 
of  these  pick-ups ,  the  piezoelement  is  loaded  with  a  small  weight, 
pressed  against  the  piezoelement  by  a  spring  (Figure  38*0).  Figure  39 
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shows  a  vibration  detector  of  similar  type  developed  by  9,  N,  Masharskiy 
and  L.  S.  Sheyb,  The  working  range  of  frequencies  of  thia  vibration 
detector  is  from  several  cycles  to  10  or  12  kc.  Its  weight  is  20  to  30 
grams,  and  its  sensitivity  is  ir.  the  range  of  20  mv  per  g  (g  is  the 
acceleration  due  to  gravity).  Conclusions  may  be  drawn  with  respect  to 
dimensions  of  the  vibration  detector  by  comparing  it  with  thj  size  of 
a  12. 5-centimeter  logarithmic  slide  rule,  shown  in  Figure  39.  Some 
types  of  vibration  detectors  also  are  used  which  incorporate  two 
identical  piezoelectric  wafers  or  ferroelectric  elements,  separated 
by  a  metallic  electrode. 


Irregularity  of  the  frequency 
characteristics  of  sensitivity  of  a 
point  piezodetector  does  not  exceed 
-  2  db  within  the  working  range  of 
frequencies.  The  curve  of  the 
amplitude  of  the  vibratory  accelera¬ 
tion  determined  by  the  vibration 
detector  (with  constant  vibratory 
displacement)  is  parallel  to  the 
theoretical  curve  corresponding  to 
equation  (20)  up  to  the  very  high 
frequency  range. 

Another  valuable  character¬ 
istic  of  the  plezodeteotor  is  the 
faot  that  its  sensitivity  in  the 
transverse  direction  is  10  to  15  db 


Figure  39.  A  "point"  piezo-  lower  than  in  the  direction  of  its 

electric  vibration  pick-up.  axis  (curve  Ho.  3  in  Figure  I4C). 

This  ensures  greater  detection  of 
vibrations  perpendicular  to  the 
surface  to  which  the  detector  is  applied.  Rotational  vibration  and 
vibration  in  a  direction  parallel  to  the  plane  of  application  of  the 
detector  are  detected  very  weakly  (if  no  corresponding  devices  are 
used  for  reception  of  vibrations  in  this  direction). 


It  must  be  borne  in  mind  that  the  possibilities  of  point  vibra¬ 
tion  detectors  in  relation  to  measurement  of  vibration  levels  in  a  very 
broad  range  of  frequencies  may  be  realized  only  with  the  use  of  special 
means  of  applying  the  detectors  (cf.  Chapter  2C), 

Vibration  detectors  based  on  the  eleotrodynamlc  (induction) 
principle  (11*,  1*1;)  are  used  c onsiderably '  less  frequently  for  measurement 
of  vibration  in  the  sonic  range.  These  vibration  detectors  consist  of 
a  permanent  magnet,  in  the  gap  of  which  a  coil  is  suspended  on  an 
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elastic  support.  The  magnet  is  placed  on  the  vibratir"  surface.  With 
the  motion  of  the  magnet  the  coil  intersects  the  lines  of  force  in  the 
gap,  and  electromagnetic  force  is  generated  in  it.  The  magnitude  of 
this  force,  according  to  the  law  of  electromagnetic  induction,  is  pro¬ 
portional  to  the  number  of  lines  of  force  intersected  by  the  turns  of 
the  coil  per  unit  time.  For  this  reason  the  induction  vibrodetector 
is  a  sensor  of  yibrational  velocity. 


Figure  1*0.  Frequency  characteristics  of  the  sensitivity 
of  a  "point"  vibration  pick-up, 

(1)  Theoretical  curve?  (2)  Experimental  curve  taken 
from  vibrating  plate,  for  vibrations  in  the  direction 
of  the  axis  of  the  vibration  detector?  (3)  Experimental 
curve  of  vibrations  in  transverse  direction. 


In  distinction  from  the  piezoelectric  measuring  sensors,  the 
sensitive  element  of  induction  detectors  has  a  low  natural  frequency, 
usually  on  the  order  of  several  cycles ,  The  upper  limit  of  frequency 
in  measurements  with  the  most  highly  perfected  induction  vibrodetector s 
does  nob  exceed  5  or  6  kc.  Because  the  magnet  of  the  electrodynamic 
vibration  detector  has  a  fairly  large  mass,  instruments  of  this  type  may 
be  used  without  notioeable  distortion  only  in  the  measurement  of  vibra¬ 
tions  of  relatively  heavy  parte  of  machines  and  structures. 
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For  measurement  of  vibrations  of  lav  frequency,  end  simultaneously 
the  amplitude  of  vibratory  displacement,  vlbrographs  are  used.  Previously, 
purely  mechanical  instruments  were  used  almost  exclusively  for  this 
purpose^  i.e.,  instruments  in  vhloh  thf.  inveetigeted  vibrations  were 
amplified  by  means  of  e  system  of  levers  and  reoorded  on  a  paper  or  wax 
tape.  Vlbrographs  of  this  type  vers  developed  by  Qelger,  Shank  and 
others.  With  the  aid  of  supplementary  devioes  the  meohanioal  vibro- 
graph  may  ba  adapted  for  measurement  of  torsional  vibration  of  propeller 
shafting.  At  the  present  time  meohanioal  vlbrographs  have  been  displaced 
by  instruments  employing  the  induction  system. 

In  the  functioning  of  unbalanced  meohenisme,  especially  those 
provided  vith  vibration  isolators,  the  amplitude  of  low  frequency  vibra¬ 
tion  may  attain  0.$  m  or  more.  For  determining  the  magnitude  of  such 
a  vibration  in  the  absence  of  special  Instruments,  simple  methods  may 
be  used.  Figure  Ul  depicts  a  measuring  vedge,  which  is  glued  to  the 
vibrating  structure  in  the  plane  parallel  to  the  direction  of  vibration. 
Under  vibration  the  wedge  bifurcates,  and  the  amplitude  of  vibration  is 
found  by  computation  on  the  basis  of  the  wedge  (marking  is  based  on  the 
apparent  relationship  of  the  similar  triangles  of  the  stationary  and 
displaced  wadga).  With  the  use  of  a  wedge  with  dimensions  100  x  10  mm 
the  amplitude  of  vibration  may  be  determined  approximately  within  0*1 
to  2  mm* 
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Figure  ul.  Measuring  wedge. 


16.  Instruments  for  Recording  Noise  and  Sonic  Vibration 

In  aooustloal  practice  it  often  becomes  neceseary  to  record 
a  noise  or  vibration  for  the  purpose  of  subsequent  frequency  analysis. 
Automatic  registration  of  the  level  of  tny  given  parameter  of  investigated 
vibrations  is  of  considerable  interest  (sound  pressure,  speed  of  vibra¬ 
tion,  vibratory  acceleration,  ate.).  The  value  of  this  type  of  automatic 
recording  lias  not  only  in  establishing  an  objective  document  of  the 
vibratory  process,  but  also  in  eliminating  subjective  errors  of  the 
operator.  This  type  of  recording  also  facilitates  evaluation  and  com¬ 
parison  of  the  magnitudes  and  character  of  parameters  of  the  investigated 
processes.  Levels  may  be  reoorded  automatically  as  functions  of  time, 
coordinates,  frequency,  speed  of  motion  of  the  source,  etc. 


-  8?  - 


Recording  of  noise  and  vibrations  with  the  aid  of  magnetic  sound 
recording  apparatus,  the  tape  recorder,  has  very  great  usefulness.  In 
this  type  of  recording,  electrio  vibrations  from  corresponding  eleotro- 
aooustic  transducers  (microphones  or  vibration  piok-upa)  are  converted 
into  oscillatione  of  the  strength  of  a  magnetic  field,  whioh  are 
fixed  on  a  special  ferrooagnetio  tape.  With  reversal  of  the  process  the 
original  sonic  vibrations  may  ba  reproduced  any  desired  number  of  times. 
The  carrier  tape  does  not  ohange  its  eleotroaooustle  and  meohanical 
properties  for  a  period  of  several  years. 

An  outline  of  the  prlnoiple  of  the  tape  recorder  is  shown  in 
Figure  U2,  The  tape  recorder  consists  of  two  circuits,  the  recording 
circuit  and  the  reproduction  oircuit .  The  recording  circuit  (left 
t-  irtion  of  the  diagram)  oonaists  of  a  suitable  electroacoustic  trans¬ 
ducer  1,  an  amplifier  2,  and- recording  and  erasing  heads  3  and  U.  The 
amplified  <.s  dilations  are  fed  to  the  recording  head,  consisting  of  a 
magnet,  through  the  gap  of  whioh  passes  the  ferromagnetic  tape-carrier 
10.  The  density  of  magnetization  is  determined  by  the  magnitude  of  the 
current  in  the  coil  of  the  magnet. 

Immediately  in  front  of  the  recording  head  ie  located  the 
erasing  head,  which  may  work  simultaneously  with  the  recording  head, 
thus  enabling  the  use  of  tapes  containing  old  recordings.  Erasure  of 
a  recording  is  accomplished  by  cyclic  rereagnetizatlon  of  the  tape  at  a 
frequency  of  several  tens  of  kilocycles,  produced  bj  the  special  generator 
5.  The  intensity  of  this  high-frequenoy  remsgnetiaatlon  is  distributed 
evenly  across  the  width  of  the  head,  and  upon  emerging  from  the  head  the 
tape  is  completely  demagnetized. 


Recording 

oircuit 


Reproduction 

circuit 


I 


Figure  U2.  Block  diagram  of  a  tape  reoorder. 
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The  right than d  portion  of  the  diagram  consists  of  the  reproduc¬ 
tion  circuit.  It  consists  of  the  reproducing  magnetic  head  6,  the 
amplifier  1,  and  loudspeaker  8.  At  the  outlet  of  the  reproduction 
circuit  is  a  socket  9,  for  plugging  in  noise  analysis  apparatus,  ear¬ 
phones  or  automatic  recorder  of  noise  level.  The  tape  recorder  also  is 
provided  with  devices  for  controlling  the  level  of  recording  and  re¬ 
production. 

a)  b) 


Figure  13.  Tape  recorders:  (a)  High  quality  stationary  tape 
recorder;  (b)  Portable  tape  recorder. 


Figure  13-a  shows  one  of  the  Russian  high-quality  tape  recorders 
which  may~te  used  in  acoustic  experiments  in  plants  and  in  research 
organizations  (its  vise  on  ships  is  hindered  by  its  relatively  large 
dimensions  and  weight).  The  tape  recorder  consists  of  two  identical 
units  for  recording  and  reproducing  (one  of  these  units  is  depicted  in 
figure  13,  plus  the  block  of  control  .lynamics).  The  working  heads, 
control  instruments  ana  tape  reels  are  located  in  the  upper  portion  of 
the  unit.  The  playing  time  of  each  roel  is  approximately  20  minutes, 
although  the  presence  of  two  identical  recording  units  enables  unin¬ 
terrupted  recording  of  practically  unlimited  time.  The  tape  recorder 
is  equipped  with  a  microphone  on  an  extension,  although  the  recording 
circuit  may  be  connected  directly  to  the  amplifier  of  a  noise  meter  or 
vibrome  ter . 
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In  recording  with  a  microphone  the  field  of  frequencies  of  the 
tape  recorder  is  $ 0  to  8,000  cycles.  In  this  range  the  irregularity 
of  the  frequenoy  characteristic  of  sensitivity  of  the  entire  circuit 
is  i  3  db,  but  the  dynamic  range,  i.e*,  the  ratio  of  amplitudes  of  non- 
distorted  recording,  is  t*0  db.  In  portable  tape  recorders  (Figure  U3-b) , 
which  may  be  used  on  board  ships,  the  field  of  worthing  frequencies  as 
a  rule  does  not  extend  above  $  at  6  ko,  and  the  dynamic  range  does  not 
exoeed  30  db. 

Tape  recorders  for  recording  vibrations  of  infra-sonic  and  ultra- 
sonio  frequencies  have  been  developed  on  the  basis  of  the  types  of 
instruments  described  in  the  foregoing. 


Figure  Ui.  Arrangement  of  a  quick-acting  reoorder  of  vibration 
levels. 


Quick-acting  recorders  of  level  are  used  very  extensively.  They 
enable  noise  and  vibration  levels  to  be  obtained  in  either  logarithmic 
or  linear  units. 

The  principle  of  design  and  function  of  the  quick-aoting  level 
recorder  may  be  seen  in  Figure  UU.  Recorded  electrical  vibrations  U 
from  a  microphone  or  vibration  pick-up  enter  the  input  of  the  amplifier, 
to  which  a  special  potentiometer  1  is  connected.  The  slide  2  of  the 
potentiometer  is  connected  aechanioally  with  coil  b,  looeted  in  the  gap 
of  a  strong  permanent  magnet  3,  and  with  the  stylus  of  the  reoorder  o. 
The  ooil  is  connected  in  series  with  the  output  of  amplifier  5,  giving 
a  rectified  current. 
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Such  a  system  of  electromechanical  feed-back  work*  in  the  follow¬ 
ing  Manner#  Let  ns  assume  the  voltage  at  the  input  Increases.  The 
current  in  the  final  link  of  the  amplifier  aril  in  the  moving  coil  in¬ 
creases  correspondingly.  This  results  in  displacement  of  the  coil  In 
the  magnetic  gap,  i.e. ,  displacement  of  the  slide  of  the  potentiometer 
to  a  position  Where  a  new  equilibrium  is  established ,  The  stylus  con¬ 
nected  with  the  slide  depicts  the  increase  in  level  on  the  moving  tape 
7#  If  the  potentiometer  is  logarithndo,  the  recording  on  the  tape  is 
indicated  directly  In  deoibels. 

The  better,  contemporary  quick-acting  recorders  (Figure  h$) 
enable  registration  of  changing  levels  of  vibration  with  frequencies 
up  to  20  cycles,  in  which  the  carri&i-  frequency  of  the  registered 
vibrations  may  comprise  tens  and  hundreds  of  kilocycles.  The  speed  of 
motion  of  the  stylus  of  the  recorder  varies  from  2  or  it,  to  1,000  or 
2,000  mn/sec,  and  the  speed  of  motion  of  the  paper  ranges  from  0.003 
to  100  min/sec  and  higher,  which  enables  recording  both  slow  and  very 
fast  changes  in  the  level  of  the  investigate)  process. 

The  possibilities  of  the  logarithmic  recorder  are  not  exhausted 
by  recording  the  level  of  vibratory  processes .  The  recorder  enables 
recordings  to  be  made  of  the  frequency  curves  of  isolation  and  absorption 
of  noise  (cf.  Chapter  8),  and  may  be  utilised  as  a  regulator  of  noise 
level,  which  is  very  useful  In  many  acoustic  measurements.  For 
synchronisation  of  Investigated  processes  according  to  time,  and  in¬ 
scribing  any  periodic  notations,  the  recorder  is  provided  with  a 
synchronised  motor  with  contact  cylinder.  There  is  also  a  flexible 
shaft  for  driving  e/t.emal  apparatus  connected  with  the  measuring 
system.- 


In  addition  to  the  magnetic  recording  of  sound  and  quick-acting 
level  recorders,  train-  or  cathode  ray  tube  oscillographs  may  be  used 
in  making  acoustic  measurements  on  ships  and  in  Industrial  plants. 

These  Instruments  are  described  adequately  in  the  general  literature 
on  electric  and  acoustic  measurements. 

17.  The  Analysis  of  Noise  and  Vibration 

Although  the  total  levels  of  noise  and  vibration  give  fairly 
valuable  Information  on  the  vibratory  process  in  a  room  or  in  a  structure 
they  do  not  enable  determination  of  the  most  intense  frequency  component 
of  the  process  (which  is  necessary  for  evaluation  of  the  fatiguing 
or  masking  effect  of  noise). 


( 


Figure  L>.  Quick-actir.g  logarithmic 
level  recorder 

(a)  Recorder  of  the  firm  "Bruel'  and 

Kjaer" 

(b)  Russian  recorder,  model  N-11C. 


In  evaluating  the  effect 
of  noise  -leadening  device  .-i,  u .c 
use  of  only  single  measuremt.rns 
of  the  total  level  of  sound  or 
vibration  may  lead  to  substan¬ 
tial  errors,  which  may  be  seer 
from  l  igure  56.  in  the  following. 
It  shows  frequency  curves  of 
noise  of  a  certain  machine, 
taken  before  and  after  in¬ 
stallation  of'  a  sound-absorbing 
structure  on  the  machine.  In 
the  giver,  case  the  noise  level 
decreases  as  frequency  in¬ 
creases,  and  because  of  this 
the  indication  of  the  noise 
meter  will  be  determined  by 
the  levels  at  the  lower  frequen¬ 
cies  ,  The  effect  of  the  applica¬ 
tion  of  the  noise-absorbing 
structure  at  these  frequencies 
is  insignificant,  and  con¬ 
sequently  the  difference  ir. 
the  total  noise  levels  also 
will  be  insignificant  ir  the 
absence  or  presence  of  the 
absorbing  structure,  Tt  is 
apparent,  however,  that  the 
absorbing  structure  sharply 
reduced  the  level  at  high 
frequencies,  thereby  lowering 
the  irritating  effect  o.f  the 
noise. 

Two  types  of  electro¬ 
acoustic  analytic  devices  are 
used  for  frequency  analysis 


of  noise  and  vibration,  the  filter  and  heterodyne  types.  The  filter 
design  consists  of  an  assembly  of  filter#  j^eaen  of  them  eliminating  a 
definite  range  of  frequencies  from  the  investigated  noise.  The  upper 
and  lower  boundaries  of  the  admission  band,  or  it  may  be  said,  the 
range  of  transparency  of  each  given  filter,  coincides  with  the  corre¬ 
sponding  boundaries  of  the  range  of  admission  of  the  neighboring  filters 


The  frequency  characteristics  of  the  filters  are  better  the  more 
they  approximate  a  rectangular  form,  filters  in  whioh  the  fall-off  cf 
the  frequency  characteristics  of  sensitivity  over  tie  limits  of  the 
admission  band  exceeds  25  db  per  octave  are  considered  adequate. 
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The  simplest  analytic  filtering  device  consists  of  an  assembly 
of  octave,,  semioctave  or  third -octave  filters  with  manual  switching  of 
filters  (Figure  h6).  As  is  apparent  from  the  name  of  these  filters, 
the  limiting  frequencies  of  tho  ranges  of  admission  are  one  octave,  one- 
half-,  and  one-third  octave,  respectively.  The  vibration  lavels  in  each 
of  the  bands  of  admission  of  the  filters  may  bs  observed  on  the  instru¬ 
ment  or  may  be  indicated  on  the  tape  of  the  self -recorder. 

Manual  switching  of  the  filters  and  visual  recording  of  levels  is 
accompanied  by  drawbacks.  In  addition,,  the  manual  method  of  analysis 
requires  a  fairly  large  amount  of  time,  and  because  of  this  is  in¬ 
applicable  in  analysis  of  noises  varying  with  time.  This  is  why  automatic 
filtering  devices  are  acquiring  ever-increasing  use.  Figure  1*7  shows 
•the  block  diagram  of  an  automatic,  quick-acting  filter  analyser,  the 
spectrometer.  Switching  is  automatic  in  this  device,  accomplished  with 
in e  aid  of  a  small  motor,  turning  at  constant  speed.  The  speed  of 
switching  of  the  filter  is  about  15-20  times  per  second.  In  this  way 
the  apparatus  records  an  almost  Instantaneous  speotral  picture  of  the 
noise. 


Figure  IS.  Block  diagram  of  analytic  filter  device  with  manual 
switching  of  filters. 

(1)  Electroacoustic  transducer  (pick-up);  (2)  preliminary  am¬ 
plifier;  (3)  manual  filter  switch;  (U)  assembly  of  filters; 

(5)  indicator;  (6)  aelf-reoorder;  (7)  tapa  with  a  recording  of 
levels  within  bands  of  admiaalon  of  individual  filters. 


Figure  1*7  •  Block  diagram  of  automatic  filter  spectro¬ 
meter. 

(1)  Electroacoustic  transducer  (pick-up) }  (2)  amplifier; 

(3)  ass  art)  ly  of  filters }  (it)  automatic  switch  syn¬ 
chronised  with  the  scale  of  the  cathode  ray  tube; 

(5)  cathode  ray  tube. 


The  analysed  prooesa  is  depicted  on  the  scrren  of  the  cathode 
tube  of  the  speotromster  in  the  form  of  many  bars,  distributed  on  a 
frequency  soale,  the  height  of  which  indicate  within  a  definite  scale 
the  noise  level  in  each  given  band  of  frequency  (Figure  U8).  The 
speotrum  picture  usually  is  registered  with  the  aid  of  a  motion 
pieture  camera,  mounted  against  the  screen  of  the  spectrometer. 

The  width  of  the  band  of  transparency  of  the  filters  of  the 
speotromster  is  equal  to  one-third,  or  one-half  octave.  When  it  is 
necessary  to  clarify  diacre te  components  in  the  spectrum  of  the  in¬ 
vestigated  noise  or,  as  is  often  said,  to  determine  the  miorostructure 
of  the  spectrum,  it  is  necessary  to  use  an  analytic  instrument  with 
greater  power  of  resolution.  Of  assistanoe  here  is  the  principle  of 
heterodyne  transformation  of  vibrations,  known  from  the  field  of  radio 
electronios.  Its  *T  nee  in  the  given  ease  oonsists  mainly  of  feeding 
the  output  of  a  special  generator  (heterodyne)  Into  the  system  con¬ 
taining  the  varying  voltage  produeed  by  the  eleotreaooustlo  pick-up 
(Figure  1*9) »  The  beat  of  frequency  difference  arising  from  superposition 
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of  the  oscillations  of  the  heterodyne  vi tb  the  investigated  vibration 
is  filtered  by  a  narrow-ban!  filter  (suca  as  a  quarts  crystal),  and 
after  amplification  is  fed  into  the  registering  instrument.  The 
frequency  of  the  heterodyne  changes  continuously  and  evenly,  and  thus 
the  tone  of  the  heterodyne  (!!  seeking"  or  "sounding")  passes  through  the 
entire  investigated  spectrum  of  the  noise,  separating  the  frequency 
components  contained  in  It, 
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Figure  lid.  Example  of  the  depiction  of  the  spectrum 
of  a  noise  on  the  screen  of  a  spectrometer. 


Figure  U9,  Block  diagram  of  a  very 
simple  heterodyne  analyser. 

(1)  Electroaoouatic  converter)  (2)  amplifier) 

(3)  heterodyne)  (U)  filter)  ($)  amplifier)  (6)  re¬ 
gistering  instrument. 
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An  example  of  the  depiction  of  the  frequency  curve  of  the  noise 
of  a  machine  obtained  with  the  aid  of  a  narrow-  band  analyzer  is  shown 
in  Figure  50.  Comparison  with  computations  indicates  that  in  the  given 
case  the  peaks  at  frequencies  of  $0  and  100  eycles  are  due  to  the 
presence  of  a  disbalance  in  rotating  mass  in  the  machine,  and  the  peaks 
at  frequencies  of  6U0  and  1100  cycles  are  caused  by  the  operation  of 
gears  in  the  machine. 


To  ensure  an  undis¬ 
torted  picture  t" c  speed  of 
change  of  frequency  of  the 
signal  of  the  heterodyne 
moat  not  exceed  a  oertain 
value 

v  •  t  where 

f  la  tha  band  of  admis¬ 
sion  of  tha  analyzer. 


The  width  of  the  band 
of  admission  of  the  analyzer 
determines  its  resolving 
power,  i.a,,  its  ability  to 
separate  cloeely  adjacent 
frequency  components  of 
sound  or  vibration.  In  con¬ 
temporary  practice  acoustic  measurements  often  make  use  of  analyzers 
with  h  and  2C-cycle  band  widths. 


Figure  50.  Example  of  spectrogram 
obtained  with  the  aid  of  narrow-band 
analysis  of  noise. 


The  time  for  analysis  of  a  frequency  bend  -  f?  by  an  analyzer 
with  constant  width  of  band  of  admission  is  equal  to> 
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With  a  sufficiently  narrow  bard  of  admission  the  time  of  analysis 
may  entail  several  tens  of  minutes. 
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During  recent  years  a  design  of  analyzer  with  constant  relative 
width  of  admission  y  hae  found  ever  increasing  use.  This  value  Y  is 
equal  tot 

A  £ 

r  “  *7 — -  *  const}  (90) 

*av 

where  f#v  is  the  average  frequency  c-f  the  band  of  admission. 


Figure  51.  Determining  the  time  for  analysis  of  a  sound 
using  an  analyzer  with  constant  relative  width  of 
the  admission  band. 


In  this  case  the  absolute  width  of  the  admission  band  is  variable. 
For  example,  at  Y  *0.1  the  width  of  the  band  of  admission  at  a  frequency 
of  IOC  cycles  is  &  f  *  0.1  ♦  IOC  «  10  cycles,  but  at  a  frequency  of 
5,000  cycles  is  equal  to  500  cycles.  Broadening  the  band  of 
admission  by  increasing  the  frequency  not  only  decreases  the  analysis 
uime,  but  (which  is  most  important)  gives  the  frequency  scale  of  the 
analyzer  s  logarithmic  character  corresponding  to  the  subjective  per¬ 
ception  of  sounds  cf  different  tone.  Furthermore,  changing  the  bard  of 
admission  of  the  analyzer  with  respect  to  frequency  enables  avoidance 
of  distortion  of  the  recording  of  the  components  of  high  frequencies 
(cf.  Chapter  2C).  In  this,  however,  the  resolving  power  of  the  analyser 
is  diminished  by  a  definite  amount  at  high  frequencies. 

Let  vie  evaluate  the  time  necessary  for  the  analysis  of  a  noise, 
using  an  analyzer  with  constant  relative  admission  band.  On  the  basis 
of  formulas  (68)  and  (90),  this  time  is  equal  tot 
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The  expression  of  the  limits  of  the  integration  fg>y  end  f1#v 

by  means  of  the  corresponding  values  fj,  f^  and  y  is  explained  by 
Figure  51,  where  tne  shaded  ereas  correspond  to  the  bands  of  admission 
of  the  analyser  at  the  lower  and  upper  frequencies  of  analysis. 

After  integration  we  obtain i 


*» 


Beoause  usually 


ft  >  /»•  7  <  I.  «•  *»«ve 


(92) 


Comparison  of  foraulas  (85)  and  (92)  Indicates  that  while  in  the 
case  of  an  analyzer  with  constant  absolute  width  of  the  band  of  admis¬ 
sion,  the  analysis  time  is  determined  mainly  by  the  higher  frequencies 
of  the  analysis,  the  tins  of  analysis  with  an  analyzer  with  constant 
relative  width  of  admission  is  determined  by  the  lower  frequencies  of 
the  analysis. 


Example  21.  The  problem  is  to  determine  the  ratio  between  the 
time  of  unassorted  analysis  of  a  noise  in  a  frequency  range  of  50  to 
5,000  cycles  using  an  analysar  with  an  admission  band  of  A  f  *  10 
cycles,  and  the  time  of  analysis  using  an  analysar  with  a  relative 
width  of  admission  band  ~f  ■  0.1. 


Solution, 
times  is i 


From  formulas  (89)  and  (92)  the  ratio  of  analysis 


50-6000- 25. 


The  absolute  time  of  analysis  with  an  analyser  having  a  constant 
admission  band  (formula  89)  is 


t 


(10f 


sac. 
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In  the  case  of  an  analyzer  with  constant  relative  width  of  the 
bard  of  admission,  the  analysis  time  in  the  given  case  does  not  exceed 
t  *  8  seconds. 

with  reduction  of  A  f  to  h  cycles  and  Y  to  0.0b  the  values  of 
the  analysis  times  t  and  t^  increase  correspondingly  to  21  minutes, 

.and  50  seconds., 

We  may  mention  once  again  another  method  of  recording  sounds 
and  noises,  visualization.  The  visualization  method  of  depicting  a 
sound  was  originally  proposed  for  the  recording  of  speech.  The  recording 
i3  made  on  a  photographic  film,  in  which  the  horizontal  axis  represents 
time  and  the  vertical  axis  the  frequencies  of  the  sound  components,  aid 
the  degree  of  darkening  of  the  individual  portions  of  the  film  is  a 
measure  of  the  intensity  of  the  corresponding  components  of  the  sound 
at  a  given  moment  of  time. 

The  cathode  spectrometer  my  be  recommended  as  an  analytic  and 
recording  instrument.  In  distinction  from  the  usual  systems  of  applica¬ 
tion  of  the  spectrometer,  the  output  signal  of  the  amplifier  is  connected 
not  with  the  controlling  plate  of  the  cathode  tube,  but  with  a  device 
modulating  the  clarity  of  illumination  of  the  tube.  On  the  screen  of 
the  tube  are,  instead  of  a  series  of  lines  corresponding  to  the  amplitudee 
of  the  sound  components  in  various  frequency  bands,  appears  a  series  of 
points  with  varying  intensity  of  illumination.  A  motion  picture  camera 
with  an  uninterrupted  length  of  film  is  set  up  in  front  of  the  screen. 

Figure  5?  shows  spectrograms  obtained  by  the  method  described  by 
the  author,  usJng  a  spectrometer  with  one-third -octave  filters  (53). 

The  first  spectrog  am  (Figure  $2-*)  shows  the  record  of  the  signal  of  a 
tu>>«-type  noise  generator.  As  is  apparent,  the  generator  gives  a  broad 
range  of  frequencies  of  vibration.  In  the  given  case  the  range  of 
operation  of  the  series  of  filters  is  50  to  20,000  cycles. 

Figure  52~b  shows  the  spectrum  of  a  noise  generated  by  starting 
and  stopping  an  internal  combustion  engine.  Figure  52-c  shows  the 
spectrogram  of  the  sound  of  a  whistle.  The  high  frequency  components 
are  clearly  expressed  (in  distinction  from  Figure  U8,  the  frequency 
scale  in  this  case  is  vertical). 

If  the  photographs  of  Figure  52  comprise  depiction  of  the  spectrum 
picture  of  a  noise  according  to  time,  Figure  53  shows  the  depiction  of 
the  same  picture  in  space.  The  record  of  noise  shown  was  taken  while 
moving  a  microphone  along  a  passageway  in  a  ship.  The  figure  shows 
bow  the  noise  increases  in  strength  at  the  location  of  hatches  to  the 
machinery  spaces,  where  auxiliary  Diesel  generators  are  in  operation. 
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Figure  Depiction  of  the  spectrum  of  noises  according 

to  time,  obtained  by  the  method  of  modulation  of  the 
brightness  of  illumination  of  the  tube  of  the  spectro¬ 
meter. 

(a)  Signal  of  a  noise  generator 

(b)  Starting  and  stopping  a  Diesel  engine 

(c)  Sound  of  a  whistle. 


[When  ordinary  motion  picture  film  is  used  the  dynamic  range  of 
photographic  records  of  this  type  does  not  exe-ed  15  <ib.  This  range 
may  be  expanded  with  the  use  of  phototelegraphy.  In  the  interpretation 
of  the  recordings,  the  density  of  darkening  of  individual  portions  of 
the  film  is  determined  with  the  aid  of  a  photometer  or  densitometer. 

,1 

I  The  visualization  method  presents  a  visual  representation  of  the 

*  character  of  the  changes  of  r.oise  or  vibration  during  changes  in  the 

operating  regime  cf  machinery,  and  enables  o  picture,  of  the  spectral 
•  distribution  of  the  noise  ir.  a  compartment  to  be  obtained,  plus  evalua¬ 

tion  of  the  effects  of  various  sound-protection  structures.  It  may  be 
suggested  that  thin  method  be  applied  more  extensively  in  the  practice 
i  of  acoustic  measurement. 


1  np  m 


Ptaaigevty 


Hatchway  Hatchway 


Figure  53.  Spectral  record  of  noise  encountered  in 
moving  a  microphone  along  a  passageway  (hatchways  to 
the  machinery  spaces  open) 


18,  Expressing  of  the  Results  of  Analysis  of  Sound  and  Vibration. 

In  the  construction  of  the  spectrogram  of  a  noise  or  vibration 
the  values  of  the  boundaries  of  the  frequency  band  or  the  average 
frequencies  of  these  bands,  or  number  of  the  bands  are  plotted  along  the 
horizontal  axis,  and  the  noise  levels  in  these  bands  are  reoorded  on 
the  vertical  axis.  Inasmuch  as  the  scale  of  frequencies  conforms  to 
the  logarithmic  law  (cf.  Paragraph  6),  the  average  frequencies  of  the 
band  are  not  the  arithmetic  means,  but  the  geometric  means  of  the 
values  of  the  boundary  frequencies  of  the  band.  For  a  frequency  band 
equal  to  one  octave,  the  mean  frequency  is  found  by  means  of  the 
expression i 

VuTl-  Vyjrh"  1.414.  (93) 

where  f  and  to  ara  the  upper  and  lower  boundaries  of  the  frequency 
of  the  uoctavdT 


In  like  manner  we  have  for  half -octaves : 


(9U) 

ai\9  for  third -octaves  1 

/av~  / 24"1  ,3& 

(95) 
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Occasionally,  as  In  comparison  of  the  levels  of  speotrogram  whiob 
have  bean  obtained  with  different  widths  of  the  band  of  admission,  it 
becomes  necessary  to  divide  ootaves  into  half-,  and  third-octaves .  It 
is  not  dlffioult  to  see  that  an  ootsve  is  divided  into  half-ootaves  by 
its  geometrio-mean  frequency,  i.e.,  if  the  limiting  frequencies  of 
any  given  octave  are  equal  to  fj,  and  f„,  the  Uniting  frequencies  of 
the  two  half-ootaves 


first  half -octave 
seoond  half-ootave 

The  frequenoies 
ootaves  arei 


if  this  ootsve  arei 


4- Ml/,;  } 

MV,- *4- /*  i 

dividing  the  octave  f^ 


(96) 


fu  into  third- 


first  third-ootave  | 

I 

seoond  third-ootave  ! 

I 

! 

third  third-ootave  j 
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Although  the  method  of  depiction  of  spectrum-  in  beads  equal  to 
an  octave  or  parts  of  an  octave,  is  widespread,  it  is  more  rational  from 
the  point  of  view  of  unification  to  express  the  results  of  analysis  in 
terns  of  a  uniform  width  of  frequency  band,  equal  to  1  cycle.  Levels 
in  the  1-oyole  band  are  called  aoeotral  levels,  then  the  levels  in  the 
bands  of  finite  width  are  brought  to  the  spectral  levels,  it  follows 
from  the  foregoing  ♦’hat  the  level  does  not  change  with  frequency  within 
the  limits  of  the  *n  band  (of.  Paragraph  *>) .  Thus  the  intensity  of 
sound,  reduced  to  1  oyole,  is  equal  tot 


< 


ihere  is  the  Intensity  of  sound  in  the  given  band  of  frequency 


Relating  the  Intensity  in  both  parts  of  the  equation  to  the 
threshold  intensity  and  converting  to  logarithms,  we  obtain  the  expres¬ 
sion  for  the  speotral  level  in  the  following  formt 


P  ,p  *  P  b  —  10  log  <fu  -  tji)  db. 
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Here  j0  ^  is  the  level  of  the  strength  of  tbo  sound  in  the 
frequency  band  (in  deoihels)  above  threshold. 

apparatus  has  a  constant  relative  band  of 


~‘jt  “  *m  ■  . 

For  this  type  of  analysing  instrument  the  speotrel  level  at 
frequency  fav  is  equal  tot 

PBp  -  Pb  -  10  lot  (far  *Y)  <«>•  (99) 

Formulas  (98)  and  (99)  also  enable  resolution  of  the  opposite 
task*  finding  p  b,  the  level  at  any  required  frequency  bend  according 
to  the  value  of  the  speotrel  level. 

Figure  $b  shows  a  graph  for  converting  the  levels  of  frequency 
bands  of  various  width  into  spectral  levels,  andvioe  versa)  the  corre¬ 
sponding  correction,  determined  f~om  the  vertical  axia  of  the  graph,  is 
taken  as  plus  or  minus. 

Example  22.  A  sound  level  In  the  balf-ooteve  1,000  -  1,1j10 
oyolee  is  equal  To  80  db  above  threshold  .  The  problem  is  to  determine 
the  magnitude  of  the  speotrel  level  and  the  level  measured  at  the 
average  frequency  of  the  half -octave  by  an  analyser  “U^th  a  3 -percent 
relative  width  of  band  of  admission. 

Solution.  The  average  frequency  of  the  half -octave  (formula 
:?b)  in  the  given  oaee  is  equal  to* 

f^  «1.19  •  1,000  •  1,190  oyolee. 

At  this  frequency,  according  to  Figure  $h  the  oorreotion  for 
bringing  the  level  of  thehalf -octave  to  a  level  in  e  1-cycle  band  is 
£6  db.  Thusjbhe  speotrel  level  ie  equal  to  80  -  26  •  $1*  db. 

At  this  frequency  the  level  measured  in  the..3Hperoent  bend  exoeede 
the. spectral  level  by  approximately  16  db  (of.  the  broken  curve  in  the 
middle  set  of  ourvee  relating  to  the  100  to  10,000-eyele  range  of 
frequencies) .  The  level  measured  with  a  narrow-band  analyser  is  equal 
to  5U  +  16  •  70  db,  l.e.  10  db  lower  then  thehalf -octave  level. 


If  the  analysing 
admission  y  ,  then 
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Exwnple  23.  The  spectrum  of  vibrations  of  *  machine  is  such  that 
the  spectre!  level  of  Vibratory  acceleration  p  gp>a  is  equal  to  60  db 

for  the  entire  range  of  investigated  frequencies  (the  straight  line  in 
Figure  55).  The  problem  is  to  plot  the  spectral  level  of  the  velocity 
of  vibration  and  the  octave  levels  of  the  velooity  of  vibration  and 
vibratory  acceleration  as  a  function  of  frequency*  assuming  that  these 
levels  at  a  frequency  of  1*000  cycles  coincide. 

Solution.  From  formula  (98)  we  find  the  octave  level  of 
vibratory  acceleration » 

Po..  -P *.„  ♦  10 1*  <v- ffc)  «>• 


Figure  55.  Vibration  levala  as  a  function  of  frequency 
(Example  23). 

1  -  Spectral  level  of  vibratory  acceleration!  2  -  octave-band 
level  of  vibratory  acceleration)  3  -  spactral  level  of  speed 
of  vibration)  h  -  octave-band  level  of  speed  of  vibration. 
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The  values  of  the  boundary  frequencies  of  the  octaves  frequently 
used  in  practice  are  marked  on  the  horizontal  axis  of  the  graph  (figure 
55) .  For  the  purpose  of  increasing  the  number  of  points  of  reference 
the  octaves  are  overlapped.  Let  us  compute  the  level  ft  q  a  for  two 

octaves,  fairly  well  separated  from  each  other:  50  -  IX  cycles,  and 
3,200  -  6,1*00  cycles. 

The  level  of  acceleration  in  the  first  of  the  selected  octaves 
is: 


p  0..J  -60+10  log  (IX  —  50)  -  7?  db. 


The  level  of  acceleration  for  the  second  octave  is: 


p  O.ag 


-60  +  10  log  (6,1*00 


3,2X)  -  9 5.5  db. 


The  same  level  values  may  be  found,  taking  the  corrections  for 
the  average  frequencies  of  the  octaves  from  Figure  51*,  which  are  equal 
to* 

fgv^  •  1.1*1  •  50  -  71  cycles  j 
fav2  -  1.1*1  '  3,2X  -  1*,5X  cycles. 

The  correction  according  to  the  graph  is  used  with  a  plus  sign, 
because  the  reciprocal  problem  is  resolved  in  the  present  case:  the 
level  in  a  wide  frequency  band  is  found  according  to  the  spectral  level. 

The  computed  level  values  are  plotted  against  the  average  frequency 
of  the  octaves,  and  the  straight  line  2  is  drawn  through  the  points  thus 
obtained  (the  levels  as  a  function  of  frequency  in  the  given  case  form 
straight  lines,  because  the  frequencies  and  levels  are  plotted  on  a 
logarithmic  scale). 

-a 

In  finding  the  level  of  the  velocity  of  vibration  we  use’,  as 
mentioned  in  Paragraph  10,  the  fact  that  the  value  ot  the  speed  of 
vibration  of  air  particles  at  the  threshold  of  hearing,  equal  to 
y0  -  5  •  10”^  cm/sec,  may  be  taken  as  the  zero  value  of  the  speed  of 
vibration  of  the  oe  dilating  surfaoe.  'This  threshold  speed  also  was 
used  in  the  starting  conditions  of  the  present  example.  From  the  con¬ 
dition  of  equality  of  the  levels  of  speed  and  acceleration  at  a 
frequency  of  1,X0  cycles  it  follows  that* 
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Prom  this  we  find  the  numerical  value  of  the  threshold  of 
vibratory  acceleration* 

>#**•10“  2  om/sec^. 

At  any  given  frequency  f  the  difference  between  the  spectral 
levels  of  vibratory  acceleration  tf8p.a  and  the  speed  of  vibration 

P  sp-v  is  to* 

27tffy  y 

Np-  -  fV*  •*>**  ;  ;0-5  -  20 10*  .  10-«  • 

-  20  log  (I0“3f)  -  20  log  f  -  60  db. 

If  the  average  values  of  the  frequency  of  the  two  octaves  chosen 
in  the  above  are  inserted  in  the  last  previous  formula,  we  obtain,  for 
the  octave  50  -  100  cycles* 

P  sp-a  '  Pi p-v  " 

and  for  the  octave  3,200  -  6,1*00  cycles: 

A  sp-a  "  $sp-v  "  ^  db» 

Plotting  the  values  of  these  differences  at  the  average  frequencies 
of  the  octaves  from  the  ordinate  of  the  straight  line  1  and  joining  the 
obtained  points,  we  obtain  straight  line  3,  characterizing  the  spectral 
level  of  the  velocity  of  vibration. 

The  octave-band  level  of  the  velocity  of  vibration  (straight  line 
h),  as  is  the  oase  with  acceleration,  also,  exceeds  the  spectral  level 
at  the  average  frequencies  of  the  octaves  by  17  and  35.5  db,  respectively. 

The  graph  obtained  in  the  above  visually  reveals  the  Inaccuracy 
of  characterizing  vibration  with  the  term  "vibratory  spectrum"  without 
supplementary  clarification.  A  spectral  characteristic  for  one  and  the 
same  vibration  may  be  obtained  either  increasing  with  frequency, 
decreasing  in  frequency  or  independent  of  frequency,  depending  upon  the 
fixed  parameter  of  vibration  and  the  width  of  the  frequency  interval  in 
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which  the  vibration  is  measured.  Also,  the  difference  in  the  levels 
of  vibration  of  the  characteristics  at  one  and  the  same  frequency  may 
attain  several  tens  of  decibels. 

As  a  rule,  the  spectral  levels  and  levels  in  any  given  frequency 
band  are  plotted  in  decibels  above  the  aero  threshold  of  noise  or  vibra¬ 
tion.  In  the  case  in  which  the  measuring  apparatus  lacks  absolute 
calibration  or  comparative  measurements  are  being  performed,  the  levels 
in  individual  frequency  bands  may  be  plotted  relative  to  the  maximum 
level  of  the  spectrum.  In  several  models  of  analysers  the  amplitude 
scale  is  constructed  in  a  way  eo  that  100-percent  amplitude  corresponds 
to  the  maximum  component  of  the  spectrum. 

In  comparing  the  levels  of 
noise  in  different  rooms  or  de¬ 
riving  from  different  sources, 
and  in  determining  the  value  of 
sound  isolation  or  the  sound  ab¬ 
sorption  of  any  given  device,  a 
series  of  spectral  curves  are 
plotted  on  a  graph.  Let  us 
assume  that  the  upper  curve  de¬ 
picts  the  spectrum  of  nolee  in  a 
room  prior  to  installation  of  a 
noise  elimination  structure 
housing,  and  the  lower  curve 
represents  the  level  after  in¬ 
stallation.  Then  the  difference 
in  the  ordinate  of  the  curves  at 
each  frequency  determines  the 
acoustic  effect  of  the  structure, 
ZI,  expressed  in  decibels.  In 
similar  comparative  measurements 
and  evaluations  the  ordinates  of 
the  curves  m^y  be  plotted  from 
any  given  starting  level  (not 
necessarily  standard). 

The  levels  of  the  entire 
band  of  frequencies  measured  are 
usually  plotted  on  the  axis  (in 
Figure  56,  for  example,  this  band  extends  from  37*5  to  9,600  cycles). 

The  total  level  exceeds  the  maximum  component  of  the  spectrum  or  the 
level  in  any  of  its  frequency  bands  by  3  to  10  db,  in  which  the  first 
number  refers  to  the  spectral  curve  with  a  markedly  outstanding  value 
in  one  of  the  bands  (lowsr  curve  in  Figure  56),  and  th^  sseond  refers 
to  a  rather  flat  spectral  curve  (upper  curve). 
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Figure  56.  Frequency  curves  of 
the  noise  levels  of  a  machine. 

1  -  Without  sound  absorbing 
structural 

'  2  -  With  sound  absorbing 
structure 

a  -  Acoustic  effect  of  structure , 
db  (difference  between 
curves  1  and  2) 


no 


[Notes  Although  the  translation  is  correct,  the  author  seems 
to  have  made  an  inadvertence  here.  Note  that  the  upper  curve  in 
Figure  56  is  rather  flat.  This  part  of  the  sentence  is  technically 
incorrect  as  originally  written  (according  to  the  principles  given 
earlier  for  the  addition  of  decibels  to  obtain  total  levels).] 


CHAPTER  5 
NOISES  IN  SHIPS 


19 .  Sources  of  Noise,  the  Paths  by  Which  It  Is  Propagated 

in  Ships 

The  inain  sources  of  noise  in  ships  are  the  main  and  auxiliary 
machinery.  Very  unpleasant  noises  may  arise  in  the  ventilation  systems 
for  the  ship  and  the  machinery  spaces,  in  systems  for  pumping  liquids, 
in  air-  conditioning  apparatus,  and  service  equipment  (elevators, 
sanitation  unite),  etc. 

Occasionally  another  sc*  of  noise  is  encountered,  which  may 
he  called  a  seoondary  source.  t  -  mean  by  this  noises  arising  from  ths 
rattling  together  of  inadequately  fastened  deck  plating,  pipes  and  other 
metallic  parts  and  structures  due  to  the  action  of  the  vibration  which 
takes  place  in  ships  under  way.  This  vibration  occurs  at  infrasonic 
frequencies,  although  its  consequences  appear  in  the  form  of  unpleasant 
clanking,  rattling  and  Jarring. 

No  less  irritating  to  ship  passengers  are  noises  connected  with 
the  presence  on  the  ship  of  other  passengers,  such  as  loud  voices  ar.d 
laughter,  shouts  of  children,  footfalls  in  the  passageways  and  on 
deck.  The  continuous  loud  playing  of  radios  also  has  been  established 
as  having  an  irritating  effect  on  resting  passengers. 

The  above  described  sources  of  sounds  and  noises  are  located 
within  ships.  In  fairly  rare  oases  the  source  of  unpleasant  noises  in 
a  certain  portion  of  a  ship’s  compartment  may  consist  of  the  propeller, 
especially  if  the  propeller  is  inclined  to  ”aing,"  i.e.,  production  of 
a  tonal  sound  by  movement  of  the  blades.  In  the  stern  seotions  ol  high 
speed  ships,  low  frequeney  sounds  may  be  heard  resulting  from  the  vibra¬ 
tion  of  hull  plating  due  to  the  periodic  sucking  action  of  the  propellers 
and  the  noise  of  the  propellers,  themselves,  oaussd  by  vibrations  and 
the  banging  of  air  and  vapor  cavities  on  the  propeller  blades. 

The  types  of  propagation  of  sound  in  ships  include  the  following 
(Figure  57)* 
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Figure  5?»  Ways  in  which  sound  vibrations  are 
transmitted  from  the  source  of  the  sound  into 
neighboring  compartments. 

1  -  Through  the  sir  and  through  partitions) 

2  •  Through  openings  in  partitions) 

3  -  Through  the  flooring  and  structural  parte) 

1)  -  By  means  of  the  excitation  plates  passing 

through  insulating  structures. 


(1)  Transmission  of  airborne  sound  radiated  by  the  source, 
through  walls,  overhead,  bulkheads  and  the  deck)  at  low  frequencies 
this  transmission  ooeurs  as  a  result  of  membrane-vibrations  of  the 
partitioning  structures,  and  at  high  frequencies  it  has  a  wave 
oharaoter. 

(2)  Transmission  of  airborne  sound  through  openings,  hatches, 
ventillation  conduits,  slots,  and  non-tight  door  casings) 

(3)  Transmission  of  sonic  vibrations  through  foundation  and  hull 
structures,  with  subsequent  radiation  of  airborne  sound  in  the  neighboring 
and  in  remote  compartments. 

Another  type  of  transmission  of  sound  is  possible,  which  apparently 
was  indicated  for  the  first  time  by  Qesele  (121) ,  consisting  of  excita¬ 
tion  of  airborne  sound  by  bending  vibrations  in  broad  expanses  of  plating. 
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If  the  plate  extends  into  the  neighboring  compartment,  its  vibration 
evokes  radiation  of  sound  in  this  room.  Only  a  email  portion  of  the 
energy  may  be  transmitted  in  this  way,  although  even  this  amount  of 
energy  may  considerably  increase  the  noise  level  in  neighboring  compart¬ 
ments  in  the  case  of  high  sound  isolation  of  bulkheads  and  partitions. 

The  relationship  between  the  levels  of  noise  transmitted  in 
various  ways  depends  upon  the  charaoter  of  the  source  cf  the  noise  and 
the  structural  design  of  the  boundaries  of  the  compartment.  The  first 
two  paths  of  sound  transmission  are  very  important  in  the  transmission 
of  sound  to  neighboring  compartments  in  the  case  of  machinery  with  a 
high  air  noise  level  (ventillators)  installed  in  compartments  with  light 
partitioning,  or  partitioning  with  a  large  number  of  holes  and  openings. 
In  the  case  of  machinery  in  which  the  vibratory  energy  is  produced 
mainly  in  the  form  of  sonic  vibration  (pumps  and  compressors),  noise  in 
neighboring  and  remote  compartments  may  be  due  mainly  to  the  third  type 
of  sound  transmission.  This  is  true  particularly  for  non-isoleted 
machines  mounted  on  relatively  light  foundations  in  compartments  of 
which  the  bulkheads  isolate  airborne  noise  very  well.  Noise  in  ehip 
compartments  remote  from  the  source  of  vibration  almost  always  may  be 
explained  by  the  transmission  of  sonit  vibrations  through  the  structure 
of  the  hull. 

20.  Noise  and  Vibrations  in  Ships 

In  the  following  are  presented  tables  and  graphs  of  noise  level 
in  several  ships  (according  to  the  measurement  data  of  L,  0,  Vasil *yev, 
A.  P.  Dyatchenko,  V,  I,  Zinchenko,  V.  F»  Lyueov,  V.  M,  Spiridonov  and 
the  present  author). 

Table  $  presents  the  noire  level  in  compartments  of  the  Soviet- 
built  Diesel-electric  ship  "Kurgan."*  The  habited  areas  of  this  ship 
arc  provided  with  standard  heat  insulation.  No  special  measures  have 
been  taken  in  this  ship  with  respect  to  noise  reduction. 

As  is  apparent  frwm  the  table  the  level  attains  considerable 
magnitude  in  various  compartments.  In  the  engine  room  the  level  is 
11>  to  118  db,  but  in  the  vicinity  of  the  engine’s  air  blower  it  exceeds 


*1 Notes  The  "Kurgan”  is  a  refrigerated  cargo  vessel,  built  about  19$?, 
of  10,1*60  tons  full  load  displacement.  The  main  propulsion  plant 
consists  of  l*  diesel  generator  sets.  Each  diesel  is  Russian  Model 
3D  100,  which  i3  a  copy  of  the  Fairbanka-Morse  diesel  Model  38D6  1/8,] 
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the  threshold  of  pain  perception.  The  considerable  noise  at  the  site  of 
the  telephone  installation  practically  precludes  the  possibility  of  use 
of  the  telephone.  In  the  siok  bay,  the  dootor'a  cabin  and  several 
other  cabins  the  noise  level  attains  81  to  63  db. 

TABU  5 

NOISE  LEVELS  IN  COMPARTMENTS  OF  k 
DIESEL-ELECTRIC  SHIP 


Noise  level,  in  db,  with 

Site  of  Noise  Measurement 

number  of  operating 

diesels  (810  rpm) 

x  ; 

i 

2 

8 

4 

} 

Forward  engine  room  between  Diesel 

117 

118 

118 

generators  j 

Entranoe  to  central  control  station 

US 

117 

118 

Central  control  station  (door  to 
engine  room  dosed) 

94 

96 

98 

San*;,  with  door  open 

Point  0.6  m  from  air  blower  of  Main 

107 

mm 

mm 
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Diesel  Generator  No.  1  j 

Telephone  station  in  engine  room  i 

Upper  grating  of  van ti llation  shaft  . 

US 

116 

117 

116 

(at  level  of  boat  deck) 

Passageway  at  door  to  engine  room 

93 

95 

95 

3rd  Engineer's  cabin  j 

83 

Passenger  cabin  No.  25  j 

?4 

76. 

Passageway  at  cabin  No.  29 

88 

81 

91 

93 

Lasarette 

81 

83 

Dispensary 

79 

84 

Doctor's  cabin 

81 

83 

82 

Red  corner  (Coasamists* )  olub  room  j 

76 

Hold  of  aft  engine  room  at  main  ; 

■ 

104 

106 

electric  motor 

Same,  at  aft  bearing  of  propeller 
shaft 

.00 

101 

103 

ouml  w 

:  Hold  of  forward  engine  room,  under 

MM 

110 

110 

main  diesels 

Aft  engine  room,  near  auxiliary  j! 

I 

i09 

109 

engine  No.  2  j 

| 

mm 

The  spectral  curves  of  nolee  U  igure  *58)  indicate  that  th©  maximum 
sound  level  in  the  engine  room  is  observed  in  the  range  of  the  3rd  to 
5>th  octaves.  Outside  the  engine  took  the  greatest  level  in  the  noise 
spectrum  is  observed  at  the  lower  frequencies.  This  results  from  the 
fact  that  low  frequency  vibrations  are  weakly  isolated  and  damped  with 
respect  to  propagation  through  the  hull  structure. 


Figure  58.  Spectra  and  levels  of  noise  in  compartments  of  the 
Diesel-electric  ship  "Kurgan." 

1  -  In  engine  room,  between  Main  Diesel  Generators  Nos,  2 
and  3j  2  -  at  the  upper  grating  of  van tills tion  shaft) 

3  -  at  the  central  control  station  (door  to  engine  room 
closed)^  U  -  in  the  dispensary. 


Figure  59  shows  the  noise  level  as  a  function  of  ship’s  speed  for 
a  Diesel  ship.  With  e  change  from  slow  to  full  speed,  the  noise  levels 
in  the  various  compartments  change  by  U  or  5  db.  When  the  ship  is 
stopped  and  only  the  auxili  ary  Diesel  generators  are  operating,  the  noise 
level  still  is  high  end  surpasses  the  level  of  the  mein  propulsion 
engines  at  slow  speed. 
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Stopped  Slow  Medium  Full 
tspeed  speed  speed 

Figure  59.  Noise  levels  on  a  Diesel  ship 

1  -  In  the  engine  room}  2  -  in  the  cabin  of  the 
2nd  engineer}  3  -  in  the  first  crew's  quarters) 
1*  -  in  the  seoond  crew’s  quarters. 


1 


1  -  In  the  engine  room}  2  -  on  aft  deck  above  the  machinery 
installation)  3  -  at  aft  end  of  upper  deck)  k  -  at  aft  end 
of  quarterdeck  house)  5  •  on  quarterdeck  house  roof) 

6  -  at  open  portion  of  lower  bridge)  7  -  at  lower  bridge) 

8  -  on  the  boat  deck)  9  -  on  the  spar  deck)  KK  -  cofferdam. 
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The  picture  of  noise  levels  on  a  tanker  (Figure  60)  indicates 
that  the  greatest  levala,  as  In  other  ships,  are  observed  In  the  engine 
room.  On  the  bridges  and  the  Saidshlpa  supers  tree  ture  decks,  separated 
from  the  engine  room  by  a  cofferdam  and  extensive  hull  structures,  the 
noise  is  30  to  1*0  db  lower  than  in  the  engine  room. 


Noise  levels  in  engine  rooms  of  a  Diesel- 
electric  ferry  boet. 


1  -  Main  engines)  2  -  auxiliary  engines)  3  -  control 
panels;  h  -  control  station. 


Figure  6l  presents  a  general  diagram  of  the  engine  room  of 
the  Diesel-electric  ferry  boat  "Tuahnyy"  [ "Southern'1  ]  (of  the  Krymsko- 
Kavkazakaya  (Crimean-Caucaans ]  Line).  The  engine  room  enoloses  a* space 
of  1,500  hk  and  is  subdivided  by  longitudinal  bulkheads  into  three 
parts.  In  these  compartments  are  looated  four  main  Diesels  (model 
D50*)  and  four  auxiliary  Diasels  (?D6).  The  motors  occupy  a  relatively 

*[Notei  The  diesel  engine  D50  is  a  copy  of  the  American  Locomotive 
Company's  angina  Model  6-12  1/2  x  13-T  (with  exhaust  gas  turbo 
blower).  -  Translator's  nets.] 
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small  portion  of  the  area  of  the  engine  room,  and  thus  there  are  extensive 
possibilities  for  the  introduction  of  sound  isolating  and  sound  absorption 
structures.  However,  these  structures  are  lacking,  as  a  result  of  which 
high  noise  levels  are  observed  both  near  the  Diet; <a is  (110  to  113  db) 
and  at  the  control  panels  of  the  control  station  (105  to  110  db) 

TABLE  6 

NOISE  LEVELS  OP  VARIOUS  SHIPBOARD  MACHINERY 


Machinery- 


Main  Diesel,  MAN,  3,000  hp,  250  rpm, 
(five  -engines  in  operation) 

Auxiliary-  Diesel  7D6,  150  hp, 

1,500  rpm 

Main  Diesel  3D6,  150  hp 

1.500  rpm 

Main  Diesels  "Burmeister  and  Wain" 

5, i*20  hp,  125  rpm  (two  engines  in 
operation 

General  Ele  ’'rtc  ateam  turbine, 

2.500  hp 

Compound  steam  engine, 

350  hp,  200  rpm 

Compressors 
Diesel  compressor  IK 
Electric  compressor  EK-15,  550  rpm 
Refrigeration  Equipment 

Refrigerator  2-250  (output 
250,000  cal/Vir) 

Refrigerator  PAM-FV2  (output 
2,000  cal/hr 


^ise 

Level, 

db 

Place  of 

Measurement 

106 

Diesel-electric 

Ship  "Rossiya" 

115 

Diesel-electric  ship 
"General  Azi  Aslanov" 

115 

River  passenger 
launch  "Moskvlch" 

96 

Motor  Ship 
"Oruziya" 

92 

Turbine  Ship 
"Omsk" 

78 

Steamship  "Rota" 

110 

Test  stand 

96 

Test  8 tend 

80 

•a 

j  Test  stand  ' 

80 

‘ 

Test  stand 

The  adduced  data  relate  mainly  to  main  propulsion  Diesel  power 
plants.  Table  6  shows,  in  addition  to  the  noise  of  Diesels,  analogous 
levels  of  soma  other  ship  equipment.  It  is  apparent  that  steam  turbine 
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power  plants,  and  especially  steam  engines,  have  considerably  leas  noise, 
Diesel  plants  of  low  rpm,  even  the  more  powerful  ones,  are  less  noi3y 
than  high-speed  Diesels  (of,  Chapter  1?}, 

As  a  rule,  Diesel  compressors  are  noisier  than  electric  com¬ 
pressors  powered  from  the  ship's  electrical  system,  which  urges  their 
preference  on  passenger  ships.  Irrespective  of  their  power,  the  noise 
of  refrigeration  maohinea  is  on  the  order  of  80  db,  i.e.,  less  than  the 
noise  of  the  engines. 


TABLE  7 

NOISE  LEVELS  IK  COMPARTMENTS  OF  A  PUSHER  ttJ 0, 

FOR  VARIOUS  METHODS  OF  SUPPORTING  THE  DIESEL  GENERATORS 


Nolee  Level,  db. 

With  Operation  of: 

Compartment 

Left  Diesel  Generator 

Right  Diesel  Generator 

(mounted  on  stiff 

(mounted  on  very 

rubber  vibration 

soft  spring  vibra- 

isolation  mounts) 

tion  isolation  mounts) 

Diesel  generator  room 

105 

106 

[Saloon 

85 

7U 

)  Cabin  of  1st  engineer 

93 

79 

Cabin  of  2nd  engineer 

88  * 

72 

Cabin  of  3rd  engineer 

88 

7h 

Cabin  of  Chief  Engineer 

83 

71 

Cabin  of  oaptaln 

?5 

72 

i Cabin  of  2nd  helmsman 

87 

75 

Radio  room 

81 

71 

Pilot  house 

81 

69 

i 

Table  7  presents  data  on  noise  levels  aboard  a  powerful  river 
pusher  tug.  The  data  of  this  table  indicate  that,  on  small  ships,  noise 
in  all  compartments  except  the  engine  room  has  its  origin  in  the  sonic 
vibrations  of  the  hull  structure.  Aotually,  the  noise  in  all  compartments 
is  reduced  markedly  by  increasing  the  vibration  isolation  properties  of 
engine  mountings,  although  the  airborne  noise  of  the  engine  remains 
unchanged. 
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-lie  levels  of  acceleration  of  sonic  vibration  in  a  Diesel  ship, 
measured  by  a  piezoelectric  vibrometer,  are  showr.  in  Figure  62. 


Side  of  ship 


Side  of  ship 


Figure  62.  Sonic  vibration  levels  in  a  Diesel  ship. 

i 

21 ,  Standards  for  Noise 

Detailed  norms  of  noise  in  shipboard  compartments  are  lacking  at 
the  present  time.  The  shipbuilding  regulations  issued  by  the  Maritime 
Registry  of  the  USSR  (86)  indicate  that  the  noise  level  in  the  engine 
woom  of  ships  iraiat  not  exceed  100  db  at  a  distance  of  1  meter  from  any 
item  of  machinery.  At  the  same  time,  the  levels  of  the  components  of 
the  noise  in  the  frequency  range  above  700  cycles  must  be  less  than  in 
the  lower  frequencies. 

In  all  cases  audibility  of  sound  signals  from  the  captain's 
bridge  to  the  control  station  must  be  ensured  at  all  point®  of  the 
engine  room.  If  the  indicated  norma  for  noiae  of  machinery  and  service 
personnel  are  exceeded,  sound  isolating  etructxires  must  be  installed. 
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The  noise  level  must  not  exceed  80  to  90  db  in  work  areas,  and 
the  noise  must  satisfy  the  above-mentioned  requirement  with  respect  to 
its  frequency  composition. 


The  Qoasaninspektslya  [State  Sanitation  and  Hygiene  Inspectorate] 
has  developed  more  complete  norms  of  noisiness  (I,  I.  Slavin),  based 
on  criteria  of  the  physiological  harrcfulnese  of  noise.  Noise  is  broken 
down  into  several  groups  on  the  basis  of  magnitude  of  level  in  these 
norms .  The  higher  the  noise  level,  tha  lower  is  the  permissible  limit 
of  high  frequency  components.  The  requirements  may  be  illustrated  by 
a  graph  (Figure  63),  representing  the  permissible  levels  of  noise  in 
the  various  octaves  as  a  function  of  frequency.  The  straight  line 
connecting  these  permissible  levels  passes  through  a  level  of  100  db 
in  the  first  octave  and  drops  by  approximately  1*  db  per  octave  as 
frequency  increases.  The  noise  level  may  not  lie  above  this  straight 
line  in  any  of  the  octaves. 
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Figure  63.  Frequency  curve  of  the 
permissible  noise  levels. 


of  the  Registry  and  tha  norms  of 
ment  relative  to  ensuring  audlbj.2 


It  is  recommended  that 
a  noise  ievel  not  exceeding 
80  to  90  db  be  permitted  in 
ordinary  production  work,  and 
not  exceeding  60  db  be  permitted 
in  quiet  production  work.  The 
noise  level  must  not  surpass  30 
to  hO  db  in  habited  areas  in 
view  of  the  requirement  per¬ 
taining  to  absence  of  harmful 
conditions  and  the  demands  of 
oomfort  (with  respect  to  ships 
this  figure  may  be  increased 
to  hO  or  £0  db). 

Comparison  of  the  noise 
level  values  presented  in  the 
preceding  paragraph  with  the 
permissible  levels  shows  that 
the  noise  level  in  the  engine 
room  surpasses  both  the  norms 

The  Registry  require* 
ft IsTJrom  the  bridge  have 


not  been  fulfilled  because  the  Intelligibility  of  signals  la  negligible 
at  the  noise  level  of  105  to  110  db  ftt  the  control  stations.  In  this 
connection  measures  are  necessary  for  reduction  of  noise  in  compartments 
of  Diesel  ships,  especially  In  the  engine  room. 
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2 2 ,  Problems,  Methods  and  Means  for  Controlling  Noise  In  Ships 


The  following  two  practical  problems  of  shipboard  acoustics 
connected  with  reduction  of  noise  may  be  mentioned t  reduction  of  the 
unpleasantness  and  loudness  of  noise;  Increasing  the  intelligibility 
of  speech. 

Resolution  of  the  first  problem  requires  primarily  a  decrease 
In  the  unpleasant  high  frequency  sound  vibrations.  This  problem  is 
relatively  simple*  because  almost  all  sound-proteotlon  devices  are 
effective  at  high  frequencies. 

It  is  necessary  that  sufficient  Intelligibility  of  speech  be 
ensured  for  understanding  commands*  and  to  permit  telephone  conversa¬ 
tions  of  the  ship's  personnel  and  passengers.  This  is  a  more  complex 
task  because  it  requires  reduction  of  noise  in  the  range  of  the  main 
components  of  speech  (300  to  3*00C  oycles),  and  to  the  extent  possible* 
in  the  lower  band  of  frequencies.  Electroacoustic  methods  also  are  used 
to  increase  the  intelligibility  of  telephone  conversations  under  noise 
conditions*  suoh  as  the  clipping  of  the  low  frequency  masking  vibrations. 

In  designing  ships  of  large  displacement*  architectural  acoustic 
problems  arise  which  are  closely  related  in  their  method  of  solution 
to  the  foregoing .  A  task  of  this  type  is  that  of  ensuring  optimal 
reverberation  time  and  ensuring  regularity  of  audibility  in  music  halls* 
lecture  halls  and  motion  picture  theaters.  One  of  the  methods  of  solu¬ 
tion  of  this  problem  is  aooua+ic  treatment  of  the  internal  surfaces  of 
the  room*  which  simultaneously  contributes  to  reducing  noise  in  the  room. 

The  main  methods  of  controlling  noise  are  the  reduction  of  noise 
and  vibration  at  the  source*  isolation  and  absorption  of  airborne  noise 
and  sonic  vibrations  (Figure  6lt) .  Considerable  effect  also  may  be 
obtained  through  rational  looatlon  of  ship  compartments  relative  to 
eaoh  other*  and  the  placement  of  noisy  equipment  in  these  compartments* 
taking  into  aooount  the  aooustlc  requirements  in  seleotion  of  the  types 
and  models  of  equipment. 

Mention  may  ba  made  of  another  group  of  methods  which  have  an 
affect  on  the  processes  of  origination  and  propagation  of  sound  and 
vibration*  and  the  processes  of  sound  radiation.  The  measures  deriving 
from  these  methods  Include  prevention  or  elimination  of  resonant  vibra¬ 
tions  of  structures  and  the  impacting  together  of  metallic  parts,  a 
reduction  of  the  area  of  sound  radiating  surf seas*  etc. 

During  recent  years  an  active  method  for  the  deadening  of  low 
frequency  tonal  sounds  has  b sen’ applied  in  aviation  and  industrial 
construction  in  several  countries*  although  on  ■;  limited  soale.  Sounds 
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may  bo  weakened  somewhat  in  individual  parts  of  a  room  by  this  method, 
such  as  at  the  location  of  ary  permanently  stationed  machine  operator* 

The  specific  measures  connected  with  the  methods  of  isolation 
and  absorption  of  sound  may  be  divided  into  general,  local  and  personal 
(with  respect  to  man)  measures* 

Ths  first  group  of  measures  includes  sound  isolation  of  entire 
rooms  and  groups  of  rooms,  providing  their  internal  surfaces  with  sound 
absorbing  structures* 

The  second  group  of  measures  inoludes  sound-isolating  housing 
for  machines,  end  the  installation  of  various  types  of  aooustle  cabins, 
screens,  enclosures  and  sound  absorbing  panels*  Here  we  may  include 
acoustic  processing  of  ventillatlon  ducts,  installation  of  speolsl 
ventlllation  baffles,  engine  exhaust  and  air  intake  mufflers,  and  the 
introduction  of  the  use  of  sound  absorbing  structures  in  servloe  systems 
and  intra-ship  transport  systems. 

Installation  of  the  above-described  sound-absorbing  measures, 
however,  often  leade  to  a  change  in  the  architecture  and  the  acoustic 
regime  of  the  room  se  a  whole.  In  esses  of  this  type  these  means  are 
correotly  categorized  as  general  sound-protection  measures. 

Among  the  personal  meaaurea  for  sound  protection,  up  to  the 
present  time  ear  plugs  plaoed  in  tha  aural  canals  of  operators  looated 
in  noisy  sites,  and  aound-proteetion  helmats  and  ear  muff a  have  been 
proposed* 

The  most  effective  means  for  isolation  of  the  sonic  vibration 
of  structures  are  sound  isolation  vibration  mounts,  elastic  clutch  s 
and  sockets,  elastic  inserts  and  strips  of  material  having  low  aoouf.  ,1c 
resistance.  In  individual  oases  vibration-retarding  masses  may  be 
utilized  for  Isolation  of  bending  vibrations  in  comparatively  thin 
plates  at  frequencies  above  200  to  1*00  cycles. 

Absorption  of  sonic  vibration  in  a  broad  band  of  frequencies  is 
accomplished  with  the  aid  of  speolsl  vibration-absorbing  ooattngs 
applied  to  foundations  and  ths  hull  structure.  Coatings  of  this  type 
have  found  increasingly  extensive  application  in  automobiles,  aircraft 
and  ships. 

Vibration  dampers  or  anti-vibrators  era  used  for  abaorptlon  of 
intense  low  frequency  vibrations.  They  are  installed  on  individual 
machines,  bearings  of  drive  shafts  and  dtoks.  In  principle,  anti¬ 
vibrators  consisting  of  an  elastically  oonnaotad  added  mass  may  be 
proposed  also  for  absorption  and  isolation  of  banding  vibrations  at 
sonic  frequenolee  (dampers  of  structure -boroa  sound). 
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A  list  of  tho  requirad  sound  protection  matures  is  dr  sun  up  for 
each  ship  in  the  preliminary  design  stage.  As  a  rule  the  desired  acoustic 
effect  is  attained  only  with  the  simultaneous  realisation  of  a  series  of 
sound  elimination  measures.  A  considerable  portion  of  the  treatment  for 
local  sound  protsetion  may  be  installed  in  already  completed  ships  during 
the  period  of  their  repair  or  modsmisation. 


PAP-T  II 


THE  ISOLATION  AND  ABSORPTION  OP  NOISS  AND  SONIC 
VIBRATION  IN  SHIPS 


CHAPTER  6 

TBS  ISOLATION  OF  SOUND 


23. 

The  oonoepts  of  the  "isolation"  end  "absorption*  of  sound  mm* 
tines  ere  identified  with  eaoh  other  in  practice,  el  though  they  differ 
in  principle.  A  aouml-i sola ting  structure  is  intended  to  prevent  the 
penetration  of  sound  from  one  compartment  into  another,  isolated, 
compartment.  The  absorption  of  sound  in  the  isolating  struoture. 
itself,  may  be  small,  and  its  nain  effsot  is  due  to  the  reflection 
of  sound  from  the  struoture  (Figure  65,  a). 

The  sound  absorbing  materials  and  struoture*  serve  to  absorb 
sound  both  in  the  ooapartmant  of  the  souroe  3  (figure  65,  b),  end  in 
neighboring  eompartmenta  (Figure  65,  o).  The  absorption  of  sound  is 
due  to  the  transformation  of  vibratory  energy  into  heat  as  s  result  of 
friction  loss  in  the  sound  absorber.  The  loss  due  to  friction  is  high 
in  porous  and  loose  fibrous  materials,  and  because  of  this  they  are 
utilised  ft  sound-absorption  structures,  Conversely,  dense,  solid 
materials  are j  used  for  sound  isolating  structures. 

The  sound  isolation  method  is  more  effective  than  the  sound 
absorption  method  for  reducing  the  sound  level  in  room*  adjaoent  to 
the  compartment  containing  a  sound  aouroe.  With  the  aid  of  sound 
isolating  structures,  the  sound  in  neighboring  rooms  may  be  easily  re¬ 
duced  by  30  to  40  db.  Installation  of  a  single  sound  absorber  in  a 
room,  though  it  may  have  a  vary  high  degree  of  absorption,  rarely  re¬ 
sults  in  a  drop  in  sound  level  exceeding  6  to  8  db. 
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Figure  65*  Defining  the  oonoepts  of  eound  Isolating  and 
sound  absorbing  structures. 

However,  this  significant  effeot  of  a  eound  isolating  structure 
indicated  is  realised  only  beoause  there  is  always  a  greater  or  leaser 
degree  of  sound  absorption  even  In  roans  not  subjected  to  speoisl  aoou- 
stio  treatnent.  If  it  were  .not  for  this  absorption,  the  sound  level 
under  oonstant  operation  of  the  sound  souroe  would  oontinue  to  rise 
until  the  useful  effeot  of  the  sound  isolating  struct  .jts  would  drop  to 
sero  (of.  Paragraph  31).  Thus  effective  sound  protection  requires 
slaultaneous  utilisation  of  the  methods  of  sound  isolation  and  sound 
absorption,  plus  corresponding  application  of  sound  isolating  and  sound 
absorbing  structures. 

24.  Sound  Isolation  of  Mein  Bulkhaede.  Mills  and  Doors 

Beoause  the  effect  of  sound  isolation  is  based  on  its  reflec¬ 
tion,  the  isolation  of  sound  in  air,  i.e.  in  a  median  with  low  aooustic 
resistanoe,  requires  the  use  of  barriers  oemposed  of  materials  with 
high  aooustlo  resistance.  Materials  of  this  type  may  include  metals, 
wood  and  solid  plastio  compositions  (of.  Table  1). 
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The  ooeffloisnt  transmission  of  sound  Impinging  normally  upon 
a  boundary  between  two  media  or  structures  with  different  wot*  resis¬ 
tances  or  impedances  Is  squal  to  (formula  85)  * 


a 


I-IAZA 

•  1  *i  +  * 


In  ths  osso  of  s  massive  sound  isolating  bulkhead  situated  In 
air,  its  impedance  z1  is  equal  to  ths  wars  rssistanos  of  air 
4,  <»  pc ,  and  ths  impedanoe  e2  l&oludss  both  ths  insrtial  rssistanos 
of  ths  bulkhsad  psr  unit  arsa  (formula  29)  and  ths  mars  rssistanos  of 
ths  msdlum  behind  ths  wall,  i.s. 


vhsnos 


+  pc; 

i — 

2pc  4-  f*m  I 


Taking  ths  modulus  of  ths  ssocnd  nsmbsr  and  performing  simple 
transformations ,  ws  obtains 


(100) 


Ths  sound  Isolation  of  ths  bulkhsad,  expressed  in  dscibsle,  is 
a  ralus  uhioh  is  ths  reciprocal  of  a: 

tln  *  10  log  *  10  log  fl  4  j  (101) 

At  an  oblique  angle  of  lmplngaent  of  sound  on  a  bulkhsad,  its 
sound  isolation  is  squal  to  (at  frequencies  far  rumored  from  ths  band 
of  resonance  of  oo incidence  of  the  bulkhead,  of.  Paragraph  11) i 

21^-10  log  Jl  +  (*~~^")#]  *(102) 

where  ©  is  ths  angle  between  normal  and  tbs  angle  of  lmpingasnt  of 
the  sound  upon  ths  bulkhead. 
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Thus  it  is  Apparent  that  the  sound  isolation  of  a  partition  is 
lower  at  oblique  angles  of  incidence  than  at  nomal.  Under  realistic 
conditions  the  sound  field  acting  upon  a  partition  is  diffuse,  i.e.  all 
angles  of  inoidenoe  are  of  equal  probability.  This  reduces  the  sound 
isolation  in  oomparison  to  sound  Isolation  at  noraal  angle  of  inoidenoe 
by  a  definite  value  A,  i.e. 


ZI  *  10  log  -  Adb. 

If  at  fairly  high  fTequenoiea  we  take  the  value  A  *  5  db,  as 
suggested  by  several  authors  (L.  Crcner) ,  and  also  Ignore  the  units 
under  the  sign  of  the  logarithm  in  oonparison  with  the  eeoond  term, 
then  it  is  true  for  fairly  high  frequencies  that  after  substitution  of 
PC  ssts  41-  and  performing  the  numerical  transformations,  we  obtain 

ZI  *  20  log  (fa)  -  46  db,  (103) 

where  a  is  the  weight  per  1  m2  of  the  bulkhead,  in  kg. 

One  other  circumstance  still  has  not  been  taken  into  considera¬ 
tion,  viz.  the  effect  of  securing  the  edges  of  the  bulkhead.  Securing 
the  bulkhead  by  ita  perimeter  prevents  its  movement  as  a  piston,  i.e. 
reduces  the  aetive  mass,  which,  consequently,  is  equal  to  ffl'  ■ 

*  yjn  (x  <  1),  For  a  plate  fixed  at  the  edge  we  may  take  the  value 

X  **  0.2  (105)*  Taking  aooount  of  the  fact  that  20  log|-l »  14  db, 
we  finally  find  that* 

ZI  »  20  log  (fQ)  -  60  db.  (104) 

This  formula  is  sufficiently  well  substantiated  by  practice,  and 
beoause  of  this  It  is  highly  recommended. 

Therefore  the  sound  isolation  of  any  ordinary  barrier  is  propor¬ 
tionate  to  the  logarithm  of  its  mass  or  weight.  Beoause  of  this,  the 
above-described  relationship  of  sound  isolation  19  oalled  the  'law  of 
mass." 


Sound  isolation  also  inoreases  with  frequency.  On  the  basis  of 
formulas  (103)  and  (104)  each  two-fold  increase  in  frequency  would  re¬ 
sult  in  an  increase  of  6  db  in  the  sound  isolation.  Aetually,  the 
increase  is  somewhat  leas.  Here  we  enoounter  the  limiting  dimensions 
of  real  bulkheads,  and  other  factors.  At  high  frequencies  of  sound, 
the  law  of  mass  beoomes  invalid  due  to  the  resonance  of  oolnoidenoe, 
mentioned  in  Paragraph  11.  This  resonance  arises  w^cn  the  length  of 
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%  banding  wave  in  the  bulkhead  beoomes  aqua 1  to  tha  length  of  the  sound 
wave  in  air.  At  a  frequency  corresponding  to  tha  resonance  of  coinci¬ 
dence  ,  and  also  at  neighboring  frequenolfs,  the  partition  begins  to 
conduct  sound  sore  strongly,  i.e.  its  sound  isolation  drops.  Figure  66 
shows  the  experimental  curve  of  sound  isolation  of  a  bulkhead  of  lami¬ 
nated  plastic.  At  the  frequency  of  resongnoe  of  ooincidence(  oalled 
the  oritioal  frequency  for,  a  sharp  fall-off  occurs  in  the  curve  of 
sound  isolation,  which  up  to  this  point  had  approximated  the  law  of 
aass.  The  depth  of  this  dip  is  greater  with  lower  values  of  internal 
friotion  in  the  partition. 


frequency,  cycles 


Figure  66.  Experimental  frequency  curve  of  sound 
isolation  of  an  ordinary,  aooustioally 
uniform  partition. 

A  drop  in  sound  isolation  oontrary  to  the  law  of  mass  also  is 
observed  at  low  frequencies  as  a  result  of  resonant  vibrations  of  the 
bulkhead  as  a  membrane. 

Figure  67  show*  how  the  critical  frequency  varies  with  changes 
in  the  thickness  of  walls  made  of  steel,  and  pine  and  beech  boards. 

From  tha  figure  it  may  be  seen  that  for  a  steel  wall  3  to  6  am  thick 
and  a  wooden  (pine)  wall  2  to  5  cm  thick,  the  oritioal  frequency  varies 
within  a  range  of  $  -  2  kc,  i.e.  within  the  range  of  greatest  sensi¬ 
tivity  of  the  ear.  With  thinner  wall*  the  values  for  increase 
correspondingly,  and  the  resonanoe  of  coincidence  is  expressed  to  a 
lesser  degree,  beoause  at  high  frequencies  the  force  of  internal  mo¬ 
tion  in  any  given  material  is  more  strongly  manifested.  For  walls  of 
materials  not  indicated  in  Figure  67.  the  values  of  the  oritioal  fre¬ 
quency  may  be  found  from  formula  (76),  U'  ig  the  modulus  of  elastiolty 
and  density  of  the  material. 

The  multiplicity  of  faotors  determining  the  frequency  funotion 
of  sound  isolation  oauses  us  to  turn  to  the  average  values  o'  sound 
isolation  within  a  definite  range  of  frequenoles.  In  structural  work, 
this  range  is  taken  as  a  5-ootave  band  of  100  to  3 » 200  oyeles. 
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Figure  67* 


Critioal  frequencies  of  ordinary  partitions 
of  various  materials. 


1  -  Steel  partition}  2  -  Partition  of  pine  boards;  3  - 
Partition  of  beeoh  boards. 

The  veight  per  of  the  barrier  is  plotted  on  the 
abscissa;  the  thickness  of  the  barriers  is  indicated 
on  the  lines. 

In  many  countries  a  series  of  seal empirical  formulas  has  been 
suggested  for  determining  the  average  sound  isolation.  The  most  pre¬ 
cise  is  considered  to  be  that  proposed  by  A.  K.  Timofeyev  (101,  30); 

ZIav  -  13.5  log  <3  «•  13  db.  (1055 

The  formula  holds  for  ordinary,  uniform  walls  of  weight  up  to 
200  kg/m*.  Other  expressions  of  sound  isolation  have  been  suggested 
for  heavier  walls.  However,  beoause  the  oases  of  utilisation  of  such 
heavy  walls  on  ships  are  extremely  rare,  we  do  not  include  these  ex¬ 
pressions  here* 
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Aooustioolly  uniform  structures  inelu!*:*  not  only  structures  of 
any  riven  single  materiel,  but  also  structures  oonsisting  of  layers  of 
various  materials  bound  olosely  together  (without  an  air  layer). 

In  Figure  68  the  broken  line  represents  a  graph  of  formula  (105). 
Experimental  points  also  are  plotted  aooording  to  data  obtained  by 
various  investigators  for  the  sound  isolation  of  plywood  panels  of  two 
thicknesses  and  a  Bteel  sheet  2  to  3  mm  thick.  The  names  of  heavier 
structures  are  not  indicated,  although  their  points  are  plotted  on  the 
graph. 


Figure  68.  The  average  sound  isolation  in  a  frequency 
band  as  a  function  of  weight  for  stiff, 
uniform  wills. 

Table  8  presents  the  average  values  of  the  sound  isolation  of 
various  materials  and  struoturee  in  a  frequency  range  of  100  to  3*200 
cycles,  obtained  by  experimental  means  by  several  authors.  The  table 
substantiates  the  foregoing  comments  on  the  high  sound  isolation 
properties  of  solid,  non-porous  materials  and  on  the  unsuitability  of 
soft,  porous  materials  for  sound  Isolation  purposes.  Thus  a  felt  slab 
50  mm  thick,  having  higher  linear  weight  than,  for  example,  sheet  steel 
0.?  mm  thick,  has  less  sound  Isolation  value  than  the  sheet  metal. 

This  is  the  result  of  the  presence  in  the  felt  of  oavitles  which  form 
channels  for  the  sound. 

Table  9  (129)  depicts  the  sound  isolation  of  windows  and  doors, 
as  used  in  oonstruotlon  work. 
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Table  8 


Sound  Isolation  of  Several  Materials  and  Structures 


None  of  Material  or  Structure 

El 

Average 

Sound 

Insulation 

db 

Walls,  Stiff  Materials 

Double  partition  of  3-m»  plywood,  with  25  an 

interspace  filled  with  rock  wool . . 

8 

26 

Sane,  with  50-an  interspace . . 

12 

29 

Same,  with  65-«m  interspace . . 

1  14 

i  34 

1  2.2  -  2.5 

1?  -  19 

Same,  6. 4  on... . . . . 

4.5 

21 

Sheet  steel,  0.?  mm  . . . . . . 

3*6 

25 

Same,  2mm  . . . . . 

15.? 

33 

Duralumin,  0*5  mm . . . * . 

1.6 

15 

Slass,  3  -  4mm  .............................. 

Same,  6  mm  . . . . . 

e  - 10 

28 

16 

31 

O'* 

Fiberglass  (glass  mat  Mark  T,  with  PH-1  resin), 

5  nCl  eeececeeeeeeeeeeeeceeeteeeaeeeeeeeeeeee 

Same,  15  mm . . . 

mm 

26 

Soft  Materials 

Wool  doth,  2  mm . . . . 

0.05 

5-6 

Cftnvafl 

3.4  -  6.8 

2.8 

la  Q 

Hairy  felt,  15  mm  . . 

*r  ■*  O 

6 

Same,  two  layers  . . 

5.6 

9 

Same,  four  layers  . . . 

11.3 

1? 

Cardboard,  5  an . . . . . 

3 

16 

Same,  20  mm  . . . 

12 

20 

Cork  slab,  50  an . . . . . 

30 

20 

/ 
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Table  9 


Sound  Isolation  of  Windows  and  Doors 


Type  of  Window 

Thickness 
of  Olaas, 
mn 

Average 

Sound 

Isolation 

db 

iiT5  nclAt#  iH  ♦Vi  n  <0  *  nanm  ...... 

3^4 

22  +  2 
2o+2 

32  t  2 

taM  wHrvtf  tH  f  h  rfatiKl  A  rsoftA  **.-*«•*•«. **«•»•*•*•. 

2x  (3-^) 

5-7 

Window  with  double  thickness  of  glass, 

with  fffttlfui  .......  ,.4  4.,... ............... 

t/  l 

Type  of  Door 

Weight  per 

1  m2,  kg 

Average 

Sound 

Isolation, 

db 

Light  single  wooden  door  without  gasket, 
or dinar v  latch 

6 

2k  +  3 

27  +  2 

33  +  3 

36  +  3 

Single  wooden  door  without  gasket, 
ordinary  latch  ...... ..............  ........ 

15 

30-35 

35 

Double  door,  oonsisting  of  two  doors  of 

tima  2 -  with  40  em  hatwMn  latohaa  ........ 

Door  qT  tvna  with  folt  aaskat  *»**»•««•••• 

Similar  data  wore  obtained  according  to  measurements  oendueted 
under  shipboard  conditions  by  the  present  author  and  V.  M.  Krlger 
(Table  10).  The  table  indioatea  the  sound  isolation  values  of  ship 
doors,  windows  and  portholes.  Zt  is  apparent  from  the  table  that  a 
door  of  thin  steel,  not  watertight,  has  a  relatively  low  sound  isola¬ 
tion  value,  approximately  25  db.  The  sound  isolation  of  watertight 
doors  and  various  shipboard  light- admitting  structures  exoeeda  30  db. 

Turning  again  to  a  uniform  sound  isolating  partition,  several 
factors  in  addition  to  the  weight  of  the  partition  which  determine  the 
frequency  oharaeteristio  of  the  curve  of  sound  isolation  and  its 
average  value  must  be  mentioned.  Factors  of  this  type  include  the 
presenoe  of  grooves  (not  penetrating  through  the  partition)  £.nd  ribbing, 
the  means  by  which  the  partition  is  seoured  at  the  periphery  (degree 
of  fixity) ,  and  the  magnitude  of  meohanlcal  losses  in  the  partition. 
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Table  10 


Sound  Isolation  of  Several  Designs  of  Shipboard 
Doors,  Windows,  Ports  and  Hatches 


Name 

Brief  Description 

Average 

Sound 

Isolation, 

db 

Ship  door, 
nonwater- 
tit,  ht 

Dimensions  890  x  1700  mm,  Consists  of 
sheet  steel  1,5  mm  thick,  with  two  pressed 
rectangular  depressions  for  structural 
strength.  The  door  is  protected  on  the 
internal  side  by  5  mm  plywood.  Between 
the  steel  and  the  plywood  is  a  50  mm  layer 
of  Alfol  aluminum  foil  for  insulation. 
Insulation  is  absent  at  the  site  of  the 
latch  and  knob. 

25 

Ship  door, 
watertight 

Dimensions  680  x  1600  mm.  Consists  of 
sheet  steel  3  mm  thick  with  reinforcing 
ribs  and  5  mm  felt  insulation.  The  door 
is  protected  on  the  internal  side  by  a  5 
mm  plywood  panel.  There  are  5  sliding 
bolt  latohes,  and  a  rubber  gasket  at 
periphery. 

32 

Opening 

port 

Dimensions  450  x  650  mm.  Double  glass 
panes  5  mm  thick,  with  20  mm  Interspace. 

The  frame  ?  '  which  the  glass  is  fixed  has 
reinforcing  ribbing  and  a  rubber  gasket 
at  the  periphery. 

37 

Fixed  port 

Diameter  200  mm.  The  port  has  a  single 
glass  pane,  5  mm  thick.  The  mounting  is 
provided  with  reinforcing  ribbing  and 
rubber  gasket. 

y* 

Cover  of 
light-admitting 
hatch  of  engine 
room 

Consists  of  3  mm  sheet  steel,  covered  from 
within  by  a  layer  of  shredded  f ’It  5  mm 
thick.  Six  glass  ports  200  mm  *n  diameter 
are  installed  in  frames  in  the  ahset,  with 

5  mm-thick  glass.  The  hatch  has  rein¬ 
forcing  ribbing  and  rubber  gasket  at 
periphery. 

31 
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Figure  69  presents  the  sound 
isolation  ourves  (124)  of  a  solid 
plywood  sheet  15  m  thick,  end  e 
sheet  of  the  seme  thickness  contain¬ 
ing  grooves  (not  slits).  Increasing 
the  sound  isolation  of  the  sheet  by 
inclusion  of  grooves  is  based  on  re¬ 
duction  of  the  elasticity  of  the 
sheet ,  i.e.  increasing  its  critical 
frequency  (of.  fozmula  ?6).  The 
partition  begins  to  behavs  as  a 
series  of  individual  masses,  and  its 
sound  isolation  approximates  the  law 
of  mass. 

Although  reduction  of  the 
stiffness  of  a  partition  often  in¬ 
creases  sound  isolation  and  it  may  be 
expeotad  that,  when  increasing  its 
stiffness  without  changing  the  weight 
(such  as  through  the  addition  of  re¬ 
inforcing  ribs),  it  is  found  that  on 
the  contrary,  this  deteriorates  its 
sound  Isolation  quality.  This  has  been  substantiated  by  experience 
(Tu.  1.  Shneyder).  Welding  of  light  ribs  onto  a  steel  partition  re¬ 
sults  in  a  redaction  of  3  to  5  db  in  its  sound  isolation  at  frequencies 
above  1,000  cycles  (Figure  ?0).  Wielding  of  heavy  ribs  onto  the  same 
partition  deteriorates  its  sound  isolation  at  all  frequencies  above 
200  cycles  by  a  value  equal  to  9  db  (curve  3).  One  of  the  oauses  for 
the  drop  in  sound  isolation  is  the  reduction  of  the  critioal  frequency 
of  the  partition.  Thus  the  welding  of  steel  ribs  onto  a  steel  parti¬ 
tion,  which  at  first  glance  appears  to  be  a  very  useful  measure  for 
changing  the  acoustio  quality  of  the  partition,  cannot  be  recommended 
for  practical  use. 

The  sound  insulation  of  partitions  is  influenced  by  the  manner 
in  which  they  are  secured  at  the  edges.  As  indicated  by  the  investi¬ 
gations  of  M.  Hsckl  (137)i  In  partitions  rigidly  fixed  at  ths 
periphery  sound  Isolation  decreases  at  frequencies  above  the  critical 
level  as  a  result  of  transmission  of  sound  energy  through  the  point  of 
the  fixation.  Because  of  this,  the  use  of  a  rubber  seal  at  the  per¬ 
iphery  of  a  steel  partition  (of.  figure  99)  increases  the  average 
sound  Insulation  in  the  standard  frequency  range  by  2  to  5  db  in  com¬ 
parison  to  a  partition  rigidly  secured  at  the  edge. 

The  magnitude  of  meohanioal  loss  in  the  partition  has  an  effect 
mainly  upon  low  sound  frequencies,  at  which  flf  fMflfff  yibration  of  the 


Figure  69.  Sound  isolation  of 
plywood  panels  without,  and 
with  grooves. 
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partition  occurs*  In  the  very  simple  ease  of  a  square  homogeneous  plate 
with  free  edges  (this  case  a^roxiaates  that  of  elastic  securing  of  a 
partition  at  the  periphery),  the  frequency  of  natural  vibrations  way  be 
found  according  to  fomula  (6)1 


/•mW*  cysl"• 


(106) 


where  a  is  the  side  of  the  squares 

m  -  it.  th.  of  th.  put.  p*r  unit 

h  is  the  thickness  of  the  plate; 

!  is  the  specific:  weight  of  the  material; 

g  is  the  acceleration  due  to  gravity; 

_  put 

0  *  is  the  flexural  rigidity  of  the  plate; 

id  \i 1  ) 

Hi  and  p  are  the  Toung 1  s  modulus  and  Poisson's  coefficient,  respec¬ 
tively ,  of  the  material  of  the  plate. 

The  coefficient  C  for  the  three  lowest  tones  of  vibration  of 
the  plaoe  has  the  following  values;  Ct  =*  14.1;  =  20.6;  Ca  ~  23.9. 

In  the  case  of  plates  fixed  along  their  periphery,  the  values 
of  C  ar®  somewhat  higher.  1 


Calculations  according  to  formula  (106)  give  fairly  low  natural 
frequency  values  for  actual  bulkheads,  in  the  range  of  tens  or  several 
tens  of  cycles.  At  these  frequencies  the  Internal  friction  in  any 
given  structural  material  is  weakly  manifested,  and  because  of  this 
the  corresponding  frequency  components  in  the  noise  spectrum  of  a 
machine  are  poorly  Isolated  by  the  bulkhead.  Intense  vibration  of  the 
bulkhead  is  observed  when  the  bulkhead  is  rigidly  fixsd  to  a  source 
of  low  frequency  exciting  forces. 

i 

In  this  case  double-layer  bulkheads  may  be  of  help ,  in  which 
surface  friotlon  is  utilised  during  flexural  vibrations.  An  example 
of  A  bulkhead  of  this  type  is  shown  in  Figure  71-a.  The  plates  of 
the  bulkhead  are  joined  together  with  spot  welds,  welded  in  perfora¬ 
tion,  or  slots  In  one  of  the  plates.  Spot  welds  must  not  be  used  too 
muoh  because  this  would  result  in  the  possibility  of  oo-eo vaunt  of 
the  plates  of  the  bulkhead  in  flexural  vibration. 


Frequenoy,  cycles 


Figure  70.  Influence  of  stiffeners  on  the  sound  isolation  of  a 
steel  bulkhead. 

1  -  Steel  bulkhead  3  urn  thick,  without  stiffeners j  2  -  Sane, 
with  the  addition  of  7  welded  stiffeners  consisting  of  bulb 
bar  Ho.  6j  3  -  Sane,  with  addition  of  7  welded  bulb  bars  Ho. 

12. 


If  the  plates  have  an  uneven  surface  and  are  not  secured  ade¬ 
quately  to  eaoh  other,  surface  friction  will  be  low.  In  this  case 
the  danping  action  of  the  bulkhead  may  be  increased  somewhat  by  in¬ 
jecting  e  danping  composition  between  the  plates,  such  as  red  lead, 
pitch,  etc.  Fbr  this  purpose  holes  are  drilled  in  one  of  the  plates 
at  various  places  and  nuts  art  attached  for  the  ineertlon  of  the 
injection  noKde  (those  nuts  aerve  to  secure  a  sound  absorber  or  & 
deoorative  ooverlng).  Effective  lessening  of  vibration  of  the  bulk¬ 
head  is  attained  when  the  danping  ocnposltlon  occupies  a  definite  part 
of  the  area  of  the  partition ,  approximately  one-third  of  its  total 
area. 


During  recent  years  the  praotioe  of  using  bulkheads  utilising 
the  internal  friction  of  elasto-visoous  Materials  has  been  introduced 
in  foreign  shipbuilding.  The  partition*  have  a  "sandwich"  structure 
(Figure  71-b)  and  oonsist  of  two  steel  sheets  with  a  solid  plastic 
composition  betyjsen  that.  It  has  bean  shown  (144)  that  with  very  high 
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Figure  71*  Double-layer  ship's  bulkhead  (a),  sad  a  "sandwich" 
type  ladnated  bulkhead  (b). 


1  -  Steel  sheets}  2  -  Spot  velds;  3  -  Plastio  opposition 
layer* 


I 


loss  values  in  the  sandwiched  layer  a  laminated  partition  of  this  type 
is  able  to  undergo  vibration  in  shear*  but  not  flexural  vibration*  at 
high  frequencies ,  with  the  result  that  the  deterioration  of  sound  iso¬ 
lation  at  resonanoe  of  ooineidanee  practically  disappears  and  sound 
isolation  at  high  frequencies  is  dose  to  the  lav  of  mass*  The 
resonanoe  of  membrane  vibration  also  is  lessened* 

The  static  rigidity  of  a  ship  bulkhead  of  this  type  may  be 
fairly  high*  Thus  it  is  emphasized  that  combinations  of  two  1  ea 
steal  sheets  with  a  santfcdohed  layer  of  solid  plastic  composition  4  mm 
thick  has  the  same  static  rigidity  as  a  solid  steel  partition  5  an 
thick  (145).  Partitions  of  this  type  have  been  used  successfully  on 
the  Netherlands  ship  "Queen  Wllhelalna, 0  in  which  noise  in  the  passen¬ 
ger  saloon  has  been  considerably  reduced  (165)*  There  is  no  doubt 
that  laminated  partitions  will  find  application  in  those  rooms  in 
vhioh  especially  good  sound  isolation  is  needed* 

* 

To  the  problem  of  Isolation  of  airborne  noise  by  bulkheads  and 
decks  is  added  the  problem  of  the  reduction*  by  tlMm>  of  noise  arising 
from  iaq>aot  excitation*  such  as  in  walking  to  and  txo  on  the  deck. 

Table  11  (18)  presents  the  average  values  of  reduction  of  noise  by 
ordinary  deck  coverings  of  various  materials  (relative  to  wooden  plank¬ 
ing).  The  reduction  of  noise  results  from  the  sound  isolating  and 
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vibration  damping  action  of  the  materials  and  structure  of  the  cover- 
lng.  Fairly  large  values  of  reu action  of  note*  are  obtained  with  the 
use  of  elastic  matting  and  materials  with  high  internal  friction,  such 
as  asbestos-cement  slabs  and  kprdin.  the  latter  oonsists  of  slabs  of 
spun  cotton  thread  waste  and  shredded  rubber  obtained  from  worn-out 
automobile  tire  casings,  the  Interesting  verb  of  V.  I.  Zaborov  (38) 
substantiates  the  conclusion  relative  to  damping  impact  noise  with 
isolating  coatings.  The  damping  of  Ship  hull  structures  by  naans  of 
materials  with  high  internal  friction  is  discussed  In  greater  detail 
in  Chapter  14. 


Table  11 


Influence  of  Deck  Coverings  on  the  Level  of  Impact 
Noise  Underneath  the  Deck 


Structure  and  Material 
of  the  Covering 

Reduction  of  the  level  of 
Impact  noise  underneath 
the  deck,  relative  to  the 
level  for  the  case  of  a 
wooden  plank  covering,  db 

Parquette  floor  on  asphalt  20  dm  thick . 

T.4  ftfll  S>UM  _  2.^  Dim  a««**eeaaeaeaeaaeea*eaeee£e 

0 

2 

Rubber  5  mm  •••***e*ee**ee«e«eeeee 

3 

Asbeetos-oeaent  slabs  (  Y  *  350  kg/m>), 

30  Rtfft  thlClC  ItMMMMtMMMntlMlMIM* 

5 

Slabs  of  minerai  felt  (  Y  •  300  to  350 

kjf/w3) .  *50  mm  thlok 

4 

Porous  wood-fiber  slabs  (  y  *  200  to  250 

2^  mm  thick  . . . 

2 

Kordin  slab  oovering  ( T  *  320  to  350 
'  ^  mm  thlok  hmumimimmiiimi 

6 

10  -  12 

9la3wlv  W  VOT  •••••••••••••••••• 

1 

.A. 


25.  Si  SMWAlMtiti&BBl 

The  sound  isolation  of  a  boundary  structure  may  be  increased 
substantially  without  changing  its  weight  through  use  of  the  double 
partition  design  with  intermediate  air  apaoe.  The  useful  acoustic 
effect  of  the  air  space  appears  at  average  and  high  sound  frequencies 
(Figure  72).  This  results  from  the  multiple  reflection  and  accompany¬ 
ing  absorption  of  sound  in  the  interstice. 

At  low  sound  frequencies  the  sound  isolation  of  a  double  par¬ 
tition  usually  is  slightly  lower  than  that  of  a  single  partition.  At 
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Frequency,  cycles 


Figure  72.  Sound  isolation  of  a  single  and  double  partition. 

these  fraquanoiss  rasonanoo  of  the  partition  is  observed,  consisting  of 
a  system  of  two  masses  m1  and  m2  ,  joined  by  the  elasticity  e  of 
the  air  volwae  between  the  partitions.  The  natural  frequency  of  a 
system  of  this  kind  1st 


A-W 


cycles. 


The  elastio  force  during  compression  of  the  air  volume  is 
equal  to  (60) * 

C. 

wh«*r*  s  is  the  area  of  the  basic  volume} 

I  is  the  deformation. 

The  elasticity,  l.e.  force  per  unit  deformation,  is  equal  to 
(for  s  *  1  cm2)* 


I  h  * 

here  h  is  the  height  of  the  air  volume,  in  the  given  case  the  air 
layer  between  the  walls  of  the  double  partition  (Figure  73). 
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Figure  ?3.  Determination  of  the  fundamental  reaon&noe 
frequency  of  a  double  partition* 

The  mass  m  per  1  cm2  of  a  partition  (g)  ie  related  to  its 
weight  3  (kg)  per  1  nt,  by  the  egression  m  =  0.1  0. 

Substituting  the  expressions  for  c  and  m  in  formula  (106), 
we  obtains 

/.-600  |/  -2l±£l  eyol.s.  (10?) 

For  equal  weight  of  the  walla, 

,  afio 

/*■*  ttbbz  oyeles  (108) 

V  Oh 


v3  is  expressed  in  kg/m2t  and  h  in  oentinetera). 

The  expressions  (107)  and  (108)  for  f.  are  based  upon  the 
assunption  of  piston  movmsont  of  the  walls,  when  the  walls  undergo 
'lexural  vibration,  their  effective  mass  is  lea*.  Beoauae  of  this, 

-he  original  values  of  fQ  may  be  somewhat  greater  than  those  found 
according  to  formulas  (10?)  and  (108). 

In  addition  to  fundamental  reaonanoe  of  a  double  partition, 
re.  .*noe  of  the  air  layer  alao  may  ooour.  Ihia  reaonanoe  appears  at 
frequencies  at  which  a  whole  somber  of  eonio  hal  f ■wevea  oan  be  aoooamo- 
dated  aoross  the  width  of  the  air  layer.  The  frequeaoy  of  the  firat 
reaonanoe  ia  equal  tot 

*1fr  *  ^  oyolea.  (109) 


143 


The  greeter  Is  the  width  of  the  air  layer  h,  the  lower  is  the 
frequency  at  which  wave  resonance  o£  the  layer  begins  to  appear,  i.e. 
the  greater  is  the  number  of  resonances  which  appear  in  the  given  band 
of  frequency.  On  this  basis  several  German  pre-Mar  investigators 
(Kammerer  and  Durchammer)  stated  that  there  is  an  optimum  magnitude  of 
air  layer  between  walls.  Later  investigations,  however,  did  not  sub¬ 
stantiate  this  theory.  Within  the  limits  of  practical  dimensions  for 
double  partitions,  the  average  sound  Isolation  in  a  band  increases  with 
the  increase  in  width  of  the  layer  between  then  (figure  74). 


Width'  of  air  layer,  am  (abeoieea) 

Figure  74.  Sound  isolating  ability  of  the  air  layer  of  a 
double  partition. 

The  average  sound  isolation  in  the  frequency  range  of  100  to 
3,000  cycles  of  a  double  wall  with  an  air  layer  may  be  determined  with 
a  sufficient  degree  of  precision  from  the  expressions 

ZIav  -  13.5  log  (Qt  +  d2)  +  13  +  Afj.  db,  (110) 

where  Oj  +  02  *re  the  weights  per  a*  of  the  double  partitions 

6k &  is  tha  sound  isolation  of  the  air  spaoe  between  the  walls 
of  the  partition,  determined  from  figure  74. 

Comparison  of  formulas  (105)  and  (110)  Indian tes  that  the  sound 
isolation  of  a  double  wall  is  greater  than  the  sourd  isolation  of  a 
single  wall  of  weight  +  <*z  P***  m2  by  the  amount  A^..  Wa  may  note 
the  great  role  of  double  sound  isolating  partitions  in  ships,  dua  to 
tha  great  relative  importance  of  etruoture-bome  sound.  A  single  par¬ 
tition  isolates  air-borne  aound,  but  apparently  la  in  essence  a 
radiator  of  aound  due  to  the  vibrations  of  tha  boundary  structures 
(Figure  75-a).  A  double  partition  isolates  both  air-borne  aound  im¬ 
pinging  on  it,  and  aound  radiated  dua  to  tha  vibration  of  tha  first 
part  of  tho  partition  (Figure  75-b).  From  thie  it  follows  that  it  is 
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especially  advantageous  to  utilise  double  bulkheads  at  sites  of  in- 
tease  sonic  vibration,  i.e.  for  example,  in  oonpartaents  Immediately 
adjacent  to  the  engine  room.  In  this  ci.se  supplementary  masses  are 
attached  to  the  seoond  bulkhead  to  increase  its  sound  isolation  (164) 
(Figure  75-b),  i.e.  in  essence,  that  bulkhead  is  o hanged  into  a  kind 
of  sound  Isolating  nail  vith  grooves  (Figure  69). 


a) 


Figure  75*  Aooustio  cffeot  of  a  single  (a)  and  double  (b) 
partition  under  the  simultaneous  offset  of  air¬ 
borne  noise  and  sonic  vibrations. 

1  -  Isolated  oompartmenti  2  -  Airborne  sound  impinging  on  the 
isolating  structure;  3  -  Sound  penetrating  into  Isolated  room; 
4  -  Sonio  vibration;  5  -  Airborne  sound  generated  by  sonlo 
vibrations. 


ftf-  In  planning  a  shipboard  aound  isolating  bulkhead, 
it  is  given  that  the  moat  intense  component  of  noise  which  must  bo 
isolated  is  in  the  frequency  range  of  12*5  to  1^0  oyoles.  The  problem 
is  to  determine  whioh  double  bulkhead  is  preferable,  a  double  bulkhead 
of  3«*m  shoot  stool  (with  5  cm  air  layer),  or  A  composite  double  bulk¬ 
head  consisting  of  a  3-mm  steel  sheet  and  6.4-mi  plywood  shoot.  The 
average  sound  isolation  of  the  selected  bulkhead  also  must  be  deter¬ 
mined. 


Solution.  The  weight  per  mj*  of  the  3-cn  shoot  steel, 

»  23.6  kg,  and  the  weight  per  m2  of  the  6,4-mi  plywood  is  02  *  5  kg. 
The  fundamental  frequency  of  the  double  bulkhead  made  of  two  steel 
sheets  (formula  106)  ist 
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a 78  cycles. 


The  fundamental  frequency  of  th«  oomposita  bulkhead  consisting 
of  a  staal  shaat  and  plywood  (formula  10?)  1st 

600  l/  -1444  —132 
V  23,6*6-5 

The  fundamental  reaonance  of  tha  composite  bulkhead  lies  within 
the  range  of  tha  most  intense  components  of  the  speotrum  of  tha  noise 
which  is  to  be  isolated*  and  because  of  this  selection  of  the  sheet 
steal  bulkhead  is  to  be  recommended.  The  average  sound  isolation  of 
this  bulkhead  (formula  110  and  Figure  7*0  1st 

ZI*V  ■  13.5  log  (2*23.6)  +  13  +  5  «  **0.5  db. 

26.  bm  sflwfc  af  am  infl  m 

Slits  and  openings  in  partitioning  structures  have  considerable 
effect  upon  their  sound  insulation*  especially  at  high  sonic  fre¬ 
quencies.  Figure  76  is  a  schematic  representation  of  the  propagation 
of  a  sound  wave  through  openings,  with  various  ratios  between  the  wave 
length  X  and  the  diameter  of  the  opening. 

With  a  large  transverse  dimension  of  the  opening  a  in  compari¬ 
son  to  the  wave  length*  the  front  of  the  waves  passing  through  the 
opening  will  be  flat  (Figure  76-a),  and  thus  all  the  sound  Impinging 
on  the  opening  passes  through  it.  The  situation  is  different  with  a 

high  ratio  .  The  wave  passing  through  the  opening  is  spherical 

(Figure  76-b),  and  because  the  impedanoe  of  a  plane  wave  falling  upon 
the  opening,  and  of  a  spherical  wave  passing  through  the  opening  differ 
in  value*  considerable  reflection  of  the  wave  is  unavoidable.  Thus  the 
sound  transmissivity  of  small  openings  is  not  very  great  up  to  very 
high  sound  frequencies  (55)*  From  this  it  follows  also  that  100  small 
openings*  for  example*  distributed  on  the  surfaoe  of  any  given  parti¬ 
tion*  affeot  its  sound  isolation  less  adversely  than  a  single  opening 
with  area  equal  to  the  total  combined  areas  of  the  mull  openings. 

This  is  substantiated  by  the  sound  isolation  curves  (Figures  77  and  78) 
plotted  aooordlng  to  the  measurement  data  of  Yu.  I.  Shneyder.  Figure 
77  oompares  the  curves  of  sound  isolation  of  partitions  without  open¬ 
ings*  and  of  partitions  with,  openings  distributed  irregularly  and 
compactly.  With  irregular  distribution  of  the  openings  no  loss  in 
noise  isolation  ia  noted  up  to  e  frequenoy  of  700  or  800  cycles.  At 
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Figure  ?6e  Determining  the  sound  trananisslvity  of 
openings  of  various  diameters 

frequencies  of  2  or  3  ko  the  reduction  in  sound  isolation  is  equ£l  to 
4  or  5  db.  Concentration  of  the  openings  in  one  area  leads  to  t  drop 
in  sound  isolation  of  from  2  or  3  to  ?  or  8  db  in  the  entire  range  of 
frequencies. 

Figure  78  enables  comparison  of  the  loss  of  the  sound  isolation 
property  of  partitions  caused  by  openings  or  slits  of  identical  area. 

A  plane  wave  is  transformed  into  a  spherical  wave  behind  the  circular 
hole,  and  is  transformed  into  a  cylindrical  wave  behind  the  slit.  The 
impedance  of  a  cylindrical  wave  is  closer  to  the  value  of  the  impedance 
of  a  plane  wave  than  is  the  impedance  of  a  spherical  wave.  Because  of 
this  the  reflection  of  sound  is  less,  and  the  transmission  of  sound  is 
greater  in  the  case  of  the  slit  than  in  the  case  of  the  hole.  Actually 
the  loss  of  sound  Isolation  resulting  from  the  slit  is  greater  a;  all 
frequencies  tnan  that  resulting  from  a  hole  of  identical  area* 

For  evaluation  of  the  loss  of  sound  Isolation  &ZX  caused  by  a 
hole,  we  apply  the  following  formula: 

4ZI  »  10  log  ^1  +  n-~*  100,1ZI)  db,  (Ill) 

where  SQ  is  the  area  of  the  hole} 

S  is  the  area  of  the  partition; 

Zl  is  its  sound  isolation. 
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1  -  Partition  2  x  2  a,  without  openings s  2  -  Saw*  partition 
with  10  openings  of  11  m  diameter,  distributed  irregularly 
over  tho  entire  area  of  tho  partition!  3  *  Sana,  with 
openings  oonoentrated  at  the  oentar  of  the  partition. 


The.  value  of  the  ooeffieient  n  depends  upon  the  frequency. 

Frequency,  oyoles . . . 800  1200  1800 

Coefficient  n . .  12  6  2.5 

The  foraula  is  derived  for  openings  with  disaster  up  to  12  or  15 
mm,  although  it  holds  approximately  for  openings  of  greater  diameter, 
also.  Although  it  yields  insufficiently  precise  frequency  functions 
of  the  loss  of  sound  isolation,  it  has  the  interesting  and  practically 
important  property  of  revealing  that  a  greater  sound  isolation  value 
of  a  petition  corresponds  to  a  greater  value  of  AZ1.  This  peculiarity 
is  apparent  from  the  following  example. 

Sample  25.  Two  bulkheads,  each  with  dimensions  of  2  x  2  m, 
have  sound  isolation  values  of  40  and  25  db,  respectively,  at  a  fre¬ 
quency  of  1,200  oyoles.  The  problem  is  to  determine  the  drop  in  sound 
isolation  in  eaoh  of  the  bulkheads  when  holes  15  mm  in  diameter  are  bored 
in  them. 
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Figure  78.  Effeot  of  circular  boles  and  silts  of  idantloal  area 
upon  the  sound  isolation  of  a  partition. 


1  -  Partition  without  holes  or  slits;  2  -  Partition  with 
one  bole  25  on  in  disasters  3  -  Partition  with  slit 
1  x  500  ns. 

t 

Solution.  The  loss  of  sound  isolation  of  the  first  bulkhead  is: 


AZI1  «  10 


log  {  l  +  6 


—  0.5)* 
4 

4- 10*  ' 


=5,6 


db; 


and  the  loss  for  the  seoond  bulkhead  is: 


A2I2  *  10  1g*  +  6  10 01  <  0,5  db. 


The  presenoe  of  wide  slits  or  large  holes  in  sound  isolating 
structures  leads  to  eery  significant  losses  in  sound  isolation.  Frost 
Figure  79  it  nay  ba  aean  how  the  average  sound  isolation  of  a  door  made 
of  boards  25  k»  thlok  changes  with  chsnges  in  the  width  of  elite  be¬ 
tween  the  door  and  the  door  jaab  or  floor.  The  data  ware  obtained  by 
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experimental  means  (30).  It  is  apparent  that  with  poor  alignment  of 
the  door  the  decrease  in  its  sound  isolation  attains  (  to  10  db. 


Figure  79.  Effect  of  tightness  of  closure  of  a  door  and  of  the  size  of 
slits  between  the  floor  and  the  door  upon  the  average  sound 
isolation  of  the  door  (sound  isolation  values  are  indicated 
in  db  in  the  circles);  a)  -  A  well  aligned  door  with  slits 
less  than  0.5  cm  wide;  b)  -  Same,  with  1-,  to  1.2-am  slits; 
c)  -  Door  with  poor  seed  at  the  periphery,  and  slit  at 
bottom  1.5  to  1.8  cm  wide;  d)  -  Same,  with  slit  at  bottom 
absent. 


26.  The  problem  is  to  compare,  on  the  basis  of  the  data 
of  Figure  79,  the  sound  transmissivity  of  the  wooden  door  and  that  of 
the  slits  at  its  periphery. 

Solution.  We  shall  assume  that  a  narrow  slit  (Figure  79-a) 
changes  the  sound  transmissivity  of  the  door  very  little,  i.e.  that  the 
average  sound  Isolation  of  the  door  Itself  is  approximately  22  db.  With 
expansion  of  the  slit  at  the  bottom  and  the  appearance  of  slits  at  the 
periphery  of  the  door  (Figure  ?9-o)  the  sound  isolation  of  the  door 
decreases  by  22  -  12  *  10  db,  i.e.  the  amount  of  sound  energy  penetrat¬ 
ing  into  the  neighboring  room  increases  10 -fold.  Therefore,  the  sound 
transmissivity  of  the  slits  at  the  periphery  in  the  given  case  sur¬ 
passes  the  sound  transmissivity  of  the  door  10-fold. 

If  the  olosure  of  the  door  is  tight  but  there  is  a  wide  slit  at 
the  bottom,  it  may  be  seen  from  Figure  79-b  that  the  sound  isolation  is 
3  db  lower  than  the  sound  isolation  of  the  door,  itself,  i.e.  the  sound 
energy  penetrating  through  the  wooden  structure  increases  two-fold  in 
the  presenoe  of  s  wide  slit.  Ws  may  draw  ths  conclusion  which  is  st  the 
same  tins  s  good  mnemonic  rule  and  saying,  that  a  chink  under  a  door 
permits  the  passage  of  the  same  amount  of  sound  as  the  door  itself. 
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Cm-HEA  v 

SOUND  ABSORPTION 


*7*  Sound  lb sorption  ProMr  MD  of  fewitla  for  the  Cano  cf  Normal 

.lacjfligai 

The  found  absorption  of  tutorials  and  structures  is  evaluated 
by  moans  of  tho  cooffiolont  of  absorption  a  »  which  is  tho  ratio  of 
tho  sound  energy  absorbod  by  tho  matorial  to  tho  energy  of  tho  inci¬ 
dent  sound*  Valuta  of  energy  nay  bo  replaced  by  tho  corresponding 
values  of  tho  intensity  of  sound,  Thus  vs  havoi 


«  .  a-  .  (112) 

Jinc 

Expressed  as  tho  ratio  between  tho  sound  prossuros  of  th*  re¬ 
flected  and  incident  waves*  the  coefficient  cf  absorption  is  equal  to 
(of.  formulas  83  -  85) * 


«■»!  —  / sk  1  —  O'*  (113) 

'  pi»o' 

where  8'  is  tho  coefficient  of  reflection  of  sound  pressure. 

The  coefficients  of  reflection  and  absorption  of  noise  may  be 
determined  most  simply  in  the  oase  of  normal  (perpendicular)  angle  of 
incidence  of  sound  with  respect  to  the  surfaoe  of  the  material.  For 
measurements  of  this  type*  the  apparatus  diagramed  in  Figure  80  may  be 
used.  The  test  sample  of  aound  absorbing  material  or  structure  is 
secured  at  the  end  of  a  fairly  long  tube,  In  which  standing  sound  waves 
are  generated.  By  means  of  a  microphone  moving  uniformly  along  the 
length  of  the  tube  the  sound  pressure  at  all  points  of  the  standing 
wave  may  be  determined,  especially  the  maximum  and  minimum  values  of 
the  sound  pressure.  If'  a  material  completely  reflecting  sound  is 
located  at  the  end  of  the  tube,  the  minimum  pressure  (at  the  node  of 
the  standing  wave)  will  be  equal  to  zero .  In  the  oase  of  material 
whioh  absorbs  sound,  the  pressure  at  the  "node”  will  be  other  than 
zero  ( strictly  speaking,  the  tern  "node"  is  inapplicable  in  such  a 
case). 
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Figure  80.  Measurement  of  the  coefficient  of  sound  absolution  of  a 
naterial  in  a  tube. 

1  -  Measuring  tube;  2  -  Sample  of  sound  absorbing  material; 
3  -  Sound  generator;  4  -  Radiator;  5  -  Point  microphone; 

6  •  Thread  wound  on  drum;  7.  8  -  Flexiole  shaft;  9  -  Pen 
rsoorder;  10  -  Sample  of  recording  of  sound  pressure  on  the 
pen  reoorder. 

The  lower  is  the  value  of  the  ratio  of  the  maximum  to  minimum 
amplitude  of  sound  pressure 


n  *  SMS  ,  (114) 

Pm  in 

the  greater  is  the  coefficient  of  sound  absorption  of  the  sample  of 
material  at  the  end  of  the  tube.  This  radio  may  be  measured  Vith  the 
aid  of  a  needle  indicator  attached  to  the  output  of  the  microphone 
amplifier,  or  may  be  determined  dlreotly  aooording  to  the  reoording  of 
a  level  recorder,  which  in  the  given  case  utilizes  a  linear  (not 
logarithmic)  potentiometer.  The  ooeffioient  of  aound  absorption  of  the 
material  is  equal  tot 


a= 


2  t  »  +  -• 
n 


(115) 
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Thar*  ar*  son*  Instruments  which  indicate  the  value  of  <x 
directly  on  a  scale*  entered  with  a  known  value  of  n. 

The  method  described*  referred  to  as  the  tube  method,  is  suitable 
for  the  purpose  of  ootiparing  the  acoustic  properties  of  smAll  samples 
of  sound  absorbing  materials,  but  other  methods  must  be  used  for  deter¬ 
mining  the  true  value  of  sound  absolution  of  these  materials  in  the 
sound  field  of  a  room* 


Frequency,  cyoles  (abscissa) 


Fig.  81.  Coefficients  of  sound  absorp¬ 
tion  of  several  acoustic  materials 
with  normal  angle  of  inoidence  of 
sound  (thiokness  ofjnaterial  40  mm). 

1  -  Asbooukhshnur  /asbestos  floss 
lacing/  (fluffy;;  2  -  Glass  felt} 

3  -  FS-y  material  (with  open  pores)} 

4  -  Mineral  felt. 


fig,  82.  Coefficients  of 
sound  absorption  of  caprone 
felt  VT-4S  as  a  function  of 
the  thiokness  6  of  layer. 

1  -  S  *  20  mm}  2  -  5  ■  30 
mm;  3  -  S  *  40  mm; 

4  -  §  =  60  mm. 


Figures  81  and  82  show  the  frequency  curves  of  the  coefficient 
of  absorption  obtained  by  the  tube  method  (2)  for  several  domestic 
material sJTrequently  used  in  sound-protection  structures.  Mineral  felt, 
caprone  /nylojj/  fiber  and  FS-7  material  (on  a  base  of  fiberglass)  have 
fairly  high  sound  absorption  values. 

With  an  increase  in  the  thickness  of  the  material,  sound  absorp¬ 
tion  begins  to  appear  at  lower  frequencies  (Figure  82).  This  is 
explained  by  the  fact  that  for  sound  absorption,  the  length  of  path 
relative  to  the  wave  length,  and  not  the  absolute  length  of  the  path  of 
sound  in  the  material  is  of  Importance.  With  an  increase  in  the 
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thiokness  /  of  the  sound  absorber,  the  frequency  at  which  the  ratio  ~ 
is  maintained  is  decreased, 

For  each  material  there  is  a  certain  limiting  thickness  /j*. 
the  exceeding  of  which  is  disadvantageous  because  it  does  not  leaato  & 
noticeable  increase  in  absorption,  This  limiting  thickness  depends 
upon  the  degree  of  hlov.th rough  resistance  of  the  material.  The  blow- 
through  resistance  is  determined  with  a  special  apparatus,  in  which  a 
constant  current  of  air  is  blown  through  a  slab  of  the  material  tested 
(21,  98)*  The  limiting  thickness  of  sound  absorbing  layers  of  a  series 
of  materials  computed  on  the  basis  of  their  blow-through  resistances 
are  presented  in  Table  12  (42).  As  may  be  expect-d,  the  greatest 
value  is  exhibited  by  the  porous  fibrous  materials  such  as  cotton 
wadding  and  felt.  Therefore,  with  sufficient  thickness,  absorbers  may 
be  made  with  these  materials  which  are  not  only  very  effective,  but 
which  also  have  a  very  broad  range  of  frequencies  of  absorption. 

Table  12 


Upper  Limits  of  Useful  Thickness  of  Several  Sound 
.Absorbing  Materials 


Material 

'lim*  * 

Paw  cot. 'Lon.  waddl  ** 

40-80 

18 

12 

9 

Loom  wool,  .i*»*e*e*e**ea»*a*eaeeeeaee*oeo*»* 

Da ns  11  wool  fibtf 

MlnAPAl  W Addin .eeaaAaaceeaeaaaeeeeseeeaemeeeeaee 

Tai+.  nUb  . . . . . 

7.5 

1.8 

0.6 

PaO  omdboftrd.  a*eaa*aa*««eee«eee»«ee«*aea»eaaa*a 

Porous  plaster  . . . . 

The  frequency  ourves  of  sound  absorption  (Figures  81  and  82)  re¬ 
late  to  the  case  in  whioh  the  absorbing  material  is  applied  to  the  sur¬ 
face  of  a  solid  partition  (Figure  83-a).  If  the  sound  absorber  is 
seoured  with  a  spaoe  between  it  and  the  partition,  or  as  is  sometimes 
said,  nat  an  offset"  (Figure  83-b),  increased  sound  absorption  may 
occur  at  lower  frequenoies*  This  is  due  to  a  rather  large  ratio 


l 

X 


in  oomparison  to  the  oase  of  applying  the  material  directly  to  the 


partition.  In  addition,  due  to  the  air  spaoe  between  the  absorber  and 
the  partition,  the  phenomenon  of  resonanoe  also  begins  to  take  a  role. 
Reduction  of  the  frequency  of  the  lover  limit  of  effective  absorption 
enables  a  very  efficient  sound  protection,  with  relatively  low  weight 
of  sound  absorber,  in  the  range  of  frequenoies  most  sensitivs  to  the 
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aenae  of  hearing  (in  Fig'jra  83  this  range  is  indicated  by  dotted 
lines) « 


Figure  83*  Methods  of  application  of  sound  absorbing  material, 
and  their  corresponding  frequency  absorption 
characteristics. 

The  phenomenon  of  resonance  has  still  greater  significance  in  the 
design  shown  by  Figure  63«c,  in  which  the  sound  absorber  is  covered  with 
a  perforated  sheet  of  solid  material.  Here  the  field  of  absorption 
undergoes  further  displacmnent  in  the  low  frequency  range.  Very  great 
absorption  in  the  low  frequency  range  may  be  obtained  with  the  aid  of 
special  resonator-absorbers;  an  outline  diagram  of  one  of  these  is 
shown  in  Figure  83-d.  Designs  in  which  the  principle  of  resonant 
sound  absorption  is  utilized  are  discussed  in  Paragraph  30. 

The  type  of  design  of  sound  absorber  seleoted  depends  upon  the 
type  of  acoustio  task  to  be  resolved  and  the  spectrum  of  the  noise 
which  is  to  be  absorbed.  Thus  in  the  absorption  of  high  frequency 
noises  (which,  as  mentioned  in  the  foregoing,  have  a  very  irritating 
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effect),  an  absorber  of  very  simple  type  may  be  applied,  such  as  a 
layer  of  absorbing  material  applied  directly  to  the  nail  of  a  parti¬ 
tion  or  absorbing  structure  (absorber,  sound  Isolating  oowling,  etc.). 
At  the  same  time,  depressions,  grooves  and  slits  may  be  made  in  porous 
sound  absorbing  materials,  such  is  in  acoustic  plasters,  or  fibrous 
absorbers,  in  order  to  Improve  the  sound  absorption. 


To  increase  the  intelligibility  of  speech  under  noisy  conditions, 
and  also  for  absorbing  low  frequency  noise  it  is  advantageous  to 
select  one  of  the  absorber  designs  shown  in  Figure  83,  b-d. 


28. 


Reverberation  in  a  Room.  Absorption  of 


When  the  source  of  sound  in  a  room  suddenly  oeases  action,  the 
sound  does  not  disappear  immediately,  but  gradually.  If  this  after- 
noise  is  of  long  duration,  it  is  said  that  the  reverberation  of  the 
room  is  high.  Conversely,  rapid  extinction  of  the  sound  corresponds 
to  a  low  reverberation  of  the  room. 


The  criterion  of  the  magnitude  of  reverberation  is  the  time  of 
reverberation,  i.e.  the  length  of  time  during  which  residual  sound  is 
reduced  by  a  certain  amount.  This  amount  Is  taken  as  60  db,  which 
corresponds  approximately  to  the  sound  level  of  speeoh  above  the 
standard  zero  threshold. 


Evaluation  of  the  magnitude  of  the  time  of  reverberation  is  of 
interest  primarily  from  two  points  of  view.  Firstly,  it  enables  pre¬ 
cise  determination  of  the  demands  relative  to  large  rooms,  from  the 
point  of  view  of  ensuring  adequate  intelligibility  of  speech  in  them, 
or  if  necessary  (in  music  halls)  ensuring  the  quality  of  musioal 
sound.  Seoondly,  and  this  is  more  important  for  ship  designers,  the 
magnitude  of  the  reverberation  time  enables  determination  of  the 
degree  of  absorption  of  sound  in  rooms  and  evaluation  of  the  sound 
absorbing  materials  and  struotures  under  the  oonditions  of  a  realistic 
(diffuse)  sound  field. 


We  feel  intuitively  that  the  less  the  absorption  of  sound  in  a 
room  the  greater  ie  the  reverberation  time,  and  oonversely,  tha 
greater  the  absorption,  the  shorter  is  the  time.  This  oonolusion 
comes  to  mind  involuntarily  then  we  remember  the  hollowness  of  sound 
in  large  rooms  with  oonerete  or  metallio  walls,  and  how  quickly  sound 
dies  out  in  rooms  with  an  abund&noe  of  carpets  and  curtains.  The  re¬ 
sults  of  theoreti&J.  and  experimental  investigations  substantiate  this 
original  hypothesis,  and  indicate  that  the  reverberation  time  t^y 
1»  connected  with  a  quantity  A,  characterizing  the  absorption  or 
sound  in  a  room,  in  the  following  manners 
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(13.6) 


“rev 


as 


JU1&L 

A 


t 


vihere  V  is  the  volume  of  the  room  in  and  the  quantity  A  is 
equal  to : 

+  Vt  4*  Vi  ■)“•••  (117) 

Here  «j,  *2,  .  .  *»  «<  are  the  coefficients  of  absorption  of  individual 

portions  of  partitions  of  the  room  or  structures 
within  the  room: 

Sj,  Si,  .  .  Sj  are  the  areas  of  these  portions  in  m2. 

The  unit  of  absorption  of  noise  conventionally  is  taken  as  t  m2 
of  open  window,  which  may  be  considered  as  completely  absorbing  the 
noise  generated  in  the  room*  This  unit  of  absorption  is  oalled  the 
Sabin  in  the  foreign  literature.  In  countries  in  whioh  the  unit  of 
measurement  of  area  is  the  square  foot,  the  Sabin  is  a  correspondingly 
smaller  unit*  In  converting  absorption  expressed  in  British  or  U3 
Sabins  into  metrio  Sabins  the  corresponding  figures  must  be  decreased 
by  the  factor  10*75* 


Still  another  value,  the  average  coefficient  of  absorption  of 
sound  in  a  roam,  is  used  in  aooustio  computations  involving  roams: 


•av 


JL 

9 


s 


(118) 


where  A  is  the  total  sound  absorption  of  the  roomj 

S  is  the  total  area  of  all  internal  surfaoes  of  the  room. 

Formula  (116)  holds  for  values  of  aAV  <  0,25.  At  greater 
values  of  the  average  coefficient  of  absorption,  better  results  are 
obtained  with  the  formula! 


*Tev  * 


0.16V 


019) 


A  corrective  member  is  introduced  in  the  expression  ty#v  for 
rooms  with  very  large  volvne,  for  taking  into  aooount  air  absorption. 
In  view  of  the  laok  of  such  large  rooms  on  shipboard  this  corrective 
member  is  not  included  in  the  expression  tj^y. 


Reverberation  time  may  be  determined  experimentally  with  the  aid 
of  the  apparatus  utilizing  a  logarithmic  level  reoorder  (Figure  84). 
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Figure  84*  Very  simple  apparatus  for  automatio  recording  of  reverbera¬ 
tion  curves. 

1  -  Sound  generator;  2  -  Inter ryp tor  on  the  abaft  of  the 
motor  of  the  self -recorder ;  3  -  Loudspeakers:  4  -  Micro¬ 
phone  ;  5  -  Amplifier;  6  -  Logarithmic  pen  recorder;  7  - 
Flexible  shaft  connecting  the  recorder  a >tor  with  the  fre¬ 
quency  dial  of  the  sound  generator. 


The  motor  of  the  reoorder  is  joined  to  the  frequency  dial  of  the  sound 
generator  by  a  flexible  shaft.  The  rotation  of  the  dial  is  synchronised 
in  this  manner  with  the  movement  of  the  paper  of  the  self- recorder. 

The  output  of  the  generator  through  the  interruptor,  also  mounted  on 
the  cable  of  the  reoorder.  ie  connected  with  the  loudspeakers.  Thus 
with  the  rotation  of  the  recorder  motor,  the  loudspeakers  are  peri¬ 
odically  disengaged  from  the  sound  generator.  With  the  aid  of  the 
corresponding  microphone  circuit  the  reverberating  sound  is  reoeived 
and.  converted  into  an  aleotrio  voltage,  ie  fed  into  the  input  of  the 
recorder. 


The  curves  of  xwerberatlon  at  various  frequencies  have  the  font 
shown  in  Figure  85.  Knowing  the  speed  of  motion  of  the  pen  recorder 
tape  and  the  value  of  the  divisions  (db)  on  the  tape,  the  value  of  t^ 
may  be  computed  directly.  Sven  simpler  to  use  is  a  speoial  transparent 
protraotor  (119)  on  which  the  values  of  tp^  for  various  speeds  of  the 
tape  and  various  potentiometers  of  the  reoorder  are  indicated.  In 
using  this  protraotor  one  of  the  base  lines  of  the  protractor  is 
aligned  with  the  reverberation  curve  (on  a  logarithmic  seals  it  usually 
is  a  straight  line)  corresponding  to  the  conditions  of  measurement. 
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The  value  of  the  reverberation  tir.~  i3  read  off  a  horizontal  line  of 
the  scale  intersecting  the  conter  of  tic  protractor.  Thus  in  Figure 
85  the  reverberation  tine  is  determined,  under  conditions  of  the  use  of 
a  50  db  potentiometer  in  the  reoorder.  and  a  tape  advancement  speed  of 
10  am/sec  (indicated  on  the  protractor).  The  reverberation  tine  In  the 
given  example  is  5  seconds,  which  la  characteristic)  of  rooms  with  low 
sound  absorption.  More  oanplex  systems  nay  be  suggested,  also  uti¬ 
lizing  a  level  recorder,  with  the  aid  of  which  the  frequency  function 
of  the  reverberation  tine  of  a  room  may  be  obtained  automatically. 


Figure  85.  Examples  of  recordings  of  reverberation  curves  and  method 
of  measuring  therefrom  the  reverberation  time,  with  the 
aid  of  a  protractor. 

(a)  75  db  30  mr  /seo;  (b)  50  db  10  ra/sees  (c)  50  db  30 
mm/seo;  (d)  75  db  10  mm/ sec. 

What  is  the  desirable  levej  of  reverberation  time  in  rooms  in 
which  speech  or  music  are  heard?  From  the  point  of  view  of  intelligi¬ 
bility  of  speech  the  optimum  reverberation  time  may  be  taken  as  0.5 
sec  for  small  rooms,  and  0.8  to  1  sac  for  large  rooms.  High  quality 
perception  of  muslo  requires  approximately  a  two-fold  greater  rever¬ 
beration  time.  These  data  relate  to  a  frequency  of  500  to  1,000 
cycles.  At  lower  and  higher  frequencies  the  optimua  reverberation 
time  increases. 

Let  us  turn  now  to  another  very  important  application  of  the 
reverberation  method  —  in  determining  the  coefficients  of  sound 
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absorption  of  materials  and  structures  in  a  diffuse  (dispersed)  sound 
field.  The  preceding  paragraph  introduced  data  on  the  sound-absorbing 
properties  of  materials  with  normal  angle  of  incidence  of  sound.  The 
coefficients  of  absorption  of  noise  by  the  same  materials  in  a  diffuse 
field,  i.e.  under  realistio  conditions,  most  often  are  greater  than 
under  normal  angle  of  inoidenoe. 

In  measurmsant  of  the  coefficients  of  noise  absorption  in  a  dif¬ 
fuse  sound  field,  a  reverbara-yftn  is  used,  i,e.  a  room  with 

large  reverberation  time.  When  e  noise  absorber  is  introduced  into  a 
room  of  this  type  the  reverberation  time  Is  reduoed  correspondingly. 

A  simple  mathematical  derivation  enables  the  following  expression  to 
be  obtained  for  the  value  of  the  coefficient  of  absorption  of  the 
tested  material: 


ML 


(±-i) 


(120) 


Here  a*  is  the  average  coefficient  of  absorption  of  the  internal  sur¬ 
faces  of  the  chamber; 

V  and  tg  are  its  volume  in  m3,  and  the  time  of  reverberation,  in 
seconds; 

Sj,j  is  the  area  of  the  sound  absorbing  material  placed  in  the 
chamber,  in  a*; 

WM  is  the  reverberation  time  in  the  ohamber  after  the  test 
material  is  plaoed  in  it,  in  seconds.  -  ( 

For  the  purpose  of  increasing  the  precision  of  measurements  in 
the  reverberation  chamber,  a  series  of  corrections  are  taken  into  ac¬ 
count  for  the  finitenesa  of  the  dimensions  of  the  sample  of  the  noise 
absorber,  its  positioning,  character  of  the  field  in  the  chamber,  eto* 

Table  13  contains  the  coefficients  of  noise  absorption  in  a  dif¬ 
fuse  field  of  materials  and  structural  elements  obtained  by  various 
authors  (42,  56,  108).  Several  authors  relate  their  data  to  the  noise 
absorption  of  materials  at  frequencies  of  128,  236,  $1Z  cycles  eto. , 
and  others  to;  frequencies  of  100,  250,  500  oyoles,  ate.  The  data  for 
the  corresponding  frequencies  have  been  combined  in  the  Table,  because 
the  mall  difference  in  frequencies  doss  not  affect  the  magnitude  of 
absorption. 

Table  14  presents  data  on  the  noise  absorption  of  human  objects 
and  furniture.  It  gives  not  the  ooeffieients  of  absorption,  but  tha 
number  of  units  of  absorption  for  each  object.  The  data  of  Tables  13 
and  14  stay  be  utilised  for  computation  of  the  sound  level  in  rooms 
(of.  Chapter  8)  and  tha  reverberation  time  of  rooms. 
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Table  13 

Coefficient  of  Noiso  Absorption  of  Materials  and  Structural 
Elements  at  Various  .'requencies 


Structure  or 
Material 


Sound  Fr 


Windows,  Doors,  Openings 
Reference  structure  (open 
window)  . . . 


Closed  window . ...» .  0.36 

Door  openings  . . .  0.3 

Ventilation  openings  ••»••• . — 

Walls  and  Overheads 

Sheet  steel  . — 

Pine  boards,  5/k*  •••• . 0<t 

Concrete .  0.01 

Plywood,  3  a».  on  5  cn  beaas  .....  0.2 

Plywood,  8  non,  on  5  a®  beams  .....  0,26 

Plywood,  16  am,  on  4  cm  beams  ... 

Wood  fiber  panel,  2 5  . 

Floors 

Floor,  mastic  rubbed,  on  wooden 
beams  .............. ............. 


Parquette  on  asphalt  .... 
Linoleum,  5  ®t,  on  floor 
Metlakh  slabs 


Carpet,  felt  lined . . 

Coconut  mats  on  solid  floor.  ...... 

Rubber.  5  mm,  on  floor . . 

Cork,  $o  mm,  on  floor . .  o.CS 

Curtains  and  Drapes 

Heavy  curtain,  9  cm  from  wall  .... 
Cotton  curtain  (0.5  kg/mz), 
directly  against  wall  . 

Velvet  cloth  (0.65  kg/m2), 
directly  against  wall .  o,05 


0,i6 

0,3 

0,3— 0,5 


0.01—0,05 

0.1 

0,02 

0.26 


0.19 

0.39 

0,95 

0,1 

0,07 

0.06 

0,07 

0,03 

0,015 

0.2 

0,37 

0,06 

0,06 

0.04 

0,02 

0.27 

0,27 

0, 17 

— 

0,3 

0,06 

0,06 

0.12 

0,19 

0,03 

0.21 

0.38 

0,63 

0.7 

0,13 

0,22 

0,32 

0,35 

0.45 

0,36 

Table  13  (continued) 


Table  14 


Sound  Absorbing  Properties  of  People  and  Furniture 


Object 

Number  of  units  of  absorption  per 
object  at  frequency,  cycles 

125 

wm 

a 

1000 

4000 

Audience  on  wooden  chairs  .... 

Bffl 

0.36 

0.47 

0,52 

m 

0,46 

Musicians  (with  instruments)*. 

m 

0.85 

1.15 

1.4 

1.3 

1.2 

Viennese  chair.. . 

|  l 

0.02 

0.02 

0.02 

0,02 

0.02 

Chair  with  plywood  seat  4  bad 

mmm 

0.01 

0.01 

0.02 

0,04 

0.05 

AmbhaiP  with  upholstery 
seat  and  back 

o.n 

0.18 

0.28 

0.35 

0.45 

0,42 

Example  27.  The  saloon  of  a  diesel  passenger  ship  has  the  dimen¬ 
sions  15  x  10  x  4  m,  and  is  used  for  both  speech  (leotures,  reports) 
and  as  a  concert  hall.  The  walls  and  overhead  have  been  recommended  to 
be  oovered  with  decorated  8«mm  plywood,  and  the  floor  is  to  be  parquette. 
There  are  50  chairs  in  the  saloon.  The  total  area  of  windows  and  ports 
is  3  n*2,  and  of  wooden  apertures  is  8  m2.  The  problem  is  to  evaluate 
the  quality  of  the  room  from  the  point  of  view  of  intelligibility  of 
speech  and  music.  What  roc. emendations  may  be  made  for  improving  the 
reverberation  properties  of  the  room? 

Solution.  We  oompute  the  total  sound  absorption  in  the  room 
and  the  time  of  reverberation  at  various  frequencies ,  utilising  the 
data  of  Tables  13  and  14.  The  resul  t  of  the  computation  are  shown  in 
the  following  table.  In  determining  the  reverberation  time,  at  the  end 
of  the  tr.ble  the  volume  of  the  saloon  is  taken  as  equal  to  600  m3. 


163  - 


Surfaces 

and 

Objects 

Area, 
®  * 

Number  of  Absorption  Units  at 
Frequency,  oyoles 

or 

No. 

135 

350 

500 

1000 

wm 

4000 

Walls  &  ceiling 

Windows........ 

Wooden  openings 

Audience. ...... 

| 

SBOx 

X0, 28-96 

2,5 

5 

aoox 

X0, 22-77 
« 

1 

2,5 

11 

560X 

X0.17-S0 

11 

04 

24 

14 

1 

360  X 
X0,0*.31 

a 

0,5 

3 

15*5 

350 X 
x0,l-36 

a 

~3 

15 

350 X 

X0.U-3& 

11 

* 

14 

HflEH 

87,5 

88 

59 

53 

67 

Reverberation 
time,  sec.  _ 
{formula  116) 

1 

1 

1.0 

1.1 

1.63 

1.55 

i 

1,4 

Bearing  in  mind  the  foregoing  relative  to  the  value  of  the  opti¬ 
mum  reverberation  time  we  find  that  a  roam  having  in  the  given  case  a 
medium  magnitude  of  volume  is  much  more  suitable  for  listening  to  music 
than  listening  to  speeches.  For  the  purpose  of  increasing  the  intel¬ 
ligibility  of  speeoh  the  reverberation  time  must  be  reduced,  i.e. 
absorption  at  medium  and  high  sound  frequencies  must  be  increased. 

This  may  be  attained,  for  example,  by  screening  part  of  the  wall  with 
curtains  or  special  drapes. 

For  the  purpose  of  reducing  the  curtain  area,  the  curtain 
selected  must  be  heavy,  with  a  large  coefficient  of  sound  absorption. 
Let  us  assume  the  total  area  of  a  curtain  is  80  m  .  The  problem  is  to 
oompute  the  sound  absorption,  similarly  to  the  above  computation.  The 
values  of  the  coefficients  of  absorption  of  the  curtain  may  be  taken 
from  the  data  of  Table  13. 


4 


Number  of 

Absorption  Units  at 

Surfaces  and 

Objects 

m  _  i 

250 

EE3I 

1000 

2000 

4000 

Walls  and  ceiling  (£70  ) . 

Curtains  (80  m*)... . 

am 

59.5 

46 

24 

27 

30 

Wm 

8 

30 

50 

56 

58 

Other  sound-absorbing  objects.. 

-  ...  . . 

EB 

20.5 

28 

28 

27 

28 

Total  eound  absorption . . 

95  ! 

104 

116 

Reverberation  time,  seconds.... 

l.o  ! 

HI 

EH 

0.83 
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Upon  approximate  crl  eolation  the  room  nay  be  considered  satis¬ 
factory  with  respect  to  tic  established  requires  or,  -  a.  In  the  case  of 
musical,  and  especially  orchestral  presentation  the  curtains  (drapes) 
may  be  withdraw:'  into  special  openings  or  false  columns.  This  in¬ 
creases  reverberation  at  medium  and  high  frequencies  to  a  certain 
extent,  and  improves  the  quality  of  sound. 

Another  structural  resolution  of  this  problem  may  be  to  cover 
the  walls  and  ceiling  with  special  sound-absorbing  materials  instead 
of  plywood.  This  reduces  the  reverberation  time  at  medium  sound  fre¬ 
quencies  and  increases  the  reverberation  time  somewhat  at  125  and  2>0 
cycles,  which  is  desirable  in  the  given  case. 

29.  dgaad  jflda ie. a.jfcsE  gi'fe  SmL&M&s&M 

Let  us  assume  that  a  sound  souroe,  radiating  sound  equally  in 
all  directions,  is  set  in  a  room  with  partially  absorbing  partitions. 
At  each  point  of  a  roan  of  this  kind  the  intensity  of  sound  field  J 
may  be  considered  as  consisting  of  the  intensity  of  the  straight 
(diverging)  sound  Js  and  the  intensity  Jr;  of  sound  dispersed  as  a 
result  of  repeated  reflection  from  the  partially  absorbing  borders 
of  the  room. 


J  *  J8.  -t-  Jd  .  (121) 

The  intensity  of  sound  in  watts/ an  ^  at  any  given  point  of  the 
field  of  a  diverging  spherical  wave  is  determined  by  the  expression 

(55)  * 

Je  »  JL  ,  (122) 

4  nr* 

where  W  is  the  acoustio  power  of  the  souroe,  also  expressed  in 
watts; 

r  is  the  distance  from  the  souroe  to  the  given  point,  in 
centimeters. 

The  intensity  of  the  dispersed  sound  may  be  represented  by  the 
expression  (56) * 

Jd  *  •  (123) 

Here  R  is  the  so-called  oonatant  of  the  room,  equal  to; 

a  *  »  (is*) 
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where  s  is  the  total  ares,  of  the  room  partitions  5 

«av  is  the  above-mentioned  average  coefficient  to  absorption 
of  sound  in  the  room,  equal  to: 

®av  *“  ""($1*1  "f“  “i'*  $8*s  H“  •  •  •  ~f“  V»)l  (125) 

S 

$*»  *s  •  .  .  s„  are  the  areas  of  individual  portions  of  the  borders 
of  the  room,  having  the  corresponding  coefficients  of  sound  absorption 

®lt  ®2»  «8  •  •  • 

The  total  intensity  of  sound  at  any  given  point  of  the  room  thus 
will  bet 

<>*> 

The  sound  level  (cf.  formula  65)  is  equal  to* 

* - 10  108  (■£»)  ~ **  +  10108 (isr  +  t)  db-  (127) 

In  this  expression  ^  is  the  so-oalled  power  level  of  the 

source: 

Pr~10  log -JLj  db.  (128) 

Under  practical  conditions  it  is  more  convenient  to  take  the 
distance  from  the  sound  source  to  the  receiver  in  meters  instead  of 
centimeters*  Formula  (127)  assumes  the  form: 

P-P*  +  10  lo?  -  40  db,  (129) 

there  ry  is  the  distance  in  m. 

The  difference  between  the  level  of  the  sound  intensity  and  the 
power  level  of  the  source  is  equal  to: 

P  -p,.  10  log  |-  -i-\  40  db.  (130) 
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Figure  86.  Difference  between  the  level  of  intensity  of  sound  in  a 
room  and  power  level  of  a  non-directiona'l  source,  as  a 
function  of  the  distance  from  the  source  (R  is  the  con¬ 
stant  of  the  roan). 

This  value  is  negative  because  the  expression  under  the  logarithm 
sign  is  less  than  unity.  It  is  plotted  in  figure  66  for  a  series  of 
values  rj4  and  R.  Hie  straight  line  or,  the  graph  corresponds  to 

R  —  :v ,  i.e.  *  av  =  1 ,  which  Is  the  sane  as  the  absenoe  of  any  barrier 
around  the  source.  In  this  oaae,  the  seoond  member  in  the  parentheses 
in, expressions  (126)  through  (130)  is  equal  to  sero,  i.e.  there  is  only 
a  diverging  spherical  sound  wave. 


-  16? 


The  curves  of  Figure  86  give  a  visual  pioture  of  the  character 
of  the  diminution  of  sound  levels  with  distance  in  rooms  of  various 
dimensions  or  with  various  sound  absorption.  It  is  apparent  that  at 
sufficient  distances  frost  the  source ,  the  diminution  in  the  sound 
level  oeases.  At  these  distances  the  level  is  determined  only  by 
sonic  vibrations  reflected  from  the  borders  of  the  room.  In  the  con¬ 
struction  of  the  curves  of  Figure  86  the  considerable  interference 
phenomena  which  occur  in  praotioe,  or  variations  of  sound  levels  as  a 
result  of  local  reflection  of  sound,  or  its  partial  screening,  were  not 
taken  into  aeoount.  The  ourves  also  do  not  hold  in  the  immediate 
vicinity  of  the  room  boundaries.  At  the  sites  of  greatest  curvature 
of  the  curves,  where  the  straight  field  is  equal  to  the  diffuse  field, 
computations  based  on  the  curve  are  only  approximate. 

Bxmpla  28.  A  machine  of  small  else  is  located  on  a  platform 
in  the  oenter  of  a  room  6  x  10  x  3*5  »* .  The  acoustic  power  radiated 
by  the  machine  in  the  oourse  of  its  operation,  is  equal  to  0.1  watt, 
and  the  average  coefficient  of  absorption  of  the  boundaries  of  the 
room  in  the  given  frequency  range  is  0.3.  The  problem  ie  to  deter¬ 
mine  the  aound  level  at  distances  of  1  and  4  metars  from  the  souroe. 

Solution.  The  total  area  of  the  boundaries  of  the  room  is: 

e  a» 2(10 *6  *4"  10  •  3,5  -f  6  •  3,5)*» 232  ai*. 

The  constant  of  the  room  is: 


D_  232 ♦  0.3 
H  1-0,3 


100  M*, 


The  power  level  of  the  souroe  is: 

B_«10log-~r~150db. 

rw  10-16 


We  find  the  difference  between  the  levels  of  intensity  and  power 
at  various  distances  is  found  according  to  the  graph  (Figure  86), 
whence  we  then  determine  the  sought-for  values  p. 

At  a  distance  of  1  *  from  the  souroe 

P  —  Pr  sa  —  49  db?  p«  150 -49- 101  db. 

At  a  distanoa  of  4  m  from  tha  souroe 

p  —  pr  »  —54  db;  ps»150  —  54»96  db. 
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Sxpaple  29.  Acoustical  testing  of  machinery  is  perforated  in  a 
chop  the  dimensions  of  which  are  40  x  2Q  x  5  m.  The  vails  of  the  shop 
are  stucoo  (coefficient  of  absorption  «*»  0.1).  The  problem  is  to 
determine  the  degree  of  difference  between  the  sound  level  measured  at 
a  distance  of  t  m  from  the  mechanism  and  the  level  whan  the  mechanim 
is  plaoed  in  the  open  air. 

Solution.  We  determine  the  oonstant  of  the  room: 


a  —2200  **;  -^55^1  »  250  M*. 

0,9 

From  Figure  86  it  is  apparent  that  at  a  distance  of  1  m  from 
the  sound  source  the  level  at  R  *  250  differs  from  the  level  at  R  —  Ar¬ 
ia,  no  greater  than  0.5  db*  therefore  the  noise  level  of  the  mechanism 
measured  in  the  shop  la  practically  equal  to  the  level  when  the 
machine  is  looated  in  the  open  air. 

The  appended  table  refers  to  a  small  non-direotional  sound  source 
looated  in  the  center  of  a  room.  When  the  source  ia  looated  near  the 
walls  or  corners  the  radiation  is  concentrated  in  definite  direct! -ns 
due  to  reflection  from- the  walls.  The  directionality  of  radiation  may 
be  characterised  by  the  coefficient .of  concentration  Q,  representing 
the  ratio  of  intensity  of  sound  along  the  axle  of  a  directed  radiator 
to  the  intensity  which  would  obtain  in  the  case  of  the  action  of  a 
non-direotional  sour as  of  the  sane  power. 

The  values  Q  for  various  looatlons  of  a  non-direotional  source 
of  sound  in  the  room  are  lnoluded  in  Table  15  (117) • 


Table  15 


Coefficient  of  Directionality  for  Small  Mon-Directional 
Source  of  Sound  Looated  at  Various  Places 
in  a  Rectangular  Room 


Location  of  sound  source 


Near  the  center  of  the  room . . . 

At  the  center  of  a  wall  . . «. . 

At  the  intersection  of  two  walla*  at  the  mid- 

holght  of  the  room  . . . . * . 

In  a  comer  of  the  roam  . . . . * 


Coefficient  of 
directionality  Q 


1 

2 

4 

8 
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The  expression  for  the  sound  level  will  here  the  following  forts: 

—r  +  40  *>•  U31) 

4^  K  I 

At  Q  *  t  (non-directional  redie tion)  the  formula  transforms  to 
formula  (129).  The  values  P  —  Pr  frost  expression  (131)  are  repre¬ 
sented  in  Figure  87*  Formula  (131)  and  the  graph  may  be  utilised  both 
for  determination  of  the  sound  -  field  of  a  non-direotlonal  source  located 
near  a  wall  of  the  room,  and  for  computation  of  the  field  of  directed 
loudspeakers  or  a  system  of  loudspeakers  in  rooms  with  partially  sound¬ 
absorbing  malls* 

Sample  30.  Under  the  conditions  of  the  room  described  in 
Example  28*  the  problem  is  to  determine  the  sound  level  at  distances 
of  1  and  4  motors  from  a  meehaniae  transferred  to  a  oorner  of  the  room. 

Solution.  The  coefficient  of  concentration  of  radiation  in  this 
oase  is  equal  to  Q  «*  8.  Because  ourves  for  R  ■  100  are  laoking  in  the 
graph  (Figure  87),  we  turn  to  formula  (131)* 

For  a  distance  of  1  meter  we  obtain i 

|  {1-150+  10  lo«  ,j~±-  +  -i-\  -  40. 108  db. 

At  a  distance  of  4  m  the  sound  level  ist 

jP-180  +  l01of|(-jj2_  +  -j5j)  — 40  *  99  db. 

The  levels  for  the  same  distances  from  the  source  have  increased 
with  respect  to  the  levels  of  Example  28  due  to  the  directionality  of 
radiation. 

'Yi.  The  noise  level  at  a  control  station  in  an  engine 
room  is  90  db.  The  aooustic  constant  of  the  room  is  R  *  50*  The  prob¬ 
lem  is  to  determine  the  aooustio  power  of  a  group  of  loudspeakers 
necessary  to  ensure  70  peroent  articulation  of  transmission  of  oommands 
at  a  distanee  of  5  meters  from  the  loudspeakers  in  the  direction  of 
their  axes.  The  ooeffioient  of  concentration  of  radiation  is  8. 

Solution.  From  Figure  21  we  find  that  at  a  noise  level  of  90  db 
the  speech  level  neoesaery  for  ensuring  ?0-percsnt  articulation  must  be 


+  10  log 


l?0 


iflgure  8?.  Same  as  Figure  86,  but  for  a  diraotad  so area,  with  ooef- 

fioiant  of  concentration  of  radiation  Q* 

1 

a)  /3  -  fly,  do  (ordinate);  distance  fro*  source,  maters 
(absoissa) * 


(kqual  to  107  db.  On  the  basis  of  formula  (131)  the  level  of  acoustic 
power  of  the  aouroe  (loudspeakers)  is  equal  tot 

IW -  10 1*  (^ +£)  +  ««  187  e. 
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The  acoustic  power  of  the  loudspeakers  (acoording  to  formula 
128)  let 


W**  10-l#.  -10'Cl3-0,5  watt. 

Knowing  tha  alactroaooustio  efficiency  of  tha  loudspeakers  used, 
wa  may  dataraina  tha  required  power  at  tha  terminals  of  tha  amplifier. 

30.  Rtaminfli  2wA  Alwmtttt 

At  tha  basis  of  resonance  sound  absorption,  which  has  bean  indi¬ 
cated  by  Rayleigh  (88) ,  lias  tha  oonoapt  of  the  utilisation  of  a 
resonant  system  with  high  damping.  Work  in  tha  fields  of  tha  theory 
and  technique  of  rasonanoe  sound  absorption  was  begun  in  the  USSR 
during  tha  decade  of  1930  by  3.  N.  Rahevkiri  (91),  who  justly  may  be 
considered  one  of  tha  pioneers  of  investigation  in  this  field.  Re¬ 
search  wss  conducted  on  rasonanoe  sound  absorption  by  V.  S.  Nesterov 
(80),  K.  A.  Vital  (29),  M.  S.  Antsyfarov  (13)  and  others.  0.  D. 
Malyushinets  developed  tha  theory  of  layer-resonant  systems  with 
freely  hung  s  or  sens,  and  produced  a  method  for  computation  of  tha 
characteristics  of  layered  systems  with  tha  aid  of  impedance  diagrams 
(73)  - 


Let  us  consider  tha  simplest  air  resonator,  i.e.  a  container 
with  rigid  walls  and  narrow  neck  (Figure  88-a).  Whan  sound  waves  of  a 
definite  frequenoy  fall  upon  this  resonator,  the  air  "stopper1*  in  the 


Figure  88.  Resonator  as  a  sound  absorbs.-. 


neek  of  tha  container  begins  intense  vibratory  motion.  The  speed  of 
vibration  of  the. portion  of  ?lr  in  the  neck  is  several-fold  greater 
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than  the  speed  of  vibration  in  the  free  sound  field  I.  At  this  tine  a 
corresponding  inarea sa  in  vibratory  pressure  p  ooourt  in  the  internal 
volute  of  the  resonator.  If  a  tube  ia  passed  into  the  internal  reoess 
of  the  resonator,  as  done  in  the  hearing  instrument  for  the  hard  of 
hearing,  the  sound  peroeived  aurally  will  appear  louder* 

The  ordinary  oonoept  of  a  resonator  as  a  sound  amplifier  is 
based  on  the  above,  although  actually  any  resonator,  including  that 
pictured  in  Figure  88-a,  nay  perfom  the  function  of  a  sound  absorber,, 
if  the  friction  losses  are  high  enouga.  If  a  layer  of  sound  absorbing 
material  is  added  in  the  neck  of  the  resonator,  l.e.  at  the  sit*  where 
the  speed  of  vibration  of  particles  lo  greatest  (figure  88-b),  the 
absorbing  properties  of  the  system  increase  greatly  at  resonance.  We 
obtain  a  speoial  resonance  sound  absorber,  utilised  in  construction 
practice*  For  a  single  resonator  (Bel-Jholts/  with  resonant  frequency 
f0,  the  maximum  absorption  is  equal  tot 

<132) 

where 


2«  l 


S__ 

*V 


i.4- 10* 


\ 


yW 

s 


(132a) 


Here  e  is  the  speed  of  sound  in  air,  in  cm/ see  (in  formula  132, 
m/  seo) t 

$  la  the  cross-sectional  area  of  the  neck  of  the  rz  onator, 

cm2. 

V  ie  the  volume  of  the  internal  reoess  of  the  resonator,  cm3; 
1K  ia  the  equivalent  valua  of  the  length  (depth)  of  the  neck, 
in  cm:  it  is  somewhat  greater  than  the  actual  length  of  the 
neck  (/).  For  example,  for  a  neok  with  round  cross-section, 
with  radius  rt 


/*-/  +  l,57r. 

'tt.  the  problem  ia  to  determine  the  resonant  frequency 
and  A,av  of  a  single  resonator  (Figure  88)  having  a  neck  radius  of 
0*3  cm,  nook  depth  0.8  cm,  and  dimensions  of  elastic  volume  10  x  10  x 
5  cm. 


i?7l?W?w-  The  equivalent  length  of  the  neok  1st 
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ft 


/*«0,8+  1,57.0,3*  1,27  cm; 
5,4  10* 


--  =  115  cyoles  j 


1  /  1 .2/‘ 10-10-5 
K  r.  (0,3)a 

4  1  340  \ 4  ,  4  2 

A,u,x~  2r,  ns)  “  ,4  <u  • 


Single  resonators  are  able  to  produce  considerable  sound  absorp¬ 
tion  only  within  a  narrow  range  of  frequencies  in  the  region  of 
resonance.  A  much  wider  ranee  of  frequency  of  absorption  may  be  ob¬ 
tained  through  application  of  resonanoe  absorbers  with  perforated 
panels.  S.  H«  Rzhevkin ,  V.  3.  Nesterov  and  otlr*  authors  developed  a 
series  of  practical  designs  of  absorbers  of  this  type  and  methods  for 
computation  of  their  characteristic?  (92).  Of  these  designs  the  small- 
size  resonance-panel  2P-4  absorber  may  be  considered  for  application  in 
ships.  It  consists  of  a  thin,  perforated  metallic  or  plastic  composi¬ 
tion  sheet  0.5  mm  thick  (perforation  pitch  17  ran.  diameter  of  perfora¬ 
tions  5  mm),  fastened  80  mm  from  the  wall.  A  cloth  with  fairly  large 
coefficient  of  friotion,  approximately  12  to  15  dynes  sec/cm,  is  glued 
to  the  underside  of  the  sheet.  The  values  of  the  coefficients  of  fric¬ 
tion  of  several  materials  are  shown  in  Table  16,  taken  from  the  afore¬ 
mentioned  work  of  6.  N.  Rzhevkin  and  V.  3.  Nesterov.  This  absorber 
provides  fairly  good  absorption  (a  >  0,5)  within  a  frequency  range  of 
40C  to  4,000  cycles. 


Table  16 


Coefficient  of  Friction  of  Fibrous  Materials 


Material 

Coefficient  of 
friction 

tog,,.,  ,sA9gfld 
centimeter 

0.4  -  0.5 

e*eee*eeeaeeeeeeeee#eeeeeeeeeeeteee*eeeeete*»ee# 

Thin  calico,  technical . . . . . 

1 

Thin  cheap  cotton  cloth  . . . . 

3 

Dense  metallic  screen  (grid  0.12  mm,  wire  thiokhess 

0,05  mm)  . . . . . . 

3 

calico  *..ftft»eea«eee*»4eeaeeeeeeee*eflee»ee«eeeaa 

5-6 

. .  ..  .a  .  . . a . 

40-80 

Various  glass  fiber  oloths . . . 

3  -  100 
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Table  17  presents  the  values  of  coefficients  of  absorption  of 
structures  with  perforated  screens,  based  on  the  data  of  the  Ifoscow 
Radio  Transmission  Directorate  (42).  The  absorption  of  these  designs 
depends  to  a  considerable  extent  upon  the  resonance  effect. 


Table  17 


Name  of  Structure  or 

Sound  frequency, 

cycles 

Material 

■HH 

j 

125 

250 

2000 

4000  j 

6000 

Perforated  panels; 

(Filler  -  asbestos 

1 

| 

wadding) 

4=3  jhjm:  d— 4  mm\ 

0— 40  j km;  /■-=  50  mm. 

0,27 

0,43 

0,36 

0,25 

0,15 

0,13 

0.11 

4—3  j njm;  d=4  mm\ 

0  =  40  MM;  /  —  i GO  MM 

0,47 

0,47 

0.36 

0,28 

0,25 

0,27 

0,28 

4—3  mm;  d= 6  mm; 

0— 25  mm;  1—50  mm 

0,20 

0,46 

0,58 

0,52 

0,42 

0,31 

0,31 

4—3  mm;  d» 6  mm; 

0— 25  mm;  /  — 100  mm 

0,52 

0,54 

0,54 

0,50 

0,41 

0,33 

0,33 

4—3  mm;  d— 7  mm; 
0-30  MM;  /  —  50  MM 

0,19 

0,36 

0,45 

0,43 

0,30 

0,24 

0,22 

4—3  mm;  d-7  mm; 
0—30  mm;  i  — 100  mm 

0,4S 

0,51 

0,55 

0,48 

0,34 

0,21  1 

0.17 

4—6  jmjm;  d»4  mm; 
0—40  mm;  /—50  mm 

0,32 

0,42 

0,31 

0,18 

0,13 

0,10 

— 

Wood  fiber  slabs  of  the 
Orgalit  type,  11  mm  thick, 
vol.  wt.  200-250  kg/m^t 

mounted  direotly  on  wall... 
5  cm  from  wall *.***»*«.*..» 

889 

ooc 

0,15 
0,30 
0  10 

0.28 
0,34 
0  10 

ass 

ooc 

0,33 

0,41 

0  12 

0,31 

0,42 

0.11 

0,35 

0,47 

0,06 

| 

10-ran  plywood  panels 

10  cm  from  wall 

Same .  olvwQod ........... 

V  I  w 

A  qo 

V,  157 

fi  Ws 

V|  Iw 

A  IQ 

v  t 

a  iq 

V|  1* 

0,11 

a  in 

0,08 

Vi  9* 

u,00 

U,  19 

U»  1  o 

w,  iU 

Notes:  S  -  thickness  of  plywood;  d  -  diameter  of  perforations;  D  - 
distance  between  perforation  centers;  1  -  thickness  of  filler 
layer. 


During  recent  years  a  resonance  absorber  of  the  slit  type  has 
acquired  extensive  application.  It  is  distinguished  from  the  rielmholz 
resonator  by  the  presenoe  of  a  long  slit  at  the  opening,  the  length  of 
which  corresponds  to  the  length  of  the  internal  air  cavity.  The  expres¬ 
sion  for  the  frequenoy  of  maximum  absorption  of  the  slit  resonator  has 
the  form  (42) t 


-  175 


ft 


W$s 


/< 


05 


C 

2lt 


Kt- 


5,4. 20» 


V^W( 


1  *12  +  In 


«bft 


os 


) 


where  b 
1 

Sp 


is  the  width  of  the  slit,  cm; 
is  its  depth,  cm; 

is  the  cross-sectional  area  of  the  air  oavity  perpendicular 
to  the  length  of  the  slit,  cm2. 


The  first  factor  is  the  resonanoe  frequency,  computed  as  though 
the  slit  resonator  were  a  Helmholz  resonator.  This  may  be  readily  seen 
by  multiplying  the  numerator  and  denominator  of  the  radicand  by  the 
length  of  the  slit  (which  is  the  length  of  the  plates)  and  ocmparing 
the  expression  thus  obtained  with  formula  (132a).  the  second  (a  cor¬ 
rection)  factor  includes  the  sought-for  quantity  fps.  and  because  of 
this,  computation  of  the  actual  value  of  foS  must  be  performed  by  the 
method  of  successive  approximations. 


11*  The  problem  is  to  determine  the  average  frequency 
of  the  range  of  effective  absorption  of  a  slit  resonator  having  the 
following  dimensions;  slit  width  b  =  0.3  cm,  slit  depth  /  *  2  am; 
dimensions  of  the  cross-section  of  the  air  oavity  corresponding  to 
each  slit,  3  x  4  cm. 


Solution.  Determining  the  value  of  the  first  factor  in  the  fre¬ 
quency  expression,  we  have; 


< 


5,4  -10» 


ob 600  cycles. 


Computing  the  value  of  the  frequency  of  a  slit  resonator,  taking 
the  second  (correction)  factor  into  aooount,  we  have,  for  the  first 
approximations 


600 
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r. 
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(l,12  +  2,31g 


34000  \ 

*•0,3.600  ) 


*490  cycles. 
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The  value  of  the  .frequency  in  the  seoond  approximation  is  com¬ 
puted  in  similar  manner: 


600 


lA+±.M/|,i2  + 2,31k 
V  «  2  \  n-0,3*490/ 


as  485  cyo3.es . 


If  necessary  further  approximations  may  be  computed,  although 
comparison  of  the  seoond  approximation  with  the  first  shows  that  no 
marked  change  in  frequency  may  be  anticipated. 

Therefore  the  average  frequency  of  the  working  aoae  of  the  given 
slit  absorber  is  approximately  500  oycles. 

Figure  89  through  92  show  several  sound  absorbing  designs  of  the 
rsaonanoe  type.  Figure  89  shows  slit  resonators,  A  slit  resonator 
(Figure  89-a)  for  ooncert  halls  consists  of  a  sexl.es  of  profiled 
lathes,  behind  which  is  a  sound  absorber  P  (42).  The  form  of  the 
canals  between  the  lathes  is  3uch  that  the  absorber  cannot  be  seen 
and  a  decorative  effect  is  produoed. 


Figure  89,  SLit  resonators  (P  -  absorber). 

In  the  design  shown  in  Figure  89 -b  the  absorber  is  located  only 
in  the  neoks  of  the  resonators,  i.e,  in  plaoes  where  the  speed  of  vibra¬ 
tion  of  air  particles  is  greatest. 

The  "Doveton"  absorber  produced  by  German  firms  (Figure  89-c)  i3 
made  of  wood  waste  and  has  internal  cylindrical  cavities  which  are 
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connected  with  the  external  aurfaoe  by  Blit a.  Tae  thickness  of  the 
absorber _plate  is  25  to  35  nun,  and  its  volume  weight  is  approximately 
400  kg/mJ*  The  coefficient  of  sound  absorption  in  a  diffuse  field 
ranges  frost  0.2  at  a  frequency  of  100  cyoles  to  0.5  at  800  oyoles,  and 
up  to  1  at  frequencies  above  3,000  cycles.  Apparently  the  acoustic 
property  of  "Deveton"  may  be  improved  somewhat  by  gluing  a  porous  ab¬ 
sorber  to  its  surface.  This  prevents  reflection  from  the  solid 
external  surfaces  of  the  plates  and  increases  the  ooeffident  of  loss 
of  the  slit  resonators  (Figure  69-d),  although  the  external  appearance 
of  the  absorber  is  worsened.  Increasing  the  depth  cf  the  slits  of  the 
absorber  lowers  its  frequenoy  and  improves  sound  absorption  somewhat 
at  low  frequencies. 

The  double  resonanoe  sound  absorber  developed  by  C.  Oil ford  and 
N*  Druoe  (134)  is  of  great  Interest*  The  absorber  is  intended  for 
radio  studios,  although  it  may  be  applied  in  other  rooms  requiring 
high  absorption.  The  external  surface  of  the  absorber  ia  Impermeable 
to  sound  and  oonsists  of  a  thin  sheet  of  polyethylene  or  bitmenieed 
felt,  which  in  combination  with  a  layer  of  mineral  wool  behind  it  forms 
a  high  frequency  resonance  system  (Figure  90).  Behind  these  is  another 
resonance  system  with  perforated  screen,  having  a  much  lower  natural 
frequenoy.  A  double  resonanoe  absorber  of  this  type  ensures  a  coef¬ 
ficient  of  sound  absorption  greater  than  0.5  in  the  frequency  range 
500  to  5,000  oyoles.  The  absence  of  slits  or  openings  in  the  external 
layer  of  the  absorber  and  the  presence  of  an  elastic  film  give  the 
entire  structure  a  pleasing  external  appearance,  protects  the  absorber 
from  pollution  and  parasite  colonies,  and  enables  the  surface  to  be 
washed  periodioally. 


Fig.  90.  Double  resonanoe 
sound  absorber.  1  -  Poly¬ 
ethylene  film  i  2  -  Sound  absorb¬ 
ing  material ;  3  -  Perforated  metal 
screen;  4  -  Air  gap;  5  *  Partition. 


The  aforementioned  authors 
aluo  developed  a  highly  effective 
triple  resonanoe  sound  absorbing 
system,  although  in  view  of  its 
relatively  large  thtokness  (20  to 
30  cm)  it  may  hardly  be  utilised 
on  ships. 

Very  light,  cheap  and  rapidly 
installed  membrane  resonanoe  sound 
absorbers  of  polyethylene  (Figure 
91-a)  are  suitable  for  shipbuilding 
praotice.  The  range  of  frequencies 
of  absorption  is  determined  by  the 
dimensions  of  the  rectangular  oavi- 
ties  of  the  absorber.  The  absor¬ 
bers  are  fastened  to  the  partition 
in  a  manner  such  that  the  groups 
of  oavities  are  distributed  in 
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in  checkerboard  fashion  (Figure  91 -b).  the  high  coefficient  of  inter¬ 
nal  losses  in  the  material  of  the  absorber  excludes  the  possibility 
of  random  amplifications  of  sound,  which  sometimes  take  plaoe  with 
membrane  absorbers  made  of  plywood* 


Fig.  91*  Seotions  of  membrane 
absorber  made  of  polyethylene 
(a),  and  method  of  plaoing  the 
seotion  on  the  wall  (b)* 


Fig.  92,  Sound  absorber  of  the 
oassette-panel  type. 

1  -  Perforated  metal  cassettes; 

2  -  Sound  absorbing  material; 

3  •  Slits  between  cassettes;  4  - 
Air  cavities;  5  -  Connecting 
plates. 


Of  great  technical  ad¬ 
vantage,  especially  for  ship¬ 
board  use,  are  composite 
absorbers,  consisting  of  thin 
perforated  cassettes  of  plastic 
composition  or  metal,  filled 
with  fibrous  material.  The 
units  are  fastened  to  speoial 
strips  or  directly  to  the  wall 
(Figure  92-e)  with  the  aid  of 
simple  stamped  parts.  The 
length  of  this  type  of  oassette 
unit,  produoed  by  a  Danish  firm, 
attains  ?  meters.  It  appears 
that  a  supplemental  effeot  of 
slit  resonance  absorption  may  be 
aoquired  by  attaohing  the  cas¬ 
settes  away  from  the  wall  and 
separated  slightly  from  each 
other  (Figure  92**)* 

Resonance  absorption  (1) 
also  may  be  obtained  from  sound 
absorbers  suspended  in  space 
(cf.  Figure  116).  A  volume 
resonance  absorber  cf  this  type 
consists  of  a  box  with  perfo¬ 
rated  wells  and  several  internal 
partitions  (Figure  93-*) •  This 
forms  a  series  of  different 
volunea,  and  the  field  of  fre¬ 
quencies  of  absorption  is  in¬ 
creased.  For  the  purpose  of 
increasing  the  degree  of  absorp¬ 
tion,  the  perforated  walls  of 
the  box  are  covered  with  cloth. 
From  Figure  93-b  it  is  apparent 
how  the  introduction  of  the 
doth,  having  a  resistance  of 
21*5  dyne  sec/ cm,  influences  the 
coefficient  of  absorption  of  the 
resonator.  If  the  distance  be¬ 
tween  the  individual  absorbers 


179 


is  less  than  threw -fold  the  dimension  of  the  absorber,  their  absorption 
is  reduced  as  a  result. of  mutual  interaction. 


b>  Am* 


Figure  93«  Volumetric  multiple  resonance  sound  absorber  (a) 

and  frequency  characteristics  of  its  absorption  (b). 
1  -  Without  doth;  2  -  With  cloth. 


Although  resonanoe  sound  absorption  is  one  of  the  relatively 
little  developed  fields  of  structural  acoustic?,  and  the  application  of 
resonanoe  absorbers  in  specific  cases  involve  t.  more  or  less  complex 
research  work,  there  are  increasingly  definite  possibilities  for  uti¬ 
lisation  of  absorbers  of  this  type  on  ships,  in  compartments  such  as 
saloons,  radio  rooms  and  engine  rooms. 
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CHAPTER  8 

STRUCTURAL  ARRANGEMENTS  FDR  SOUND  I30LATI0N  AND 
SOUND  ABSORPTION 


31.  Penetration  of  Sound  Into  Compartments  Having  Different  Boundary 
Structures  • 

Let  us  determine  the  noise  level  in  a  oompartment  bounded  by  a 
aeries  of  boundary  struoturss  with  various  sound  isolation  values  ZI^ , 
Hz  •••  ZIn.  In .generel,  tha  noisa  levels  ip,,  pa  .  .  .  acting  on 
aaoh  boundary  also  ara  diffarant  (Figure  9*0  •  Within  tha  roosi  whioh  is 
to  ba  isolated  ara  a  sarias  of  sound  absorbars  with  ooaffiolants  of 
absorption  )«,,  a„  . ,  .  ,  distributad  ovar  tha  araas  ;S,,  su  ...  . 

Lat  us  aasuae  that  tha  noisa  level  in  tha  oonpartnant  baing  i  sola  tad  is 
detetmined  solaly  by  airboma  noisa  in  tha  adjaoant  oonpartnant s,  i.a. 
tha  level  of  sonio  vibration  transmitted  to  tha  walls  of  tha  oonpartnant 
fron  naohinary  is  relatively  low*  Lat  us  assuna  also*  that  tha  sound 
field  at  tha  boundarias  of  tha  noisy  roon  is  a  diffusa  field,  which  is 
true  at  a  fairly  largo  distance  fron  tha  sound  souroa. 

If  a  plana  wavs  (i*a.  a  diraot  wave  fron  tha  souroa)  wars  to  aot 
on  tha  boundary  of  tha  isolated  roon  fron  tha  side  of  ona  of  tha  noisy 
rooms,  tha  sound  isolation  would  ba  aqual  tot 


Zlj  -  10  log 

where  and  ara  tha  intensity  of  sound  inpinging  on,  and 

transaittad  through  the  partition,  respectively. 

As  is  known  fron  tha  foregoing  (of.  example  20),  the  sound 
pressure  is  doubled  whan  a  plana  wave  Impinges  on  a  partition  at  an 
angle  normal  to  its  surface  (tha  aooustio  resistance  of  tha  medium  is 
considerably  lass  than  tha  resistance  of  tha  partition).  If  the  sound 
field  noting  on  tha  partition  is  a  diffusa  field,  tha  pressure  is  not 
doubled  baoausa  all  direotione  of  tha  vector  of  UWov,  i.a,  energy  flow, 
ara  of  aqual  probability.  Therefore,  taking  tha  intensity  of  tha 
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Figure  94.  Determining  the  aotual  sound  isolation  of  a  oompartment. 

diffusa  flsld  in  the  noisy  room  into  aooount,  tha  sound  isola¬ 

tion  is  squal  tot 


j  .io-°.mi 

•'tr,  *  5 -  •  -  , 

Tha  sound  power  tranaaittad  into  tha  room  through  all  boundaries 
1st 

Wt,  ■  S.JrlO-0-1^  +  S2J2*10-°^Zl2  +  SjJj-IO-O-lZIj  +  ...  + 

♦  SaJa'NT0*121®  f 

where  ,  S2.  33  ...  Sq  ara  tha  araas  of  tha  boundarias. 

j  . 

Trm  formula  (126)  and  too  surras  of  Figure  66*  it  is  apparent 
that  at  a  sufficient  distance  from  tha  source*  whan  the  intensity  of 

sound  is  determined  solely  by  tha  dispersion  of  sound*  J  ■  ^  . 

In  tha  oanter  of  the  room  which  is  being  isolated  the  field  also 
is  diffusa,  and  thus  its  power  is  equal  to  W  «  ^  . 
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Under  the  usual  conditions  the  coefficient  of  absorption  of 
sound  rarely  exceeds  0.3  or  0.4  in  the  rocss.  In  these  oases  the 
oonstant  ft  of  the  room  (fomula  124)  nay.  without  great  error,  be 
taken  as  equal  toi 


R  *  ®ar®* 

or.  if  the  roan  contains  nany  sound  absorbers  with  ooeffioients  of 
absorption  o/  and  areas  at, 

At  large  values  of  aav,  precise  oonputation  of  R  according  to 
fomula  (124)  is  necessary. 

Equating  the  values  of  sound  energy  wtr  penetrating  into  the 
rocn  and  the  energy  W  disseminated  in  it.  and  dividing  both  parts  of 
the  equation  by  the  threshold  strength  of  sound  Jo»  we  obtains 

S,  ii  |0-wZI1  +  S, ^  1<T0*i2I2  +  1<T(m213+  . . .  + 

M  /• 

+s.i«-io-wa«— ^2V(. 

It  nay  be  noted  that! 


it  . 

A 

Taking  the  logarithm  of  both  parts  of  the  equations 


-hS,10W('*'“B)j-10lo*  j-+  10  loc  (2 Ml)- 


e 
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The  first  amber  of  the  right-hand  aids  of  the  aquation  is  no 
other  than  ths  noiso  level  insids  ths  root,  p,  Finally,  vs  obtain > 


p w  10 log  [51l0°,ltf*'“1)  +  5#lOo^*^2>  +  5,10P*1^‘ay+  ...  -f 

+  5.I0o,,<,*'2^)]  -10  lot  (2  Vl)  40.  (133) 

Froa  this  general  fonrala  vs  nay  obtain  formulas  corresponding 
to  particular  easts*  If  ths  noise  level  noting  on  all  the  various  vails 

is  the  ssaei 

P1«3p|M,p|«B  , . .  *sp0  , 

then  the  noise  level  in  the  isolated  room  is: 

p»p„  +  10  log  [S,10“#,t2Il4-Sa10'<>*lZI24.S,10~0iaI34. 

4*  •  •  •  +  S-HTW*,4  —  t0  log  (J  «,#,)  db.  (134) 

With  identical  levels  of  external  noise  it  is  advantageous  to 
utilise  the  oonespt  of  average  actual  sound  insulation  of  a  room 
ZIy.aTt  Whioh  is  equal  to  the  difference  in  noise  levels  outside  and 
inside  the  roost 

Zt,.„-P0-  fm-  10  1*, is,.  10-WZ11+  S,-  10“°'IZI2+ 

+  S,- I0-^IZI3+  . . .  +  S.-  10'0',a»j  +  10  lo*  (2  *A)  *>■  (135) 

The  following  particular  oase  is  one  in  which  the  sound  isola¬ 
tion  of  all  boundaries  is  identical:  ZIj  *  ZI2  *  ...  *  *  21. 

Free  fomula  (134)  ve  obtain: 

p«  p0  -  21  +  10  log  db.  (136) 

where  is  the  total  area  of  the  boundaries  upon  which  sound  sots 

from  ths  outside. 

Iho  actual  sound  isolation  of  the  roca  ist 
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(13?) 


ZIF  *21-10  log  (7”)  db* 


Her®,  as  in  the  formulas  presented  in  the  foregoing,  the  value 
of  the  sound  Isolation,  ZI,  for  different  types  of  partitions  is  taken 
from  Tables  8,  9  and  10. 

Let  us  assume  that  an  absorber  of  a  single  type,  characterized 
by  coefficient  of  absorption  a ,  is  located  in  the  isolated  room*  If 
the  area  related  to  this  absorber  is  equal  to  the  area  of  the  parti¬ 
tion  through  which  the  sound  passes,  the  sound  level  in  the  isolated 
room  will  bes 


p«*  30  -  ZI  -  10  log  at  db, 
and  the  actual  sound  isolation  1st 

ZIF  -  ZI  +  10  log  a  db. 


(138) 

(139) 


At  a  *  1,  Zip  *•  ZI,  i.e.  the  sound  isolation  effect  of  the  bar¬ 
rier  is  fully  realized.  As  a  -*■  0  formula  (138)  gives  the  value  P  *»  CM 
for  the  noise  level  in  the  isolated  room  (beoause  log  Q  =  —  CM).  How¬ 
ever,  even  in  this  idealized  case  the  level  will  not  inoreaee  without 
limit  because  backwards  radiation  of  r».'iaa  occurs  through  the  barrier. 
The  reverse  flow  of  sound  is  equivalent  to  the  presence  in  the  iso¬ 
lated  room  of  a  sound  absorber  with  coefficient  of  absorption  a', 
equal  to  the  ratio  of  the  intensity  of  sound  Jtr  penetrating  through 
the  barrier,  to  the  intensity  of  the  incident  sound  Jj,  i.e.  in  the 
given  oasei 


10  log  «' 


10  log 


The  above  expression  was  presented  at  the  beginning  of  the 
present  paragraph,  and  i9  none  other  than  the  sound  isolation .o$  the 
boundary.  Thus  we  obtains 

Zip  =  0,  (140) 

i.e.  without  the  sound  absorber  the  sound  isolating  boundary  does  not 
fulfill  its  role. 


Let  us  determine  the  value  of  a  change  in  the  noise  level  in  a 
sound-isolated  compartment  when  the  magnitude  of  sound  absorption  is 
changed  in  it.  With  an  average  coefficient  of  absorption  i, ,  the 
level  is  equal  to  (formula  138) s 
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-  ZI  -  10  log  «i,dbs 

the  same  bolds  true  for  a  coefficient  of  absorption  a,: 

—  ZI  —  10  log  ij  db. 

The  ohange  In  level  In  the  room  1st 

Ap«p,—  p,*  10  log  db,  (141) 

As  may  be  seen  from  formula  (139) ,  the  change  In  value  of  the 
average  actual  sound  Isolation  bf  the  compartment  can  be  expressed  in 
an  analogous  way. 


jfrifflfflf  'Vi‘  The  coefficient  of  absorption  of  steel  plates  is 
0.01  to  0.05  (Table  13) •  However,  under  aotuil  shipboard  conditions, 
as  a  result  of  painting,  the  absorption  of  sound  by  instruments  and 
equipment,  and  other  faotors,  the  average  coefficient  of  absorption  in 
a  compartment  with  steel  bulkheads  is  somewhat  greater,  and  may  be 
taken  as  0.1.  The  problem  is  to  determine  the  change  in  sound  level  in 
a  compartment  when  sound  absorbers  with  average  coefficient  of  absorp¬ 
tion  of  0.4  are  plaoed  on  the  bulkheads. 

Solution.  Let  the  average  coefficient  of  absorption  of  the  bulk¬ 
heads  equal  0.1.  The  change  in  sound  level  in  the  room  as  a  result  of 
the  aooustio  treatment  of  the  walls  will  bet 

Aj3  *  10  log  a  6  db. 

It  may  be  noted  that  a  value  of  6  -  7  db  is  close  to  the  maxi¬ 
mum  value  obtained  under  praotioal  conditions  as  a  result  of  the 
installation  of  sound  absorbers. 

In  computing  the  sound  levels  and  sound  isolation  values 
according  to  formulas  (133)  -  (135)  me  encounter  computation  of  terms 
of  the  fomt 


C,~Sr10 


o,i  (P|-ZX()> 


A -Sr  10' 


-0,1  ZI, 


Computation  of  these  terns  for  a  series  of  frequencies  oonsumes 
a  oonsiderabla  amount  of  time.  It  may  be  suggested  that  a  nomographic 
chart  be  used,  which  considerably  shortens  the  mathematical  process 
(Figure  95).  The  values  ^  —  ZI*  and  Zl±  are  plotted  on  the  right 
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Figure  95*  Homograph  for  determining  the  values  * 

and  a  '''^1,  included  in  tha  expression  for 

aotual  sound  isolation* 


hand  inclined  soala  of  the  nomograph  chart.  The  values  in  square 
meters  are  shown  along  the  top  of  the  ohart,  and  the  values  and  Dj, 
whloh  are  sought  may  ba  read  off  the  left  side  of  the  nomograph,  on 
the  horizontal  line  lying  at  the  Inter eeotion  of  the  lines  joining  the 
values  of  S*  and  ^  -  21,  or  21^.  The  nomograph  also  enablas  the  re¬ 
verse  computation  to  be  performed,  i.e*  given  the  values  of  the  summa¬ 
tions  2£C,.  and  ,  entering  at  the  left  of  the  ohart,  the  values  of 
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10  log  VC/  arui  «  to  log  included  in  the  f\<pressions  (133)  -  0-35) 

may  be  found*  For  this  purpose,  the  right-hand  portion  of  the  lower 
scale,  with  large  values  of  &  -  21*  and  negative  values  of  21.,  is 
used. 


Example . 35.  The  areas  of  the  walls  of  a  room  are  12,  hO  and  20 

m  ,  and  the  sound  isolation  values  of  these  walls  are  15,  30  and  20  db, 
respectively.  The  noise  level  outside  the  first  two  walls  is  110  db, 
and  the  level  of  noise  acting  on  the  third  wall  is  95  db.  The  problem 
is  to  determine  the  level  of  noise  penetrating  into  the  room  if  the 
total  sound  absorption  inside  the  room  is  100  units. 

.Solution.  According  to  the  computed  differences  %  -  ZIj,  we 
find  the  values  of  by  means  of  the  nomograph  (Figure  95) •  Follow¬ 
ing  computation  of  ^,C,  ,  by  means  of  the  same  nomograph  we  find 

10  log  »  after  which,  taking  into  account  corrections  for  sound 

absorption,  we  determine  the  sought-for  noise  level.  The  computation 
is  presented  In  the  following  table.  An  example  of  the  determination 
of  Cj_  for  Sj^  *  12  m2  is  indicated  by  dotted  lines  in  Figure  95. 
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Entering  with  this  value  of  £  at  the  left  soale,  we  plot  a 
horizontal  line  to  the  right-hand  noale  ( S  *  1 ) .  This  gives  the  value 

of  10  log  ,  in  the  given  oa3e  ^V510?  db.  Th?  noise  level  inside 
the  room  (formula  133)  then  1st 

p  m  10?  -  10  log  •  100  =  8?  db. 

Example  ^6*  Under  the  conditions  of  the  preceding  example,  the 
problem  is  to  determine  the  average  sound  Isolation  and  noise  level  of 
a  room  if  the  noise  level  acting  on  all  three  walls  of  the  room  are 
identical,  and  equal  to  110  db. 
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Solution.  Similarly  to  the  above ,  we  determine  the  value  by 
means  of  the  nomograph* 
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Di 
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8y  means  of  the  nomograph  we  find  that  -  10  log  as  2  db. 

The  average  actual  sound  isolation  of  the  room  (formula  (135)  then  1st 

ZIF»av  *  2  +  10  log  •  100  =  22  db. 

The  noise  level  within  the  room  isi 

£-110  —  22 -.88  db. 

In  oases  in  which  the  mxaber  of  walls  with  different  sound  iso¬ 
lation  does  not  exoeed  two.  the  computation  of  the  sound  isolation  of 
the  room  may  be  simplified.  Figure  9-  .  resents  a  graph  for  detemining 
the  average  values  of  sound  Isolation  of  two  walls,  characterized  by 
sound  isolation  values  Zl\  and  21%  (Zlj  >  ZI2).  The  difference  be¬ 
tween  the  values  ZI^  and  ZI2  are  shown  on  the  vertical  scale.  The 
parameter  for  the  curved  lines  is  the  percentage  of  area  occupied  by 
the  wall  having  the  lesser  sound  isolation.  The  average  sound  isola¬ 
tion  of  the  two  walls  is  found  by  adding  to  Zl-j  a  correction,  deter¬ 
mined  on  the  upper  horizontal  scale.  (The  correction  has  negative 
values). 

The  average  sound  isolation  value  obtained  characterizes  the 
maximum  value  of  sound  Isolation  (without  taking  the  aotual  absorption 
in  the  room  into  aooount).  To  obtain  the  true  or  actual  sound  isola¬ 
tion,  as  before  a  correction  is  made  for  sound  absorption.  With  the 
use  of  the  graph  loss  of  sound  isolation  due  to  doors,  windows  and 
openings  with  reduced  sound  isolation  also  may  be  determined. 

.  Example  37.  The  sound  isolation  of  the  walla,  floor  and  ceiling 
of  a  room  is  21^  ■  40  db,  the  sound  isolation  of  the  doors  and  windows 
is  ZI2  *  25  db,  and  the  doors  and  windows  ooeupy  AS  ■  20  psrosnt  of 
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firure  96.  Average  sound  isolation  of  two  walls  with  different  sound 
insulation  values. 


the  total  area  of  the  walls,  floor  ar.d  ceiling.  The  procO err,  is  to 
determine  the  average  sound  isolation  of  the  wail3  of  tie  room,  ry 
what  amount  is  the  average  souna  isolation  reduced  if  is  decreased 
to  15  ab'r 

solution.  The  difference  in  sound  isolation  values  and  Ll? 


ulj  -  al2  *  40  -  25  s  15  db. 

v/e  find  aeeorciinp;  w  Fi.  are  96  that  at  3$  *  20%  and  at  the 
river,  difference  in  sound  isolation  values,  line  correction  to  the 
value  ili  is  equal  to  -  9  db.  The  average  sound  isolation  is: 

ZIav  -  90  -  9  =  51  db. 

If  the  sound  isolation  of  the  doors  and  windows  were  not  to  ex- 
teed  15  db,  then: 


ZXf  -  ZI2  *  40  -  15  *  25  db, 

and  the  oarraotlon,  still  at  45  »  20£»  would  attain  -18  db,  i.e.  the 
isolation  of  the  room  would  not  excited* 

,  ZIav  »  40  -  18  »  22  db. 

Taking  into  aooount  incomplete  absorption  of  sound  in  the  roos, 
Z2ay  will  be  still  lower,  i.e.  it  will  approximate  the  sound  isolation 
of  the  doors  and  windows. 

&iraLl3fllatlag^nti^und  Absorbing  Structures  JLn  Ships 

Figure  9?  shows  various  designs  of  sound  isolating  walls  and 
bulkheads,  categorized  into  six  groups.  The  simplest  designs,  la  and 
lb  are  ordinary  single  steel  bulkheads,  deoks,  overheads  and  partitions 
of  ships.  Their  sound  isolation  ia  determined  by  the  weight  per  unit 
of  surface  area.  Bulkhead  stiffeners  (design  1  b),  introduced  for 
strength,  do  not  improve,  but  reduce  the  sound  isolation  of  such  bulk¬ 
heads  (figure  ?0).  The  application  of  heat  insulation  material  by 
gluing  to  the  bulkhead  increases  the  3ounct  isolation  of  the  latter  to 
a  very  limited  degree.  This  increase  attains  values  of  2  or  3  db  at 
medium  sound  frequencies,  and  4  or  5  db  at  high  frequencies;  this  re¬ 
sults  from  the  damping  action  of  the  heat-insulating  material,  and 
from  a  slight  increase  in  macs  of  the  bulkhead  due  to  the  addition  of 
this  material. 

In  the  case  of  the  designs  of  the  first  group,  the  deteriorating 
sound  isolation  effect  due  to  resonance  of  the  bulkhead  can  appear, 
consisting  of  resonance  of  coincidence  and  resonance  of  membrane- 
vibration  of  the  bulkhead  as  a  whole  and  of  its  individual  parts. 

The  sound  Isolation  of  the  second  group  is  greater  than  that  of 
the  first  group,  due  to  tha  additional  mass  of  the  second  partition, 
and  the  sou^d-lsolatlng  effect  of  the  air  space.  The  second  partition 
(aaahlvka  /Jacket/)  is  made  of  a  compact,  nooporous  material,  such  as 
wood,  plastic  composition  or  dural uairu  The  jacket  is  attached  to  the 
main  bulkhead  by  means  of  wooden  beams  or  studs,  or  which  is  much 
better,  by  means  of  elantlo  vibration-isolating  suspension  braokets 
made  of  sheet  steel  (design  2  c).  The  introduction  of  sound-absorbing 
matting  between  the  partitions  (design  2  b)  reduces  the  resonance  of 
the  air  apace,  and  to  a  lesser  degree  reduces  low-frequency  resonance 
of  the  bulkhead  as  a  thole,  as  a  system  composed  of  two  masses  con¬ 
nected  by  the  elasticity  of  the  air  space. 

Structures  of  the  third  group  also  have  great  sound  isolation 
properties.  In  these  structures  the  jacket  consists  of  a  layered 
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Figure  9?.  Sound  isolating  bulkheads  showing  structural  details. 


package,  oomposed  of  two  sheets  of  compact  material  (such  as  plywood) 
endlosing  a  heat  insulating  material  between  tham,  such  as  eksoanalt. 
asbestos-veraieulite,  eto.  Table  18.  developed  from  the  experimental 
data  of  £»  I.  Avferonk  and  N.  R.  Chetyrkin  (2).  indicates  the  degree 
to  which  very  simple  structures  of  the  second  and  third  group  increase 
the  sound  Isolation  of  single  metal  bulkheads  -  At  frequencies  above 
1,000  cycles  this  increase  is  9  or  10  do  or  more,  i.e.  the  loudness  of 
sound  in  an  isolated  room  is  reduoed  by  more  than  two -fold  in  compari¬ 
son  to  the  effeot  produced  by  a  single  steel  bulkhead. 

This,  however,  does  not  exhaust  the  advantages  of  structures 
with  air  gaps.  Only  suoh  bulkheads  can  isolate  the  vibrations  caused 
by  the  sonic  vibrations  of  metal  bulkheads.  Beoause  of  this,  double 
sound  isolating  structures  must  be  applied  in  oases  in  vhioh  the 
struoture-boma  noise  is  high,  suoh  as  in  small  ships  or  in  areas 
adjacent  to  the  engine  room,  bearing  in  mind  the  feet  that  the 


acoustic  effect  of  single  x  art Itiono  is  insignificant  in  these  cases* 
As  Mentioned  earlier  (Figure  75-1) ,  in  the  latter  oases  a  second  par¬ 
tition  (jacket)  with  especially  high  sound  lactation  is  desirable. 

Table  18 


The  Increase  of  Sound  Isolation  of  Bulkheads  with  Jackets 
Over  the  Sound  Isolation  of  Single  Bulkheads 


Design 

group 

(Fig. 

97) 

Air 

gap. 

Material  and 
i  Design  of 

Sound  isolation  increment,  db, 
at  frequency,  cycles 

mm 

i 
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9 
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3 

B 

8 

10 

3 

i 

90 

Plywood,  4  Mm, 
heat  insulating 
material,  20-30  mm, 
plywood,  4  m 

6 

8 

10 

12 

The  application  of  helical  springs  for  joining  the  elements  of  a 
double  partition  is  ideal  in  principle,  and  amongst  those  available  are 
the  single-turn  vibration  isolation  Mounts  type  AJEPO,  which  are  used  in 
shipbuilding.  When  a  large  air  gap  exists  between  the  partitions  it  is 
very  advantageous  to  install  a  layer  of  sound  absorber  between  them, 
because  a  wide  air  gap  causes  the  appearance  of  wave  resonances  at  very 
low  frequencies,  i.e.  covering  a  fairly  wide  range  of  frequencies. 

The  fourth  group  of  structures  shown  in  Figure  9?  is  distin¬ 
guished  from  the  foregoing  by  the  introduction  of  substances  which 
damp  the  vibration  of  the  aain  natal  bulkhead.  This  is  either  a 
vibration-damping  ooating  (of.  Para.  54)  or  a  second  natal  sheet  fas¬ 
tened  to  the  main  bulkhead  and  creating  a  high  eurfaoe  friction  (Fig. 
71).  The  damping  covering,  If  it  is  not  very  thiok,  nay  be  plaoed  on 
either  side  of  the  metal  wall  (design  4  b).  If  the  covering  is  thick, 
it  is  advantageous  to  place  it  on  the  outside  of  the  natal  wall  in 
double-wall  structures,  in  order  not  to  reduce  the  effective  width  of 
the  air  space.  In  aa  far  at  possible,  this  also  should  be  taken  into 
consideration  in  applying  heat  insulating  material  to  metallic  bulk¬ 
heads.  Use  of  the  fourth  group  of  designs  is  recommended  where  intense 
sonic  vibration  is  encountered. 
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In  the  fifth  group  of  designs  wts  have  included  single-wall  and 
double-wall  wooden  bulkheads,  which  also  are  used  in  ships*  and  the 
sixth  group  includes  damping  layered  bulkheads  of  the  "sandwioh"  type. 

Figure  96  shows  the  design  of  a  shipboard  sound-isolating 
"floating"  floor.  The  floor  consists  of  layers  of  felt  and  asphalt, 
separated  by  oiled  paper.  Above  these  layers,  on  a  thin  layer  of 
ekspanslt  or  cork,  tongue-and-groove  pine  boards  are  laid  on  floor 
studs.  According  to  German  shipbuilding  experience  this  type  of  floor 
completely  Isolates  footsteps  and  noise  arising  as  a  result  of  deck 
vibrations. 
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Figure  98.  Design  of  a  sound-absorbing  "floating"  floor. 

1  -  Coconut  fibor  felt  (40  ran) ;  2  -  Asphalt  (15  mm);  3  - 

Oil  papers  4  -  Pine  boards  (25  mm);  5  -  Metal  deck; 

6  —  Cork  (3  mm). 

Layered  floors  with  asbestos  o«ment  slabs,  and  floors  with 
springy  supports  also  have  satisfactory  characteristics  (cf.  Table  11). 
In  all  cases,  covering  the  floors  of  habited  rooms  of  ships  with  oar- 
pets  yields  good  results. 

The  structure  of  sound-isolated  shipboard  doors,  windows,  ports 
and  hatches  have  been  discussed  in  Paragraph  24.  A  favorable  condi¬ 
tion  from  the  point  of  view  of  acoustics  13  the  necessity  of  providing 
these  fittings  with  watertightness  due  to  shipboard  oonditions.  This 
also  provides  the  necessary  sound-isolating  properties  (Figure  99 -a) . 
Elastic  seals  at  the  points  at  which  bulkheads  are  secured  (Figure 
99,  b-d)  simultaneously  provide  a  tight  seal  and  prevent  the  trans¬ 
mission  of  sound  and  vibration. 

figures  100  and  101  present  examples  of  errors  frequently  made 

when  attempting  noise  reduction  treatments  on  ships.  In  Figure  100-a 

a  sound  absorbing  layer  is  covered  over  on  the  side  of  sound  lnoidenee 

by  a  solid  deooratlve  sheet,  with  the  result  that  the  effeot  of  the 
« 
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a) 

zasaasm. 


Figure  99. 


Details  of  sound-isolating  watertight  seal  of  doors  and 
hatches  (a),  and  method  of  sound-isolation  scouring  of 
single-*  and  double-bulkheads  (b,  o,  d). 

Joint  a i  1  -  Stop  of  door  or  hatch  oover;  2  -  Wedge  stop¬ 
per;  3  -  Rubber  seal.  Joints  b,  c,  and  d;  1  -  Bulkheads; 
2  -  Cork  or  rubber  sheet  seal;  3  -  Securing  clamps;  k  - 
Skirting* 


sound  absorbing  structure  is  reduced  to  zero.  Is  mentioned  repeatedly 
in  the  foregoing*  a  sound  absorber  may  be  oovered  only  with  perforated 
sheeting  of  solid  metal  or  a  metal  screen  (Figure  100-a*  at  right).  It 
is  pot-  ble,  as  is  sometimes  done,  in  fact,  to  displaoe  the  perforated 
sheet  z rom  the  surface  of  the  absorber  by  a  a&all  amount,  .so  that  the 
absorber  will  not  be  clogged  with  paint  when  the  sheeting  is  painted. 

In  the  design  shown  in  Figure  IcG-b,  the  sound  absorber  is  dis¬ 
placed  from  the  wall.  In  this  case  a  solid  ooatlng  need  not  be  applied 
under  the  sound-absorber  layer  beoause  this  would  eliminate  the  supple¬ 
mentary  effeot  of  the  air  gap  on  the  absorption  of  sound,  and  would  in¬ 
crease  the  frequenoy  at  which  Its  effective  absorption  begins. 
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Figure  100.  Examples  of  incorrect  (crossed  out)  end  oorrect  design  of 
sound  absorbing  and  sound  isolating  structures*.  , 

Figure  100-c  (left)  shows  a  gap  along  the  edge  of  the  sound  iso¬ 
lating  structure>  left  during  erection,  which  has  been  filled  with 
sound  absorbing  material,  on  the  assumption  that  this  will  be  sufficient 
to  prevent  loss  of  sound  isolation*  Irrespective  of  the  presence  of  a 
sound  absorbing  layer,  the  gap  should  be  eliminated  by  welding  up  the 
gap,  hammering  material  into  it,  or  at  the  very  least,  by  putting  it  up 
with  a  dense  mastic. 

Figure  100-d  shows  errors  in  the  execution  of  a  double-wall 
sound  isolating  bulkhead.  In  the  designs  shown  at  the  left  in  the 
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figure,  a  dense  sound  absorber  is  located  on  one  of  the  walls,  but  the 
walls  are  rigidly  secured  to  each  other.  The  sound  absorber  should  be 
loose  or  porous,  and  In  so  far  as  possible  should  be  looated  in  the 
center  of  the  air  gap,  where  the  speed  of  vibration  of  air  partioles, 
and  thus  sound  absorption,  are  the  greatest.  Studs  of  rubber  and  soft 
plastic,  or  elastic  supports  are  very  good  as  connective  elements*  If 
wooden  studs  are  used,  a  layer  of  absorber  should  be  placed  under  them. 

The  problem  of  the  oonneotion  of  Individual  plates  also  arises 
in  the  design  of  decks  and  flooring.  If  the  floor  is  not  provided  with 
special  sound -absorbing  characteristics  (figure  98)  end  is  a  simple 
double  floor  (Figure  100-e),  the  connective  elements  should  not  be 
made  of  the  same  material  as  the  main  flats  of  the  floor,  in  order  to 
ensure  disparity  of  impedanoe  of  the  materials,  and  thus  reduction  of 
sound  transmission.  Although  at  first  glance  it  may  appear  somewhat 
strange,  but  in  a  double  wooden  floor  the  transmission  of  sound  through 
the  steel  channel  bar  is  less  than  through  wooden  studs  (Figure  100-e, 
right) . 


Figure  101  shows  several  structural  errors  in  structural  arrange¬ 
ments  which  are  due  to  a  failure  to  take  into  account  the  transmission 
of  sonio  vibrations.  The  souroe  of  sound  in  a  compartment  adjacent  to 
a  machine  may  be  not  only  the  vibrations  of  the  foundation  of  the 
machine,  but  also  vibration  transmitted  through  plpea  and  propeller 
shafting  (Figure  101-a).  Flexible  sound  isolating  joints  (sleeves, 
olutohes)  must  be  installed  In  the  latter,  and  elastic  supports,  or  as 
mentioned  earlier,  double,  bulkheads  should  be  installed  for  Isolation 
of  the  neighboring  compartments  (Figure  101-a,  right) . 

The  high  degree  of  sound  Isolation  obtained  with  the  aid  of  a 
double-walled  structure  may  be  oonsiderably  lessened  by  metal  plates 
and  platforms  passing  through  the  wall  (Figure  101-b).  In  this  case 
the  sound  is  transmitted  to  the  neighboring  compartment  by  flexural 
vibrations  of  the  plates  (fourth  type  of  sound  transmission.  Figure  94). 
The  plates  must  terminate  at  the  boundary  of  one  wall  and,  when  neoes- 
sary,  must  be  "unconnected "  from  the  boundary  structures  through  the 
use  of  sound  isolating  washers  and  vibration  absorbers. 

The  metal  bench  shown  at  the  left  in  Figure  101  -e,  reduces  the 
acoustic  effect  of  a  double,  absorbing  floor  because  it  is  rigidly 
secured  to  the  vibrating  metal  deck,  and  radiates  sound  into  the  room. 
It  is  advantageous  to  fasten  the  bench  to  the  upper,  isolated  portion 
of  the  floor. 
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Figure  101.  Inoorreot  and  oorreot  design  of  noise  reducing  structures 
subjected  to  intense  sor.lo  vibration. 


33.  KrtganMOtgC  $A.&wA.lKU1Aea,tf  StinttMirw  In  agirtil 
iiagLii  ihB  aiM 

For  measuring  the  sound  isolation  of  specimens  of  sells ,  bulk¬ 
heads,  coverings  and  oeilings,  eoho  ohambers,  or  reverberation  ohanbers 
are  used,  i.e.  rooms  with  low  sound  absorption*  the  arrangseent  of 
ohaebers  of  this  type  is  shorn  in  Figure  102.  The  nails  of  the  ohaa- 
bars  usually  are  smooth,  made  of  oonorete,  and  have  low  coefficients 
of  absorption*  Due  to  this  2*ot  the  room  constant  R  ( formula  124)  is 
low,  and  the  field  in  the  ohanber  is  determined  by  dispersed  or 
scattered  sound  (formula  126).  For  the  purpose  of  further  increasing 
the  uniformity  of  the  field,  tlo  sound  souroes  are  plaoed  at  angles  to 
the  refleoting  surfaoes  of  the  room,  and  soatterers  are  employed*  The 
walls  of  the  chamber  in  whioh  the  sound  souroes  are  plaoed  (high  level 
dumber)  are  executed  in  a  double  design  to  avoid  trazumission  of  sonio 
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vibration .  The  aound  isolating  structure  lender  teat  should  have 
fairly  large  dimensions  (2  x  2  m,  and  larger)  for  the  purpose  of 
simulating  the  actoial  struoture. 


Figure  102.  Arrangement  of  reverberation  chambers  for  the  measurement 
of  the  sound  isolation  of  wall*  and  similar  structures. 

1  -  High-level  ohaaber  with  loudspeakers  2*3-  Low-level 
chambers;  4  -  Microphones;  5  -  Bulkhead  under  test;  6  - 
Decking  under  test;  7  -  Instrument  and  apparatus  room. 

The  value  of  the  aound  isolation  of  the  structure  at  various  fre¬ 
quencies  Is  determined  by  the  difference  in  sound  levels  in  the  high, 
and  the  low  level  chambers.  From  expression  (137)  it  may  be  found  that 
the  aetual  sound  isolation  of  the  struoture  is* 

ZI  *  zip  ♦  10  log  db,  (142) 

e  "a 

where  Zip  is  the  aotual,  or  measured  sound  isolation,  equal  to  the 
difference  in  sound  levels  in  rooms  1  and  3t 
3.  is  the  area  of  the  sound  isolating  struoture; 

4ft 
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2$  Is  the  total  sound  absorption  In  tha  iow-level  chamber. 
If  the  condition 


Sa  os, 

were  to  bo  realized,  the  actual  sound  isolation  would  be  equal  to  the 
measured  value*  However,  the  aooustio. properties  of  the  structure 
being  tested  also  affeot  the  average  ooeffioient  of  sound  absorption 
of  the  chamber,  and  beoause  of  this  and  other  reasons  the  above  oondi- 
tion  cannot  be  realized  for  different  tested  etruoturea,  and  all  fre¬ 
quencies  of  measurement*  Usually,  the  condition 

«  <  sa,  (143) 

actually  exists,  and  the  second  term  of  formula  (142)  is  a  relatively 
small  reverberation  correction,  which  must  be  added  to  the  measured 
value  of  sound  isolation  to  obtain  its  actual  value. 

At  large  values  of  sound  absorption  the  second  term  is  negative, 
which  contradicts  the  physical  nature  of  the  process  and  is  explainable 
by  the  simplifying  propositions  used  in  the  development  of  formula 
(142).  In  this  case,  according  to  London  (21),  measurements  may  be 
made  in  the  low-level  Chamber,  placing,  the  microphone  in  olose  prox¬ 
imity  to  the  surfaoe  of  the  sound  isolating  structure*  The  value  of 
sound  isolation  is  equal  tos 

21  -  Pi  —  +  A/>  dbj  (144) 

Pj  and  fi,  are  the  sound  levels  of  the  high-,  and  low-level  chambers 
respeotlvelyi 

A p  is  a  oorrection,  whioh  is  a  function  of  the  magnitude  of 

,  and  is  determined  for  various  frequencies  from  Fig*  103* 
aa 

This  method  may  be  applied  particularly  in  the  approximate 
determination  of  the  sound  isolation  of  structures  directly  in  buildings 
and  in  ships. 

It  may  be  noted  that  in  the  last-named  measurements  there  are 
at  least  two  oireumstanees  whioh  may  distort  the  result  to  greater  or 
leaser  degree.  The  first  is  the  presenoe  of  by-pass  routes  for  the 
sound,  suoh  as  deeks,  sides  of  the  hull,  and  overheads,  and  the  seoond 
is  the  relatively  mall  area  of  the  measured  structure  (such  as  a  door) , 
in'  oompariaon  to  the  remainder  of  area  with  known  sound  conduction 
(bulkheads  subdividing  the  room  in  whioh  the  souroe  and  receiver  of 
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.sound  are  placed)..  In  v;;,ew  of  these  circumstances  measurement  of  sound 
isolation  by  Irion's  method,  1*©,  placing  the  microphone  near  the 
tested  structure,  must  be  considered  as  especially  suitable  for  ships 
^vith  suitable  averaging  of  a  series  of  points  for  the  elimination  of 
any  possible  Interference  phenomena). 


Figure  103.  Reverberation  correc¬ 
tion  for  various  frequencies  when 
measuring  sound  isolation  in  com¬ 
partments  with  relatively  large 
values  of  sound  absorption  (re¬ 
ceiving  microphone  placed  near  the 
sound-isolating  structure) • 

1  -  Frequency  100-200  cycles;  2  - 
Frequency  200-2,000  cycles;  3  ~ 
Frequency  4,000  cycles* 


However,  since  by-pass  routes  influence  the  practical  sound  iso¬ 
lating  quality  of  structures  to  a  certain  extent,  measurement  of  the 
sound  isolation  of  those  structures  Mln  pure  form”  in  echo  chambers 
does  not  determine  completely  the  effect  of  the  structure  in  a  ship. 
Because  of  this,  in  addition  to  measuring  the  sound  insulation  of 
structures  in  a  reverberation  chamber,  it  is  advantageous  to  conduct 
an  evaluation  of  the  effect  of  the  same  structure  under  conditions 
approximating  reality,  i.e.  in  chambers  simulating  ships  *  compartments. 

Measurement  of  the  sound  isolation  of  full-siao  structures  in 
chambers  requires  considerable  expenditures  of  time  and  money.  In 
recent  years  X.  G.  Leyzor  (67)  in  the  Soviet  Union  developed  the 
theory  and  methodology  of  the  model  testing  of  sound  isolation  in 
small  structural  models.  Application  of  model  testing  to  investigation 
of  shipboard  bulkheads  encounter a  a  certain  amount  of  difficulty  because 
the  model  bulkheads  are  too  thin.  Additional  research  Is  necessary 
along  this  line. 

Diagrams  of  the  process  of  measurement  of  the  sound  isolation 
of  structures,  utilising  portable  apparatus,  are  shown  In  Figures  104- 
106.  Thi*  apparatus  in  very  sui  table  for  making  measurements  on  ship¬ 
board,  arid  also  may  be  used  in  stationary  situations.  The  system 
described  includes  a  logarithmic  level  recorder,  which  greatly  accel¬ 
erates  tire  process  of  measurement  and  provides  a  satisfactory  and 
•proofs*  documentation  of  the  readings. 


§ 


Figure  104.  Arrangement  for  the  measurement  of  sound  isolation  by  fre¬ 
quency  bands  v,ith  the  aid  of  a  logarithmic  Intensity  level 
recorder. 

1  -  The  structure  under  test;  2  -  Write  sound  generator; 

3  -  Loudspeakers ;  4  -  Microphones;  5  -  Preamplifier; 

6  -  Switch;  7  -  Filters;  8  -  Level  reoorder;  9  -  Sample  of 
reoord  on  the  tape  of  the  pen  record ir. 

In  the  system  depicted  in  Figure  104  measurement  is  performed  in 
the  presence  of  white  noise.  The  reoorder  records  the  levels  in 
individual  frequency  bands  (semi-octaves,  third-octaves)  beginning  at 
one  side  of  the  sound  isolating  structure,  in  the  "high-level"  room, 
and  then  along  the  other  side.  The  filters  used  are  special  seta  of 
filters-  or  the  filter  circuit  of  a  spectrometer.  The  magnitude  of 
sound  isolation  in  the  various  .frequency  bands  is  found  by  taking  the 
difference  in  levels  in  these  bands  (taking  into  acoount  the  reverbera¬ 
tion  correction). 

The  system  diagrammed  in  Figure  105  differs  from  the  above  by 
the  prese  oe  of  a  tonal  generator  and  a  oontaot  device  on  the  - shaft  of 
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tna  recorder.  With  the  aid  of  this  device  the  outputs  of  a&crcphcaes 
along  both  sides  of  the  sound  isolating  structure  are  fed  alternately 
to  the  recorder.  fhe  shaft  of  the  self -recorder  also  is  connected  to 
the  frequency  dial,  of  the  sound  generator,  with  the  result  that  the 
change  in  frequency  of  sound  is  synchronised  with  tta  notion  of'  the 
tape. 


Figure  105*  Automatic  system  of  measuring  sound  isolation  with  th«? 
aid  of  a  level  recorder,* 

1  -  The  structure  under  tort}  2  -  Sound  generator  j  3  **  2>>ud- 
speakera*  4  -  Microphones*  5  -  Amplifier sj  6  -  Pen-recorder 
7  «  Changeover  switch  tor  the  shaft  of  the  reoorder  actor ; 

Q  -  KLoxibie  shaft;  9  -  Sample  of  recording  on  the  tape  of 
the  pm~rooord<*r;  9a  «  Same,  with  ftulcwatio  regulation  of 
the  sound  level, 

(&}  Value  of  the  sound  isolation. 

Due  to  aoiuudJCbxvAtr  of  the  frequency  eharat^sriotloa  6f  the 
loudspeakers,  toe  traces  .nay  meander  considerably,  which  complicates 
determination  of  the  va3.ue  of  the  sound  Isolation  at  the  various  fro- 
.•  quar-eiec#  Introduction  of  a  level  regulator  into  the  system  enables  a 


reoord  to  be  obtained  for  any  fixed  frequency  oai.i.  In  this  reoord,  the 
values  of  sound  isolation  are  given  directly  by  the  ordinate  of  the 
upper  part  of  the  trrnoe  (recording  9a,  and  in  figure  105),  The  level 
may  be  controlled  either  by  a  seoond  recorder,  or  with  the  aid  of  a 
compression  oircuit  in  the  generator  (if  available)* 


; 


Figure  106.  System  for  measuring  found  isolation  with  the  aid  of  a 
logarithmio  logcmeter  and  level  reoorder* 

1  -  The  structure  under  test;  2  -  Sound  generator)  3  - 
Loudspeakers)  4  -  Microphones;  5  -  implifiers;  6  -  Logarith¬ 
mio  logcmeter;  7  -  Level  reoorder;  8  -  Flexible  shaft; 

9  -  Sample  of  reoord  on  tape  of  the  pen  reoorder. 

(a)  Value  of  the  eovnd  isolation* 

Figure  108  shows  a  systma  proposed  by  the  present  author  for 
measuring  sound  isolate  with  the  aid  of  a  special  instrument,  the 
logarithmio  logcmeter  #ooording  to  a  Russian  teohnioal  dictionary,  a 
"logometer"  is  a  devioe  for  measuring  the  ratio  of  oleotriaal  cur¬ 
rants  —  Translator's  note/  (50),  which  gives  the  difference  in  level 
of  two  signals,  in  decibels.  Because  the  frequency  characteristics  of 


204  - 


the  microphones  may  have  interacting  reciprocal  ^onunifonaitiec,  two 
measurements  are  made ,  with  the  microphone  a  at,  different  locations  for 
each  measurement.  This  procedure  also  is  recommended  for  other  methods 
of  measurement  of  sound  isolation,  the  true  curve  of  sound  isolation 
versus  frequency  (although  not  corrected  for  reverberation)  lies  be¬ 
tween  the  two  curves  thus  obtained. 

In  addition  to  obtaining  the  frequency  curves  of  sound  isolation, 
the  average  value  of  sound  isolation  r*f  structures  may  be  evaluated 
within  that  frequency  band  for  which  the  noise  generators  and  noise 
meters  are  being  used.  We  must  warn  against  the  praetioe,  which 
occasionally  is  attempted,  of  using  noisy  machinery  as  a  source  of 
sound  for  this  purpose.  It  is  not  difficult  to  show  that,  beoause 
the  noise  spectra  of  machines  fells  off  with  frequency,  very  large 
errors,  15  to  20  db  and  higher,  may  oocur  in  the  value  of  the  average 
sound  isolation  for  a  vide  band  of  fre^uanelea. 


CHAPTER  9 

LOCAL  AND  PERSONAL  MEASURES  OP  PROTECTION  AGAINST  NOISE 


The  noisiest  machinery  and  equipment  are  covered  with  sound  iso¬ 
lating  housings.  With  the  aid  of  housings,  noise  is  reduced  not  only 
in  adjacent  compartments,  but  also  in  the  compartment  of  the  noise 
source.  The  weight  of  sound  isolating  housings  is  le??  than  the  weight 
of  sound  isolating  bulkheads  because  the  walls  of  the  housing  are  di¬ 
rectly  adjacent  to  the  source  of  noise. 

Housings  are  made  of  dense  materials  such  as  wood,  metal  and 
plastic  compositions*  The  inner  surfaces  of  the  housing  are  coated 
with  a  layer  of  sound  absorbing  material  (Figure  107).  To  avoid  over¬ 
heating  of  the  machine,  the  housing  is  provided  with  a  ventilation 
system,  the  walls  of  which  also  are  ooated  with  sound  absorbing 
material . 

As  indicated  previously,  for  the  case  in  which  sound  penetrates 
into  &  room  with  sound  absorption,  the  actual  sound  isolation  of  the 
wall  of  that  room  is  equal  to  (formula  (139) » 

Zip  a  Zl  +  10  log  0  db, 

where  21  is  the  sound  isolation  of  the  walls  when  placed  in  open 
space} 

a  is  the  coefficient  of  sound  absorption  of  the  walls  of  the 
room  (area  over  which  the  sound  absorber  is  distributed, 
taken  aa  equal  to  the  area  through  which  sound  penetrates 
into  the  room). 

In  a  sound  Isolating  housing,  the  sound  absorber  is  loeated  not 
in  the  compartment  which  is  being  isolated,  but  in  the  oonpartnent  of 
the  noise  source,  i.e.  the  aaohine  being  enolosed  by  the  housing.  It 
may  be  readily  shown  that  in  this  case  the  actual  sound  isolation 
satisfies  the  condition  of  equation  (139)*  As  proof,  we  turn  to 
equation  (123),  which  relates  the  magnitude  of  the  intensity  of  sound 
in  a  room  with  the  sound  absorption  to  the  acoustic  power  of  the 
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source.  Using  the  designations  from  Figure  10?,  we  may  write,  for 
moderate  values  of  sound  absorption,  that* 


_  4\* 

t  - - 


4  W 


(143) 


idaere  Sp  is  the  area  of  the  absorber  which  is  on  the  inside  surface 
of  the  housing. 


Figure  10?,  Symbols  used  in  analysis  of  a  sound  isolating 
housing. 


The  intensity  of  sound  penetrating  through  the  wall  of  the 
housing  1st 

•W  =  5  Jia-10'aJZI 

where  ZI  is  the  sound  isolation  of  the  wall. 

The  total  sound  power  radiated  by  the  housing  into  the  external 
medium  is? 


Hsut  =  saJout  *  sa  •10"®*'*®’  • 

It  is  apparent  that  the  actual  sound  isolation  of  the  housing  may 
be  expressed  by  means  of  the  ratio  of  the  energy  of  the  noise  source  to 
the  energy  of  the  noise  radiated  by  the  walls  of  the  housing.  The 
value  of  the  sound  isolation  of  the  bousing,  in  deolbels,  is  equal  tot 

21h  *  10  log  JtL-  *  21  +  10  log  /«  )  .  (146) 

"out  V  °a  / 
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If  the  absorber  is  applied  to  the  entire  internal  surface  of  the 
housing,  i.e.  Sp  *  SR,  them 

Zip  »  21  +  io  log  a  db,  (14?) 

which  is  the  sane  as  expression  (139)*  As  before,  the  actual  sound  iso¬ 
lation  of  the  walls  is  greater  the  more  effectively  the  sound  absorber 
is  applied  to  then*  In  the  absenoe  of  a  sound  absorber  in  the  housing, 
its  sound  isolation  drops  sharply,  approaching  zero* 

For  an  expression  of  the  sound  isolation  of  the  housing  walls 
as  a  function  of  their  thickness  and  the  sound  frequency  we  may  use 
expression  (104) t 


ZZ  *  20  log  (fa)  -  60  db,  (148) 

where  0  is  the  weight  per  of  the  housing  wall  in  kg. 

The  chart  of  Figure  108,  constructed  according  to  the  formulas 
pusented  in  the  foregoing,  enables  rapid  evaluation  of  the  sound  iso¬ 
lation  of  housings  with  single  vails,  of  steel  and  duralumin,  at 
various  frequencies,  taking  into  account  the  values  of  the  coefficient 
of  absorption  of  the  internal  coating  of  the  walls  at  these  frequencies. 
The  inflexion  points  in  the  upper  portions  of  the  curves  of  sound  isola¬ 
tion  represent  the  loss  of  sound  isolation  which  occurs  at  the  fre¬ 
quencies  of  resonance  of  coincidence  (formulas  76  and  77),  In  computing 
the  actual  sound  isolation  of  a  housing  taking  into  acoount  the  venti¬ 
lation  openings,  the  value  of  Zip  obtained  must  be  corrected  by  the 
factor  shown  in  Figure  96* 

Example  18.  The  problem  is  to  determine  the  approximate  acoustio 
effect  of  a  sound  isolating  housing  of  steel  2  mm  thick,  as  a  function 
of  frequency.  The  wall  of  the  housing  is  coated  on  the  inside  with 
felt  12.5  mm  thick*  The  housing  is  equipped  with  two  air  filters,  whose 
total  area  is  10  percent  of  the  area  of  the  wails  cf  the  housing,  and 
whose  sound  isolation  Zlyent  ie  a  function  of  the  frequency  as  follows i 


f,  cycles . .  125  250  500  1,000  2,000  4,000 

Zlvent .  2  4  8  10  12  9 


It  is  assumed  that  the  machine  within  the  housing  is  mounted  on 
efficient  sound  isolating  vibration  mounts  and  there  is  no  reason  to 
expect  deterioration  of  the  total  sound  isolation  of  the  housing  as  a 
result  of  transmission  of  sonic  vibration  through  the  foundation. 

Solution.  From  Table  13  we  copy  down  the  coefficients  of  sound 
absorption  of  felt  of  the  given  thlokneas,  rounding  than  off  to  the 
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Frequency*  qpa.  21  +  10  log  a,  db 

Figure  108*  Chart  .tor  computing  the  pound  isolation  of  a  housing  as  a 
function  of  frequency,  wall  thickness  $  and  coefficient 
of  absorption  of  the  internal  coating  a  . 

Steel;  -  -  Duralumin. 


fir3t  digit  after  the  decimal.  We  determine  the  actual  sound  isola¬ 
tion  of  the  housing  wall  at  various  frequencies  according  to  Figure 
108  (an  example  of  finding  the  sound  isolation  for  a  frequency  of  500 
cycles  is  given  in  the  graph).  Next,  we  Introduce  the  correction  to 
the  sound  isolation  value  according  to  the  curve  of  Figure  96,  due  to 
the  influence  of  the  filters  in  the  housing.  The  computations  are  in¬ 
dicated  in  the  following  table. 


■ 

,  cycles 

125 

250 

500 

1 

1000 

2000 

4000 

1 

0,05 

~0,1 

-0,2 

1  -0,5 

| 

-  0,5 

1  -0,5 

21  4 

■  10  log  a 

<2 

2 

11 

1  21 

27 

i  <28 

&Xv©nt 

2 

4 

8 

10 

12 

1  9 

!  ^ total 

1  : 

<2 

2 

11 

l 

18 

20,5 

<  18 

Thus  it  is  evident  that  at  frequencies,  at  least  up  to  230 
cyoles,  tha  housing  practically  does  not  isolata  the  sound,  due  to 
the  low  value  of  sound  isolation  of  felt  at  those  frequencies,  and 
to  the  relatively  low  thickness  of  the  housing  wall* 


Figure  109*  A  sound  isolating 
housing  for  an  electric  trans¬ 
former. 


The  designs  of  sound 
isolating  housings  are  ex¬ 
tremely  varied.  Figure  109 
sftpws  a  housing  for  a  high  rpa 
/high  frequency/  electric 
transformer  of  3  kw  power  (46). 
The  walls  of  die  housing  are 
of  1.5  mm  steel;  the  Inside  of 
the  housing  wall  is  coated  with 
a  10*am  layer  of  felt.  The 
sound  Isolating  filter,  one  of 
the  side  walls  of  which  has 
been  removed,  may  be  seen  in 
the  illustration. 


Power  cables  enter 
through  the  housing  via  her 
matically  sealed  fittings  called  sound  isolating  "gaskets."  This 
devioe  consists  of  a  cup-shaped  housing  containing  a  rubber  paoking 
collar,  secured  by  a  screw  oover  (Figure  111). 


The  frequency  function  of  the  sound  insulation  of  this  housing 
is  very  similar  in  oharaoter  to  that  oomputed  in  Example  (Figure 
liJ).  At  high  frequencies  sound  isolation  drops  markedly,  apparently 
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Figure  110.  Frequency  funotion  of  the  sound  Isolation  of  the  housing 
shown  in  Figure  109. 
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as  a  result  of  the  resonance  of  ooinoldtnoe*  The  most  intense  com¬ 
ponents  in  the  nolsi  spe?.  i,rum  of  the  transformer  are  located  in  the 
range  of  frequencies  from  1,000  to  4,000  cycles.  She  sound  isolation 
of  the  housing  is  fairly  high  in  this  range,  and  because  of  this  the 
average  value  of  sound  isolation  for  the  entire  measured  range  of  fre¬ 
quencies  attains  16  db  (*Xtt  mark  on  tha  ordinate  axis).  Following 
installation  of  tha  housing,  tha  noise  of  the  transformer  lost  its 
irritating  character,  and  moderate  speech  could  be  heard  without 
effort. 


The  transformer  operated  5  to  6  hours  each  day  for  three  years 
without  trouble  (overheating,  etc.). 


Figure  111.  Cable  lead-in  of 
a  sound  isolating  housing. 


Figure  112.  Sound  insulating  nousing 
for  tha  3D6  diesel  engine  (150  hp  at 
1500  rpai  noise  level  115  db). 


Another  example  of  a  sound  isolating  structure  is  tha  housing 
developed  for  the  3D6  engine  installed  in  the  "Moekvich"  class  river 
passenger  boats  (48).  The  housing  is  mounted  on  a  wooden  framework,  and 
has  1.5-nm  steal  walls  (Figure  112) ,  The  wall  of  tha  housing  is  oovered 
on  the  inside  with  20-ssi  thick  felting,  faced  with  oanvas  and  oovered 
with  perforated  duralumin  sheet.  To  enable  aooess  to  engine  parts  re¬ 
quiring  periodical  inspection  snd  maintenance,  the  walls  of  the  housing 
are  provided  with  removable  ports.  The  design  of  the  ^housing  subse¬ 
quently  was  lightened,  without  notioeable  damage  to  tha*  sound  isolation 
properties  of  the  housing  (3?)» 
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Tubes  and  electric  wires  to  the  ermine  enter  through  the  lower 
portion  of  the  housing,  At  the  point  of  passage  throueh  the  housing, 
the  propeller  shaft  Is  provided  with  a  sound  isolating  stuffing  box, 
differing  from  that  shown  in  Figure  111  only  in  that  the  sealine  ele¬ 
ment  is  cork,  Instead  of  rubber*  Air  intake  under  the  housing  is 
accomplished  through  an  aooustio  filter*  The  engine  is  operated  by 
means  of  remote  control,  located  on  the  bridge. 

Test  stand  trials  of  the  housing  showed  that  at  high  frequencies 
the  acoustic  effect  of  the  housing  reaches  20  dt.  The  irritating 
effect  of  the  noise  at  these  frequencies  was  reduced  markedly,  even 
with  the  port  oovers  removed.  The  average  value  of  the  reduction  of 
the  noise  of  the  diesel  engine  with  oovered  port r  was  10  to  12  db. 

The  slightly  lower  average  reduction  in  noise  level  in  comparison  with 
the  housing  shown  in  Figure  109  is  explained  by  the  low-frequency 
nature  of  the  noise  spectrum  of  the  diesel. 


Figure  113*  Reduction  of  the  noise  level  of  the  engines  in  the  engine 
room  of  a  diesel-electric  ship  through  the  Installation  of 
a  sound  insulating  housing. 

1  -  Diesel -electric  ship  "Kurban"  (housings  not  installed) 

2  -  Diesel -electric  ship  "Ivan  Stepanov'*  (housing  in¬ 
stalled). 


In  the  .Soviet-built  diesel -electric  ship  "lvr>n  Stepanov"  all 
four  diesel -genera tor s,  which  are  mounted  on  sound  isolating  vibration 
mounts,  are  enclosed  in  a  oommon  sound  isolating  enclosure.  The  walls 
of  the  enclosure  consist  of  removable  panels  having  a  rubber  seal  along 
the  perimeter,  and  mounted  on  a  framework.  The  4-mm  thick  walls  of 


this  partition  are  ooated  on  the  Inside  with  30  am  of  asbestos  floss 
matting  and  oalloo  jacketing  (106)* 


Olass  portholes  are  located  in  the  housing  forward  and  aft  of 
each  engine  for  observation  of  the  operation  of  the  diesel-generators. 
There  are  about  10  tightly  fitting  doors  in  the  entire  enclosure! 
through  whioh  the  ship's  personnel  have  aeons*  to  the  engines  (nay  be 
opened  from  both  the  outside  and  inside).  Toggles  ere  passed  through 
the  housing  for  stopping  the  engines  in  ease  of  eaergenoy. 


Figure  113  shows  the  frequency  curve  of  noise  in  the  engine  room 
of  the  dlesel*electrlo  ship  "Ivan  Stepanov,  *  in  which  sound  isolating 
housings  are  Installed.  Comparison  of  this  curve  with  the  same  curve 
for  a  ship  of  the  sane  class,  the  "Kurgan, "  in  which  a  housing  had  not 
been  installed,  enables  evaluation  of  the  effect  of  the  application  of 
this  measure.  It  is  apparent  that  the  noise  level  in  the  sonic  fre¬ 
quency  range  is  reduced  15  or  20  dh. 


Figure  114.  Sound-isolating 
housing  with  noun  ting  of  the 
machine  on  vibration  isolation 
mounts  arranged  in  series. 


The  application  of  a 
sound  isolating  housing- 
partition  on  the  die 8 el- 
electric  ship  led  to  reduction 
of  noise  in  many  roosts  located 
near  the  engine  room,  thus  the 
noise  level  at  the  companion 
way  to  the  engine  room  was  re¬ 
duced  by  13  db,  and  was  reduced 
14  db  in  one  of  the  nearby 
cabins.  The  acoustic  effeot  of 
the  housing  is  practically  ab¬ 
sent  in  the  hold  areas.  This  is 
cixplalned  by  the  fact  that  the 
engines  are  uncovered  when 
looked  at  from  the  foundation 
aide. 


Sound-protective  housings 
are  used  extensively  In  foreign 
ships.  Figure  114  shows  a  hou¬ 
sing  which  has  been  developed,  in  whioh  special  vibration  isolation 
measures  have  been  taken.  A  vibration-absorbing  device  is  located  in¬ 
side  the  housing  together  with  the  supporting  structure  of  the  engine. 
The  housing  also  is  mounted  on  vibration  mount 


On  ships  of  small  displacement,  individual  parts  of  the  sound- 
protective  housings  may  be  oombinad  structurally  with  parts  of  the 
bulkhead  structure  of  the  engine  ream.  In  this  case  the  sound  pro¬ 
tective  structure  no  longer  is  loeal,  but  general  in  nature. 
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35.  Sound-Shielding  Booths.  Liaht  Partitions.  Serena,  and  Looal 

Th*  us*  of  sound-shielded  booth*  and  light  partition*  in  noisy 
•ngine  room*  for  the  oonfort  of  th*  *ngln*  room  personnel  i*  wall  known 
in  shipbuilding  praotie*.  Th*  booth*  ar*  mad*  of  steel  or  wood,  ar« 
mounted  on  sound  isolating  material,  and  ar*  ooated  insid*  with  a  sound 
absorbing  material.  Devioe*  ar*  provided  for  remote  control  of  th* 
motors  from  th*  booths* 

Th*  designing  of  booths  of  this  type  differs  in  no  way  from  that 
of  sound  isolating  enclosures  and  housings  (Sample  38).  However,  in¬ 
stallation  of  sound  isolating  housings  is  preferable  to  th*  installation 
of  booths.  b*eaus*  th*  former  enables  a  reduction  of  noise  in  many  oom- 
partmenta  of  th*  snip* 


Figure  115*  The  arrangement  of  semi-*nolosed  telephone  booths* 

1  •  Sound  absorber]  2  -  An  outer  transparent  wall)  3  -  A 
transparent  side  wall. 

In  rooms  with  not  too  high  a  noise  level,  telephone  booths  or 
shields  simple  in  design  and  often  open  to  enable  quiok  aooeaa  to  the 
telephone  may  be  useful*  The  user  may  enter  the  Basil -enclosed  booth 
(Figure  115"*)*  "dip"  into  the  telephone  Aield  (Figure  115-b),  or  push 
through  th*  orown  of  the  oval  opening  of  the  ahield  (Figure  llj-o) . 
txperienoe  in  the  uee  of  eemi-enoloaed  telephone  booths  on  Russian 
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ships  Indicates  that,  with  the  aid  of  these  structures,  the  nolle  level 
9t  the  telephone  site  Is  reduced  by  or  12  db  at  medium  and  high 
sound  frequencies.  This  greatly  increases  the  Intelligibility  of  tele¬ 
phone  conversations. 

Under  conditions  approximating  the  conditions  of  open  spaoe,  on 
the  upper  decks  and  in  very  large  rooms,  noise  may  be  reduced  greatly 
at  relatively  short  dlstenoe  from  the  source  with  the  eld  of  very 
simple  structures,  screens  snd  oempertaents  open  on  top. 

iTMFilT  T?  tbe  opening  of  an  engine  room  ventilation  trunk  is 
located  on  a  super  structure  deck.  The  trunk  is  provided  with  sound 
absorbers,  but  the  noise  level  on  deck  still  is  very  high.  At  a  dis¬ 
tance  of  2  meters  from  the  trunk  Is  a  partition,  dividing  the  promenade 
deck.  What  height  should  the  partition  have  to  ensure  that  the  noise 
level  at  a  distance  E  *  10  m  frcsn  the  trunk  opening  will  be  15  db 
lower  than  at  the  trunk,  for  frequencies  above  500  cycles? 

Solution.  We  turn  to  formula  (81)  and  Figure  26.  Because  in 
the  given  case  D  >  R,  end  probably  R  >  H,  the  second  quantity  in 
parentheses  In  formula  (81)  is  approximately  sero.  Expending  the 
first  parentheses  according  to  Kenton's  binomial  gives » 

Hr  (U9> 

From  Figure  26  it  Is  seen  that  to  lessen  tha~noise  by  15  db  the 
value  N  must  be  not  less  than  3.  The  required  height  of  the  partition 
la  equal  tot 

rt-  V'kRN  -  |/-~ "2.3 x2m. 

let  us  detemine  the  lessening  of  noise  by  the  partition  at  still 
higher  frequencies,  where  the  irritating  effect  of  the  noise  is  very 
great.  We  find  the  amount  fay  which  the  noise  ie  lessened  from  Figure 
?.6  based  on  values  of  N  (for  H  *  R  *  2  m)  oomputed  aooording  to  equation 

OA9).  1 


If  the  partition  oould  be  plaoed  closer  to  the  noise  source, 
then  at  the  same,  and  even  with  lees  height,  it  oould  produce  a  marked 
lessening  of  noise,  even  for  frequencies  below  500  cycles.  In  this 
case  the  computation  is  performed  aooording  to  the  precise  formula  (81). 
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Oooasionally  combinations  of  separate  sound  absorbing  elements 
are  used  for  reducing  noise.  Figure  116  (left)  shows  "voltaetrio" 
sound  absorbers  produoed  by  a  French  company.  The  length  of  the  sound 
absorbers  is  approximately  0.5  at  they  are  suspended  in  groups  on  the 
overhead  or  vails  in  the  vicinity  of  the  noise  aouroe.  These  elements 
are  protected  on  the  outside  by  perforated  netal  aheets. 


Figure  116*  No  designs  of  absorbers  and  the  manner  of  their  attach¬ 
ment.  Left  -  looal  volwetrio  absorbers;  right  -  ab¬ 
sorbers  (pyrsmids  of  Mayrli)  as  Installed  in  the  engine 
room  of  a  ship. 

Due  to  their  relatively  large  dimensions,  the  absorbers  have 
considerable  sound  absorption  characteristics,  beginning  at  very  low 
frequencies.  Thus  an  absorber  0*5  to  0.6  meters  in  length  ensures  a 
sound  absorption  of  5  or  6  to  about  10  or  12  units  st  a  distance  of 
1.2  to  1*3  motors.  The  first  figures  relate  to  frequencies  of  2£0  . 
500  cycles,  and  the  seoond  .to  frequencies  of  2  to  4  ko. 

The  absorbers  may  have  the  ahapeof  vide  pyramids,  oovered  by 
perforated  sheets  (pyramids  of  Mayrli  Jisyrli  -  phonetic  spelling t  a 
non-Russian  name/) •  Nose  pyramids  are  utilized  as  looal  absorbers  or 
may  bo  scoured  to  the  entire  surfhoe  of  hull  sides  and  overheads. 

Their  width  is  equal  to  the  frame  apaoingt  the  pyramids  are  scoured  to 
the  frames  and  beams  by  moans  of  Slavic  devioes  and  if  neooaaary  may  bo 
removed  (figure  116,  right).  With  the  use  of  these  pyramids,  the  noise 
level  in  the  ermine  room  of  t  British  ship  urns  reduced  by  6  db  (I65)  • 
For  Russian  Inland  waterways  ships,  easily  installed  volumetric  soreens 
for  sound  absorption,  oovered  with  perforated  vinyl  plastio,  have  been 
developed.  The  soreens  are  fastened  along  the  sides  and  frames  after 
the  aides  have  bean  painted  (37)* 
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Figure  117.  Diagram  of  the  arrangement  of  sound  absorbing  screens 
suspended  over  engines. 

Sound  absorbing  screens,  suspended  shove  and  around  noisy  ma¬ 
chinery  also  ara  used  ( Figure  11?)  •  The  design  of  ths  sound  absorbing 
screen  is  determined  by  the  character  of  the  noise*  With  a  high- 
frequency  noise  spectrum,  it  is  advantageous  to  introduce  solid  vails 
in  the  middle  of  the  vertical  screen*  The  surface  of  the  screen  thus, 
in  effect,  is  doubled,  without  changing  its  thickness.  If  the  low 
frequency  components  must  be  lessened' in  the  vicinity  of  an  engine,  a 
maximum  thickness  of  the  absorber  must  be  provided.  In  this  oase  the 
introduction  of  solid  walls  within  the  shields,  reduoing  the  thickness 
of  the  absorber  by  one-half,  is  not  rational* 

36*  IttUSStL  &MMU8& iUXUfk  SaM 

The  personal  means  of  sound  protection  include  (figure  118); 
ear  plugs  1 ,  plaoed  in  the  auditory  canals,  or  covering  their  openings; 

anti-noise  oar  muffs  2,  oovering  the  outer 
ear;  sound  protection  helmets  3* 

The  simplest  amtl-noise  devioe  of  the 
first  type  Is  a  cylinder  of  plastlllne  and 
ootton.  Inserted  In  the  openings  of  the  audi¬ 
tory  oanal  (oar  plug  of  P*  P.  Kudryavtsev, 
Figure  119-e).  A  set  of  these  ear  plugs  in 
a  mull  box  may  be  banded  to  personnel  sho 
perlodioally  are  looeted  in  very  noisy  areas. 
The  ear  plug  is  discarded  after  use. 

During  World  War  I  Russian  artillery 
personnel  used  an  oar  plug  oonsisting  of  a 
motallio  sphere  with  a  mull  wing.  When  in 


Figure  118.  Personal 
means  of  sound  pro¬ 
tection. 


use,  the  wing  rested  against  the 
internal  surface  of  the  hollow 
of  the  external  ear,  and  the 
sphere,  having  relatively  large 
mass,  completely  blocked  off  the 
entrance  to  the  auditory  canal 
without  irritating  it  (Figure 
119-b).  This  ear  plug  also  may 
be  made  of  solid  rubber  or  plas¬ 
tic.  It  provides  a  reduction  of 
15  or  icO  db  of  noise  (i.e. 
raises  the  threshold  of  hearing) 
in  a  broad  frequency  range, 
especially  at  high  sonic  fre¬ 
quencies.  The  device  in  the  form  of  ear  muffs,  completely  covering  the 
external  ear,  also  reduces  noise  by  the  same,  or  a  somewhat  greater 
amount. ' 

The  "hermetic"  ear  plugs  described,  or  ear  plu-s  of  similar  de¬ 
sign,  are  not  very  suitable  under  conditions  in  which  it  is  desirable, 
in  addition  to  lessening  harmful  noise,  to  attain  more  or  less  clear 
perception  of  speech.  An  ear  plug  of  this  type  must  comprise  an  acou¬ 
stic  band  filter,  admitting  only  that  band  of  frequencies  which  ensures 
the  intelligibility  of  speech.  Ear  plugs  of  this  type  have  not  been 
produced  yet.  Ear  plugs  of  the  low  frequency  acoustic  filter  type, 
described  by  I.  M.  Polkovskiy  (85)  to  a  certain  extent  meet  this  condi¬ 
tion*  However,  that  author  did  not  meet  another  requirement,  that  of 
reducing  the  traumatic. effact  of  noise.  Statistios  show  that  persons 
subjected  continuously  to  the  effeot  of  noise  lose  first  of  all  their 
sensitivity  to  high  sound  frequencies.  Beoause  of  this  it  is  most  im¬ 
portant  to  protect  the  ear  against  frequencies  above  1  kc,  which  may  be 
aehieved  with  the  use  of  a  low-frequenoy  fi.  ter;  at  the  same  time  the 
irritating  effect  of  the  noise  is  reduced,  a.  d  the  perception  of  speech 
on  a  background  of  noise  is  .unproved  slightly* 

Ear  proteotion  devices  designed  on  the  principle  of  the  low  fre¬ 
quency  filter  may  be  designed  as  an  ear  plug  (Figure  120-a),  or  ear 
muff  (Figure  120-b).  The  elements  of  these  devices  consists  of’ inter¬ 
nal  air  spaoes,  and  thin  tubes  or  canals.  The  inertial  resistance  of 
the  volume  of  air  in  the  tubes  and  canals  increases  with  frequency,  as 
a  result  of  which  high  frequency  sounds  are  inhibited  by  the  devloe* 

I.  M*  Polkovskly  has  presented  formulas  enabling  computation  of  the 
general  dimensions  of  the  elsments  of  these  ear  devioes  for  a  gi  '^n 
value  of  the  excluded  frequency* 

Of  the  personal  means  of  noise  protection  the  greatest  value  of 
noise  reduction  (up  to  25  or  30  db)  is  afforded  by  sound  isolating 
hairnets*  At  suoh  high  values  of  sound  elimination,  the  conduction  of 
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Figure  120.  Anti -noise  devioea  of  the  low  frequency  acoustic  filter 
type. 


sound  by  boms  begins  to  play  a  role.  Thun  the  helmet  must  cover  not 
only  the  ears  and  bead,  but  also  the  cheek  bones,  the  forehead  and  bank 
portions  of  the  ^aw  bo  nos*  Such  a  helmet  would  be  inconvenient  to  wear. 

Simultaneous  application  of  helmets  and  ear  plugs  may  increase 
the  effect  of  the  sound  protection  derloea  by  an  additional  alight 
amount.  The  total  value  of  absorption  at  frequencies  above  11  kc  in  the 
oase  of  a  helmet  covering  only  the  ears  and  head  is  30  or  35  db,  tout  in 
the  oase  of  a  helmet  also  oovertng  part  of  the  face,  la  up  to  AO  ab. 

This  apparently  la  the  limiting  value  of  noise  reduction  vdiicto  mey  be 
attained  by  means  of  the  use  of  personal  means  of  protection  against 
noise.  The  limiting  value  of  the  reduction  apparently  is  due  to  the 
conductivity  of  sound  by  the  bones. 

37.  Active  (Interference)  Keans  of  Boise  tadaottflil 

During  recent  years  reports  have  appeared  on  the  local  control 
of  noise  by  the  interference  method.  The  essence  of  this  method  is 
explained  in  Figure  120..  In  a  compartment  in  which  it  is  desirable  to 
lessen  the  noise  is  a  microphone,  the  signal  from  %&loh  ia  amplified 
and  transmitted  in  oeunterphaee  into  the  same  room.  I h  this  way  zones 
of  reduced  noise  are  formed.  By  means  of  the  selection  of  the  loca¬ 
tion  of  the  radiating  loudspeaker  or  group  of  loudspeakers,  the 
location  of  one  of  these  tones  at  a  desired  point  of  the  room,  such  as 
the  region  of  the  head  of  any  permanent  machine  operator  may  be  accom¬ 
plished.  At  the  sate  time,  a  more  or  less  marked  strengthening  of 
noise  nay  be  noted  at  other  points  In  the  room.  For  the  purpose  of 
reducing  the  number  of  such  points  and  for  more  uniform  •phasing*  of 
sound,  the  baok  of  the  loudspeaker  is  -an closed  in  a  hermetically  sealed 
box  containing  a  sound  absorbing  material. 

Foreign  aviation  eaperienee  shows  that  with  this  method  noise  at 
individual  points  of  aircraft  cabins  may  be  lessened  by  10  to  12  db. 

A  practically  notloeable  acoustic  effect  appears  only  at  low  frequencies. 
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or  200  to  300  cycles,  where  the  wave  length,  and  consequently  the  di¬ 
mensions  of  the  interference  zones  are  sufficiently  large. 


Figure  121.  The  interference  method  of  local  reduction  of  noise. 

1  -  Noisy  compartment?  2  -  Microphone;  3  -  Amplifier  and 
phase  changer?  4  -  Loudspeaker;  .5  -  Sound  absorber;  6  - 
Sound-isolated  box;  7  -  Zone  of  local  reduction  of  sound; 
8  -  Zones  of  local  intensification  of  sound. 


Application  of  this  method  in  industry  (121)  also  is  known,  in 
which  the  noise  of  a  powerful  transformer  was  reduced  In  the  necessary 
direction  by  12  to  15  db.  For  this  purpose  turee  interference  circuits 
were  used,  each  of  which  was  tuned  to  iU  own  frequency. 

The  interference  method  of  sound  absorption  has,  in  essence,  not 
yet  evolved  from  the  stage  of  esqjerlmental  developmer+,  and  requires  an 
investigation  to  be  conducted  at  each  site  where  it  is  intended  to  be 
applied.  Despite  all  the  disadvantages  of  this  methou,  it  deserves 
attention  as  one  of  the  few  methods  for  controlling  low  frequency 
noises,  which  are  usually  poorly  isolated  by  structural  3ound  protec¬ 
tive  arrangements. 


-  220  - 


CHAPTER  1.0 


THE  SHENCIM3  OF  NOISE  PROPAGATING  THRUUBH 
VENTILATION  DUCTS 


38 •  jjfafi-flffif  Of.  tte.  mpiiolnz  or  Muffling  of  Sound  in 

Ventilation  Ducts 

Shipboard  ventilation  systems  are  sources  of  Intense  noise.  Hie 
very  powerful  ventilators  of  engine  rooms  (and  the  boiler  rooms  of 
steam-propelled  vessels)  radiate  especially  strong  noise.  However,  the 
noise  of  the  general  ships'  ventilation  system  also  may  be  rather  un¬ 
pleasant. 

With  the  aid  of  special  measures  (of.  Chapter  19),  these  .wises 
may  be  reduced  to  a  certain  extent  in  the  ventilator  itself.  In  most 
cases  the  reduction  of  noise  of  ventilators  at  the  source  is  inadequate 
and  this  requires  that  the  noise  be  reduced  in  the  course  of  its  propa¬ 
gation  through  the  ventilation  ducts  or  at  their  openings. 

The  problem  of  absorption  of  noise  in  ventilation  ducts  has  been 
dealt  with  at  length  in  the  literature.  Prior  to  World  War  II  Hie 
basic  works  of  A*  I.  Belov  (20),  and  the  works  of  the  ,  eraan  scientists 
V.  Pining  and  V.  Zeller  were  published.  After  World  War  II  many  in¬ 
vestigations  were  performed  in  the  USSR  by  Ye.  Ya.  Yudin  (114,  115)  and 
I.  K.  R&zumov  (87).  The  above-mentioned  works  present  not  only  tho 
theoretical  bases  of  sound  muffling  in  air  ducts,  but  also  describe 
the  corresponding  structure  of  muffler 5  for  Industrial  buildings, 
apartment  houses  and  test  stands.  However,  mufflers  and  silencers 
developed  for  other  purposes  may  not  in  all  oases  be  applied  to  ship¬ 
board  ventilation  systems.  Therefore,  investigations  dealing  with 
mufflers  especially  designed  for  shipboard  ventilators  are  of  interest. 

Active  silencers,  utilizing  a  layer  of  sound  absorbing  material, 
are  used  almost  exclusively  for  muffling  noise  In  ventilation  ducts. 

All  of  the  silencers  whioh  are  used  may  be  divided  into  two  basic 
types:  the  channeled  (kanaloviy)  and  the  chambered  (kamernly),  (Fig¬ 
ure  122)  on  the  basis  of  their  design  and  principle  of  operation.  In 
silencers  of  the  first  type,  the  absorption  of  sound  is  accomplished 
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curing  Its  propagation  through  channel a  of  various  3hapes  and  dimen¬ 
sions,  coated  with  a  sound  absorber.  In  silencers  of  the  second  tpe, 
in  addition  to  the  effect  of  sound  absorption  by  sound  absorber  layers, 
the  affect  of  an  expansion  chamber  also  is  employed.  That  effeot  con¬ 
sists  of  the  reflection  of  sound  at  the  entrance  and  exit  of  the 
chamber,  and  of  the  reduction  of  the  density  of  the  sound  energy  as  a 
result  of  its  expansion  in  the  volume  of  the  chamber.  Thus,  ventila¬ 
tion  system  silencers  of  the  second  type  utilize,  in  addition  to 
active  elements,  reaotive  elements,  i.e.  elements  not  connected  di¬ 
rectly  with  energy  loss,  but  causing  a  reduction  of  sound  in  remote 
portions  of  the  duct. 


Figure  122.  Types  and  arrangements  of  silenoers  and  mufflers  for  re¬ 
ducing  ventilation  system  noise. 

Channel  type  absorbers »  (a)  Tubular;  (b)  Honeycomb 

(cellular) ;  (c)  Lamellar;  (d)  Absorber  with  curvilinear 
channels. 

Chamber  type  absorbers;  (e)  Single-chamber  muffler;  (f) 
Chambered  lamellar  muffler;  (g)  Chamber  muffler  with 
screens. 

The  simplest  of  the  silencers  of  the  first  type  is  the  tubular 
muffler,  or  muffler  with  a  sound-absorber  tube,  consisting  of  a  layer 
of  sound  absorbing  material  under  a  netting  or  perforated  sheet,  located 
in  the  duct*  As  indioated  by  A.  1*  Belov,  the  reduction  of  noise  in 
this  muffler  is  proportional  to  its  length  /,  the  perimeter  of  the 
oi'oss-seotion  P,  and  is  inversely  proportional  to  the  cross-sectional 
ar pa  of  the  duct  Si 


a?* 


(150) 
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where  «'  is  the  coefficient  characterizing  the  absorption  of  sound  by 
the  layer  (for  greater  detail,  of.  Paragraph  39)*  The  values  P,  /  and 
•S  are  expressed  in  meters. 

In  the  oase  of  a  square  duct  of  width  D,  or  a  round  duct  of 
diameter  D  the  reduction  is  equal  tot 

IX  -4,4a'  —  db.  (151) 

l) 

Tills  formula  Indicates  that  to  increase  the  reduction  of  sound 
in  the  silencing  ohannel,  its  transverse  dimension  must  be  reduced. 

The  ooncept  of  reducing  the  transverse  dimension  of  the  sound  absorbing 
element  while  retaining  a  oro as  section  neoessary  for  air  supply  is 
realized  by  use  of  a  honeycomb  muffler  (Figure  122-b).  To  determine 
the  noise  reduction  of  a  honeycomb  muffler  with  identical  cells  it  is 
sufficient  to  compute  the  reduction  occurring,  in  one  cell. 

The  lamellar  channel  muffler  (Figure  122-c)  differs  from  the 
honeycomb  type  only  in  the  form  of  the  channels,  which  are  formed  by 
sound  absorbing  sheets.  The  reduction  of  sound  ir.  a  lamellar  muffler 
is  computed  according  to  the  following  formula » 

A0  lam  **  2,2*' db,  (152) 

where  a  is  the  distance  between  the  sheets. 

In  the  experiments  of  I.  K.  Razunov  he  found  that,  contrary  to 
formula  0-50),  the  reduction  of  sound  in  the  channel  was  proportional 
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The  reduction  of  sound  in  chamber-type  absorbers  may  be  computed 
according  to  trie  formula  t 


APcham  *  10  l0*  4*®  U53) 

where  a  is  the  coefficient  of  absorption  of  the  coating ; 

3in  is  the  total  area  of  the  internal  surfaoes  coated  with  sound 
absorber  in  the  Chamber; 

is  the  orosa-seotional  area  of  the  duct* 

supplementary  sound  absorbing  plates  or  sheets  (Figure  122-f) 
also  may  be  placed  in  the  Chamber  of  the  absorber.  With  an  equal  number 


of  plates,  the  lamellate  chamber  muffler  ensures  more  reduction  of 
sound  than  a  lamellate  channel  muffler  due  to  the  effect  of  the  expan¬ 
sion  chamber.  However,  Its  aerodynamic  resistance  is  greater  than  the 
resistance  of  the  channel  muffler. 

An  aooustio  effect  due  to  a  change  in  the  cross- sectional  area 
of  an  air  duot  occurs  not  only  in  chamber  type  mufflers,  but  also  at 
branches,  constrictions  and  expansions  of  the  air  ducts.  Formula  (8?), 
introduced  in  the  preceding  material,  applies  to  the  value  of  the 
coefficient  of  reflection  of  sound  8'  at  the  site  of  a  change  in  the 
cross-sectional  of  a  sound  channel*  Using  the  designations  of  sketch 
b  of  Figure  123*  that  formula  takes  on  the  following  forms 


0'  s* 


The  coefficient  of  the  transmission  of  sound  through  the  place 
of  the  change  in  cross  section  is  equal  to  (in  terns  of  its  engery) i 


The  reduction  of  sound  at  a  change  in  cross  section  (either  an 
increase  or  a  decrease  in  the  section)  is  equal  to* 

(i+#Y 

AjL.  *  10  log  ±  -10  log  *,  (154) 

***•  a  4  h. 

s 


This  formula  holds  when  the  transverse  dimensions  of  the  duot 
are  considerably  less  than  the  length  of  the  sound  wave. 

The  reduction  of  sound  in  the  case  of  branching  of  the  duot,  l.e. 
a  "T"  joint,  may  be  determined  in  similar  manner.  The  sound  level  at 
cross  section  3}  (of.  sketoh  a  in  Figure  123)  is  less  than  the  level 
before  the  T-joint  by  the  following  value* 
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A0T1  “  10  log 


A  Si 


db. 


(1 55a) 


Ihs  sound  propagating  through  tha  cross  saetlon  S«  is  diminished 
by  the  following  v*lue» 


A? t2  "  10  loe 


tiiSL 

s 


dba 


(155b) 


At  y  *  0,  oppression  (155a)  transforms  into  formula  (154).  The 
values  A0^  and  AjJ^  are  plotted  on  the  graph  shown  in  Figure  123  as  a 

function  of  the  ratios  and  j  tha  lower  curve  corresponds  to  a 

3  S 

change  in  the  cross  section  of  the  duct*  and  the  other  curves  correspond 
to  T-Joints. 


JtSUSHA  & ft*  ®*e  oross-seotional  areas  of  two  air  ducts  branch¬ 
ing  off  the  main  air  duot  are  0.2  and  0*8  of  the  oross-seotional  area 
of  the  main  duot.  The  problem  is  to  determine  the  amount  of  reduction 
of  sound  in  the  branches  st  frequencies  for  whioh  the  dimensions  of  the 
air  duot  cross  saotiona  are  considerably  less  than  the  wave  length  of 
the  sound. 


Solution.  Aooording  to  the  graph  of  Figure  123,  we  find  for 
^>0.2and^*0.&t 

s  s 

'Afif|  *  7  db. 

(of.  dashed  line  on  graph  (——)). 

Similarly,  for  the  seoond  branch  of  tha  air  duot  (taking  the 
values  of  the  ratios  of  areas  Shown  in  circles  on  the  graph) t 

Afcg  a  1  db. 

This  computation  is  noted  on  the  graph  by  a  broken  (-•-•-) 

line. 
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Figure  123*  The  reduction  of  sound  in  T-joints  and  at  changes  in  the 
cross  section  of  the  duct* 


L><*  ^  Op 

It  may  be  noted  that  when,  as  in  the  present  example  —L  ■— t.  »  1 

O 


(and  this  is  desirable  from  the  point  of  view  of  aerodynamic  considera¬ 
tions),  expression  (155)  assumes  the  following  simple  forms 


4 


"  10  log  •£»  i  (156a) 

*1 

A?X2  »  10  log  A  ,  (156b) 

A  reduction  of  sound  In  a  duct  is  observed  not  only  when  the 
cross-sectional  area  of  the  duct  is  changed,  but  also  when  it  makes 
sharp  turns.  At  medium  sound  frequencies  this  diminution  may  be 
evaluated  by  l^turrt  =*  ?•  -  3  db. 
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The  redaction  of  sound  at  the  outlet  grille  of  air  duots  is 
a  3  *•  5  db. 

In  some  oasos  mufflers  are  attached  to  the  ends  of  air  ducts. 
Certain  types  of  these  end-,  or  as  they  still  are  called,  screen  ab¬ 
sorbers  are  shown  in  Figure  124.  their  absorbing  effeot  varies  from 
5  to  15  db. 


Figure  124.  Mufflers  mounted  at  the  ends  of  air  ducts. 

39.  Rtffkn.inftAnajygi?  sL  Mflaacl  MXLsssl 

Beoause  under  shipboard  conditions  loss  of  pressure  in  the  ven¬ 
tilation  system  is  very  undesirable,  muffler  designs  must  be  selected 
which  have  minimal  aerodynamic  resistance.  Table  19  gives  the  values 
of  this  resistance  for  the  various  designs  of  mufflers  which  are  shown 
in  Figure  122  (69). 

A  muffler  of  the  sound  absorbing  tube  type  has  the  least  aero¬ 
dynamic  resistance.  At  an  air  flow  speed  of  20  m/sec  it  does  not 
exceed  4  mm  of  water  per  running  meter  of  the  muffler  tube.  This  holds 
for  oases  when,  as  indicated  in  Figure  122-a,  the  surface  of  the  sound 
absorber  is  fitted  flush  with  the  inner  surfiaoe  of  the  ventilation 
duct,  i.e.  the  cross-section  of  the  latter  does  net  change  at  the  plaoe 
of  installation  of  the  muffler. 

Honeyoomb  and  lamellar  channel  mufflers  have  greater  aerodynamic 
resistance.  It  is  especially  great  in  mufflers  with  curvilinear  chan¬ 
nels  and  in  chamber  mufflers  with  screens.  Beoause  of  this,  attention 
in  the  following  paragraphs  is  fooussd  on  tubular  and  lamellar  channel 
mufflers. 

In  the  basio  formula  for  the  aoouatic  analysis  of  mufflers 
(formula  150),  the  ooeffieient  a'  usually  is  taken  as  a  function  only 
of  the  value  of  the  ooeffioient  of  absorption  of  the  ooating.  This 
function,  expressed  in  the  form  of  a  table,  however,  has  not  been 
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substantiated  by  experience t  at  high  sound  frequencies  the  value  of 
the  reduction  of  noise  by  too  muffler  d?rop*  <nran  at  high  values  of  the 
coefficient  of  absorption  of  tbs  ooauiiog.  The  drop  in  acoustic  effect 
is  caused  by  the  fact  that  at  high  fr.iuencles  the  length  of  the  sound 
nave  be  coses  considerably  less  than  the  crosa-seetlonal  dimensions  of 
the  muffler  and  its  center  portion  oonduots  sound  freely* 

Table  19 


Aerodynamic  Resistance  of  Ventilation  3yste#  Mufflers 


Type  of  Muffler  . 

Speed  of  air 
current, 
it/ sec 

Aerodynamic 
resistance, 
am  water 

Muffler  of  the  sound  absorbing  tubing 

15  -  20 

2-4  per 

type,  with  cross-sectional  area  of 

(In  muffler) 

meter 

S  »  0.02  «  0.1  a2  (fig.  122,  a) 
Honeycomb,  or  lamellate  muffler,  300 

;  i7 

mm  in  length,  3  cello  with  section 

38xl?5  m  each  (fig.  122,  b  o) 

Muffler  with  curvilinear  ducts  250  am 

i 

—  200 

In  length  (fig.  122,  d) 

Chamber  mufflers  with  dimensions 

17  (in  air 

?50*750x?50  ma,  with  no  sound  ab¬ 

duct  section 

sorbing  ooating 

175  x  175  ma 

30 

without  screen  (fig.  12 2,  e) 

►  before  muf¬ 

with  1  horizontal  screen 

fler) 

45 

with  2  horizontal  screens 

80 

(of  type  In  fig.  12 2,  f) 
with  1  vertical  screen 

85 

with  1  diagonal  screen 

(of  type  in  Fig.  122,  g,  but  duots 

in  center  of  vertical  wall  of  chamber) 

J 

115 

The  values  of  the  ooeffioient  a'  for  two  sound  absorbing  ma¬ 
terials  which  may  be  applied  in  shipboard  ventilation  system  mufflers, 
VT-4  (kapron  batting )/)tapron  is  approximately  the  same  as  nylon-6. 

VT-4  is  a  designation  for  wedding  or  batting  made  by  oompressing  kapron 
fibers— Translator's  note/  and  asbestos  floss,  are  shown  In  Table  20. 

The  values  of  a*  were  obtained  from  the  data  of  nuaeroua  measuresuJnts 
of  sound  muffling  tube',  of  various  lengths  and  various  eross  sectional 
shapes  in  ventilation  ducts  (69). 

hi..  The  problem  is  to  compute  the  frequency  characteris¬ 
tics  of  the  noise  reduction  of  a  sound  absorbing  tube  (tubular  absorber) 
375  mm  in  length  and  125  mm  diameter,  ooated  with  50  ms-thick  VT-4  ma¬ 
terial. 


x  Eolation*  The  computation  is  performed  accorainp  to  formula 
(151‘.  utilizing  the  daw.  of  Table  20.  First  of  all  we  compute: 


4,4 


JL  -  4  A  °'375 
£>  ’  0.125 


13. 


The  remainder  of  the  computation  is  shown  in  the  table  below. 


Frequency 

hand, 

cycles 

8 

i 

ss 

i 

8 

4 

8 

i 

1 

i 

i 

4 

g 

J 

8 

i 

1 

l 

•m 

8 

ft 

s 

§ 

3 

i 

i 

0,15 

0,23 

0,53 

0.76 

0,9 

1.0 

1.5 

1.8 

1.9 

t  .36 

I.M 

i  . 

0.98 

4  JL  a. 

D 

db 

2 

3 

7 

10 

12 

13 

20 

23 

25 

1* 

15 

13 

i 

t 

The  results  of  the  computation  are  plotted  as  a  curve  in  Figure 
125,  For  purposes  of  comparison,  points  corresponding  to  the  data  of 
laboratory  acoustic  investigation  of  several  mufflers  with  sound- 
absorbing  coating  of  VT-4  material  are  plotted  on  the  same  graph.  The 
geometric  dimensions  and  shapes  of  *he  cross-sections  of  these  mufflers 

varies,  but  the  ratio  £/  remains  unchanged,  which  according  to  formula 

.15"')  must  ensure  the  same  value  of  noise  reduction  at  each  given  fre- 
qoe<  y.  The  oomputed  data  are  in  fairly  good  agreement  with  the  experi¬ 
mental  data. 

Let  us  consider  new  another  design  of  shipboard  muffler,  a 
lamellar  muffler  for  engine  room  ventilators.  Some  very  powerful  ven¬ 
tilators,  installed  on  a  ship,  were  radiating  a  noise  the  level  of 
which  exceeded  120  ab  at  certain  frequencies.  The  noise  was  at  the 
ship’s  bridge,  where  the  inlet  crating  of  the  ventilator  shaft  was 
located,  and  also  in  the  engine  room,  where  it  prevented  the  recep¬ 
tion  of  commands  and  was  traumatic  with  respect  to  the  hearing  organs 
of  the  personnel. 

For  the  purpose  of  reducing  the  noise  the  internal  surface  of 
the  ventilation  trunk  was  coated  with  a  sound  absorber  consisting  of  a 
layer  of  cotton  wadding,  soaked  in  t  fire-inhibiting  solution,  in 
audition,  supplementary  3ouna  absorbing  panel -plates  were  installed  in 
the  trunk.  This  type  of  muffler  received  the  name  of  "trunk  muffler." 
Figure  126  shows  the  manner  in  which  the  sound  absorbing  panels  and 
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5440—7680 


Figure  125.  Frequency  characteristic  of  the  reduction  of  noise  in  a 
tubular  ventilation  system  muffler  of  length  3  calibers 
(sound  absorber*  VT-4  material,  thickness  8  »  $0  mm). 

- .  Data  oonputad  for  muffler:  D  ~  12$  mm,  1  *  375  ran. 

Other  points  as  follows: 

•  D  *  125  ran:  1  a  375  mm 

0  D«  180  ran;  1  *  5^0  mm  According  to  experi- 

a  S  «  175  x  175  wm>  1  *  525  mm  1  mental  data. 

*S*  175  x  400  mm;  1  *  730  ran  ) 


the  ooating  should  be  placed  (and  also  the  ventilator)  to  reduce  noise 
both  on  deck  and  ir.  the  engine  room. 

Following  installation  of  the  sound  absorbing  elements  in  the 
trunk,  the  noise  level  at  mediuc  and  high  frequencies  dropped  below 
the  threshold  of  the  masking  of  speeeh  (Figure  127),  commands  oould  be 
received,  and  the  irritating  effect  of  the  noise  decreased  sharply. 

Ihe  noise  level  at  low  frequanoies  practically  did  not  change 
after  installation  of  the  muffler,  whioh  may  be  explained  by  the  rela¬ 
tively  low  value  of  Bound  absorption  of  the  wadding  at  these  frequen¬ 
cies*  Thioker  layers  of  absorber,  up  to  30  cm  (139)  are  used  on 
Osman  ships  for  increasing  the  aooustio  effect  of  ventilation  system 
mufflers  at  vary  low  frequanoies* 
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Figure  126*  Placate  ant  of  venti¬ 
lator  and  absorbers  in  the 
superstructure* 

1  -  Ventilated  engine  room;  2  - 
superstructure;  3  -  Ventilator 
inlet  grating;  4  -  Ventilator; 

5  -  Ventilation  trunk;  6  -  Sound 
absorbing  panels  and  coating* 


H 


Figure  127*  Noise  levels  in  the  engine  roan* 

1  -  Before  installation  of  the  mufflers;  2  -  After  in¬ 
stallation  of  the  mufflers;  3  -  Speech  level  (loud  voice); 
4  -  Threshold  of  masking  of  speeoh. 


Figure  128  shows  some  details  of  trunk  and  channel  mufflers*  The 
detachable  sound  absorbing  panels  oonaist  of  metal  or  wooden  frames, 
within  which  layers  of  ouilted  sound  absorber  are  applied.  The  layer  of 
the  sound  absorber  is  fixed  to  the  walls  of  the  absorber  with  mastic, 
glue  or  metal  nails. 


w  **  <*  **  m  m  m  m  iih  **  iw  tmm 


Frequency,  cycles 
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Figure  128.  Details  of  mufflers. 

(a)  -  Sound  absorbing  panels  1  -  Perforated  duralumin 
sheet;  2  -  doth  (cheap  ootton  doth,  calioo,  moleskin)  t 

3  -  Sound  absorber!  4  -  Steel  framework;  5  -  Wood  fairing; 

(b)  -  Soreen  at  bend  in  trunk;  1  -  Perforated  metal  sheet; 
2  -  Canvas;  3  “  Sound  absorber;  (c)  -  Cross  section  of 
faired  strut  in  air  duot,. 


Die  sound  absorber  is  oovered  on  the  outer  side  by  a  light  doth 
underneath  a  perforated  metal  sheet.  Die  type  of  material  covering  the 
absorber  is  very  important  from  the  point  of  view  of  aooustlos.  Thus, 
for  example,  the  use  of  a  thiok  doth  such  as  oanvas  in  plaoe  of  the 
light  doth  or  perforated  metal  sheet  may  reduce  the  acoustic  effect  of 
the  muffler  at  medium  and  high  frequencies  by  10  to  50  do  (Figure  129) » 

At  plaoes  where  the  air  duets  or  ventilation  trunks  make  sharp 
turns  perforated  metal  screens,  baoked  by  sound  absorbing  material,  are 
plaoed  to  guide  the  air  flow  (Figure  128-b) .  It  la  useful  also,  to 
plaoe  guide  vanes,  which  may  be  oovered  with  sound  absorber,  at  trunk 
or  duot  corners. 

# 

Various  types  of  struts  and  tubes  located  in  the  air  duot  to  re- 
duos  aerodynamic  resistance  and  to  prevent  turbulenoe  noise  are  pro¬ 
vided  with  fairing  (Figure  128-o).  The  same  goal  is  served  by  the 
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Frequency  bands,  cycles 


Fip-urs  129.  siffect  of  type  of  material  covering  the  sound  absorber,  upon 
the  performance  of  the  muffler  (mufflers  1  =  500  mm, 

U  »  125  m\  sound  absorber,  VT-4  material,  thickness 
8  =  75  mm) . 

1  -  dound  absorber,  covered  with  fiberglass  netting  or 
brass  netting  s  2  -  oound  absorber  oovered  with  asbestos 
cloths  3  -  dounb  absorber  covere:i  with  g lass  cloth. 


faired  design  of  the  trailing  edge  (with  respect  to  the  air  movement) 
of  sound  abaorfcinr  panels,  and  their  rounded  leading  edges  (Fl-rore 
128-a) .  with  proper  design  of  sound  absorbing  panels  their  introduction 
into  a  ventilation  trunk  changes  its  aerodynamic  resistance  very  little, 
because  the  harmful  effect  of  increasing  the  surface  area  wetted  by  the 
air  stream  is  compensated  to  a  certain  extent  by  the  useful  effeot  of 
regulation  of  the  flow  structure  (laminarization)  due  to  the  presence 
of  relatively  slender  parallel  channs1 *  in  the  trunk, 

The  walls  of  air  ducts  and  ventilation  trunks  are  sufficiently 
resistant  to  excitation  by  the  air  flow.  The  application  of  double- 
layered  wall 3  or  vibration  damping  ooatin?s  (Paragraph  $4)  also  reduces 


vibration  of  tho  valla  and  anablaa  complete  realiaation  of  the  affaot 
of  mufflers  lnatallod  in  tho  air  duet. 


In  addition  to  tho  typo  a  of  mufflers  described  in  tho  foregoing , 
"resonance"  and  "interference"  absorbers  also  have  beun  auggoatod. 

Theeo  abeorbora  are  effeotlve  only  in  narrow  frequency  ranges,  and  be¬ 
cause  of  this  rarely  are  used* 

In  oomplex  runs  and  branching  of  ventilation  systems,  tho  reduc¬ 
tion  of  sound  in  all  portions  of  tho  air  ducting  must  bo  taken  Into 
consideration*  In  this,  it  may  bo  determined  whether  mufflers  are 
needed  or  not,  or  whether  very  simple  absorption  elements  are  required, 
on  the  basis  of  the  nature  of  the  aooustio  problem  and  the  diatanoe 
between  the  ventilated  room  and  the  noise  source* 


Ventilator! 


Ventilated 

room 


14m 

•■Urn 


Figure  130*  Computing  the  reduction  of  sound  in  a  brandling  ventila¬ 
tion  air  duot* 


cycles* 


SsQjlti loft*  We  first  detezmine  the  reduction  of  sound  in  the 
straight  portions  of  the  duct*  The  computation  is  perfozmod  according 
to  formula  151* 
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Next  the  diminution  of  sound  In  the  X- joints,  at  turns  in  the 
air  duet  and  at  the  outlet  grating  are  taken  Into  consideration.  Be¬ 
cause  the  wave  length  X  ■  »  0.85  ns,  i.e.  considerably  exceeds  the 

transverse  dimensions  of  the  air  ducts,  the  data  of  Figure  1 23  nay  be 
utilized. 

For  T-joint  No.  2,  the  ratic  of  the  cross-sectional  areas  of 
tha  air  ducts  1st 


According  to  the  graph  of  Figure  123,  the  reduction  of  sound  at 
the  T-joint  for  these  values  of  cross-sectional  area  ratio  is  equal  tot 

Ajij g  ®  2  do. 

Similarly,  for  T-joint  No,  3* 


■  i-m/My-  0.45; 

S  \  0,3  / 


a?T3 


sk  3  db. 


For  T-jolnt  No*  4i 


APfk  *  3  db. 
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The  total  reduction  In  the  air  duot  (In  db}> 


Straight  runs . . . 8 

I- Joint  2  . . . . . .  2 

T-Joint  3  . . 3 

Tom  In  Motion  3-4  . . .  3 

T-Joint  4 . ; . . . . .  3 

Outlet  grating  . . 3 


total  . .  22 


40.  The  flllOTlatlim  ol.  Hoiae  Penetrating  Through  Ventilation  Dnota 

IBLmHUU 

Lot  ua  assume  that  it  is  neoeseary  to  datomino  tha  level  of 
noisa  being  transmitted  from  a  noisy  oompertaent  I.  through  a  ventila¬ 
tion  air  duot  into  a  quiet  oompsrtaent  IX  (Figure  131-a).  Tha  sound 
oonduoting  area  of  tha  air  duot  la  3*.  and  itr.  sound  isolation,  or  that 
of  tho  nufflsr  installed  within  it,  is  ZXg. 

In  the  first  approximation,  ventilation  duet  may  be  likened  to  a 
wall  with  a  definite  sound  isolation  value.  Then,  utilising  formula 
(136),  we  obtain  the  noise  level  in  tha  leolated  compartment  in  tha 
following  fbxmt 


P»-Pi  ~  ♦  10 


%At 


(15?) 


where  tf*v®av  is  the  average  sound  absorption  in  tha  isolated  ooopart- 
nent. 

A  more  precise  solution  requires  the  directionality  of  the  radia¬ 
tion  from  the  mouth  of  the  duot  to  be  taken  into  account,  considered  as 
a  oonosntrated  source  of  sound. 


Figure  131*  Computir  %  the  nolM  transmitted  through  air  duets,  and  tha 
aound  *.  elation  of  a  muffler  in  the  air  duot. 
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On  the  basis  of  fomula  (131)  w«  have» 


lo* 


«f  -  40  db, 


(158) 


where  'i„.  is  the  power  level  of  sound  radiated  tar  the  mouth  of  the 
*  duet 1 


Q  is  the  directivity  factor,  determined  as  a  function  of  the 
looation  of  the  mouth  of  the  duet  in  the  vail,  aeoording  to 
Table  15 » 


ry 

I'l 


is  the  distance  from  the  mouth  of  the  duet,  meters  t 


K  is  the  room  constant,  equal  to  B  * 


^iv*av  # 
'  **av 


Let  us  determine  the  value  of 

T.10  power  of  the  sound  transmitted  into  the  duet  from  oompartment 

I  is  t 


Tne  power  level  of  sound  at  the  beginning  of  the  duott 
fsr  =«10  log  +  10  log  Sg, 

where  is  the  level  of  the  intensity  of  sound  at  the  beginning  of  the 
duct. 

The  power  level  of  sound  at  the  duot  exit  1st 
~  zh  **$1  +  10 log  -  2IK  . 

* 

Substituting  tha  expression  3,,  in  fomula  (1 59) »  wa  finally 
obtain  %  '  *  * 


-40  db.  (159) 


ZIK  ♦  10  log  S*  ♦  10  log  / -*L  -1 

\  4«r* 


Tha  value  of  the  underaoored  portion  of  the  fomula  stay  fee  deter* 
mined  from  Figure  6?  for  varloua  valuus  of  Rj  Sg  la  taken  in  mr. 
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Exampla  43.  Ths  area  of  a  ventilation  duet  joining  a  noisy  room 
with  an  isolated  room  is  0.04  m2t  the  sound  Isolation  of  the  duot 
(taking  into  aooount  reflection  of  sound  at  the  grating)  is  10  db;  the 
ventilation  duct  is  located  in  the  oomer  of  the  room*  The  problem  is 
to  determine  the  noise  level  in  the  isolated  room  vhioh  has  a  total 
wall  area  of  100  m 2  and  an  average  ooeffioient  of  muffling  of  0.2. 

Die  noise  level  in  the  noisy  room  is  100  db. 

Aoooraing  to  formula  (15?)  the  noise  level  in  the  iso¬ 
lated  room  ist 


fc- 100  -  10  +  10 10,  -63  db. 


Let  us  determine  the  same  level  according  tc  a  more  precise 
formula,  taking  into  aeoount  the  fact  that  the  ventilation  duot  is 
located  in  a  corner  of  the  room,  and  consequently  Q  »  Q  (Table  15). 

The  constant  of  the  room  ist 

a-4~!  -25. 


In  view  of  the  leek  of  data  tor  this  value  of  R  on  the  chart 
(Figure  87),  ve  perform  a  msserioal  calculation  of  the  value  of  the 
parentheses  under  the  sign  of  the  logarithm  in  formula  (159)*  For  a 
distanoe  of  1  m  from  the  mouth  of  the  duct,  we  obtain t 

-1  -  4.  ±  .  JL_ 

4nr»  +  *  4*.|  +  25  1,28  * 

The  nolee  level  let 

p,  «  100  -  10  t  10  log  (400)  -  10  log  1.26  -  40  «  75  db. 

At  a  dlatanoa  of  2  m  from  tha  mouth  of  tho  duot,  the  noise  level, 
found  by  the  same  method,  la  equal  tot 

p,»  71  db. 

Closely  related  to  the  task  of  oaloulatlng  tho  nolee  trans¬ 
mitted  along  an  air  duot  is  tha  task  of  determining  tho  noeeesary  value 
for  tho  sound  ieolation  of  a  muffler  in  an  air  duet  passing  from  a 
noiey  mom.  through  a  mall  having  a  finite  sound  isolation  value,  into 
a  quiet  mma.  Let  fig  and  %  represent  the  sound  isolation  and  tho 
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eross-sectional  area  of  Jh#  air  duet,  and  Zl^  and  £L,  represent  the  caw* 
vtluftss  for  the  wall  separating  the  noisy  root  from  the  quiat  roan 
(Figure  131-b). 

lha  following  sound  energy  penetrates  through  tha  wall  into  the 
quiet  room  1 

s s  sw*io*^  iZIw  , 

and  tha  following  penetrates  through  tha  air  duett 

jK  *•  *.10-0*1%  # 

It  is  required  that  tha  energy  transmitted  through  tha  air  duot 
not  axoaad  a  level  equal  to  £  of  toe  anargy  penetrating  through  .the 
wall, 

**10"0*^%  a  ^  •^q~0»12Iw  # 

Whence,  following  transformation,  we  obtain  tha  required  sound 
isolation  of  the  muffler  in  the,  air  duott 

2Ijj  *  3Ty  -10  log  &  db.  (160) 

At  k  *  2,  i.e.  when  the  energy  penetrating  through  tha  air  duot 
does  not  exceed  one-half  of  the  energy  penetrating  through  tha  wall, 

2Ig  a  2Ijf  «»  10  log  ^  V  3  <fe.  (l6l) 

44.  She  sound  isolation  of  a  wall  of  10  m2  area,  sepa¬ 
rating  a  noisy  room  from  a  quiet  row,  is  equal  to  30  db,  In  the  wall 
is  a  ventilation  opening  with  0.1  m-  area,  the  problem  is  to  determine 
the  required  value  of  sound  Isolation  of  a  muffler  In  the  alt  duot  such 
that  the  sound  isolating  characteristic  of  the  wall  le  not  worsened. 

solution.  From  fomula  (161) ,  it  follows  thatt 

%-30.,0  1o,j8T+3..3d». 

In  merioan  practice  (136)  another  formula  IS  applied  for  deter¬ 
mining  the  necessary  value  of  sound  Isolation  of  an  air  duet  connecting 
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a  noisy  room  with  a  quiet  one.  Using  our  symbols,  that  formula  has 
the  following  form* 

2Ik  *  |  (ziw  -  tO  log  3*  J  +3  db.  (162) 

This  formula  gives  lower  values  for  the  sound  isolation  of  an 
air  duot  than  does  formula  (161). 


i 
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CHAPTER  11 


MUFFLERS  FOR  THE  AIR  INTAKE  AND  EXHAUST  OF 
R3CIPRQCATL&  ENGINES 


41.  In>a3...flf  Mafflegg  t — Iha- Analysis  of  Reactive,  .Mufflers,  ter  the 
Quadripole  Method 

Engine  exhaust  and  air  intake  mufflers,  similarly  .0  ventilation 
system  mufflers,  may  be  divided  into  reactive  and  active  types.  Reac¬ 
tive  mufflers,  or  aooustic  filters,  do  not  contain  a  special  sound 
absorber  and  consist  of  a  combination  of  chambers  and  tubes,  i.e.  ele¬ 
ments  of  acoustic  elasticity  and  mas3.  Their  effect  is  based  mainly  on 
reflection  of  sound,  although  a  certain  amount  of  sound  is  absorbed  on 
the  internal  metal  surfaces  of  the  elements  of  the  mufflers  and  of  the 
exhaust  system  of  the  engine. 

Active  exhaust  mufflers  require  temperature  resistant  mufflers. 
Occasionally  water  (in  so-called  "wet"  mufflers)  or  multiplicity  of 
metal  elements  (hot  tubes,  in  waste-heat  boiler-type  mufflers)  are  used 
as  a  sound  absorber.  Ifo  difficulty  is  encountered  in  the  application 
of  ordinary  porous  or  fibrous  organic  absorbers  in  the  air  intake  muf¬ 
flers  of  engines* 

Reactive  mufflers  were  applied  in  exhaust  silencinr  systems  as 
early  as  the  decade  of  1930,  The  simplest  method  for  the  analysis  of 
multiple  cell  mufflers  of  this  type  13  that  proposed  in  the  UboR  by 
R.  M.  Andreyev,  This  method  is  based  on  the  simplifying  assumption 
that  the  load  resistance  of  each  cell  of  the  muffler  (i.e.  combination 
of  one  chamber  And  one  tube)  is  a  non-refleotin?  resistance*  a,  I. 
Belov  showed  that  the  error  in  the  noise  reduction  of  one  oell  under 
this  assumption,  as  compared  to  actual  conditions,  does  not  exceed  a 
few  decibels.  B.  K.  Shapiro  (109)  prsssnted  a  method  of  analysis  for 
the  oa.se  in  whioh  the  dimensions  of  the  oells  are  ;<ot.  small  in  compari¬ 
son  to  the  wave  length  of  the  sound. 

The  design  of  mufflers  by  this  method  is  based  on  the  quadripole 
theory,  which  offers  considerable  convenience  in  computation  and  yields 
results  which  are  intermediate  to  the  formal  processes  ef  matrix 
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algebra.  'Ihe  name  "quacL‘ipoleM  is  taken  from  the  theory  of  electric 
filters,  in  which  a  similarly  rationalised  process  of  anftlyaia  was 
developed, 

Ibis  method  can  be  found  presented  in  more  detail  in  references 
(43)  and  (109).  We  include  here  merely  the  final  expression  for  the 
value  of  the  noise  reduction  in  «  single  cell  of  a  muffler  i 

Ap * 20  1*6  |  y  -j-  Y  y*Zl  ]  db,  (163) 


where  y  Is  the  universal  parameter  of  the  cell  of  the  muffler*  ex¬ 
pressed  in  the  following  form  through  its  geometric  dimensions  (figure 
132) « 


y \  [H*“  ^ J*-  +  ■Jjjj  cos  k  (/,  -f  /»)  + 

+{[,-?(|+f)]C9s*<l'-«'  c«) 

where  and  Sg  are  the  cro s s-aectional  areas  of  the  expansion  chamber 
and  connecting  tube,  of  the  nolee  reducing  cell} 

and  i2  *r*  the  lengths  of  the  corresponding  elements} 

k  is  the  wave  number. 


Figure  132,  Qell  of  a  reactive 
muffler  (analysis  of  the  muf- 
flftr  by  the  quadripole  method). 


The  parameter  y  is  called 
universal  because  it  completely 
determines  both  the  value  of  noise 
reduction  and  the  band  of  frequency 
In  which  the  reduction  ooours. 
Actually,  formulas  (164)  and  (163) 
indioate  that  tbs  noise  reduction 
of  the  oell  increases  in  propor¬ 
tion  to  an  Inaras  m  in  the  ratio 
of  the  oroaa-seotlon  of  the  dumber 
to  the  oroaa-aeotion  of  the  tube. 
This  oon  elusion  already  him  bean 


presented  earlier  in  connection  with  systems  in  which  a  sharp  dungs  in 
the  cross-section  of  the  sound  duet  is  observed  (formulas  (87)  and 
(154). 


Furthermore,  it  is  apparent  from  the  above  formulas  that  the 
noise  reduction  also  la  increased  with  an  increase  in  the  length  of  the 
chamber  /,  or  in  the  length  of  the  tube  /a.  More  detailed  analysis  of 
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determines  the 


m 


formulas  (153)  and  (164)  mould  shorn  that  the  ratio 


It 

U 


width  of  the  band  of  frequencies  of  absorption*  which  attains  a  maximum 


at 


/» 


The  total  raduotion  given  by  savaral  oella  of  a  mufflar  at  any 
given  frequency  is  determined  in  tha  quadripole  simplified  method  by  a 
summation  of  tha  reduction  due  to  each  of  tha  oalls  at  tha  given  fre¬ 
quency. 

Example  45.  the  problam  is  to  compute  tha  frequency  characteris¬ 
tic  of  tha  noise  raduotion  of  tha  two-oell  reactive  muffler  shown  at 
tha  top  of  Figure  133*  using  tha  quadripole  method. 

Solution,  fo  determine  tha  frequency  characteristic  of  the 
coefficient  of  noise  reduction  of  the  first  cell  of  the  muffler,  we 
find  the  value  of  the  universal  parameter  y,  as  givan  in  formula  (163). 

Wa  take  the  dimensions  from  Figure  133*  The  temperature  of  the 
gases  in  the  muffler  is  approximately  300°  C.  The  spaed  of  sound  at 
this  temperature  may  be  taken  as  equal  to  c  *  4*1  *  1<r*  am/ see  (109), 
Thus  we  havei 


t[ 


cos 


2« 


4,1  *  10* 


/  (30  30)  -f 


+  t['-i(?  +  5)]  ““  7XT5T  /(»- »>> «  2.96  «« (0. 6/)-  -  J  .96 

We  determine  the  value  of  the  raduotion  for  a  frequency,  such  as 
300  cycles* 

Ap,— 20  Xe,  [(2, 96  co,  (0,5*  300)*-’ 1,96)  + 

4  y' 12, 96  cos(0j>- 300)°— 1,961* —l]«  19 

For  tha  aaoond  oall,  wa  have,  similarly t 

+ i  ['  -  i  (? +  s)]“  tSs  >m-‘” - m> 
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The  reduction  duo  to  this  osll  at  a  frequency  of  300  eyoles  is 
equal  to  aero  beoauss  V2f  m  oy<jl#-  <  1,  lha  total  rsdaotion  at 

a  frequency  of  300  cycles  1st 

A?®  «  •+■  Afc- 19  +  0»  19  . 


lha  Talus  of  the  noise  reduction  ftor  t ho  rer  lining  frequencies 
is  found  in  the  spaa  nay.  The  frequency  characteristic  of  the  noise 
reduction  whioh  is  ..obtained  is  shown  in  figure  133  (curve  1). 


42. 


■ter  ttt  Hitto&jl.  IMs&Misz 


V.  S.  Nesterov  (80)  proposed  use  of  the  "method  of  linked  frac¬ 
tions"  for  the  analysis  of  multi-oell  acoustic  circuits  of  the  type 
found  in  multiple-layered  resonance  sound  mufflers,  the  linked  fractions 
method  was  applied  independently  of  the  latter  toy  0.  V.  Petrosa  and  V. 

P.  Terskikh  in  the  analysis  of  marine  engine  exhaust  mufflers.  Accord¬ 
ing  to  this  method*  in  which,  contrary  to  the  method  described  in  the 
preceding  paragraph*  no  assunptions  are  made  concerning  the  mutual 
compatibility  of  the  elements,  the  individual  elements  of  the  exhaust 
gas  system  (tubes  and  ohaabers  of  the  muffler  and  manifolds)  are  re¬ 
placed  by  combinations  of  various  quantities,  namely  by  the  equivalent 
stiffness  H*  and  the  equivalent  compliance  £J,  which  represent  the  in¬ 
ertial  and  elastio  properties  of  the  elan  ants  (figure  134,  a  and  b). 
for  the  purpose  of  rendering  the  system  symmetrical,  fictitious  ele¬ 
ments  with  aero  ooaqplianoe  are  introduced  at  the  functions  of  elements 
(figure  134-o). 


c  A 


figure  134.  Eeduotion  of  a  reactive  muffler  to  a  system  of  stiffness 
and  oomplianoe  quantities  (in  the  analysis  of  a  muffler 
'ey  the  linked  fractions  method). 
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The  design  of  mufflers  according  to  the  linked  fractions  method 
Is  performed  as  follows.  First  of  all  the  values  of  the  mass  u.  and 
the  compliance  t  of  the  individual  elements  of  the  system  are  deter¬ 
mined  : 


(165) 


whH<ire  /  and  S  are  the  length  and  orosa-saotional  area  of  the  muffler  ' 
element; 

p  and  c  are  the  air  density  and  speed  of  sound  within  the 
muffler  at  the  given  temperature. 

For  convenience,  the  computation  is  performed  in  relative  units, 
i.e,  we  determine 


m~t;  *”“•  <l66> 

where  u0  and  et  are  arbitrary  values  of  aooustlc  mass  and  compliance. 

The  values  of  the  equivalent  stiffnesses  and  the  equivalent  com¬ 
pliances  of  the  elements  of  the  system  are  found  from  the  following 
expressions; 


(If?) 

#  '  V  »,/4A  ’ 

(16^ 

here  A  is  a  particular  frequency  parameter,  equal  tot 

A-4*VV*M- 


(169) 


It  may  be  shown  that  the  ratio  of  the  amplitudes  of  vibration  of 
thm  ras  at  the  inlet  end  outlet  of  the  gas  exhaust  system,  -|AlL.  ,  is 
equal  tot 


...X/£.+ - i - 

V  wj  +  w'  +  J - - - 
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h 5  +  h  5  +  ; 


_L 
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The  noise  reduction  of  the  muffler  at  the  given  frequency  isi 

Ap  *  20  log  db‘  (171) 

The  design  of  a  muffler  according  to  the  linked  fractions  method 
is  reduced  to  the  performing  of  several  typical  operations,  the  essence 
of  which  is  explained  by  the  table  of  Figure  135*  which  has  been  con* 
struoted  for  designing  a  four-element  muffler*  Completion  of  the  table 
in  this  outline  begins  with  line  1 ,  in  whioh  the  values  of  stiffness  and 
compliance  found  according  to  formulas  (16?)  and  (168)  for  each  of  the 
elements  of  the  system  are  entered*  The  further  sequence  of  computation 
is  indicated  by  arrows  in  the  outline.  The  order  of  progression  of  the 
computations  is  from  right  to  left  in  the  diagram. 
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Figure  135*  Table  for  the  design  of  a  muffler  by  the  linked  fractions 
method. 

Methods  for  computation  of  linked  fractions  are  described  in  ie 

monograph  of  V*  P.  Terskikh  (103).  The  quantity  -lidQL  is  determined  by 

*out 

cross-multiplication  of  the  values  (1),  (2),  ...,  (8)  in  parentheses  in 
line  3  of  the  table. 
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Ptspl'i*  a  certain  eiiMberscsueness,  the  design  of  reactive  mufflers 
according  to  the  linked  frackl-ne  me-ioa  is  v«3 -able  in  that  it  enabler 
i  precise  determination  of  the  -o cation  oi‘  faults  in  the  frequency 
characteristic  of  the  sound  isolation  of  mufflers,  and  may  b«  applied 
to  exhaust  gas  systems  as  a  wholes.  Analysis  of  the  nature  of  the 
ohange  in  the  magnitude  of  the  relative  amplitude  while  traversing  the 
system  ^the  products  of  the  figures  in  parentheses  in  Figure  135)  'en¬ 
ables  the  most  rational  dimensions  of  each  clement  of  the  system  to  fcs 
determined* 


Example, 4,6.  The  problem  is  to  corpute  the  frequency  characteris¬ 
tic  of  the  noise  reduction  for  the  reactive  absorber  indicated  in 

Example  45,  by  the  linked  fractions  method. 


-Solution.  To  compute  a.,  we  first  find  the  value  cl*  the  mass 
and  compliance  of  each  cf  the  elements  of  the  muffler.  The  values  of' 
the  speed  of  sound  in  the  muffler  and  the  air  density,  as  in  the  preced¬ 
ing  example,  are  taken  with  the  assumption  teat  the  sir  temperature  in 
the  muffler  is  approximately  300°  C.  For  tee  first  element  of  the 
muffler  (chamber  diameter  ~p0  mm)  we  obtain; 


30.6.15- 10~4 
0.765-  25* 


3.77.  lO"5; 


■$Wi 

?c* 


0,785  -25*.  30 

6, 15- Hr4- 4.14- 10* 


1.46-10 


-J 


Converting  to  relative  units,  using  the  arbitrary  fonu 
40»2‘10"^,  *o  *  0*132*10“2,  we  obtain; 


fflj » 


h. 


3,77- 10~s 

40,?-  UT6 


»0,094; 


1,46- IQ"2 
0.132- IQ-2 


n.i. 


The  results  of  similar  computations  for  other  elements  of  the 
muffler  are  shown  in  the  following  table. 
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36,9- 10“s 

0.15-10-2 

0,92 

i 

1,14 

3 

7.54- 10-5 

2,92- 10“2 

0,19 

22,1 

4 

74  10“s 

0.3-10"2 

1.84 

2.29 
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Let  us  compute  the  value  of  the  particular  frequency  parameter 
for  a  frequency  of  300  cyclos. 


A s»  4ma  (300)*  *  {*(,  •  am  1 , 865 


We  find  the  values  of  the  equivalent  stiffness  and  compliance 
of  the  first  element  of  the  muffler  according  to  formulae  (16?)  and 

(168) t 


//*«  Trrf “  V °*094  n.i. 1, 865  •  tan  0. 105; 

1  U,1  \  2  / 

E%rss  1 1  1  aln  V  0.004  •  11 . 1  •  I  .*65  .j 
1  V  0,094 .17, 

The  values  of  the  same  quantities  for  other  elements  of  the  muf¬ 
fler  aret 


Elements 

Values 

H» 

B* 

2 

-1,02 

0,808 

S 

-0.695 

2.79 

4 

i  ...  . - _  - . 

-7  45 

0,261 

We  insert  the  obtained  values  into  the  outline  >f  Figure  135  and, 
proceeding  from  right  to  left,  determine  sequentially,  by  the  linked 
fraction  method,  the  values  of  the  intemediate  quantities  in  the  table 
as  follows > 


1 

_ L_  ~  i  3 

7.85' 

-0,105 

0 

-1,02 

0,808 

-1.02 

0 

-0,695 

2,79 

-0.695 

0.697 

U4 

1 

2,16 

-0,344 

-1.885 

I 

1 

-1,19 

1 

-3.63 

1 

0.42 

(8.817) 

(1.035) 

.  1 

1,14 

(0. 464) 

_ 

(-2,905) 

I 

-1.685 

1 

a 

(—0.275) 

(Table  oontinued) 
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~  * 

0 

-7,45 

0.26  k 

—7,45 

■ 

| 

-0,134 

4—*' 

0.47 

|  (0.!2?> 

i 

(-7.45) 

According  to  the  outline  of  Figure  135  the  value  j,^n  is  obtained 
through  multipxioc  tion  of  the  values  in  the  parentheses i 

•in*  (-?.45) (0J27)<~  0.275) (-0.84)  X 
X  ( —2, 905)  (0, 464)  ( 1,035 f  (8,817)  *2,69. 

the  noise  reduction  of  toe  :.ui fleer  at  a  frequency  of  300  cycles 
is  equal  tot 


A{5  B  20  log  •  «  8.6  do. 

The  noise  reduction  is  'vrs.puted  similarly  for  other  frequencies. 
Tbs  frequency  characteristic  of  a  muffler  obtained  in  tots  way  its  shown 
in  Figure  133  (curve  2),  tomparing  it  wlto  curve  1,  it  is  sear,  that  the 
1 -Units  of  the  frequency  zones  of  high  damping  determined  by  the  two 
methods  practically  coincide.  Thy  same  may  be  said  to  be  true  of  the 
son©  of  low  deeping  in  the  range  of  medium  frequency.  However,  as  men¬ 
tioned  in  toe  foregoing,  computation  of  a  muffler  by  the  simplified 
method  of  quadripoles  does  not  reveal  too  frequency  faults  of  sound 
Isolation  in  the  frequency  characteristic  of  toe  r.oia*  reduction  of  the 
muffler.  Because  of  this,  to  toe  case  of  ..ntense  components  at,  in¬ 
dividual  frequencies  in  toe  spectrum  of  noise  of  the  exhaust,  it  is 
advantageous,  in  addition  to  analysis  cl  toe  muffler  ty  the  quadripole 
ts-.vto.od,  to  supplement  this  analysis  with  a  calculation  according  to  the 
ji  viced  fractions  method,  'toe  u&a  of  computing.  machines  greatly  facili¬ 
tates  toe  latter  analysis. 


In  view  of  the  oompl»:tity  of  a  muffler  as  an  acoustic  system 
**  .rust  be  considered  only  as  a  first  stage  of  actual  designing .  The 
final  da  to  for  a  muffler  see  detemlnod  after  testing  a  model  of  the 
muffler  and  correction  (if  necessary)  of  its  design  parameters. 

rate *7  testing  of  the  acoustic  characteristics  of  exhaust  mufflers 
v..  performed  with  the  aid.  of  artificial  sources  of  sound  and  ia  similar 
to  tor  tooting  of  ventilation  duct,  mufflers.  Practical  evaluation  of 


tho  acoustic  properties  of  a  muffler  la  performed  through  testa  on  an 
aotual  engine* 

<0*  The  Design  and  Aoouatlo  Properties  of  Heaotlve  and  Active  Mufflers 

Figure  136  shows  several  designs  of  mufflers  for  low  power 
marine  engines*  The  average  noise  reduction  of  the  mufflers  in  the 
sonio  frequency  range  also  is  given*  as  the  power  of  the  engine  is 
ohanged  from  25  to  100  peroent  of  nominal  oapaolty* 


U  59  7.1  fOO 

Ne  (Horsepower)*  $ 


Figure  136*  Designs  of  mufflers*  and  their  noise  reducing  effeot  as  a 
Amotion  of  the  type  of  engine  and  its  power* 

1  -  Huffier  a,  engine  type  2  Ch  8*5/1 1 1  2  •  Muffler  b* 
engine  type  2  Ch  13/18 j  3  -  Muffler  1  *  engine  type  4  Ch 
8*5/1  It  4  -  Muffler  b,  engine  type  4  Ch  13/l8t  5  -  Same, 
engine  type  2  Ch  13/16 f  6  -  Same*  engine  type  3D6* 
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Thy  designs  she  a  in  Figure  136,  b  and  0  art  reactive  absorber.** 
in  which ,  however,  the  exhaust  gases  are  given  a  rotational  motion, 
primarily  to  remove  solid  par  tides  (this  also  cay  be  achieved  through 
the  introduction  of  ultrasonic  vibrators  in  the  exhuast  system,  or  in 
the  muffler,  itself).  The  muffler  design  shown  in  Figure  136-a  indudes 
a  sound  absorber  in  addition  to  reaotive  elements,  The  former  may  con¬ 
sist  of  very  fine  steel  wire  gauze,  which  is  obtained  by  a  metallurgical 
operation  involving  a  special  process. 

As  may  be  seen,  the  noise  reduction  varies  from  13  or  15  db»  to 
23  or  2.5  db,  and  depend;:  not  only  upen  the  design  of  the  muffler,  but 
upon  the  type  of  engine,  as  well.  This  is  due  to  differences  in  the 
design  and  dimensions  of  the  exhaust  manifold,  and  again  emphasizes  the 
approximate  nature  cf  oompuUtion  uocurding  to  the  quadripole  method, 

In  which  the  degree  of  lack  of  compatibility  of  the  cells  of  the  muffler 
with  each  other  and  with  the  elements  of  the  exhaust  system  of  the  en¬ 
gine  io  not  taken  into  aecount.  With  the  exception  of  a  single  case, 
the  acoustic  effect  of  the  muffler  increases  with  the  increase  in  the 
power  developed  by  the  engine.  This  is  explained  mainly  by  the  fact 
that  the  volumetric  speeds  in  the  gas  stream  increase  with  the  increase 
in  engine  power,  and  consequently  the  friction  loss  in  the  muffler  also 
increases. 

Figure  137-a  shows  the  desigi  of  a  "wet"  muffler,  in  which  noise 
reduction  is  due  to  the  absorption  of  sound  by  drops  of  water  formed  by 
the  passage  of  a  mixture  of  water  and  exhaust  gases  through  cylindrical 
tubes  with  perforated  walls.  This  muffler  also  is  a  good  spark 
arrestor.  A  diagram  of  the  installation  of  the  muffler  on  the  river 
passenger  launch  “Mookviah"  is  shown  ir.  figure  137-t.  In  conjunction 
with  an  underwater  gas  exhaust  system,  the  "wet"  muffler  has  almost 
completely  eliminated  the  exhaust  noise  on  the  deck  of  t.  e  launch  (48) . 

An  excellent  practical  solution  tc  the  problem  of  reducing 
exhaust  noises  is  the  U3«  of  waste-heat  hollars,  which  are  present  in 
acme  3hlp$  and  which  function  on  the  exhaust  gases  of  the  engine,  aa  a 
muffler.  The  cluster  of  tubes  in  the  boiler  reduces  noise  at  high  fre¬ 
quencies,  and  the  expansion  chambers,  fitted  before  and  after  the 
boiler,  are  adjusted  for  reduction  of  low  frequency  noise.  The  total 
reduction  of  noise  (over  the  spectrum)  reaches  18  db  (?4). 

Figure  138  shows  oross- sections  of  am  air  intake  muffler  tested 
by  the  present  author  for  medium-power  diesels.  The  basis  of  the  muf¬ 
fler  is  a  tube  with  perforated  walls,  under  which  is  a  sound  absorber 
(glass  wool,  mineral  wool,  cotton  wadding,  plastic  foam).  The  reduction 
of  sound  in  a  tube  of  this  type  is  calculated  in  the  same  meaner  as 
that  in  ventilation  system  mufflers.  Additional  reduction  of  sound, 
attaining  4  or  5  db,  occurs  as  a  result  of  turning  the  air  stream  and 
the  absorption  of  sound  by  the  dust-protection  mesh  and  sound  absorber 
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Figure  137.  A  "net"  Muffler  (a)  end  its  installation  on  a  river  pee* 
aenger  launch  (b)« 


on  the  internal  surfeoe  of  the  oover  (the  gap  between  the  oover  end  the 
body  of  tho  absorber  nay  be  regulated,  to  enable  selection  of  the 
deiired  degree  of  silencing  at  any  given  back-pressure) . 

A  motive  filter,  consisting  of  a  space  of  toroidal  shape  and  a 
perforated  oover  is  oonneoted  la  parallel  to  the  active  Muffler  (the 
bottom:  wall  of  this  spaoe  may  be  solid  or  nay  ba  perforated) .  The 
filter  is  adjusted  to  the  frequency  of  the  "siren*  sound  of  the  air 
blowar  (of.  Chapter  17) •  The  total  reduction  of  noise  of  the  air 
blower  after  installing  tha  muffler  can  reach  20  to  25  db. 

During  World  War  II,  neaale*type  air  intake  nufflars  ware 
applied  on  the  high-power  dinette  of  damn  ahdpe,  the  aharaoterlatio 
peculiarity  of  which  was  a  aeriee  of  expansion  noaalea  at  tha  intake 
end  of  the  nufflar  (141)  •  If  the  speed  of  flow  of  the  gae  in  the 
throat  of  the  nosale  is  nade  equal  to  the  speed  of  sound,  then  the 
sound,  in  fhinoipio,  cannot  leave  the  m^ffler.  In  praotioa,  however, 
tar  the  puspoen  of  preventing  looses  dun  to  nietion  at  the  gae  atrean 
against  the  wtt 1  of  the  noasle,  a  considerably  lower  speed  of  flew  is 


necessary.  Nevertheless,  the  muffler  provides  quite  adequate  reduction 
of  vibration  over  a  broad  range  of  frequencies* 


Figure  138.  Air  intake  muffler  with  sound  absorber. 

1  -  Tube  with  perforated  valid}  Z  -  Sound  absorbers  3  - 
Parallel-arranged  chamber;  4  ■*  Kange  for  attachment  to 
engines  5  -  Protective  gratings  6  -  Absorber  on  00 vers 
7  -  Screw  for  regulating  air  intake  aperture.  Arrows 
indicate  direction  of  motion  of  air. 


A  muffler  must  be  designed  in  a  manner  to  ensure  that  it  exerts 
minimal  resistance  to  the  constant  flow  of  gas  within  it*  i.e.  usat  the 
drop  in  pressure  should  be  as  low  as  possible.  For  a  value  of  pressure 
drop  A p  of  the  gas  stream  in  a  round  tube*  an  expression  taken  from 
referenoe  (43),  with  a  certain  amount  of  modification*  holds  trues 


A^*« const  — , 
/  Rf  -d* 


(172) 


t&ere  t  and  d  are  the  length  and  diameter  of  the  tubes 

(j  and  v  are  the  density  of  gas  and  volumetric  velocity  of  its 
motions 

Re  is  the  Reynolds  number* 

The  great  dependenoe  of  the  trunsnlsslon  of  pressure  drop  upon 
the  diameter  of  the  tuba  merits  attention.  Because  of  this*  increasing 
the  aooustlo  effect  of  the  muffler  by  means  of  a  reduction  of  the  tube 
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diameter  of  the  muffler  is  disadvantageous  ,  bwoaus -i  it  results  in  a 
considerable  loss  of  power  in  the  engine.  It  is  more  national  to 
inorsass  tha  length  and  oross-seotional  area  of  the  chamber,  and  also 
the  length  of  the  tubes.  These  factors  show  the  diffioulty  of  creating 
amall-aiBe  react! re  mufflers  vita  a  high  noise  reduction  and  low  back¬ 
pressure.  Thus  the  trend  toward  utilisation  of  all  the  free  volume  of 
the  engine  room  (along  the  bulkheads,  at  the  overhead,  etc.)  for  place¬ 
ment  of  mufflers  is  completely  justified  from  this  point  of  view. 
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Figure  139.  Back  pressure  of  mufflers  as  a  function  of  type  of  engine 
and  the  power  developed  by  it.  Huffier  design  and  not- 
tions  of  curves  as  in  Figure  13b. 

Figure  139  shows  the  bade  pressure  of  the  muffler  designs 
described  earlier,  as  a  function  of  the  engine  power.  The  magnitude  of 
the  bade  pressure  varies  between  10  and  40  am  Hg,  and,  just  as  for  the 
magnitude  of  the  noise  reduction,  depends  upon  the  type  of  engine  and 
the  power  developed  by  it.  The  variation  in  back  pressure  is  mainly  a 
function  of  the  volumetrlo  velooity  in  the  gas  exhaust  system  of  the 
engine. 


There  are  indications  (43)  of  the  possibility  of  reducing  the 
back  pressure  of  mufflers  through  the  inclusion  of  parallel  chambers 
of  large  voluna  and  the  selection  of  the  length  of  the  oafeauat  plpp  in 
suoh  a  manner  as  to  ensure  a  condition  of  resonance  in  the  operation 
of  the  muffler  in  oonjunotion  with  the  engine. 


256 


CHAPTER  12 


THE  ISOLATION  OF  SONIC  VIBRATION 


45.  foe  vtoyttgp  Mating,  fiftigj  tf..&mtis. UttertAi.* 

Ship  hull  structures  conduct  sound  better  then  the  structures  of 
ordinary  buildings.  In  Table  ?  it  was  seen  that,  at  least  in  small 
ships,  airborne  noise  in  rooms  i~  related  in  its  origin  to  sonic  vibra¬ 
tions  emanating  from  the  region  of  the  engine  room. 

3ecause  of  this,  the  isolation  of  sonic  vibration  is  of  primary 
importance  to  the  control  of  noise  in  ships.  It  is  accomplished  by 
mounting  the  sources  of  vibration  on  sound  isolating  mounts.  It  is 
evident  that  this  must  be  acoompanied  by  isolation  and  absorption  of 
airborne  sound. 

The  results  of  ejqperiments  conducted  by  King  (141) ,  who  investi¬ 
gated  the  reduction  of  gear  noise  by  means  of  the  simultaneous  and 
separate  application  of  sound-,  and  vibration-isolating  treatments,  are 
revealing.  The  simultaneous  applioetion  of  a  sound-protecting  housing 
and  sound  Isolating  mounts  enabled  the  loudness  of  the  sound  of  the 
gears  to  be  reduoed  by  26  phons.  When  eaoh  of  these  means  was  applied 
separately,  the  acoustic  effect  did  not  exoeed  3  or  4  phons.  This  re¬ 
markable  effect  of  sound  isolation  mounts  in  relation  to  noise  in  the 
compartment  of  the  source  is  oharaoteristlo  only  of  the  case  in  which 
the  direct  sound  from  the  machine  is  measured  together  with  the  sound 
radiated  into  the  room  by  the  vibrating  walls.  Usually,  direct  sound 
predominates  in  the  room  of  the  source  (if  there  is  no  resonance  of 
parts  of  the  boundary  structures),  and  the  installation  of  vibration 
isolation  mounts  has  almost  no  effeot  on  the  noise  level  in  that  00m- 
partment.  However,  the  effeot  of  sound  isolating  mounts  or  elastic 
gaskets  under  the  maohine  is  fully  manifest  in  adjaeent  oompartments, 
in  which  noise  it  determined  by  the  sonic  vibrations  of  the  walls. 

For  the  purpose  of  olarlfioation  of  the  basio  laws  of  isolation 
of  sound  waves  by  means  of  alas  tic  materials  ws  shall  consider  the 
idealised  case  of  an  infinite  metallic  sound  conductor,  the  material 
of  uhioh  has  wave  resistance  (fo)^  Thejsquivalent  wave  resistance 
of  the  material  of  an  insert  or  gasket  /prokladkjJ  is  />o  (Figure  140-a). 
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Because  materials  with  a  .rave  resistance  larger  than  (^c)^  do  not 
exist,  the  only  possibility  of  attaining  isolation  of  vibration  with 
inserts  or  gaskets  consists  of  the  ’<se  of  materials  in  which  pc<&(pc)t. 


Figure  140.  Elastic  sound  isolating  gaskets  placed  in  an  infinite 
sound  conductor  (a)  and  under  a  maohlne  (b) * 

Utilizing  a  method  similar  to  that  employed  in  the  derivation  of 
the  expression  for  the  isolation  of  airborne  sound  by  partitions  having 
appreciable  mass  (Paragraph  24),  we  may  obtain  an  expression  for  the 
isolation  of  a  longitudinal  aave  in  a  metallic  sound  conductor  due  to 
the  insertion  of  an  elastic  gasket! 


Here  (pc),  is  the  wave  resistance  of  the  metallic  sound  conductor; 

h  and  E  are  the  thickness  of  the  gasket  and  some  equivalent  modulus 
of  elasticity  of  its  material; 

f  is  the  frequency  of  vibration. 

Taking  account  of  the  faet  that  &  »  K  corresponds  to  the  com. 

pliance  of  the  gasket  per  omz  aocording  to  Hook's  law,  and  that  for 
sufficiently  large  values  of  frequency  the  numerical  terns  may  be  ig¬ 
nored  in  comparison  with  the  second  term,  we  present  the  above  formula 
in  the  fonni 
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(174) 


VI  a  20  log  («)  -  oonst  db. 

Comparing  this  expression  with  fomula  (103) ,  it  is  apparent  that 
in  the  isolation  of  "material"  sound,  the  compliance  of  a  gasket  ful¬ 
fills  the  same  role  as  the  mass  of  the  wall  in  the  isolation  of  airborne 
sound. 


Flexural  vibrations  of  low  and  medium  sonic  frequency  are  iso¬ 
lated  less  by  an  elastic  gasket  than  are  longitudinal  v ibrations  (124). 

Friction  in  the  material  of  the  insert  or  gasket  plays  a  defi¬ 
nite  role  in  the  isolation  of  "material"  sound.  The  positive  value  of 
friction  is  evident  at  frequencies  in  which  a  whole  number  of  sonic 
half-waves  are  encompassed  within  the  thickness  of  the  insert.  This 
wave  resonance  Is  analogous  to  the  resonance  of  the  air  space  in  double 
partitions  isolating  airborne  sound.  The  resonance  frequencies  may  be 
found  from  the  condition* 

A**/»  ;»*1.  2,  3.  . ,,  ll?5) 

4  2r* 

where  c  is  the  velocity  of  propagation  of  waves  in  the  insert. 

The  frequency  of  the  first  resonance  is  equal  tot 

fr1  *  ^  •  (176) 

The  vibration-oonducting  properties  of  inserts  at  wave  resonance 
frequencies  are  determined  entirely  by  the  magnitude  of  the  mechanical 
losses  in  them.  The  greater  these  losses,  the  less  is  the  deteriora¬ 
tion  of  the  vibration  isolation  at  resonance*  At  the  same  time,  however, 
the  presence  of  losses  oauses  a  n^ight  Increase  in  vibration  trans¬ 
mission  outside  the  regions  of  resonance  (of.  Figure  141). 

Usually  in  elastic  materials  the  forces  of  internal  friction  at 
high  frequencies  are  fairly  high*  and  to  a  greater  or  lesser  extent 
only  the  first  wave  resonance  may  appear.  This  must  b?„-  taken  into  ac¬ 
count  when  "material"  sound  has  very  intense  components ,  such  as  in  the 
magnetic  hum  of  electric  motors. 

The  frequency  of  the  first  resonance  of  an  elastic  insert  is 
lower,  the  thioker  the  insert.  On  this  basis  several  German  scientists 
do  not  reocmmend  the  use  of  thick  vibration  isolation  mounts  of  elas- 
tlo  material,  Sxperlenoe,  however,  substantiates  the  considerable 
useful  effect  of  the  foroes  of  internal  friotion  in  such  materials, 
and  indicates  that  the  sound  isolation  of  thick  Inserts  is  considerably 
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greater  in  the  sonic  frequency  range  than  that  of  thin  inserts,  -which 
also  follows  from  formula  (1?3)» 

The  model  of  ar.  infinite  sound  conductor  (Figure  1.60 -a),  which 
explains  several  factors  in  the  phenomenon  of  vibration  isolation, 
holds,  for  example,  in  the  case  of  a  long  metal  shaft,  into  which  sound 
isolating  couplings  or  gasketa  have  been  introduced.  A  vibration- 
isolated  machine  at  low  and  medium,  sonic  frequencies  may  be  depleted 
approximately  by  the  diagram  of  Figure  i6c~b.  Here  F  is  a  force  of 
varying  frequenoy  arising  in  a  machine  in  the  course  of  its  operation, 
%  is  the  mass  of  the  machine,  and  C  is  the  total  stiffness  of  the 
elastic  mounts,  which  in  the  first  approximation  is  equal  toi 


where  h,  d  and  E  are  the  thickness,  total  supporting  surface  and  equi¬ 
valent  dynamic  modulus  of  elasticity  oi  the  material  of  the  mounts, 
respectively.  Fcr  the  sake  of  simplicity  let  us  assume  that  friction 
is  absent  in  the  material,  and  that  the  mass  of  the  foundation  under 
the  vibration-isolated  machine  is  infinitely  great  (impedance  of  the 
foundation  Z%  ~  7C) 

The  impedance  of  a  system  -consisting  of  mass  and  elas¬ 
ticity  C  is  equal  to  v formula  28}  s 


Z  ~~ 


The  value  of  the  vibrational  velocity  of  a  mass'  under  the  effect 
of  a  force  F  (same  as  formula  26)  is» 


F 

y*7 


/  -  -§•) 


The  force  transmitted  oy  elastic  mounts  to  the  foundation  is: 


,j, — yzv 

where  kc  13  deteminea  from  formula  (30),  We  obtain: 
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F 


(178) 


The  ratio  X  le  ldentioal  to  the  square  of  the  circular  fre- 

quency  of  free  vibrations  of  a  machine  on  vibration  isolation  mounts 
(formula  9)* 


When  the  mass  is  rigidly  attached  to  the  foundation*  the  entire 
vibratory  force  F  is  transmitted  to  the  foundation*  The  ratio 

p 

— ,  thus  determines  the  vibration  isolation  effect  of  the  elastic 

V 

mounts.  From  formula  (1?8),  it  is  equal  to j 


(179) 


F 

The  reciprocal  of  ~r-  is  known  in  the  theory  of  vibrations  as 
the  coefficient  of  transmission. 


The  vibration  isolation  1st 


VI  *  20  log 


(180) 


In  this  expression  the  ratio  of  the  circular  frequencies  is  re¬ 
placed  by  the  ratio  of  frequencies.  The  logarithmic  expression  is  taken 
in  absolute  value  because  its  sign  determines  only  the  phase  of  the 
vibratory  force;  the  phase  does  not  have  any  significance  in  a  computa¬ 
tion  of  the  degree  of  vibration  isolation. 

At  —  >  3 »  we  have,  approximately* 


2&  kO  log  ^  db. 


(181) 


In  Figure  lhl  the  solid  curve  indicates  the  vibration  isolation 
of  elastic  mounts  without  friction,  plotted  according  to  the  two 
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last-named  formulas  (the  limits  of  applicability  of  each  of  the  formu¬ 
las  are  indicated  on  the  graph).  It  i.3  apparent  that  up  to  a  frequency 

equal  to  \  2/0,  vibration  isolation  is  negative,  i.e.  the  vibratory 

force  at  the  foundation  is  increased  in  comparison  with  rigid  attachment 
of  the  machine.  The  isolating  effect  of  the  vibration  mounts  is  ob¬ 
served  only  at  higher  frequencies. 


Figure  141.  Frequency  function  of  the  vibration  isolation  of  elastic 
mounts  without  friction  (1)  and  with  friction  (2). 


In  addition  to  the  fundamental  roiunanoe  of  the  system  (machine 
and  elastic  mounts),  the  wave  resonance  of  the  mounts,  mentioned  above, 
also  may  appear.  We  may  repeat  that  as  mentioned  above,  this  resonance 
is  almost  unnoticeable  in  real  mounts  with  friotion  (curve  2,  Figure 

141). 


Example  47.  The  frequency  of  free  vertical  vibrations  of  a 
machine  on  elastic  mounts  was,  due  to  the  installation  of  softer  elas¬ 
tic  mounts,  reduced  from  f01  *  20  cycles  to  f^  ■  10  cycles.  By  what 

mount  was  the  vibration  isolation  Increased  at  a  frequency  of  f  ^  60 
cycles? 
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Solution.  Because*  the  ratio  X  is  greater  than  3,  we  use 
formula  v^lT*  *0 

The  vibration  isolation  for  the  initial  installation  of  vibra¬ 
tion  mounts  1st 

Vlt  »  40  log  (j-  'j  db, 

The  vibration  isolation  with  softer  vibration  mounts  is: 

VI2  »  40  log  db. 

The  difference  in  vibration  isolation  values  is: 

VI2  -  VI.,  *  40  log  2-12  db. 

This  example  indicates  the  advantage,  from  the  point  of  view  of 
acoustics,  of  reducing  toe  frequency  of  free  vibrations  of  machines 
mounted  on  vibration  isolation  mounts*  At  toe  present  time  vibration 
isolation  mounts  with  free  vibration  frequencies  of  10  and  even  5  cycles 
are  already  being  used  in  ships.  At  these  values  of  /0,  the  isolation 
of  vibration  in  a  direction  perpendicular  to  the  plane  of  toe  founda¬ 
tion  begins  to  take  effect  at  frequencies  from  7  to  14  cycles. 

46.  SfltatialsXgg  vlfrra.tt9n 

In  principle,  any  elasto-viscous  material  may  be  used  as  the 
isolating  material  of  a  vibration  isolation  mount:  rubber,  cork,  felt, 
etc.  Rubber  is  used  most  often  under  shipboard  conditions,  not  only 
beoause  of  its  very  good  vibration  isolation  properties,  but  also  be¬ 
cause  of  other  advantages,  such  as  its  constancy  of  elastic  charac¬ 
teristics  with  the  passage  of  time,  to©  ease  of  giving  any  desired 
shape  to  toe  material,  resistance  to  hunldity,  molecular  stability, 
and  great  strength  of  adherence  to  metal  (after  vulcanization).  The 
disadvantages  of  rubber,  such  as  susceptibi! ity  to  the  effects  of  oil, 
benzine  and  ozone  (produced  by  the  arcing  of  brushes  of  electric 
motors)  may  be  countered  by  coating  its  surface  with  suitable  lacquers 
and  toe  selection  of  oil.-,  and  benzine-x'a.istance  types  of  rubber. 
Experience  indicates  that  4  or  5  years  of  service  on  shipboard  is 
common  for  rubber  vibration  mounts. 

Table  21  (129)  lists  materials  U3ed  in  vibration  isolating  de¬ 
vices.  The  usual  loadings  placed  on  the  material,  and  the  values  of 
the  static  and  dynamic  mod’ll i  of  elasticity  of  to©  materials,  £ct  and 

E„,  ,  are  indicated.  In  elastic  materials  toe  latter  always  exceed 

<^yn 
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Table  21 


Properties  of  Mounts  Made  of  Various  Vibration  Isolating 
Materials,  Subjected  to  Different  Loadings 


f 

Mount  Material 

«  3 

2  H 

I  d  & 

o  tS 
•H  § 

•H  E 
•O  0 

B 

04 

M  s 

. 

C4 

&B 

r~* 

IN 

"1 

1 

O  i 

*  1 
t 

i 

'  ! 

jl 

Rubber  of  Average  j  2,5 

60-80 

no- 

...  - 

1,3 

37 

Stiffness  ! 

120 

■ 

Id 

Soft  Rubber  ; 

3,5 

24 

31 

‘•3 

3 

Soft  Cork 

3,2 

i 

10 

60 

6 

25 

2.2 

n 

12 

80 

6,7 

25 

1,6 

BH 

20 

160 

8 

30 

1,4 

Hi 

30 

9 

35 

1 

Fiberglass  (sheets) 

3.8 

0,05 

0.8 

m 

1,2 

1 

tl 

3,6 

0,1 

0.8 

HS9 

2 

|  10 

3,1 

0,2 

1.1 

2,9 

n 

Wood  Fiber  Material  (reats) 

1,8 

0.05 

0,45 

0,54 

12 

12 

i 

1.6 

0.1 

0,77 

1.0 

!  »’3 

1 

10 

the  static  modulus,  a  Matter  which  is  explained  by  the  following,  simple 
consideration. 

the  static  stiffness  of  any  given  elastic  material  is  equal  to: 


where  F  is  the  static  foroe  applied; 

AC1  is  the  deformation  of  the  material. 

During  the  action  of  a  periodic  deforming  force  on  an  elasto- 
viscous  material,  the  material  cannot  follow  this  foroe  due  to  a 
property  of  such  materials  known  as  the  so-called  lag  effect.  At  the 
moment  of  time  corresponding  to  maximum  foroe,  the  deformation  is  equal, 
to  =  Act  -  a,  where  a  is  any  positive  number .  It  is  not  diffi¬ 

cult  to  see  that  the  corresponding  “instantaneous tf  dynamic  stiffness 
(elasticity)  is  greater  than  the  static  value. 


<V'  “  • 

The  degree  of  excess  of  over  C„.  or  which  is  the  same,  of 
Edyn  over  £Ct»  depends  upon  the  type  of  material.  The  ratio 

raust  be  taken  into  consideration  in  computing  the  natural  frequen¬ 
ter 

oies  /0  of  the  machine  on  its  mounts.  At  frequencies  up  to  50  or  60 
cycles,  above  which  the  values  of  the  natural  frequencies  of  vibration 
isolating  devices  do  nc extend,  thi3  ratio  varies  for  rubber  between 
1 .1  and  i .?  or  2,  and  i»  several  units  in  the  oaee  of  cork. 


Table  22,  derived  by  the  present  author,  describes  the  vibra¬ 
tion  isolating  properties  of  various  materials.  Cubes  40  x  40  x  40  mm 
in  size  were  placed  under  noisy  machines.  The  specific  loading  on  the 
mount  material  was  2  kGr/cnr. 


The  data  of  the  table  substantiate  the  fact  that  the  best  vibra¬ 
tion  isolation  is  provided  by  mounts  of  soft  rubber.  In  the  given 
experiment  the  average  vibration  isolation  of  this  material  at  a  fre¬ 
quency  range  of  100  to  ?0C  cycles  was  20  dt  Mounts  made  of  pressed 
cork  offer  considerably  less  isolation.  The  vibration  isolation  of 
wooden  blocks,  on  which  machinery  occasionally  is  mounted  in  ships, 
does  not  exoeed  4  to  7  db,  which  corresponds  to  a  noise  reduction  in  an 
adjacent  room  of  1  -1/ 2-fold. 
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Table  22 


Vibration  Isolation  of  Mounts  40  x  40  x  40  am. 
Mad*  of  Various  Materials 


• 

Average  vibration 
isolation  in  the 

Material 

frequency  range 
tOO  -  700  cycles. 

db 

Soft  robber  (Sher  hardness  30) 

18  -  20 

Semi-hard  rubber  (Shor  hardness  55)  . . 

14  -  16 

Pressed  cork  •••••<••••«• 

11-13 

Oak,  birch  (with  grain)  . . . . 

4-6 

Same,  across  grain 

5-7 

Considar&bla  vibration  isolation  my  be  obtained  from  steel 
springs,  in  strip  or  cylindrical  tore.  ibis  i&  avid  ant  iron  an  exami- 
nation  of  Table  ?*  However,  steal  springs  have  a  low  friction  loss, 
and  for  the  purpose  of  avoiding  tran  emission  of  vibration  at  mxaarouo 
wave  resonance  frequencies  it  is  advanta^eov --i  to  introduce  friction, 
in  the  fora  of  surface  (in  ^  Iti-lay^*  springs)  or  internal  elements, 
or  in  the  form  of  supplementary  rubber  strips  of  some  kind  of  vibration 
absorbing  coating. 

Let  us  consider  the  variations  in  the  acoustic  affect  of  vibra¬ 
tion  isolation  materials  and  mounts  as  a  function  of  their  operating 
conditions  and  certain  dynamic  properties*  We  shall  relate  the  load 
on  the  mount,  the  shape  of  the  mount  and  She  frequency  function  of  the 
modulus  of  elasticity  of  the  material  te  these  conditions  and  proper¬ 
ties. 


We  transform  formula  (181),  substituting  the  expression  for  the 
natural  frequency  of  the  machine  as  mounted  on  vibration  isolation 
mounts  i 

VI  *  40  log - Ifszzr**  40  log - 4*»., 

-L  \ /JL  ill  / £Sg 

2k  V  m  t*Y  HG 

where  0  is  the  weight  of  the  machinal 

g  is  the  acceleration  of  the  force  of  gravity; 
the  other  notations  have  been  Introduced  earlier. 
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Taking  into  account  the  fact  that  •  *»  po  is  the  speoific  pres- 

sure,  or  loading  on  the  mount,  and  separating  out  the  quantities  of 
interest  to  us,  we  obtains 


VI  »  20  log  +  oonat  db.  (182) 

It  13  apparent  that  the  vibration  isolation  increases  with  an 
increase  in  the  loading  on  the  mount,  although  only  up  to  a  certain 
limit,  which  for  rubber  may  be  taken  a a  equal  to  8  or  10  kO/cm2,  and 
for  cork  2  ko/an2.  When  the  load  is  increased  above  this  limit  con¬ 
siderable  internal  stresses  are  engendered  within  the  mount,  leading  to 
an  increase  in  its  effective  modulus  of  elasticity  and  this,  as  may  be 
seen  from  formula  (182),  reduces  the  vibration  isolation.  Rubber, 
furthermore,  begins  to  "flow"  at  such  high  loadings,  i.e.  irreversible 
deformation  takes  place,  causing  a  general  settling  down  of  the  maohine 
on  the  mounts. 

The  matter  of  their  shape  is  directly  related  to  the  problem  of 
the  effect  of  the  loading  on  rubber  mounts.  Rubber  is  one  of  the  prao- 
tically  incompressible  materials  (coefficient  of  Poisson  0.48  -  0.49), 
and  its  deformation  is  due  exclusively  to  a  change  in  shape,  and  not  in 
volume.  If  the  mount  is  bounded  on  its  aides  by  a  metal  fitting,  or  if 
it  has  a  large  ratio  of  supporting  surface  to  side  surfiaoe,  it  will 
conduct  vibration  very  well  beoauae  it  is  unable  to  expand  toward  the 
side. 


In  Example  5  it  was  found  that  in  wide  rubber  mounts,  the  speed 
of  sound  is  several-fold  greater  than  its  speed  in  narrow  mounts.  In¬ 
serting  the  value  of  the  speed  of  sound 


c=* 


into  fomula  (182),  we  obtain »  •  . 

VI  «  40  log  1  +  oonst  db.  (183) 

c 

Taking  into  aooount  the  earlier  findings  with,  i  spect  to  the 
magnitude  of  the  speed  cf  sound  in  wide  mounts,  we  see  that  their  vibra¬ 
tion  isolation  capacity  is  less  than  that  of  narrow  mounts.  To  elimi¬ 
nate  this  undesirable  characteristic  in  wide  mounts,  they  must  be 
divided  by  as  many  outs,  openings  and  sections  as  possible.  Experi¬ 
ments  performed  by  the  present  author  indieate  that  the  vibration 
isolation  of  a  rubber  mount  100  x  200  x  20  mm  is  10  to  12  db  lower  in 
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a  frequency  range  of  1.00  to  ?C.'  cycles  Loan  that  of  the  same  mount  cut 
into  25  parts.  Mounts  consisting  of  a  series  of  staggered  and  clued 
together  monolithic  and  perforated  rubber  layers  have  very  good  vibra¬ 
tion  isolation  properties.  The  ail1  cavities  due  to  the  perforations 
enable  those  portions  of  the  rubber  which  are  remote  from  the  free  sur¬ 
faces  of  the  mount  to  expand  laterally  under  vibration. 

With  respeot  to  the  dependence  of  the  modulus  of  elasticity  of 
rubber  Cor,  correspondingly,  the  speed  c?  sound  in  it)  upon  frequenoy, 
according  to  a  great  deal  of  data  of  doviet  and  foreign  investigators 
this  dependence  may  be  represented  in  the  following  fora  for  a  broad 
range  of  frequencies t 


£-£„(!  +«/*),  .  (13*) 

where  a  and  n  are  positive  number  s. 

Substituting  this  expression  into  formula  (182),  we  obtain: 

VI  *  20  log  ■  . . . .  1  +  oonst  db.  (185) 

£c0+a/") 

The  greater  the  increase  of  the  modulus  with  frequency,  the  more 
marked  is  the  drop  in  vibration  isolation  at  high  frequencies.  There 
is  reason  to  believe  that  rubber  is  char ±  .terized  by  a  relatively  weak 
dependence  of  the  modulus  of  elasticity  upon  frequency,  especially  in 
the  case  of  styrol  rubber.  This  of  rubber  must  be  \  rod  in  vibra¬ 
tion  isolation  mounts. 

The.  Effect  af  the,  Foun.<v  3P.#ifc ,  mm&n. 

The  properties  of  the  foundation  (its  mass  and  stiffness)  exert 
an  influence  on  the  acoustic  effect  of  vibration  :iount3.  Because  under 
shipboard  conditions  light  foundations  often  are  used,  their  effect 
should  be  evaluated,  if  only  approximately.  It  may  be  mentioned  that, 
as  between  the  true  vibration  isolation  of  the  mounts  and  approximate 
value  thereof  as  determined  by  practical  measurements  'Doth  in  ships 
and  on  regular  anti-vlcra tlon  Installations,  this  effect  is  different. 

Let  us  imagine  a  machine  mounted  on  vibration  mounts  attached 
to  a  foundation  of  finite  mass  and  stiffness,  in  a  system  with  two 
degrees  of  freedom  (Figure  142-a) .  In  contrast  to  a  foundation  of 
infinite  mass,  here  it  is  possible  and  advantageous  to  operate  upon  the 
values  of  the  vibratory  amplitudes  or  the  vibratory  velocities  of  the 
machine  and  the  foundation.  The  value  of  the  true  isolation  of  the 
mounts  at  a  given  frequency  is  determined  by  the  ratio  of  the  vibratory 
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velocities  or  amplitudes  of  a  fixed  point  of  the  foundation  when  it  is 
rigidly  and  when  it  is  elasti "ally  attached  to  the  machine* 

VI «  .  (166) 

*1  41 

Here  the  index  ^  relates  to  the  foundation,  and  the  index  ah 

indicates  ritrid  attachment  of  the  machine  to  the  foundation  (Figure 
ih2**b) . 


figure  142.  Defining  the  concept  of  the  vibration  isolation  of  vibra¬ 
tion  mounts  and  the  drop  in  the  level a  of  sonic  vibration 
in  mounts  set  on  a  foundation  of  finite  mass. 


Because  in  practice  it  is  very  difficult  to  measure  vibration 
levels  of  a  foundation  first  with  rigid,  and  then  with  elastic  attach¬ 
ment  of  the  machine,  we  usually  limit  ourselves  to  measuring  the  drop 
in  sound  amplitude  at  the  vibration  mount.  In  the  symbols  of  Figure 
142-a,  this  drop  1st 


D'  =  (18?) 

a\  °i 

It  is  necessary  to  determine  the  relationship  between  the  value 
of  the  vibration  isolation  of  the  mounts  and  the  parameters  of  the 
foundation  and  the  machine,  and  also  the  relation  of  the  ieolation  to 
the  value  of  the  drop  in  sound  levels  at  the  shook  absorbers. 

Let  us  write  a  system  of  equations  for  the  motion  of  the  two- 
mass  system  of  Figure  142-a  according  to  the  type  of  equation  (11), 
assuming  that  friction  is  absent. 
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m>*2  4-  C  (y* — yt) 

“f  (£<j>  4*  C)yj— Cyt»»0. 


(188) 


Her©  tn,  are  the  ma33<s3  of  the  machine  and  the  foundation! 

C  and  Ca  are  the  total  stiffness  oX  the  mounts  and  a  certain 
"adduced"  stiffness  cl*  the  foundations 

Fa  is  the  amplitude  of  the  vibratory  force  F. 

Taking  the  value  of  the  amplitude  of  vibration  of  the  foundation 
and  the  machine  in  the  forms 


y^axeim\ 

'.re  obtain  from  the  prooedinp  system  of  equations* 

— C&f  4“  ( ■' — /ftw*  4  C)  «j | 

(  -  4  C*  4  C)a,  ~C«,=*0,  / 


(189) 


(190) 


therefore  the  amplitude  of  vibration  of  the  foundation  Is* 

,  F* 

a  »  — ~ - : — - - - . 

—  ~1.\  {c  -  «»• — c 

\  ^  ^  j 

'll:©  same,  with  the  machine  fastened  rigidly  to  it  (C  dC|*. 


a 


uh  i: 


_ £_* _ _ 

C*  — -i  .n^iw 


4  * 


The  vibration  i, sola  tier  ox'  the  nwu.vfcs  in  relation  to  vertical 
vibration: 

vi»  n  zm. m  L~  £ _ 1-i- _ 

®1  (fll  -j-  <•* 


09D 


At  frequencies  '*«  to  Wold  greater  than  the  natural  frequencies 
of  the  foundation  and  of  the  machine  as  mounted,  the  elastic  resit— 
Unces  may  be  ignored  in  comparison  to  the  inertial  resistances. 
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Fran  equation  (191)  we  obtain  (dreeing  the  sign  indicating  the 
phase  of  the  vibrations)* 


VI*  * 


C  (m$  +  tn) 


me 


m$  +  m 


But  as  was  seen  from  formulas  (180)  and  (181),  at  these  fre¬ 
quencies  is  the  isolation  of  the  mounts  with  a  foundation  of  infinite 
mass  -  VI',, ,  i.e* 

Wr*  -SSL.’. 

VX*#  -4*  ^ 

The  difference  in  the  values  of  vibration  isolation,  in  decibels, 
with  a  finite,  and  with  an  infinitely  large  mass  of  the  foundation  is; 


n id 


AVI  »  VI  -  VI-  a  20  log  &j~  *  20  log  — db. 

VI“  St  +  l 


(192) 


This  funotion  is  plotted  graphically  in  Figure  143  (curve  1).  As 
is  apparent,  the  value  of  AVI  is  negative,  i.e.  the  isolation  of  the 
mounts  installed  on  a  foundation  of  finite  mass  always  is  less  than  the 
isolation  of  same  mounts  when  set  upon  an  extremely  massive  founda¬ 
tion.  At  }  AVI)  >  VI  *>  ,  which  is  characteristic  of  light  foundations, 
the  true  isolation  is  negative,  i.s.  the  vibration  of  the  foundation  is 
increased  in  comparison  to  the  case  of  rigid  attachment  of  the  machine. 

In  similar  manner  we  determine  the  value  of  the  drop  D1 .  Fran 
the  second  equation  of  system  (190)  it  follows  thati 


D‘ 


Jh_ 


■>+£■ 


m*m+ 

C 


(193) 


Inserting  this  into  equation  (191).  we  obtain  for  the  determined 
frequencies  of  vibration i 


VI •  »  D' 


m 


rti  4*  m+ 


The  difference  between  the  true,  and  the  measured  vibration  iso¬ 
lation,  in  deoibels,  lsi 
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1 


VI 


D  «  20  l0K  W*  *  20  log 


1  +  2*. 

m 


(19*0 


The  corresponding  curvs  2  In  Figure  143  Indicates  that  this  dif¬ 
ference  Is  negative,  i*e.  that  the  drop  in  sonic  vibration  at  the 
mounts  always  is  greater  than  their  true  vibration  isolation* 


Figure  143*  Effect  of  the  mass  of  the  foundation  upon  the  vibration 
isolation  of  vibration  mounts. 

1  -  Difference  in  the  values  of  vibration  isolation  with 
finite,  and  infinitely  large  mass  of  the  foundation; 

2  -  Difference  between  tie  trie  value  of  vibration  isola¬ 
tion  of  the  mounts  end  the  value  of  vibration  isolation 
measured  under  actual  conditions  (drop  in  the  levels  of 
sonic  vibration  at  the  mounts). 

The  above  conclusion  holds  for  frequencies  up  to  tho  point  at 
which  the  machine  and  the  foundation  may  be  considered  as  moving  as  a 
whole.  However,  even  at  higher  frequencies  tho  same  expressions  for 
AVI  and  VI-D  hold  true  if  the  maohine  and  the  foundation  are  oonsidered 
as  objects  having  a  uniform  distribution  of  sound  energy. 

Exynnle  46.  A  machine  mounted  on  vibration  mounts,  originally 

installed  on  a  very  massive  foundation  flK  5 j ,  was  transferred  to  a 

light  deok  0,5^ .  The  nroblam  is  to  determine  the  change  in  the 

acoustic  effect  of  the  vibration  isolation  of  the  machine. 


2?2 


Solution*  From  curve  1  of  figure  143,  for  2f  -»5  ,  VIj  »  VI.  - 

m 

-  2  db;  and  from  tee  same  at  ~$ «■»(), 5,  VIg  “  W '«  -  10  db.  Therefore, 

with  transferral  of  the  machine  on  its  mounts  to  a  light  foundation, 
the  vibration  Isolation  decreases  by  the  amount 

VI1  -  VI2  *  8  db. 

If  in  this  case  the  mounts  were  such  that  VI.  <  10  db,  then  the 
vibration  of  the  light  foundation  will  beoome  greater  if  the  machine  is 
installed  on  the  mounts. 

The  stiffness  of  the  plates  of  the  foundation  also  is  very  im¬ 
portant  from  the  point  of  view  cf  achieving  the  acoustic  effect  of 
vibration  isolation  treatments. 

For  the  purpose  of  increasing  the  vibration  isolation  of  mounts, 
W.  Kuhl  (143)  suggested  that  supplementary  masses  (Figure  144)  be  in¬ 
stalled  beneath  the  mounts  in  the  case  of  relatively  oomplxant  founda¬ 
tions. 


According  to  the  graphical  data  of  Kuhl,  the  gain  in  the  value 
of  vibration  isolation  for  the  oase  of  installation  of  supplementary 
masses  M^p  under  each  mount  attains  the  following  vciuesi 


Increase  in  vibration  isolation,  db 


t 

u 

5 

10 

0.5  H* 

6 

8 

10 

M' 

9 

n 

14 

Here 


f  is  the  frequency  at  which  the  increment  in  vibration  isola¬ 
tion  was  determined; 


f0 

M* 


13  the  frequency  of  free  vibration  of  the  whole  installation 
with  mounts; 

is  a  quantity  having  the  dimension  of  mass,  and  equal  to; 


M'rnmmp 


(196) 
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where  mp  Is  the  weight  per  unit  length  of  a  foundation  girder 5 

S  and  I  are  the  modulus  of  elasticity  of  the  girder  material  and 
the  moment  of  Inertia  of  its  oro 3 3 -section,  relative  to 
the  horizontal  axis  of  inertia  5 

C  is  the  vertical  stiffness  of  the  vibration  mount. 


• 5 


Figure  144.  Supplementary  masses  installed  under  vibration  mounts  for 
the  purpose  of  increasing  their  vibration  isolation. 

1  -  Machine;  2  -  Bed  plate  of  the  maohlne;  3  -  Vibration 
isolation  mounts;  4  -  Foundation  girder;  5  -  Supplementary 
masses. 


Example  4b.  A  machine  mounted  on  vibration  isolation  mounts  is 
installed  on  a  light  deck,  on  a  foundation  consisting  of  two  parallel 
angle  bars  110  x  70  x  6*5  mm,  with  unequal  sides,  the  largsr  of  which 
is  horizontal.  The  stiffness  of  each  mount  is  200  ko/cm.  The  problem 
is  to  determine  the  supplementary  uass  to  be  plaoed  under  each  mount 
in  order  that  their  vibration  isolation  will  be  increased  by  11  to  13 
db  at  a  frequency  of  /  >  5  /0  * 

Solution.  From  the  steel  handbook  ve  find  the  moment  of  Inertia 
for  profile  lb.  11/?  relative  to  the  axis  parallel  to  the  larger  side 
of  angle  bar,  to  be  I  *  ?4  cm4,  and  the  linear  weight  of  this  bar  is 
ra~  »  11.4  kg/m.  Inserting  these  data,  and  also  data  on  the  atlffhess 
of  the  mounts,  in  formula  (195)*  we  obtain 1 


as  10  kg. 


2 « 10* » 74 
200 
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If  a  mass  of  5  W  is  placed  under  each  mount,  the  vibration  iso¬ 
lation  at  a  frequency  of  /  >  5/0  will  increase  by  8  to  10  db% 

W&a&m  infttolUng  Mmw 

An  elastic  wave  propagating  through  a  metal  structure  may  be 
arrested  not  only  by  a  vibration  isolating  insert,  but  also  by  some 
sort  of  barrier  having  an  impedance  considerably  greater  than  the  im¬ 
pedance  of  the  structure*  L.  K*  Brakhovskikh  (25)  mentioned  the  possi¬ 
bility  of  the  use  of  '’massive"  barriers  for  this  purpose.  Later,  L. 
Cramer  (124)  indicated  that  the  vibration  isolating  affect  of  a  barrier 
of  this  type  depends  not  only  upon  the  absolute  magnitude  of  the  mass, 
but  also  the  magnitude  of  the  moment  of  inertia  of  the  barrier  relative 
to  an  axis  passing  through  the  plaee  at  which  it  is  fastened  to  the 
vibrating  surfs oe.  The  greatest  value  of  moment  of  inertia  for  a  given 
mass  is  possessed  by  a  body  in  the  form  of  a  wedge  or  a  "T"  beam, 
standing  on  edge  (Figure  145),  which  for  this  reason  are  suitable  for 
use  as  vibration  inhibiting  masses. 


Figure  145 •  Vibration  inhibiting  masses  serving  Xr  isolate  flexural 
waves  propagating  through  a  plate. 

A  mass  with  radius  of  inertia  r  Isolates  the  flexural  vibra¬ 
tions  of  a  plate,  the  wave  length  of  which  satisfies  the  oondltiom 

^fl  *  7^  <  2*r,  (196) 

xfl 

where  f-,  is  the  frequency  at  which  the  vibration  isolation  effect 
■L  of  the  mass  appears} 

o.Q  is  the  speed  of  propagation  of  flexural  waves  in  the 
plate. 

Substituting  here  the  value  of  as  obtained  from  formula 

(41),  after  simple  transformations  we  obtain t 
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(197) 


vhere  h  is  the  thickness  of  the  plate,  ou 


It  may  he  indicated  that  in  the  case  of  a  hedge*  the  baste 
radius  of  inertia  rv  relative  to  an  axis  passing  through  its  vertex 
and  parallel  to  its  base*  regardless  of  its  bright  and  width  propor¬ 
tions.  1st 


JZgg. 

VT 


Inserting  this  expression  into  fomula  (197) »  we  obtain  the  fol¬ 
lowing  value  of  the  necessary  height  of  the  vibration-inhibiting  wedge: 


h*  -  210  Y  %  *  <198) 

At  the  linear  weights  of  vibration  inhibiting  masses  pew&asible 
in  praotd.ce.  their  vibration  isolating  effeot  at  frequencies  above  f*n 
attains  10  or  1.2  db.  At  very  high  sonic  frequencies  the  isolation  ox 
flexural  vibrations  again  drops. 

In  contrast  to  elastic  inserts,  masses  provide  poor  isolation  of 
longitudinal  vibrations  of  all  frequencies  in  plates. 

The  use  of  several  identical  vibration  inhibiting  masses  placed 
in  series  one  after  another  does  not  markedly  increase  the  vibration 
Isolation  effect  of  the  first  of  those  masses,  and  therefore  such  a 
ays  tarn  of  vibration  isolation,  which  wild  also  entail  a  considerable 
increase  in  weight,  any  hardly  be  reccrsr ended  for  use. 

Figure  14£  shows  an  example  of  the  installation  of  a  vibration 
inhibiting  mass  on  the  shell  of  a  shijp  for  the  purpose  of  reducing  the 
transmission  of  sonic  vibration  from  a  machine  to  the  walls  of  an 
adjacent  quiet  roow. 

The  frames  of  a  ship  also  have  a  certain  degree  of  vibration 
isolating  action.  Their  vibration  isolating  effeot  (in  a  direction 
perpendicular  to  the  frames)  attains  1  to  3  db  at  medium  sonic  frequen¬ 
cies.  It  may  be  increased  somewhat  by  welding  massive  plates  to  that 
part  of  the  frame  most  reaote  from  the  shell  plating,  thereby  increas¬ 
ing  the  moment  of  inertia  of  the  cross-section  of  the  frame. 
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Figure  146.  Installation  of  vibration  inhibiting  wedges  on  the  shell 
of  a  ship. 

1  -  Source  of  sonic  vibration;  2  -  Vibration  inhibiting 
weds:®;  3  *  Frames;  4  -  Sound-isolated  compartment. 

Vibration  isolating  structures  are  satisfactorily  effective  only 
with  the  simultaneous  application  of  a  vibration  absorbing  treatment  to 
the  plates  (cf.  Paragraph  54).  The  use  of  vibration  isolating,  masses, 
alone,  leads  to  a  concentration  of  sound,  which  is  reflected  by  them  in 
the  same  manner  in  which  sound  is  reflected  under  a  sound-protective 
housing  which  lacks  an  internal  sound-absorbing  ooating,  and  therefore 
isolates  sound  poorly. 

Example  60.  The  problem  is  to  determine  the  linear  weight  of  a 
vibration  inhibiting  mass  in  the  form  of  a  wedge,  installed  on  a  5-mm- 
thlck  shell  plate.  The  vibration  isolation  effect  of  the  mass  must 
appear  at  frequencies  above  200  cycles. 

Solution.  Inserting  the  initial  data  in  formula  (198)i  V®  ob¬ 
tain  the  necessary  height  of  the  wedge t 

W\/~M*  ,0-5  «• 

If  the  width  of  the  base  of  the  wedge  is  one-half  of  its  height, 
the  linear  weight  of  the  steel  wedge  is  equal  to» 

G«(yl,05j'.7,85«*21,5  kg/m. 
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CHAPTER  13 

THE  QE3I0N  AND  ANALYSIS  OP  SOUND  AND  VIBRATION 
ISOLATINO  DEVICES 

49.  Designs  for  Vibration  Illation  founts 

Figure  147  shows  several  designs  of  welded  rubber -metal  vibra¬ 
tion  isolation  mounts,  i.e,  mounts  in  which  the  rubber  element  is 
joined  ( "vulcanized")  to  metallic  retaining  elements. 


Figure  147.  Designs  £f  vulcanized  rubber-metal  vibration  isolation 
mounts  /rezinometallicheskie  anortizatorj£/. 


The  simplest  design  consists  of  a  two-plate  vulcanized  mount 
(Figure  147-a).  The  upper  and  lower  metal  plates  of  the  mount  may 
have  various  planar  shapes,  such  as  rectangular,  round,  or  hexagonal. 
The  mount  is  fastened  to  the  foundation  and  to  the  bed  plate  or  a  leg 
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of  the  machine  with  bolts  or  pins,  screwed  into  the  retaininr  metal 
plates  or  welded  to  them. 

A  not  very  desirable  property  of  these  simple  mounts  is  the 
freat  difference  between  their  stiffness  in  the  axial  and  in  the 
transverse  directions.  In  small  two-plate  vibration  counts  the  ratio 
of  the  stiffness  in  compression  and  in  shear  (transversely)  is  5  or  6, 
and  in  mounts  with  a  large  supporting;  area,  in  which  th<’  rubber  insert 
is  enclosed  to  a  large  extent  by  metal  plates,  this  ratio  attains  Ifj 
to  20.  To  reduce  the  difference  in  stiffnesses  somewhat,  rubber  is 
inserted  into  the  mounts  in  such  a  wry  as  to  aot  in  compression  t  I'M  in¬ 
versely  (Figure  147-b) ,  which  complicates  the  design  of  the  mount. 

The  mount  shown  in  Figure  14? -c  In  which  the  rubber  element  in 
tbs  axial  direction  functions  in  3hear,  and  the  very  soft  mount,  shown 
in  Figure- l4?-d,  are  used  mainly  for  cushioning  instruments,  although 
they  may  be  applied  for  vibration  isolation  of  light  weight  machines. 

A  mount  of  the  "sleeve"  type,  (Figure  14? -e)  is  used  for  suspending 
machines  from  the  overhead  or  attaching  them  to  bulkhead  walls. 


Figure  148.  AKSS  vibration  isolation  mount. 

1  -  External  bracket  with  openings  for  fastening  to  the 
foundation;  2  -  Lower  plate;  3  *  lubber  mass;  4  -  Inner 
bushing  with  threaded  opening  for  fastening  to  bed  plate 
or  leg  of  a  machine. 

All  the  mounts  shown  in  Figure  147,  with  *he  exception  of  tho 
"sleeve"  type,  have  the  disadvantage  that  if  the  rubber  element  be¬ 
comes  detached  from  the  metal. plates  (in  the  course  of  time  or  due  to 
accidental  Jarring),  the  machine  may  tear  loose  from  the  mounts.  This 
shortcoming  is  eliminated  by  the  AKSS  type  mount  developed  by  the 
present  author,  a  vulcanized  shipboard  vibration  isolation  mount  "with 
insurance"  (Figure  148).  In  this  case  the  design  of  the  metal  fittings 
is  such  that  damage  at  the  places  where  the  rubber  is  Joined  to  the 
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metal  does  not  load  to  disintegration  of  the  mount.  The  AKSS  mounts 
have  found  extensive  application  not  on'y  or*  various  types  of  ships, 
but  also  in  industrial  and  civil  construction. 

The  or i tririal  AKSS  mounts  were  produced  by  Soviet  industry  with 
soft,  non-oil-resistant  rubber*  Later,  hard,  oil-resistant  rubber 
bee an  to  be  used  (AK5S-M  type  mounts),  but  this  lowered  their  sound 
isolating  properties.  In  recent  years  the  production  of  shock  absor¬ 
bers  with  soft,  oil-resistant  rubber  was  mastered,  and  thus  at  the 
present  time  mounts  of  the  type  AKSS-I  have  a  sufficiently  high  sound 
isolation  effect,  plus  resistance  to  oix.  and  diesel  fuel.  The  fre¬ 
quency  of  free  vertical  vibration  of  machinery  on  AK33  mounts,  at  the 
nominal  loading,  ranges  from  10  to  15  cycles;  deformation  at  nominal 
loading  is  1  to  1 *5  mm. 


Table  23 


Vulcanized  Rubber -Metal  Vibration  Isolation  Mounts,  Type  AKSS** I 


Type-Size 

Number 

Name  of  Mount 

Nominal  Loading 
on  Mount, 
kg 

Vertical  Dynamic 
Stiffness, 
kCf/cm 

1 

AKSS-25I 

25 

500 

2 

AK 3 3-401 

40 

650 

3 

MS3-60I 

60 

1000 

4* 

AXS3-35I 

85  | 

1350 

5 

AKSS-* 201 

■  120 

1200 

e 

AKSS-16QI 

160 

2600 

? 

AKSS-220I 

220 

4000 

8 

AKSS-300J 

300 

4000 

9 

AKS 3-4001 

4GC 

!  5300  1 

i  r  ,1  .  -  —  1 

Table  23  gives  tho  type-sizes  of  AKSS  mounts  plus  their  stiff¬ 
ness  and  loading.  The  design  of  AKSS  mounts  developed  later  for  loads 
in  excess  of  160  kg  differ  slightly  from  that  shown  in  Figure  143.  The 
rubber  mass  in  those  mounts  is  encloa**!  to  a  great  extent  by  the  metal 
bracket,  which  reduces  their  sound  isolation  somewhat  in  comparison  to 
the  smaller  mounts. 

More  complex  designs  of  shipboard  vibration  mounts,  type  APR, 
with  a  combination  of  elastic  element?:  (rubber  and  spring),  type  APS 
with  a  pneumatic  element,  vulcanized  rubber-metal  mounts  with  a  very 
tall  isolating  element  for  1  to  2- ton  loads,  etc.,  also  are  produced 
by  Soviet  industry. 
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When  it  is  not  possible  to  install  vulcanised  rubbernnetal  mounts , 
built-up  mounts  vdth  elastic  inserts  cut  from  thick  rubber  bars  or  con¬ 
sisting  of  sevex*al  layers  of  sheet  rubber,  preferably  perforated,  glued 
together,  may  be  employed.  Mounts  of  this  type  (Figure  149),  with  in¬ 
serts  of  regular  rubber  sheet  were  applied  successfully  for  mounting 
the  engines  of  river  passenger  launches  (48).  In  built-up  mounts,  as 
in  the  mounts  shown  in  Figure  l4?-b,  rubber  elements  acting  laterally 
in  compression  are  provided  for  the  purpose  of  increasing  the  stiffness 
in  a  transverse  direction. 


4 


Figure  149.  Built-up  rubber  mount. 

1  -  Floating  bed-plate  of  the  machine;  2  -  Plate  of  the 
foundation;  3  -  Rubber  inserts;  4  -  Screws  regulating 
compression  in  the  inserts;  5  -  Brackets  for  increasing 
transverse  stiffness. 

In  the  designin?  and  installing  of  built-up  mounts  it  is  equally 
important  to  ensure  the  absence  of  excessive  compression  of  the  elastic 
inserts  by  the  fastening  fitting,  and  to  ensure  a  desirable  degree  of 
separation  of  the  sound-isolated  metal  parts,  beoause  even  a  small 
metallic  "bridge"  greatly  reduces  the  sound  isolation  of  vibration 
mounts  at  high  frequencies. 

4 

Figure  150  shows  a  mount  made  of  steel  strip  springs,  which  also 
may  be  applied  successfully  on  shipboard.  To  reduce  transmission  of 
vibration  at  wave  resonance  frequencies  a  vibration  absorbing  (left) 
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or  vibration  isolating  (right)  ©lament  o f  rubber  or  plastic  composition 
is  introduced. 

Elements  having  internal  friction,  such  as  rubber  inserts,  may 
be  replaced  in  metal  mounts  by  element?  with  surface  friction.  Thus 
according  to  foreign  data  (141) ,  mounts  consisting  of  an  assemblage  of 
steel  springs  have  good  sound  isolation* 


Figure  150.  Vibration  isolation  mount  of  strip  spring  steel  for  ship¬ 
board  machinery. 

1  -  Supporting  bracket;  2  -  Elastic  element;  3  -  Vibration 
absorbing  layer;  4  -  Sound  isolating  insert  of  elastic 
material  with  high  coefficient  of  mechanical  losses. 


When  cylindrical  springs  are  used  ir.  isolation  mounts,  it  is 
advantageous  to  Insert  rubber  or  felt  bushing:-  under  the  springs  for 
better  isolation  of  high  frequency  vibrations.  The  combination  of 
these  bushings  with  steel  springs  developed  by  us  permits  very  great 
loadings,  and  as  a  result,  reduces  the  frequency  of  free  vibrations  of 
the  machine  as  mounted,  and  enables  attainment  of  a  very  considerable 
acoustic  effect  in  a  broad  range  of  frequencies. 

50.  Calculation  _gf__the_  Frequency,  of- Free .  VMSteJai. 

of  the  Displacement  of  Kachlnes_.Ko'>ntad  on  Vibration,  Isolation 
Slopes 

Vibration  isolation  mounts,  for  shipboard  machinery  may  be 
divided  into  two  types  for  purposes  of  their  analysis; 

1)  those  for  wall -balanced  machines,  rot  subjected  to  the 
underway  vibration  of  the  ship; 

2)  those  for  machinery  subject  to  Internal  or  external  periodic 
exciting  forces. 
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Installations  ha vine  mounts  of  tho  first  type  require  no  special 
vibration  computation.  For  those  machines,  the  calculation  usually  is 
limited  to  determining  the  frequency  of  free  vertical  vibration  of  the 
machine  on  the  mounts,  which  is  a  kind  of  criterion  for  the  degree  of 
vibration  isolation  (Paragraph  45).  In  the  case  of  non-balanced 
machines  mounted  on  vibration  isolation  mounts  and  machines  installed 
at  the  location  of  intense  vibration,  all  frequencies  of  free  vibra¬ 
tion  must  be  calculated,  and  in  some  cases  also  the  amplitude  of  forced 
vibrations  also  must  be  determined. 

The  expression  for  free  vertical  vibrations  of  an  item  of 
machinery  mounted  on  isolation  mounts  has  been  introduced  earlier: 

<199> 

where  C  is  the  total  vertical  stiffness  of  the  mounts: 

M  *  ~  is  the  mass  of  the  machine  (0  is  the  weight  of  the  machine, 
p  and  z  the  acceleration  due  to  gravity). 

0 

Taking  account  of  the  fact  that  — •  *  6ea  is  identical  with  the 

v 

static  flection  of  the  mounts,  in  centimeters,  after  simple  transforma¬ 
tion  of  formula  (199)  we  find: 


h  (200) 

fl 

where  5  is  the  deflection  in  millimeters. 

A  simple  nomogram  (Figure  151)  may  be  adduced  for  the  rapid 
determination  of  the  frequency  of  free  vertical  vibration  and  the 
static  deflection  of  objects  mounted  on  vibration  mounts.  The  entering 
and  sought  values  vary  on  the  nomogram  within  wide  limits.  However, 
assuming  adequate  vibration  isolation,  the  value  of  the  main  desired 
quantity  fo  must  be  limited  to  15  cycles  (striated  area  on  the  right- 
hand  scale). 

Example  51.  A  machine  weighing  215  kg  is  mounted  on  4  isolation 
mounts  with  200  ko/csn  stiffness,  each.  The  problem  is  to  determine  the 
frequency  of  free  vertical  vibration  and  the  statio  deflection  of  the 
mounts. 


2P>3 


figure  151*  Nomogram  for  determining  the  frequency  of  free  vibration 
of  a  machine  mounted  on  isolation  mounts  and  the  static 
deflection  of  the  mounts. 

The  striated  area  shows  the  reoomm ended  frequencies  of 
free  vertical  vibration  for  us*  in  ships. 


Solution.  Joining  the  original  values  3  and  C  on  the  nomo¬ 
gram  of  Figure  151  with  a  straight  line,  we  read  at  the  point  of  inter¬ 
section  with  the  right-hand  3cale«  /0  *  10  cycles}  l  ®  2.5 
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It  is  apparent  (of.  left  portions  of  the  scales  of  weight  and 
stiffness) ,  that  these  values  of  /0  and  8  will  apply  also  in  the  case 
of  a  machine  10.5  tons  In  weight,  having  mounts  with  a  total  stiffness 
of  40,000  ktj/cw. 

The  values  of  stiffness  required  for  the  calculations  are 
supplied  by  the  manufacturer  of  the  mounts.  In  developing  new  designs 
for  ordinary  rubber  mounts,  or  in  evaluation  of  the  calculated  stiff¬ 
ness  of  them,  the  following  simple  method  may  be  used,  which  takes 
account  of  the  non-linearity  of  the  elasticity  of  rubber.  The  latter 
has  a  marked  effect  when  the  rubber  is  bounded  within  the  sides  of 
the  mount. 

The  stiffness  of  a  rubber  insert  is  presented  In  the  forms 


C**k~,  (201) 

h 

where  S,  h  and  £  are  the  supporting  area,  height  and  modulus  of  elas¬ 
ticity  of  the  insert  material,  respectively; 

k  is  a  coefficient,  whioh  may  be  called  the  contain¬ 
ment  stiffness  coefficient.  The  value  of  this 
coefficient  is  greater,  the  fewer  the  free  surfaces 
at  the  boundaries  of  the  material  (including  the 
supporting  surfaces).  It  also  depends  upon  the 
specific  pressure  on  the  material,  p0. 

Figure  152  presents  a  graph  of  k  as  a  function  of  p0  and 
kp^  whioh  was  obtained  experimentally  by  the  author,  giving  the  ratio 
of  free  boundary  area  of  the  elastic  material  to  the  total  boundary 
area,  expressed  in  #.  Semi-hard  rubber  materials  (S  «  40  to  50  ko/an2), 
with  a  square  and  round  form  to  their  bases,  were  used  in  the  experi¬ 
ment;  however,  the  functional  relationship  obtained  also  holds  approxi¬ 
mately  for  rubber  of  other  -shapes,  and  consisting  of  softer  or  harder 
material. 

The  striated  area  of  the  graph  relates  to  large  values  of  k 
and  to  small  values  of  P*,  which  are  undesirable  from  the  point  of 
view  of  vibration  isolation  (of.  formula  182).  With  substantial  free 
side  area  of  the  bushing  (kpn  =  50  to  66  #),  increasing  the  load  on 
the  material  changes  its  stiffness  relatively  little.  It  may  be  noted 
that  kpi  *  66#  corresponds  to  a  cube,  bounded  only  on  the  load- 
cariying  surfaces. 


Example  52.  The  problem  is  to  find  the  amount  of  increase  in 
the  stiffness  of  a  robber  element  20  x  10  x  4  cm  mounted  under  a 

4 
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Figure  152.  Coefficient  of  stiffness  c£  c  rubber  element  as  a  function 
of  the  coefficient  of  free  boundary  area  and  specific  pres¬ 
sure  •  Striated  area  indicates  undesirable  values  of  ko 
a  nd  pQ.  * 

marine  diesel  engine,  when  its  height  la  reduced  two-fold.  The  loading 
on  the  element  i3  4.5  k3/cm2. 

Solution.  The  coefficient  of  f  ee  area  of  the  element  prior  to 
reduction  of  its.  height,  1st 

kc1  »  .±H^X0).  X1°9.  st  37*/,. 

2(20*  10  +  20-4+ 10*4) 

According  to  the  graph  of  Figure  152,  at  />„  «  4.5  led/ cm2, 

«  2.5. 

For  an  element  of  two-fold,  less  height  we  iavev 

,,  ,  -  23-/,. 

<“■2  2i50.|0+atP  2+10-2) 

% 

and  therefore  **4.5. 

The  ratio  of  stiffnesses  of  the  elements  (formula  201)  1st 

£i~2  if5-~3,6. 

C  (  2,5 
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In  the  isolation  of  machines  subjected  to  vibration  we  must  take 
into  account,  as  mentioned  previously,  ail  the  degrees  of  freedom  of 
the  machine,  which  in  the  general  case  comprise  six,  They  correspond 
to  linear  vibrations  of  the  mechanism  in  the  directions  of  the  three 
coordinate  axes,  plus  rotatory  vibration  around  these  axes. 


Figure  153*  The  most  important  cases  of  toe  a-raneement  of  elastic 
supports  beneath  a  machine. 

Two  important  special  oases  of  the  arrangement  of  elastic  sup* 
ports  and  of  the  calculation  of  the  frequency  of  free  vibrations  of 
machinery  mounted  on  isolation  mounts  must  be  mentioned. 

In  the  first  oase  the  center  of  rigidity  of  the  elastio  base 
coincides  with  the  center  of  inertia,  due  to  high  placement  of  the 
supports  of  the  machine  (Figure  153-a) ,  This  oase  is  to  be  the  goal 
at  all  times.  Hers,  all  six  frequencies  of  free  vibration  may  be 
found  through  simple,  and  independent  solutions.  This  fact  means  that 
resonanoe  of  any  given  type  of  vibration  does  not  evoke  simultaneous 
resonant  vibration  of  another  type.  To  avoid  intense  vibration  of  a 
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machine  mounted  on  isolation  mounts,  the  frequencies  of  free  vibrations 
must  be  outside  the  zone  of  frequencies  of  the  most  Intense  excitin'' 
forces  at  the  principal  operating  conditions  of  the  machine. 

In  another,  more  frequently  encountered  case  (Figure  153-b) »  the 
center  of  rigidity  of  the  elastic  base  is  looated  on  a  vertical  line 
passing  through  the  center  of  Inertia  of  the  body.  In  this  case  the 
frequency  of  transverse  and  of  rotational  vibration  in  the  planes  coy 
and  zox  are  coupled  together  (so-called  double-coupled  vibration), 
and  the  frequency  of  free  vertical  vibration  and  of  rotational  vibra¬ 
tion  relative  to  the  vertical  axis  are  found  by  independent  solutions. 
Many  authors,  such  as  (122),  have  proposed  nomograms  for  simplifica¬ 
tion  of  the  calculation  of  frequencies  in  this  basic  case  of  vibration 
isolation  mounting. 

If  the  projection  of  the  center  of  inertia  onto  the  plane  of 
the  mounts  does  not  fall  on  their  center  of  stiffness  but  lies  on  one 
of  the  axes  of  the  elastio  base,  the  expressions  for  the  frequencies 
of  free  vibrations  are  triple-coupled.  In  a  still  more  complex  case, 
wh«<>  the  projection  of  the  center  of  inertia  coincides  with  none  of 
thr  principal  axes  of  the  elastic  base,  the  expressions  for  all  six 
frequencies  of  free  vibration  are  inter-connected.  In  both  of  these 
cases  the  probability  of  appearance  of  intense  vibration  in  unbalanced 
machines  increases,  because  linear  vibrations  arise  not  only  from  an 
exciting  force,  but  also  from  the  exciting  moment  of  the  same  frequency, 
and  rotational  vibrations  arise  not  only  from  an  exciting  moment,  but 
from  an  exciting  force,  53  well.  For  tills  reason,  and  because  of  the 
complexity  of  performing  vibration  computations,  arrangements  of  vibra¬ 
tion  mounts  characterized  by  triple-,  and  sextuple  ooupled  vibrations 
must  be  avoided. 

Vibration  isolation  arrangements  for  shipboard  machinery  having 
external  shaft-,  or  pipe  connections  must  be  checked  with  respect  to 
the  magnitude  of  the  inclination  deflection  of  the  machine  during 
rolling  of  the  ship,  in  addition  to  th-  csuai  vibration  check.  This 
value  must  not  exoeed  2  to  3  mm  at  the  points  of  attachment  of  ex¬ 
ternal  supporting  connections  of  the  r  *-. chine  at  maximum  roll  angles 
(5°  to  55°) •  Ihe  magnitude  of  the  deflection  of  a  machine  on  vibra¬ 
tion  mounts,  in  a  transverse  direction,  is  determined  in  general  form 
by  inertial  forces  and  the  components  of  the  force  of  weight  during 
inclination  of  the  machine.  Excluding  cases  in  which  the  machine  is 
greatly  removed  from  the  center  of  roil,  the  forces  of  Inertia  may  be 
ignored.  In  this  case  the  inc; ination  deflection  of  points  of  a 
machine  located  at  distance  from  the  plane  of  support,  isi 

A„aOsin,.(i-  +  |k). 
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(202) 


where 


'■f'H  la  tlie  angle  of  roll; 

Cz  and  Cy  are  the  total  vertical  and  transverse  stiffnesses 
of  the  mounting; 

The  other  notations  are  explained  in  Figure  153-b. 

When  a  machine  is  mounted  on  an  elastic  base,  the  supplementary 
stiffness  obtained  by  virtue  of  the  foundation  is  eliminated,  and  the 
strength  of  the  body  of  the  machine  may  be  inadequate.  Because  of  this 
the  body  of  the  machine  must  be  checked  for  strength.  If  this  strength 
is  inadequate,  the  machine  is  to  be  mounted  on  a  rigid  frame,  under 
which  the  vibration  mounts  are  placed.  The  introduction  of  a  common 
frame  is  mandatory  in  pr' ”iding  vibration  isolation  for  machinery 
installations  consisting  of  two  or  throe  units. 

51.  Vibration  Isolation  'With  Inclined  Supports 

The  usual  method  of  vibration  isolation  mounting  with  vertical 
supports  has  at  least  two  substantial  shortcomings.  The  first,  as  had 
been  seen  in  the  foregoing,  is  related  to  the  rotational  and  trans¬ 
verse  vibrations  which  arise  when  the  center  of  gravity  is  located  out¬ 
side  the  plane  of  the  supports,  whioh  almost  always  is  the  case.  The 
interconnection  of  vibrations  complicates  the  numerous  practical  com¬ 
putations  for  vibration  isolation*  and  complicates  the  selection  of 
frequencies  for  isolated  machinery,  because  changing  the  parameters  of 
the  elastic  base  for  the  purpose  of  changing  one  of  the  frequencies  of 
interconnected  vibrations  does  not  always  lead  to  a  desirable  change 


Another  shortcoming,  and  one 
which  is  perhaps  more  important  with 
respect  to  shipboard  conditions,  of 
vibration  isolation  with  vertical 
supports  is  its  relatively  low  trans¬ 
verse  stiffness,  which  is  accompanied 
by  a  considerable  transverse  displace¬ 
ment  of  the  machine  during  rolling  of 
the  ship,  bumping  against  piers  and 
other  types  of  shocks,  and  thu9  the 
possibility  of  damage  to  the  piping, 
shafting  and  cables  connected  to  the 
machine. 


Transverse  displacement  of 
machinery  may  be  reduced  by  speoial 
elastic  side  supports  or  vibration 
isolation  mounts  with  elastic  bounding 
surfaces.  The  desired  result  often 


in  another  frequency. 


Fig.  154.  Vibration  isolation 
mounting  with  inclined  supports. 
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nay  be  attained  by  inclining  both  rows  of  supports  inwards  (Fly are 
134} ,  A  similar  type  of  mounting  is  th" t  used  in  settina  aircraft 
engines  in  a  ciroular  frame. 


a  body  mounted  on  inclined  supports  under  the  effect  of  a 
transverse  forces  a  -  ''"-roe  applied  high;  in  addition  to 
displacement  toward  the  right,  the  body  also  is  rotated 


toward  the  right?  b  -  ft  roe  applied  low;  in  addition  to 
displacement  toward  the  right,  the  body  rotates  toward  the 
lefts  c  -  force  applied  at  a  oertain  fictitious  center  of 
stiffness  of  the  elastic  base  with  inclined  supports 
evokes  only  a  u:.  -^placement  of  th©  body  in  the  direction  of 
the  action  of  the  force. 


Figure  155  clearly  shows  why  the  application  of  a  horizontal 
force  at  the  center  of  stiffness  in  the  case  of  a  particularly  in¬ 
clined  support  results  in  only  horizontal  displacement  of  the  machine, 
not  accompanied  by  rotation.  In  distinction  from  the  case  illustrated 
in  Figure  153-b,  transverse  and  rotatory  vibrations  have  been  sepa¬ 
rated,  making  possible  selection  of  th©  frequencies  of  these  vibra¬ 
tions  independently  cf  each  othor, 

Vie  may  convert  expression  (202)  for  the  transverse  displacement 
of  the  higher  points  of  a  machine  mounted  on  isolation  mounts,  and 
located  distance  from  the  plane  of  the  rapports,  under  the  effect 
of  a  horizontal  force,  such  as  that  arising  during  the  rolling  of  a 
ship: 

Ak  «*  0  sin  f  *  +•  .  (203) 

'.tilth  inclined  supports,  the  second  member  of  the  expression, 
which  is  due  to  rotation  of  the  maohlne  cn  the  mounts,  disappears. 
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The  value  Cy  in  the  first  member  changes,  and  becomes  equal  to  (49)  : 


Cy«  ^sin*6-f  -i-  cos*  fij  C„ 


(204) 


Cl 

where  K  *  i  C<  and  C2  are  the  stiffnesses  of  the  mounting  In  the 
G2  direction  of  the  two  principal  elastic  axes  of  each  of 
the  mounts t 

0  is  the  angle  of  inclination  of  the  mounts  to  the  z 
axis. 

The  ratio  of  the  transverse  displacements  < ,f  points  of  a  machine 
with  ordinary  and  inclined  mounts,  from  fomulas  (203)  and  (204)  is: 

£-(sin*6  +  ±co»M>)(*  +  ;!£).  (205) 

The  value  of  K  for  simple  two-layer  isolation  mounts,  as  were 
discussed  earlier,  varies  from  5  or  6  for  amall-size  mounts  to  15  or  20 
for  large  ones.  Because  of  this,  for  mount  angles  of  0  >  — ,  30*.  the 
second  member  within  the  first  parentheses  may  be  ignored.  Usually 

<  1,  but  h-j  rarely  exceeds  two  to  three  times  4. ,  Thus  we  have 
approximately! 

ii-*Ksin*6i  (206) 

dirt 

for  example,  at  6  =  45*, 

—  a*  2,5—10, 

“a*  2 

i.e.  the  displacement  during  rolling  of  the  ship  is  reduoed  consider¬ 
ably. 


Mounting  a  machine  on  inclined  mounts  not  only  reduces  trans¬ 
verse  displacement  of  a  machine  during  the  ship's  roll,  but  also 
increases  the  reliability  of  its  attachment  and  its  stability. 

,  This,  however,  does  not  eriiaust  the  possibilities  of  inclined 
mountings.  Analysis  reveals  that  toe  angle  of  incline  of  the  supports 
may  have  two  values  at  uhioh  separation  of  the  vibrations  occurs.  The 
use  of  a  large  angle,  not  exceeding  45°  however,  enables  toe  frequencies 
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of  free  transverse  and  rotational  vibrations  of  the  machine  to  bo  made 
nearly  the  same,  and  near  to  the  frequency  of  free  vertical,  vibrations. 
In  principle,  these  three  frequencies  may  be  blended  into  one,  or  in 
any  case,  they  may  be  contained  in  a  very  narrow  range,  which  reduces 
the  possibility  of  intense  resonant  vibrations  of  the  machine  as 
mounted,  due  to  the  action  of  foroes  arising  in  it,  or  to  the  forces 
of  the  underway  vibrations  of  the  ship. 

Because  the  methods  of  computation  of  the  frequency  of  free 
vibration  of  machines  on  inclined  supports,  Cclculation  nomograms  and 
examples  of  computations  are  contained  in  other  works  (40,  49),  we  can¬ 
not  repeat  them  in  the  present  work.  We  may  mention  merely  that 
mathematical  expressions  may  be  obtained  not  only  for  inclined  supports 
in  two  rows,  but  also  for  square  and  elliptical  placement  (and  a  mathe¬ 
matical  approximation  for  8-angle  machinery  bed-frames).  In  the  latter 
cases  the  supports  are  inclined  in  two  planes. 

Despite  the  undisputabie  advantage  of  the  method  of  mounting 
shipboard  machinery  on  inclined  supports  which  was  proposed  in  194?, 
it  still  has  not  found  extensive  application  in  Soviet  shipbuilding 
practice.  This  type  of  vibration  isolation  of  main  engines  has  bean 
incorporated  during  recent  years  only  on  certain  ships,  where  due  to 
the  distance  between  tne  machine  and  the  sides  of  the  ship  additional 
lateral  elastic  supports  could  not  be  used. 

The  first  publication:;  on  this  method  of  vibration  isolation  in 
the  foreign  press  (West  Germany,  1955)  indicate  that  the  method  of 
using  Inclined  mounts  fo.  the  main  and  auxiliary  machinery  of  ships  is 
finding  very  extensive  application.  In  this,  the  main  attention  is 
being  focused  on  reducing  the  lateral  deflection  of  machinery  on  in¬ 
clined  supports,  but  the  above-mentioned  possibility  of  using  inclined 
mounts  for  bringing  the  frequencies  into  a  narrow  range,  and  "design¬ 
ing"  the  required  frequency  spectrum  of  the  machine  as  mounted  is  not 
being  taken  into  consideration. 

In  foreien  installations  great  loads  are  permitted  on  the 
mounts,  but  because  the  vertical  stiffness  of  the  mounts  with  in¬ 
clined  installation  of  two-layer  and  similar  mounts  decreases  in  com¬ 
parison  with  the  U3U&1  installation,  small  values  of  the  natural 
frequency  of  the  mounting,  on  the  order  of  5  or  6  cycles,  may  be  ob¬ 
tained  very  easily.  Ibis  results  lr>  very  good  vibration  Isolation, 
beginninp  even  at  20  cycles.  It  is  difficult  to  obtain  low  frequen¬ 
cies  with  a  vertical  installation  of  two-layer  vibration  mounts 
because  the  stiffness  of  relatively  thin  rubber  inserts  working  in 
compression  increases  with  an  increase  in  load  or  them,  and  the  use  of 
thick  inserts  provides  an  elastic  attachment  which  is  unstable  in  a 
transverse  direction. 
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The  design  arrangements  for  attaching  inclined  mounts  to  the 
machine  and  to  the  foundation  are  fairly  simple;  struts  with  inclined 
pedestals  are  used  for  this,  welded  to  the  machine's  bed  plate  and  to 
the  foundation. 

52.  Sound  Isolation  of  Shafting  and  Pining  Attached  to  Machines 
Mounted  on  Vibration  IaolaUoP.Houritfl 

Considerable  sound  energy  may  be  transmitted  by  the  non- 
supporting  connections  of  machines,  suoh  as  drive  shafts,  air  and 
fluid  ducts  and  pipes,  and  rigid  cables.  This  energy  often  exceeds 
the  energy  transmitted  to  the  foundation  through  the  vibration  isola¬ 
tion  mounts.  Because  of  this,  non-supporting  oonneotions  also  must  be 
isolated  against  sound  (Figure  156).  Flexible  sound  isolating  joints 
(la)  are  installed  on  drive  shafts.  The  conditions  for  good  vibration 


Figure  156.  The  Isolation  of  drive  shafts,  pipes  and  cables  of  a 
machine  mounted  on  vibration  isolation  mounts. 


Isolation  also  require  the  installation  of  an  Isolating  element  under 
the  shaft  bearings  (1b),  especially  in  cases  in  which  the  bearing  is 
located  between  a  machine  mounted  on  vibration  isolation  mounts  and  an 
Isolating  shaft  connector,  or  when  it  13  the  souroe  of  sonic  vibration 
(roller  bearing) .  At  the  point  where  a  drive  shaft  passes  through  a 
bulkhead  of  the  living  spaces,  a  sound-isolating  stuffing  box-bearing 
is  installed  In  the  bulkhead  (1e). 
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Sound  isolating  devices  for  pipes  Include  flexible  sound - 
insulating  sleeves  for  water  and  oil  pipes  (2a),  sleeves  for  ventila¬ 
tion  ducts  (3)  and  sound  isolating  supports  under  pipes  (2b) .  At 
locations  where  cables  attach  to  the  i  i chine,  they  are  curved  in  a. 
spiral  or  loop  (4)  to  reduce  the  transmission  of  vibrations  by  the 
cable  and  to  prevent  damp e  to  the  cable,  due  to  vibration. 


Figure  157.  Vulcanized  rubber-metal  elements  of  sound  isolating 
couplings,  models  RaiF  (a)  and  RSMK  (b). 

Vulcanized  rubber-metal  connectors  are  used  for  isolation  of  the 
piping  of  relatively  low  power  marine,  and  other  engines  mounted  on 
isolation  mounts,  in  which  the  rubber  element  is  vulcanized  to  the 
metal  parts  of  the  mount.  Ihe  rubber  element  is  located  either  along 
the  axis  of  tho  coupling  (Figure  15?-a)  or  along  its  radius  (Figure 
157-b).  Tho  noraal  series  of  the  first  type  of  coupling  (type  R34F) 
consists  of  eight  type-sizes,  intended  for  transmission  of  torsional 
moments  of  10  or  20,  to  15.000  kS/cm.  the  second  series  (RSMK)  con¬ 
sists  of  four  type-slaes,  for  torsional  moments  of  500  to  15,000  kO/cm. 


Rubber-nets!  couplings  are  able  to  withstand  great  loads  without 
injury  (Figure  158).  In  some  designs  of  couplings,  rubber  sections 
working  in  compression  are  introduced  ("Ketalastik"  coupling,  Figure 
159)  to  avoid  tearing  away  of  the  elastic  element  from  the  metal 
fiancee. 


Figure  I58..  Deflection  of  the  elastic  Figure  159*  "Ketalastik" 

element  of  3ound  isolating  coupling  rubber-iietal  coupling, 

under  heavy  load. 


Built-up  assemblies  of  rubber  inserts,  cr  rubber -metal  elements 
are  used  in  the  elastic  couplings  of  the  drive  shafts  of  main  engines. 
Pneumatic  tire  couplings  are  used  extensively  in  the  USSR  and  abroad, 
in  which  the  isolating  element  consists  of  a  detachable  inflated  rubber 
ring  of  rubber -impregnated  cloth.  When  the  ring  is  inflated  with  air 
it  expands  and  foms  an  adeq-ate  coupling  with  the  flanges  of  the  drive 
shaft  due  to  friction.  This  coupling  permits  a  relative  displacement 
of  the  ends  of  the  Joined  shafts  to  reach  1.5  or  2  mm. 

Isolation  of  air  ducts  and  low-pressure  fluid  pipes  is  accom¬ 
plished  usually  with  the  aid  of  durite  3leeves  and  hoses,  secured  with 
the  aid  of  the  appropriate  clamps  and  rings.  Special-design  rubber- 
metal  sleeves  may  be  U3ea  for  the  isolation  of  high-pressure  piping. 

One  of  these  types  of  sleeves,  type  RMbP-T,  is  shown  In  Figure  160. 

The  sleeve  is  designed  for  a  water  pressure  up  to  32  atm,  and  an  oil 
pressure  up  to  16  atm. 

Hot  pipes,  such  as  the  exhaust  pipes  of  diesel  engines,  cannot 
be  insulated  with  the  aid  of  any  type  of  rubber  sle  ves.  Here 
sil'fons.  elastic  corrugated  metal  sleeves,  are  U3ed.  Due  to  their 
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great  axial  and  radial  flexibility  they  isolate  lour  frequency  vibra¬ 
tions  fairly  well,  kt  high  frequencies,  wave  tr an  sal salon  of  sound 
through  the  metal  walls  of  these  all »f one  is  possible.  Such  transmis¬ 
sion  is  reduced  through  the  application  of  heat  resistant,  vibration¬ 
absorbing  layers  of  material  ouch  an  various  types  of  asbestos  coating 
(figure  161 -a)  to  the  sleeve,  the  use  of  thin-walled  all *f  on a  for  in¬ 
sulation  of  water  and  oil  pipes* is  not  excluded.  .  In  this  ease  heat 
resistance  is  not  required  of  the  vibration-absorbing  coating,  and  it 
say  oonsist  of  rubber  or  plastic  composition. 


figure  160.  Vulcanised 
rubber-metal  sleeves  for 
high-pressure  water  and 
oil  pipes. 


Figure  161.  Metallic  vibration- 
isolating  couplings  ( all* f  on 3)  for 
pipes  connected  to  machinery  mounted 
on  vibration  isolation  mounts. 

1  -  Body  of  all* font  2  -  Vibration- 
absorbant  coating  of  sil'fon. 


Occasionally  sil'fons  with  water  jackets  (Figure  161-b)  are  used 
for  isolation  cf  exhaust  pipes.  From  the  point  of  view  of  aooustios 
these  ail'fons  are  better  than  single-wall  sil'fons  which  do  not  have  a 
vibration-absorbing  coating.  * 
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53*  iia^,sur,em»Bt_or.Jfc.e . Acoustic  Effect  of  Shipboard  Vibration 

It>.9?-e,Uap..te^p^ 

lhe  vibration-isolation  effect  of  anti-vibration  mounts  is  best 
determined  by  the  experiment  diagrammed  in  Figure  162.  In  this  experi¬ 
ment  the  airborne  noise  level  is  measured  in  a  compartment,  one  of  the 
boundaries  of  which  is  sequentially  subjected  to  excitation  by  a  sonic 
vibration  source  not  mounted  on  vibration  isolation  mounts  (left),  and 
one  mounted  on  such  mounts  (right).  The  aooustic  effect  of  the  isola¬ 
tion  treatment  may  be  evaluated  on  the  basis  of  the  difference  in 
noise  level  in  the  two  oases. 


Figure  162. 


Diagram  of  an  experiment  for  determining  the  effect  of  the 
sound-isolation  mounting  of  a  machine  mounted  on  a  deck, 
upon  the  noise  level  in  a  compartment  situated  below  the 
deck. 

1  -  Machine;  2  -  Mounts;  3  -  Microphone;  4  -  Noise  meter. 


For  example »  from  the  results  of  an  e>periment  of  this*  type 
(Figure  163)  it  may  be  seen  that  of  the  designs  of  built-up  vibration 
isolation  mounts  tested  in  the  given  oase,  the  best  vibration  isolation 
was  provided  by  mounts  made  of  several  layers  cf  soft,  perforated  rub¬ 
ber. 


However,  the  direct  experiment  described  cannot  be  performed  in 
all  oases.  Most  often  the  acoustic  effect  of  mounts  already  in  place 
under  ru chines  must  be  evaluated.  The  method  of  approximate  evaluation 
of  the  vibration  isolation  of  mounts  through  measurement  of  the-  drop  in 
sound  vibration  level  in  them  may  ba  of  aaslstanoe  in  this  case 
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Vibration  isolation 
variant  number 


Figure  163.  Reduction  ir.  the  noise  level  in  a  below-deck  compartment 
with  various  types  of  vibration  isolation  mounting  of  a 
machine  on  the  deck  (Figure  162):  a  -  Frequency  charac¬ 
teristics;  b  -  Average  value  of  the  reduction  in  the  sonic 
frequency  range. 

Vibration  isolation  variants:  1  -  Four  mounts,  6  x  6  x 
x  3.2  cm,  oonsisting  of  8  layers  of  perforated  rubber; 

2  -  Four  mounts,  6  x  6  x  1.2  cm,  oonsisting  of  4  layers  of 
monolithic  rubber;  3  -  Four  mounts,  6x6x1  cm,  consist¬ 
ing  of  a  single  layer  of  felt;  4  -  Four  mounts,  6  x  6  x 
x  .2  cm,  oonsisting  of  8  layers  of  perforated  rubber; 

5  -  Continuous  elastic  foundation  3*2  cm  thick,  consistin'’ 
of  8  layers  of  perforated  rubber;  6  -  Same,  2  cm  thick, 
oonsisting  of  5  layers  of  monolithic  rubber.  Weight  of 
the  maohine  50  kO,  size  of  base  40  x  60  cm. 


(Paragraph  47) .  From  the  point  of  view  of  the  technique  of  measurement, 
the  determination  of  the  drop  in  vibration  levels  differs  in  no  way  from 
the  measurement  of  the  isolation  of  light  partitions  in  relation  to  air 
noise,  i.e.  either  the  method  of  subsequent  measurement  of  vibration 
levels  at  the  leg  (or  bed-frame)  of  the  maohine  and  at  the  foundation, 
or  the  method  of  simultaneous  mea surer.. of  the  levels  of  paired  cir¬ 
cuits  connected  to  a  pen-recorder,  to  a  logometer  or  to  a  similar 
instrument  may  be  appliec  ( cf .  Figures  105  and  106) . 

The  measurement  of  vibration  levels  is  conducted  at  fixed  fre¬ 
quencies  or  in  oertain  frequency  bands,  and  because  of  this  the 
measured  data  relative  to  velocity  of  vibration  and  acceleration  of 
vibration  praotioally  coincide.  In  practice,  preference  must  be  ac¬ 
corded  to  measurement  of  vibrational  acceleration  levels  (at  least  when 
working  with  piezoelectric  vibrometers),  because  these  levels  greatly 
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exceed  the  levels  of  electrical  interference  (noise)  in  the  measuring 
circuits,  more  so  than  the  levels  of  velocity  of  vibration. 

As  a  role,  shipboard  vibration  isolation  may  be  considered 
satisfactory  if  the  average  drop  In  vibration  levels  in  che  sonic  fre¬ 
quency  range  exceeds  15  to  20  db  at  the  mounts.  Here,  the  actual 
vibration  isolation  of  the  mounts,  determining  the  reduction  of  air¬ 
borne  noise  in  the  neighboring  rooms,  varies  as  a  function  of  different 
factors  in  a  range  of  from  5  or  8  to  12  or  15  db. 


db 


Figure  164.  Frequency  function  of  the  vibration  Isolation  of  vibration 
isolation  mounts  (curve  t)  and  the  reduction  or  drop  in 
sound  levels  at  them  (curve  2). 

Figure  164,  obtained  from  aoou3tic  investigation  of  an  electric 
transformer  mounted  on  vibration  isolation  mounts  in  ine  engine  room  of 
a  ship,  gives  a  picture  of  the  relationship  between  the  reduction  in 
sound  level  and  the  vibration  isolation  at  various  frequencies.  It  may 
be  seen  from  the  figure  that  the  difference  between  the  noise  reduction 
and  the  vibration  isolation  at  medium  sonic  frequencies  reaches  8  to  10 
db. 


A3  follows  from  theoretical  considerations  (Figure  141),  vibra¬ 
tion  isolation  aoqulres  negative  values  at  low  sound  frequencies,  near 
to  the  natural  frequency  of  the  machine  as  mounted.  As  mentioned 
earlier,  the  mass  of  the  foundation  on  whioh  the  vibration  isolated 
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machine  is  installed  is  cf  prime  importance  to  the  degree  of  difference 
vn  the  noise  reduction  t -d  vibration  isolation. 

SxamPlo  S'i.  On  the  basis  of  the  conditions  of  Example  48,  deter¬ 
mine  the  amount  by  which  the  drop  in  sonic  vibration  at  the  vibration 
isolation  mounts  exceeds  the  vibration  isolation  of  the  mounts  when  in¬ 
stalled  on  a  massive,  and  on  a  light  foundation. 

Solution.  On  the  basis  of  Figure  143  we  find  that  for  the  mas- 
*5 J:  D  -  VI  » 16  db. 

The  same  for  the  light  foundation  is  f  *»  0 

V  m 

Xn  the  letter  case,  as  was  seen  from  Example  48,  the  vibration 
isolation  of  the  mounts  is  low.  In  this  rase,  however,  the  drop  in 
sonic  vibration  at  the  mounts  more  nearly  characterises  their  true 
vibration  isolation. 

The  vibration  isolation  characteristics  of  flexible  couplings  and 
sleeves  are  evaluated  on  shipboard  in  UiHar  manner,  according  to 
the  amount  of  the  drop  in  sound’  levels.  The  amount  of  the  drop  in 
sonic  vibration  at  the  isolating  elements  of  couplings  and  sleeves  is 
less  than  at  vibration  isolation  mounts.  In  the  first  approximation 
it  may  be  considered  that  sound  isolating  couplings  and  sleeves  are 
satisfactory  if  the  drop  In  the  sonic  vi.br: tion  level  at  them  in  the 
axial  and  radial  directions  speeds  10  or  15  db.  A  more  precise  eval¬ 
uation  of  the  acoustic  effect  of  jornlln?.?  and  sleeves  requires  taking 
into  account  the  position  of  the  pip:'  £  relative  to  the  boundaries  of 
living  compartment. »,  end  the  sound  isolating  characteristics  of  the 
vibration  isolation  mounts. 


,sV 


D  -  VI  &  4  db. 
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CHAPTER  14 


VIBRATION  ABSORPTION 


34.  Vibration-Absorbing  Coatings  for  Founds  tlor*.  and  the  Hull  dtruc- 

%Un.!2l  ShlM 

Another  method  of  controlling  sonic  vibration  on  shipboard  has 
become  fairly  widespread  in  recent  years;  it  is  the  use  of  vibration- 
absorbing  or  vibration  damping  coatings.  The  acoustic  effect  of  such 
coatings  is  based  on  the  introduction  of  additional  damping  Into  the 
metallic  elements  of  foundations  and  hull  structural  components,  as  a 
consequence  of  which  the  amplitude  of  the  travelling  and  standing 
sonic  vibrations  in  them  is  reduced.  According  to  published  data  (166, 
171),  all  the  hull  structure  directly  adjoining  the  machinex'y  compart¬ 
ment  in  some  German  ships  —  walls,  decks,  bulkheads  —  are  being 
covered  with  vibration-absorbing  coatings;  this  includes  also  the  sur¬ 
faces  on  which  absorbers  for  airborne  noise  are  Installed  (Figure  165). 

According  to  their  construction  and  principle  of  operation,  all 
the  vibration  damping  00a tings  may  be  divided  into  two  groups,  hard  and 
soft.  Both  of  these  are  produoed  from  materials  characterized  by- 
higher  internal  friction  losses,  but  the  materials  of  the  first  group 
of  coatings  have  a  higher  modulus  of  elasticity  than  the  seoond.  Such 
materials  usually  consist  of  hard  plasties,  frequently  with  fillers, 
which  further  increase  the  elastic  modulus  of  the  coating  and  also  re- 
duoe  its  speclfie  gravity*  The  00a tings  of  the  second  group  can  be 
produced  from  soft  rubber,  plastics,  bituminized  felt,  etc. 

The  difference  in  the  type  of  materials  used  for  the  coatings 
determines  the  difference  in  the  nature  of  their  acoustic  effect. 

When  metal  plates  are  covered  with  hard  coatings,  their  vibrations 
are  damped  primarily  by  the  deformation  of  the  coating  in  a  direotion 
parallel  to  the  plate  surface.  It  can  be  shown  that  in  this  case,  the 
vibration  absorption  by  the  coating,  that  is,  the  reduction  of  the 
plate's  vibrations  within  a  certain  frequency  range,  should  depend 
vejy  little  on  the  frequency  (curve  1  on  Figure  166). 

In  soft  vibration-absorbing  coatings,  the  damping  is  determined 
primarily  by  the  deformations  of  the  eoating  along  its  thieknesa 
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dimension.  Appreciable  awplng  occurs  only  at  those  £  resiliencies  at 
which  the  length  of  the  ulastis  wave  in  the  coating  is  commensurate 
with  its  'thickness*  In  view  of  the  low  elastic  modulus  of  this  type 
of  coating,  the  wave  length  becomes  comparable  with  the  coating  thick¬ 
ness  at  frequencies  of  several  hundred  cycles.  The  acoustic  effect  of 
the  coating  begins  to  be  felt  at  those  frequencies.  In  regard  to  the 
most  unpleasant  high  frequency  oscillations,  this  effect  can,  the  coat¬ 
ing  thicknesses  being  equal,  exceed  too  offset  of  ar,  acoustic  coating 
of  hard  vibration-absorbing  material  (curve  2  on  Figure  166).  Moreover, 
taking  into  account  the  .simplicity  of  the  process  of  applying  soft 
vibration-absorbing  coatings,  it  should  be  pointed  out  that  these 
coatings  are  just  as  suitable  for  use  on  shipboard  as  are  the  hard 
ones.  For  example,  in  the  ptnsenger  ship  "Stuttgart 11  built  in  i960, 
a  soft  vibration-absorbing  costing  was  plaoed  ovar  a  hard  damping 
layer,  which  produced  an  added  vibration-absorbing  effect  of  ?-8 
decibels  at  frequencies  over  100  oycles  per  second  (1?Q). 


Fie.  I65,  Covering  a  ship's  hull 
structure  with  a  sound  a'  sorbing 
coating.  1  -  hull  plating?  2  - 
vibration-absorbing  coating } 

3  -  absorber  for  airborne  noise*, 
k  -  perforated  soreening. 


Fig,  166.  Characteristic  fre¬ 
quency  relationship  for  the  reduc¬ 
tion  of  m©'1-;!  plats  vibration  by 
the  use  of  hard  (1)  and  soft  (2) 
vibration-absorbing  coatings. 
Vertical  axis:  acceleration  (fcy). 


The  effect  of  any  vibration-abu orbing  00a ting  is  observable  only 
at  the  resonance  frequencies  of  the  supporting  metal  structure.  Out¬ 
side  of  resonanoe,  there  is  practically  no  damping  of  vibration  by  the 
coating.  Let  us  take  a  closer  look  a*  vibration-absorbing  acoustic 
coatings  (especially  hard  ones),  the  material  of  which  is  characterized 
by  greater  internal  losses.  The  coefficient  of  internal  losses,  which 
is  a  measure  of  the  vibration  amplitude  at  resonance  of  any  elastic 
system,  can  be  expressed  as  the  ratio  of  the  half  width  d/  of  the 
resonance  curve  to  the  resonant  frequency  of  the  system  /0: 
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By  A/  is  meant  a  frequency  band  equal  to  half  the  width  of  the' 
resonance  curve  of  the  system  at  those  points  where  the  vibration  ampl! 
tude  of  the  system  drops  to  0.707  amplitude  at  resonance.  Obviously 
(Figure  6),  the  greater  A/ .  the  greater  the  damping  in  the  system. 

We  shall  designate} 

tj,  —  the  loss  coefficient  of  the  metal  structure  without  a  coating. 
In  the  case  of  ships'  foundations  and  hull  structure,  the 
value  varies,  at  sonic  frequencies,  within  the  limits  of 
10"1  to  10”2.  a  relatively  high  loss  coefficient  is  charac¬ 
teristic  of  damping  at  poll,  of  plate  Joinings,  stiffener 
attachments,  and  welded  seams,  etc.; 

i)j  —  coefficient  of  loss  in  the  coating} 

Hu  —  coefficient  of  loss  in  a  metal  structure  covered  by  a  coating. 

The  reduction  in  the  amplitude  of  resonance  vibrations  of  a 
metallic  structure  after  covering  it  with  a  vibration-absorbing  coat¬ 
ing  is 


Ay-20  log  |-3L±3Ljdb.  (208) 

In  the  case  of  metal  plates  far  removed  1  <m  the  source  of 
vibration,  the  nvnerioal  coefficient  in  formula  (208)  is  less  than  20. 

It  has  been  shown  (156)  that  in  the  case  of  a  metal  plate 
covered  with  a  vibration  damping  coating,  the  coefficient  of  loss  is 
equal  to » 


(209) 


Here  o 


h 


’m 

moduli  of  the  coating  and  the  metal,  and  by 


By  £c  and  is  meant  the  elastic 


ft0  and  A 


m 


the  corres¬ 


ponding  values  of  the  thiokness  of  the  ooating  and  supporting  struc¬ 
ture.  The  nature  of  the  function  ?  becomes  dear  from  the  following. 


It  may  be  seen  from  the  last  formula  that  the  loss  coefficient 
of  the  coated  plate  is  proportional  to  the  product  of  the  loss  coef¬ 
ficient  in  the  ooating  multiplied  by  the  elastic  modulus  of  the 
coating  material.  The  development  of  materials  designed  to  meet  that 


.  requirement  i3  fairly  complicated.  There  are  references  in  the  litera¬ 
ture  to  plastic  materials  with  a  0.5  loss  coefficient  at  sonic  fre¬ 
quencies  and  a  Young's  modulus  up  to  10^  ko/cm^.  'The  specific  gravity 
of  such  material  does  not  exceed  0.5-0. 7* 

The  relationship  of  the  ratio  as  a  function  of  the  variable 

$  and  the  parameter  0  is  shown  in  Figure  167*  When  the  a  and  $ 

values  are  fairly  high,  the  -®*  curves  tend  toward  unity,  that  is,  the 

loss  coefficient  of  the  ooated  plate  approaches  that  of  the  coating. 

For  each  value  of  a,  there  is  a  value  of  %  whereby  a  further  increase 
in  5  «  that  is  in  the  coating  thickness,  has  little  effect  from  the 
point  of  view  of  damping  the  plate  vibrations.  In  ordinary  stiff 
vibration-absorbing  materials,  the  0  value  varies  from  10“-'  to  10-2. 
With  such  a  values,  as  may  be  seen  from  Figure  16?,  an  increase  in 
the  shield  thickness  above  3-5  metal  thicknesses  is  impractical.  It  is 
considered  adequate  if  the  thickness  of  the  vibration-absorbing  coating 
is  2-2.5  times  greater  thsr.  that  c'  the  metal  upon  which  it  is  placed. 


Figure  16?.  The  relative  loss  coefficient  of  a  ooated  metal  plate  as 
a  function  of  the  ratio  *f  the  thicknesses  of  the  coating 
and  metal  and  of  the  rado  of  the  moduli  of  elasticity  of 
the  coating  and  metal. 
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Corresponding  to  the  above-mentioned  values  of  a  and  ;  are  the 

approximately  linear  segments  of  the  curves,  and  the  function  f  (5) 

’l* 

may  consequently  be  represented  as  follows  (bearing  In  mind  that  the 
curves  are  drawn  In  a  double  logarithmic  scale): 

*(5)^$*  (210) 

Thus  In  the  oase  of  materials  and  thicknesses  acceptable  for  a 
coating,  the  loss  coefficient  of  a  metal  plate  covered  by  a  hard  coat¬ 
ing  is  i 

<2,i> 

UtiffiPlf  e'L-  ft**  loss  coefficient  of  a  hard  vibration-damping 
coating  at  a  oertain  frequency  is  0,3,  and  the  elastic  modulus 
of  the  material  Ec  *  2  x  Ur  ko/cm2.  The  ooatlng  is  placed  over  a 
metal  plate  whose  loss  coefficient  does  not  exceed  ij,  *  10~2.  The 
ooatlng  thickness  should  not  exceed  twice  the  thickness  of  the  plate* 
Determine  the  decrease  in  the  amplitude  of  resonance  vibrations  of  the 
ooated  plate. 

Solution*  We  find  the  ratio  of  the  elastlo  moduli  of  the  coat¬ 
ing  and  the  plate i 


Bearing  in  mind  that  ,  *  2,  we  shall  determine  by  formula  (211) 

the  loss  ooeffiolent  of  the  plate  when  covered  by  a  ooatlng: 

%=*0,3*  10“2(2)*»»0,0!2, 


Aooording  to  formula  (208),  the  decrease  in  the  vibration 
amplitude  of  the  plate  is 

Ay  ■  20  log  «  7  db. 


It  is  possible  to  oombire  hard  and  soft  coatings  of  alasto- 

plastio  materials  as  well  as  to  make  ooatings  with  hard  rainforoed 
1 
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casings  that  Increase  the  elastic  modulus  and  thereby  also  the  vibration- 
absorbing  effect  of  the  coating* 


Reat-inrulating  -.isvioes  on  shipboard  aadta  from  cork,  "ekosamslt*1 , 
asbestos  wood  fiber*  eta.,  have  definite  vibration-absorbing  properties. 
Hia  acoustic  effect  of  these  materials  is  lees  than  that  of  the  special 
vibration-damping  coatings.  However  whan  the  heat  insulation  is  5-10 
times  as  thick  as  the  natal  wall  on  idtich  it  is  placed,  it  is  possible 
to  obtain  a  reduction  in  the  sonic  vibration  of  the  wall  bjr  6-8  decibels 
(see  Table  24  below)  at  frequencies  over  1  kilocycle  per  seoopd. 

Table  24 

The  damping  of  Bending  Waves  in  a  Metal  PI ate  Coated  on 
Both  Sides  by  Heat-Insulating  or 
Vibration-Absorbing  Materials 


(Plata  thickness  2  mm) 


Material 

Thickness 
of  material 
on  each 

1  Damping,  decibels  per  meter, 

i  in  frequency  bands,  ups. 

side  of 
plate,  mm 

|  600-1200 

1200-2400 

2400-4800 

Asbestos-wood  fiber.* 

25 

10 

12 

10 

Bock  wool.........*.. 

?o 

5 

6 

? 

Brown  cork........... 

28 

12 

16 

28 

Polystyrene 

Fean  layer  (perchloro- 

25 

14 

16 

29 

vinyl.  . . 

Heat-insulating  card-  j 

16 

16 

18 

! 

20 

board  (dense) ....... 

9 

15 

16 

26 

Semi-hard  rubber,.... 

4 

i 

12 

18 

30 

Depending  on  their  material  oanposition,  vibration-damping 
coatings  can  be  attached  to  foundations  and  hull  structure  as  well  as 
to  individual  elements  of  shipboard  machinery  and  systems  by  gluing, 
puttying  or  spraying  them  on.  From  the  point  of  view  of  ship  tech¬ 
nology,  the  latter  two  methods  are  preferable  as  they  make  it  posable 
to  coat  ooopISeated  surfaces.  But  these  methods  require  the  use  of 
special  non shrinking  (during  their  hardening)  materials  otherwise  a 
thick  ooatlng  may  peel  off  the  metal. 

Tito  use  of  vibrc  tion-damping  ooatlng s  on  shipboard  for  the  con¬ 
trol  of  vibration  in  fo  undations  and  hull  structure  is  to  some  extent 
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a  palliative  nea  sure  •  A  bettor  solution  would  be  to  produce  such  struc¬ 
tures!  from  materials  which  poorly  conduct  sonic  vibrations,  that  is, 
from  plastic  materials  having  hisrh  damping  and  which  would  be  strong 
enough  for  structural  purposes.  Tnere  is  no  doubt  that  the  present 
level  of  development  in  the  chemical  industry  in  t field  has  opened 
up  considerable  possibilities.  One  example  is  the  method  used  by  the 
Soviet  industry  in  producing  plastic  hulls  for  river  vessels  of  medium 
displacement. 

55*  g>perimental__Besearch,  on,  VAbj^tten-Abaorbln*.  Katerlals^and 

Elastic  and  dissipative  permanent  materials  are  being  investi¬ 
gated  with  a  view  to  selecting  the  most  suitable  materials  for  vibra¬ 
tion-absorbing  coatinrs.  One  of  the  most  common  methods  of  such 
investigation  is  based  on  determining  the  degree  of  the  change  in  the 
pamueters  of  the  resonance  ourves  of  thin  metal  plates  and  bars  when 
covered  with  a  vibration-absorbing  material  (2?,  156). 

An  "infinite"  bar  or  plate,  coated  in  sections  by  the  material 
under  test,  can  be  used  to  determine  the  magnitude  of  the  damping  of 
flexural  waves  in  metal  structures  per  unit  of  length,  dhown  in  Table 
2L  .are  the  values  obtained  by  the  author,  through  the  use  of  this 
method,  of  the  damping  per  meter  of  travelling  flexural  waves  in  the 
plate  by  covering  it  with  some  heat-insulating  and  sound-absorbing 
materials  as  well  as  materials  that  could  be  used  for  vibration- 
absorbing  purposes. 

lhe  thickness  of  the  metal  plates  in  this  case  is  small,  only 

2  mn,  and  the  damping  values  per  meter  are  therefore  high.  Tnis  makes 

possible  a  more  accurate  relative  evaluation  of  the  vibration- 

absorbintr  characteristics  of  the  materials.  It  is  obvious  that  even 

a  thick  layer  of  sound-absorbing  material  of  the  rock  wool  or  asbestos 

wood  fiber  type  does  not  increase  the  damping  of  sonic  vibration. 

Cork  and  polystyrene  are  a  little  better.  A  greater  attenuation  of 

sonic  vibration  in  metal  plates  can  be  aohleved  by  the  use  of  a  thinner 

layer  of  semihard  rubber  or  plastic  at  frequencies  over  1,000, cps. 

* 

doviet  investigations  have  shown  (?8,  100)  that  bituminized 
felt  covered  with  a  mastic  on  an  asbestos  base  also  makes  a  good 
vibration-absorption  naterial.  Its  damping  effect  can  be  observed 
at  frequencies  below  1,000  ops. 

The  above  discussion  of  vibration-damping  materials  deals  ex¬ 
clusively  with  bending  vibrations.  Longitudinal  waves  in  netal  plates 
are  very  poorly  absorbed  by  all  the  types  of  aooustic  coatings.  But 
longitudinal  waves  can  be  a  source  of  flexural  waves  in  the  structure 
lyinir  beyond  the  plates.  !?•  i.s  circumstanoe  emphasizes  the  difficulty 
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of  effective  vibration  absorption  in  the  ships’  foundations  bavin*;  a 
large  number  of  cross  connections,  as  well  as  the  value  of  combining 
vibration  absorption  with  vibration  isolation  treatments,  which  con¬ 
siderably  weakens  3U0h  longitudinal  waves  (Paragraph  h-5). 


Figure  168.  Reducing  the  noise  level  in  a  below-deck  compartment  by 
covering  the  deck  with  a  vibration-absorbing  coating  in 
the  area  of  the  vibration  Conroe. 

1  -  Source  of  vibration  set  on  the  deck*,  2  -  Source  of 
vibration  sat  upon  a  00a ting  (expected  curve). 


It  is  considerably  easier  to  weaken  the  vibrations  in  the  decks, 
bulkheads  and  shell  plating  tir-n  in  a  foundation  structure  by  the  use 
of  coatings,  Figure  168  shows  the  frequency  characteristics  of  the 
noise  reduction  in  a  below-deck  compartment  when  a  vibration-absorbing 
coating  is  placed  on  a  deck  around  a  source  of  vibration.  We  should 
point  out  the  initial  damping  of  a  deck  with  a  layer  of  heat  insula¬ 
tion  consisting  of  a  10  mm  thickness  of  granulated  cork  on  a  mastic 
base.  Despite  that  additional  damping  and  the  relatively  small  coat¬ 
ing.  area  (1  m^),  the  vibration  is  absorbed  to  some  extent.  At  high 
sonio  frequencies  the  noise  level  can  be  reduced  by  6-8  decibels.  Such 
is  the  effect  when  the  source  of  vibration  (a  hammer  vibrator  or  stamp¬ 
ing  machine,  as  it  is  called)  is  in  direct  contact  with  the  deck.  When 
installed  on  a  coating,  the  vibration  absorption  effect  of  the  coating 
is  also  evident,  and  the  noise  reduction  below  deck  should  be  con¬ 
siderably  greater. 

Let  us  look  at  the  effect  of  vibration-damping  layers  placed 
upon  the  separate  parts  of  a  machine  and  its  bed-frame.  The  possible 
reduction  of  the  vibra tiros  of  a  machine,  taken  as  an  isolated  object, 
was  mentioned  previously  for  this  case.  But  that  does  not  exhaust  the 
role  of  vibration-absorbing  elements.  They  oan  improve  the  isolation 
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of  vibration  isolation  of  the  mounts  placed  under  the  machine.  In  this 
connection  their  role  is  entirely  analogous  to  that  of  the  fibrous 
materials  used  for  the  absorption  of  airborne  noise  in  round-isolated 
compartments. 

Sy  placing  such  materials  on  the  inside  of  soundproof  housing 
(Paragraph  34)  we  can  raise  its  sound  isolation  to  a  value  close  to 
that  of  tiie  housing  walls  in  open  spaoe.  Without  sound-absorbing 
materials  the  acoustic  effect  of  the  housing  if  very  small,  as  the 
continuous  operation  of  the  source  tends  to  increase  the  density  of 
the  sound  energy  within  the  housing  because  of  the  numerous  reflec¬ 
tions  from  the  housing  walls. 


A  similar  phenomenon 
occurs  in  systems  where  structure- 
borne  sound  is  isolated  by  isola¬ 
tion  mounts.  Although  In  prin¬ 
ciple  this  should  apply  to  any 
type  of  vibration  isolation  mount, 
it  is  .particularly  true  of  fric- 
tionleas  mounts  (steel  springs), 
which  merely  reflect  the  vibra¬ 
tions  but  do  not  absorb  them. 

In  that  cate,  for  a  small  amount 
of  absorption  of  vibrations  in 
the  mchine,  the  density  of  the 
vibration  energy  in  it  will  in¬ 
crease  due  to  the  numerous  re¬ 
flections  from  the  boundaries 
(figure  169-a).  This  will  cause 
a  corresponding  increase  in  the 
vibration  level  also  in  the  foun¬ 
dation  structure  beyond  the 
mounts,  which  is  equivalent  to  a 
reduction  in  the  effective  or  the  true  vibration  isolation  of  the 
mounts  in  comparison  with  that  value  of  isolation  which  could  £e 
achieved  by  installing  the  mounts  on  an  infinite  sound  guide  /or  sound 

conductor/ < 

However,  the  density  of  the  vibration  energy  in  the  machine  can 
be  reduoed  (Figure  169-b)  by  covering  the  boundaries  of  the  machine 
with  sound  absorbing  materials  as  a  reflector  of  vibrations.  This  will 
raise  the  vibration  isolation  effect  of  the  mounts  to  cheir  full  oapa- 
oity. 


» 
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Fig.  169.  Determining  the  effect, 
of  00a ting  parts  of  a  machine  with 
vibration-absorbing  material,  upon 
the  vibration  isolation  of  isola¬ 
tion  mounts. 


An  analogy  between  systems  in  which  airborne  and  structure- 
borne  sound  is  propagating  is,  however,  Justifiable  only  to  a  certain 
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extent*  In  vibrational  systems,  particularly,  it  is  more  difficult  to 
separate  the  absorption  of  refloated  vibrations  from  the  absorption  of 
vibration?  in  the  source  itself  (machine).  This  should  be  borne  in 
wind  when  evaluating  the  results  of  ti*.  ••  xperiment  described  below 
which  is  designed  to  determine  the  effect  of  a  vibration-absorbin'? 
coating,  placed  over  various  parts  of  .-n  isolated  machine,  on  ‘the 
sonic  vibration  levels  of  a  foundation. 


Figure  1?0,  The  vibration  isolation  of  vibration  Isolation  mounts  (1) 
in  the  absence  of,  and  (2)  with  a  vibration  absorbing 
coating,  on  the  machine. 


In  this  experiment  two  measurements  are  taken  of  the  vibration 
levels  at  the  foundation  of  a  non-ieoHted  and  a  vibration  isolated 
machine  (a  shipboard  current  transformer)  for  two  oases s  (1)  no  vibra¬ 
tion  absorbing  coating  and  (2)  with  a  ooating  of  plastic  on.  its  body. 
Tho  values  of  the  vibration  isolation  of  the  counts  In  both  cases  will 
be  (Figure  I?0) t 

VI«  •  20  log  SUL  •  VI,  «  20  log  ^^2  ■ 
n\  «m 

Such  a  coating  can  be  effective  at  frequencies  over  600-800 
evclos.  The  results 'show  that,  at  these  frequencies,  for  a  coated 
machine,  the  vibration  levels  at  the  foundation  of  an  isolated  machine 
is  considerably  reduced,  and  this  is  er.  dvalent  to  an  increase  in  the 
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actual  isolation  of  the  mounts,  A  further  inoreaee  in  the  vibration- 
absorbia?  effect  of  isolation  mounts  can  bo  achieves  by  introducing  a 
light  intermediate  foundation  structure  between  the  machine  and  the 
mounts. 

56. 

A  vibration-absorbing  coating  can  reduce  the  flexural  vibrations 
of  the  hull  structure  and  parts  of  machines,  primarily  those  of  medium 
and  high  sonic  frequencies.  But  the  vibration  of  machines  as  a  unit, 
and  also  the  vibration  of  framing  and  plating  at  the  lower  natural 
frequencies,  oan  be  very  unpleasant.  A  reduction  of  that  vibration  can 

be  achieved  by  special  vibration  reducers, 
or  dynamic  vibration  dampers.  They  con¬ 
sist  of  a  mass  attached  to  the  vibrating 
system  with  the  aid  of  an  elastic  element. 
The  effect  of  dynamic  vibration  dampers 
as  a  function  of  their  parameters  has 
been  investigated  by  3.  P.  Timoshenko 
(102),  J.  P.  Den-Iiartog  (35)  and  other 
authors. 


Generally,  a  shipyard  machine  or 
hull  structure  whose  vibration  is  to  be 
reduced  is  a  system  with  an  unlimited 
number  of  degrees  of  freedom.  The  factor 
determining  the  selection  of  a  dynamic 
vibration  damper  is  that  principal  vibra¬ 
tion  of  the  system  whose  frequency  is 
close  to  that  of  the  disturbing  force. 
Therefore  by  using  the  method  of  princi¬ 
pal  or  generalised  coordinates  (110),  it 
is  possible  to  consider  machinery  instal¬ 
lations  and  structures  as  systems  with  one  degree  of  freedom.  Since 
the  simplest  type  of  damper  Is  itself  a  system  with  one  degree  of  free¬ 
dom,  the  analysis  of  the  action  of  a  dynamic  damper  is  reduced  to  the 
solution  of  the  problem  of  the  vibration  of  a  system  with  two  degrees 
of  freedom. 

Figure  171  shows  a  schematic  diagram  of  a  dynamic  vibration 
damper  m  installed  on  a  basic  elastio  system  whose  vibrations  are  to 
be  reduced.  The  symbols  in  Figure  171  and  in  the  following  text  aret 
c  and  C  represent  the  stiffness  of  the  elastic  element  of  the  vibra- 
tipn  damper  and  of  the  main  system,  respectively;  M  its  mass;  the 
hamonic  disturbing  foroe  spoiled  to  the  mass  has  an  amplitude  Fa. 
Since  the  vibration  dampers,  unlike  sound  isolation  mounts,  are 
characterized  by  operation  at  resonance,  the  friction  force  in  the 


Figure  1?1.  Diagram  of  a 
dynamic  damper  installed 
in  the  vibrating  system 

M,  C» 
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damper  as  well  as  in  the  basic  system  should  be  taken  into  considera¬ 
tion.  This  force  is  teWsn  into  account  by  the  energy  absorption 
coefficients  and  V  or  by  the  corresponding  coefficients  of  non¬ 
elastic  resistance t  ' 


6, 


V 


2r 


(212) 


where 


lq  and  8V  represent  the  loear:  vhr\ic  decrements  of  damping. 


The  coordinates  of  the  mass  of  the  basic  system  y  and  cf  the 
mass  of  the  vibration  damper  Q  are  reckoned  from  the  position  of  their 
static  equilibrium.  The  differential  equations  for  the  motion  of  the 
entire  system,  using  the  above  indicated  symbols,  can  be  written  as 
follows i 

«-?£-( I  +7r,)Cy  +  (1  +jl,)c{y-q)  -  V* ;  (213) 


dt* 


m  ^  ^  ^  c  (tf-’jO  “*0. 


Here,  as  in  the  previous  chapters,  the  symbolic  form  of  notation 
is  used;  the  complex  multipliers  (l  +  take  into  account  the 

presence  of'  friction  forces  in  the  elastic  elements. 

Particular  solutions  of  the  system  (21') ,  describing  the  steady 
state  vibrations,  may  be  written  in  the  form; 

(214)  € 

Substituting  the  values  y  and  Q  and  their  derivatives  in  ex¬ 
pression  (213),  we  get  the  following  equations  after  inserting  the 
appropriate  transformations  for  the  moduli  of  -toe  relative  vibration 
amplitudes  of  the  basic  system  (215),  and  of  the  damper  (216) ,  as  well 
as  the  displacement  of  the  mass  of  th-:-  damper  in  relation  to  the  mass 
of  the  main  sys  •  .i  (217): 


It 


(X,~*V  +  yJz4*  (215) 

V  1  +  tJ.  (216) 
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(217) 


v 


b.~l 

Vet 


zZt 


t1 

Id 


» 


D-  V t*4— 0  +  X*  +  FX*)**  —  ( 1  ~  TyT*)x4lJ + 
+  l(T,  +  If)  X**“  (Ty  +  If  qX*  +  P7«Xf>  »*1*  • 


(218) 


The  following  designations  were  introduced  in  the  above  expressions} 
f 

Her  am  -p  —  displacement  of  the  main  system  under  the  statio  action  of 
C  the  amplitude  value  of  the  disturbing  foroet 


*  =*  —  —  the  ratio  between  the  frequency  of  the  disturbing  force 
<u*  and  that  of  free  vibrations  of  the  main  system  installed 
on  an  infinitely  massive  foundation  (partial  frequency 
of  the  main  systsm) ; 

y  =  — *  —  the  ratio  between  the  partial  frequency  of  the  dynamic 
**  damper  the  same  frequency  of  the  main  system*  The  value 

X  is  oeoasionally  referred  to  as  the  tuning  of  the  damper* 

Formulas  (215)  -  (218)  are  basic  to  the  calculation  of  the  fre¬ 
quencies  of  a  dynamic  damper  end  the  vibration  amplitudes  of  the  main 
system  and  damper*  Presented  in  Figure  1?2  is  s  chert,  based  on  for¬ 
mula  (215),  showing  the  frequency  relationahip  of  the  vibrations  of  the 
main  systmn  when  vibration  dampers  with  different  internal -lose  coef¬ 
ficients  are  installed  (internal  losses  are  assessed  to  be  absent  in  the 
main  system  of  the  damper,  that  is  *  0). 

The  vibration  curve  of  the  main  system  without  a  damper  is  not 
shown  in  Figure  1?2.  It  differs  from  curve  5  only  by  the  fact  that  its 
maximum,  to  be  accurate,  corresponds  to  the  reaonenoe  frequency  whereas 

in  curve  $  it  is  reached  when  — ■>  <  I.  In  the  oase  of  a  vibration 

damper  without  losses  that  maximum  disappears  but  is  replaced  by  two 
new  resonanoes  (curve  1)  with  frequencies  above  end  below  the  reeonanoe 
frequencies  of  the  main  system  due  to  the  fomatlon  of  e  system  with 
two  degrees  of  freedom*  The  frequency  "dispersion"  of  a  system  with  a 
vibration  damper  is  detemined  by  the  relationship  between  the  para¬ 
meters  of  the  main  system  and  the  damper. 
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Figure  1?2. 


R*  so  nance  curves  for  the  main  system  without  faction  for 
various  values  of  the  loss  coefficient  in  the  vibration 
damper  system. 


If  even  a  small  amount  of  frlotion  is  Introduced  Into  the  damper, 
the  vibration  amplitudes  of  the  main  system  at  resonances  wuld  have 
SniS  values  (curve  2).  as  would  be  expected.  Pbr  various  values  of 
friction  in  the  damper,  the  vibration  Amplitude  owves  Intersectat  one 
and.  the  aaae  points*  designated  as  3  and  T«  A  value  of  vf  oan  be 

selected  in  such  a  way  that  the  values  in  the  entire  range  of  fre- 
quency  changes  would  not  exceed  the  values  at  points  5  and  T. 
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This  value  of  the  friction  coefficient  in  a  vibration  damper  is  called 
the  optimal;  it  corresponds  to  carve  3  in  Figure  1?2. 


When  the  friction  is  even  greater*  the  two-peak  amplitude  curve 
beoomes  a  single-peak  curve  (curve  4).  Finally*  with  infinitely 
large*  which  amounts  to  a  rigid  connection  between  the  vibration  damper 
and  the  main  system,  the  amplitude  curve  of  the  main  system  (curve  5  in 
Figure  172),  as  has  already  been  mentioned*  beoomes  similar  to  the 
curve  of  the  same  system  without  a  damper*  In  this  case  the  resonant 
frequency  is  somewhat  lower  than  u>0 ,  as  the  mass  of  the  system  has 
increased  from  M  to  M  +  m. 


Let  us  oonsider  in  greater  detail  the  characteristics  of  dampers 
with  and  without  frlotion.  lb  devise  a  calculation  fbmula  for  a 
damper  without  friction  in  the  (215)  -  (218)  formulas*  f.  is  placed 
equal  to  zero*  Them 


1 »  -  x*-**, 

d,  * 


is-., 

Fct 

fcii 

Ftt 


* 


D,~  Y l*4-  ( *>  +  X*  +  Mt*)**  +  X*l* +  t5(X*— •**)*  • 


(219) 

(220) 
(221) 
(222) 


A  detailed  analysis  of  the  expression  (219)  would  show  that 
when  the  damper  frequency  is  tuned  to  X  %  1  *****  P  ^  0,05  *  the  free 
vibration  frequencies  of  the  system  with  a  damper  would  be  looated  prao- 
tioally  symmetrically  in  relation  to  the  partial  frequency  of  the  main 
system.  An  increase  in  p  -  is  conducive  to  a  greater  frequency  dis¬ 
persion  and  a  disruption  of  their  symmetric  arrangement  in  relation  to 
,  As  x  moves  away  from  1  *  the  value  of  one  of  the  new  frequencies 
approaches  the  partial  frequency  of  the  main  system*  and  the  other  be¬ 
oomes  oloser  to  the  value  of  X* 

The  maximum  vibration  amplitudes  of  the  main  system  with  a  . 
damper  are  found  in  the  resonance  peak  areas  and  detexmined  by  the 
following  expression  i 


(223) 


,  faffed 


that  is  they  are  the  sans  as  the  vibration  amplitude  of  the  main  system 
without  a  damper  when  t»  ■»  u>#. 


% 


At  a  frequency  equal  to  the  partial  frequency  of  the  dynamic 
damper,  that  is  when  x  **  *•  ^er®  are  no  vibrations  of  the  main  mass. 
Formally,  this  applies  to  any  mass  of  the  damper  but  In  the  oase  of  very 
small  m  values,  the  vibration  amplitude  of  the  demper  would  be  so  high 
that  it  would  destroy  the  elastio  collection.  For  practical  purposes, 
the  mass  of  the  dampers  in  use  is  55&*  end  in  some  oases  7-6$,  of  the 
main  system,  that  is  p  <  0,05 — 0,08. 

That  a  dynamic  damper  without  friction  can  under  certain  condi¬ 
tions  reduce  the  vibration  amplitude  of  the  m  in  system  to  aero  is  an 
indicator  of  its  considerable  effectiveness .  But  such  a  reduction 
occurs  only  In  a  very  narrow  frequency  band  (let  us  recall  the  middle 
branch  of  carve  1  in  Figure  172);  it  is  therefore  useful  to  use  a 
damper  without  friction  In  installations  with  fixed  operating  condi¬ 
tions  or  with  a  very  limited  range  of  operating  rpm. 


The  parameters  of  the  dynamic  damper,  and  / ,  are  selected  in 
suoh  a  way  tha«  tho  vibration  amplitudes  of  the  main  mass  do  not  ex¬ 
ceed  the  permissible  magnitude  in  the  region  of  operating  revolutions. 
By  designating  the  permissible  relative  amplitudes  at  the  lower  and 
upper  boundaries  of  the  operating  region  as  a,  and  at  (see  Figure  173 
where  curve  2  represents  one  of  the  segments  of  curve  1  in  Figure  172), 
it  is  possible  to  obtain  from  equation  (219)  the  required  values  of  p 
and  x 1 


a,  4-  Qq  4*  (»%  —  »f) 

al'?+  0  5*2  +  «1«2  (*?  —  *1 ) 


9 


(224} 

(225) 


where  «.  and  «.  are  the  values  at  the  boundaries  of  the  opera- 
»  •  **• 
ting  region  (Figure  173)* 


To  calculate  the  strength  of  the  damper's  elastio  oonneo.tion, 
we  must  know  the  vibration  amplitude  of  the  damper  loed  in  relation 
to  the  main  system.  At  the  boundaries,  of  the  operating  region  these 
amplitudes  are 


316 


/**-M  . 

Aa 

V  Fer  /M 

Suoh  are  th*  basio  calculations  required  to  detemln*  th«  para¬ 
meters  of  a  damper  vithoutfriotion. 

it  may  b«  mn  from  Fljur«  172  again,  the  width  of  th*  frequency 
bond  within  vhioh  it  1*  po«Albl*  to  r*dao*  th*  vibration  of  th*  m*ln 
systea  i*  considerably  wider  for  th*  e*s*  of  a  d*mp*r  with  friotion  then 
for  on*  without  friotion,  but  th*  d*gr**  of  vibration  damping  maybe 
somewhat  leas. 


Figure  173* 


D*t«rmining  th*  parameters  of  *  dynamio  damper  without 
raaittaao*  tuned  to  th*  operating  region* 

1  -  without  a  dampen  2  -  with  a  dampen  3  •  operating 
frequency  region* 


In  the  majority  of  oaaea  it  la  praotioal  to  uae  a  vibration 
damper  with  optimal  friotion*  ftda  damper  oan  be  adjusted  in  auoh  a 

way  that  th*  ordinate*  of  curve  ^  »t  point*  S  and  T  are  the  earn* 

Fst 

(curve  3  in  Figure  172)*  The  adjustment  in  this  cm**  would  be  expressed 
as 


»? 


Without  drawing  any  further  conclusions,  we  shall  point  out  that 
the  value  at  points  *  and  T  will  be  equal  to 


henoe 


(228) 

(229) 


The  other  values  reqv^irod  fo l  calculating  a  vibration  damper 
with  optimal  friction  are  also  fairly  simply  expressed  by  means  of  p. 


The  optimal  value  of  the  coefficient  of  energy  absorption  in  the 
vibration  damper  is 

V.  «2ir  l/dfLtM'- 

•  *°r  V  2+1*  * 

(230) 

or,  since  fx  1 , 

*qoPt  *  ™  V7  • 

( 231) 

The  maximum  vibrational  displacement  of  the  damper  mass  in  rela¬ 
tion  to  the  main  mass  is 


(9»  -?*  )  „  L±if  |/llg±.d  as  111 

l  /mix  f*  V  3  + 


(232) 


The  above  formulas  hold  both  in  the  absence  of  friction  in  the 
main  system  and  for  any  feasible  value  of  frlotlon  in  it  (up  to 
'j'y  a  2.5) . 

We  shalx  point  out  some  instances  of  the  use  of  dynamic  vibra¬ 
tion  dampers  on  shipboard.  Thus,  in  one  of  the  Soviet  ships  a  dynamic 
damper  reduced  the  vibration  of  a  lubricating  oil  pump  and  an  in-port 
generator  in  their  operating  region  by  1-4  times  (see  oscillograms  in 
Figure  1?4).  The  vibration  da. per  used  for  that  purpose  is  shown  in 
Figure  175*  Horizontal  steel  rods  are  used  as  the  elastic  elements  of 
the  vibration  damper  for  vertical  vibrations.  At  the  ends  of  the  rods 
are  fastened  masses.  They  are  fastened  in  such  a  way  as  to  make  it 
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figure  174.  Oscillograms  showing  the  vibrations  of  a  marine  lubricating 
oil  pmp. 

1  -  without  a  vibration  damper;  2  -  with  a  vibration 
damper;  3  -  vibration  of  the  damper  weight;  4  -  time 
divisions. 


Figure  175.  Dynamic  damper  with  two  degrees  of  freedom  for  a  diesel 
generator. 


possible  to  regulate  'their  arms  and  to  tune  the  vibration  damper  on  the 
spot .  Tn®  design  and  tin-  u*y  of  tills  vibration  danper  were  developed  by 
A.  K.  Alekseyev  and  A.  K.  Sborovukly. 


The  vertical  rod  of  the  d wiper 
is  an  elastic  element  designed  to  ab¬ 
sorb  the  I'otary  vibrations  in  the 
transverse  plane  of  the  wain  system. 

Thus  this  vibration  damper  has  two 
degrees  of  freedom  and  reduces  vibra¬ 
tion  simultaneously  in  a  vertical 
direction  and  in  the  transverse  plane, 
as  was  borne  out  by  a  test. 

Another  instance  of  practical 
utilisation  of  dampers  is  tneir  use  to 
reduce  the  intensive  resonant  vibra- 
of  a  ship,  t  -  damper  '  lion  of  the  shell  plating  in,  powerful 

weight}  Z  -  elastic  rubber  pusher- hues  vsien  their*  main  engines  are 

connection  (ring) r  3  -  shell  in  operation.  The  amplitude  of  that 
plate.  vibration  was  »s  high  vm  and  the 

frequency  was  cps.  /.Hotel  cps  is 
,  an  abbreviation  for  cycles  per  second 
1  cps  *  1  hertz.*/ 

Vibration  dampers  with  friction,  the  design  of  which  was  proposed 
by  the  author,  consisted  of  metal  plates  glued  to  circular  rubber  rings 
(Figure  1?6).  The  rubber  rings  in  turn  were  glued  to  the  raiddls  of  the 
spaces  between  frames.  The  weight  of  c*vh  damper  amounted  to  3*3  kilo¬ 
grams.  A  total  of  30  dampers  were  thus  installed,  one  in  each  frame 
bay. 


Fig.  176.,  A  rubber-metal 
damper  for  'the  shell  plating 


As  a  result,  the  vibration  of  all  the  shell  plates  without  ex¬ 
ception,  was  reduced  to  0.:  n*A,  that  i“*  by  t>  i  time 6.  This  eoperierce 
clearly  illustrated  the  valua  of  usin?,  dampers  on  shipboard.  Vibra¬ 
tion  dampers  can  be  used  to  reduce  intensive  vibration  of  the  walla  of 
sound  isolating  housings,  air  ducts,  bulkheads  and  decks.  Figure  17? 
shown  a  vibration  damper  designed  to  reduce  the  vibration  of  the  deck 
in  a  passenger's  saloon  on  a  ship  of  5,000  tons  displacement  (158)* 
the  saloon  is  located  over  the  machinery  compartment,  which  has  two 
diesel  engines  with  reduotiori  gears.  With  the  propeller  shaft  ro¬ 
tating  at"n  »  120  rpm,  the  vibration  of  tue  deck,  at  the  eighth 
harmonic  of  tuk  .'.haft  rpm  and  original  :y  amounting  to  0.5  mm,  re¬ 
duced  three-fold  by  the  damper  (str  curves  in  lower  part  of  Figure 
177)* 


In  addition  to  the  linear  dynamic  damper s  with  and  vrithout 
friction,  discussed  in  the  above  patagraph,  t'*e  following  types  can 


also  be  used  in  ships:  dampers  with  nonlinear  elastic  cilunents, 
pendulum-type  anti vibrators,  and  dampers  vhose  frequency  is  automati¬ 
cally  tuned  to  that  of  the  disturbing  force.  Tut  ine  description  of 
all  these  dampers  ia  not  within  the  purview  of  this  book. 
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Figure  I??.  Installation  of  a  dynamic  vibration  damper  +c  reduce  local 
deck  vibration  in  the  lounge  area  of  a  passenger  ship. 

,  1  -  lounge,  first  class;  2  -  vibration  damper;  3  -  engine 

compartment;  4  -  lounge  deck  vibration  (8th  order  of  pro¬ 
peller  shaft  revolutions);  5  -  same,  with  the  use  of  vibra¬ 
tion  damper;  6  -  normal  operating  region. 
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Sjgttgple  55.  After  the  installation  of  a  diesel  generator  on  one 
of  the  ship 5  s  decks  thei-e  was  observed  a  considerable  vertical  vibra¬ 
tion  of  the  generator.  T'.e  frequency  of  the  free  vertical  vibrations 
of  the  diesel  generator  on  the  deck  was  fQ  ~  JO  cp.%  the  vibration  fre¬ 
quency  of  the  generator  in  operation  was  f  *  24  ops*  and  the  in¬ 
stability  in  the  generator's  rpm  was  £  «  +  2 j>» 

Determine  the  parade  taro  of  an  antivibrator  to  be  installed  so 
that  the  vibratAon  of  the  generator  does  not  exoeed  ya  =  0.3  mm- 

Solution.  Let  us  determine  the  %  values  ,?.t  the  boundaries  of 
the  operating  region  of  revolutions j 


-a)»-|f<l -0,02)  *0,78; 

*«—  yO  +  *)—  -|j  (1  +  0,02)  at  0,82. 


E y  the  nomogram  in. Figure  ljil  we  car.  determine  that  the  static 
deflection  yc^  -  6.28  mm  oorresponds  to  &  free  vibration  frequency  of 
30  cps.  We  asstime  the  relative  amplitu  des  A«  and  a-t  the  boun¬ 
daries  of  the  operating  region  (see  Figure  1?3)  to  be  the  same.  These 
amplitudes  are: 


a,->at= 


y  ct 


0,3 

0,28 


a  1. 


lines  the  operating  revolutions  in  this  case  change  within  a 
very  narrow  range,  it  would  be  rational  to  use  a  dynamic  damper  with¬ 
out  resistance.  Its  pari.aeters  can  be  found  from  formulas  (224)  and 
(225) * 


_  (0,82*  — 0,78*)|l  -f-  U  —  0.78*))  [  i  (1  — -  0,82*))  q- 

*  0,78**0,82*  [2  *+>’  0,82*  —  0,72* j  ’  ’ 

y—0, 78-0,82 1/  —8,79, 

Titus  the  mass  of  the  damper  is  7#  of  the  mass  of  the  generator, 
and  its  free  vibration  frequency  is 

/ogmz/os*0»79,30“s23,7  cps. 


The  damper  can  be  designed  as  indicated  in  Figure  1?5. 

Example  56.  Design  a  dynamic  damper  with  a  rubber  elastic  ele¬ 
ment  for  reducing  the  vibration  of  the  plating  of  a  bulkhead  between 
stiffeners.  The  bulkhead  has  a  thiokness  of  6  mm  and  a  "reduced  mass" 
of  41.5  x  10^  grams.  /.The  ooncept  of  "reduced  mass"  is  part  of  the 
method  of  principal  or  generalized  coordinates,  which  is  frequently  used 
in  the  USSR  for  .  the  analysis  of  vibration  problems.  It  is  explained  in 
referenoe  (110)  —  Translator's  not hJ  The  free -vibration  frequency  of 
the  plating  in  the  between-stiffener  bays  is  45  cps,  the  vibration 
amplitude  of  the  supporting  contour  of  each  panel  is  0,03  mm  and  the 
permissible  vibration  amplitude  of  the  plating  is  0.15  mm. 

Solution.  If  we  assume  that  the  friction  in  the  rubber  element 
of  the  damper  is  optimal,  we  may  utilize  formulas  (227)  -  (232).  Since 

^  a  5,  the  value  of  p,  according  t j  formula  (229),  equals 

|X  a  . . . —  —  0.08  . 

p  (5)4  -  1 


Hence  the  mass  of  the  .amper  is 

n  x  |iM  s  0#08  x  41,5  x  10^  *  3«3  x  10?  grams. 

The  proper  tuning  of  the  damper  is  determined  by  formula  (227) » 


1 


1  +0.08 


>0,925. 


The  partial  frequency  of  the  free  vibrations  of  the  damper  1st 
/#f  ■■  x/» 5=1 0.925  •  45  sk  42  °P8* 


We  shall  select  the  design  of  the  damper  aocoruing  to  Figure  176. 
These  are  the  initial  dimensions  of  the  rubber  element!  height  40  mm, 
external  diameter  95  mm,  internal  diameter  65  mm.  The  static  modulus 
of  elasticity  of  the  rubber  (soft)  is  15  kfl/aa^,  and  the  ooeffloient  of 
dynamic  stiffness  at  4 5  ops.  Is  1.5.  Since  the  area  of  the  free 
lateral  surfaces  of  the  rubber  is  large,  the  stiffness  ooeffloient  of 
the  boundary  (Figure  152)  does  not  exceed  1,  and  the  stiffness  of  the 
rubber  element  can  be  calculated  according  to  Hook's  law.  This  stiff¬ 
ness  is  equal  to 
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The  free-vibration  frequency  of  toe  vibration  damper  is 


fo« 


1  1  //r 210104 
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**40cp3. 


In  view  of  the  possible  errors  In  determining  the  elastic 
modulus  and  dynamio  stiffness,  the  final  adjustment  of  the  stiffness 
of  the  elastic  element  io  don©  experimentally. 

The  required  optimal  value  of  the  energy  absorption  coefficient 
in  the  vibration  damper  (formula  2.31)  1st 

■Vopt  S»7,7j/  0^ia2,2. 

Actually  it  was  found  to  be  a  little  less  (*■  1.6), 

Since  the  ma3e  of  the  damper  is  relativity  large  (8#  of  the  main 
mass),  there  are  no  grounds  for  expecting  excessive  vibration  ampli¬ 
tudes  of  the  damper,  nor  for  tu&t  reason  any  rupture  of  its  elastic 
element. 


Dynamic  vibration  dampers  are  not  the  only  possible  methods  of 
reducing  the  low  frequency  resonance  vibration  of  metal  plates.  In 
principle  it  is  possible  to  use  for  suoh  purposes  the  induction  method 
of  vibration  absorption  based  on  the  inhibiting  action  of  Foucault 
currents  in  paramagnetic  materials.  Suoh  a  vibration  absorber  con¬ 
sists  of  an  aluminum  ring  attached  to  •»  vibrating  plate  and  placed  in- 
a  strong  magnetic  field  (120) ,  This  device  made  it  possible  to  reduce 
■the  resonance  vibration  of  various  parts  of  an  airplane  fuselage  by 
15-20  decibels  at  frequencies  of  150-200  ops. 
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CHAPTER  15 

OTHER  METHODS  IDR  REDUCING  NOISE  AND  VIBRATIONS 

IN  SHIPS 


5?.  jfrflygto , ^jJafegJto toaastsL JsUxswSLsaL  aaaUai iml 

Praat^tr  Shift,  Bgfrttgq 

Modem  marine  propul  sors  —  propeller  end  water- jet  types  —  can 
produoe  an  Intensive  general  and  looal  vibration  of  the  ship  and  noise 
inside  it.  In  the  ease  of  ships  equipped  with  hydrofoils  and  ice¬ 
breakers,  the  noise  oan  be  created  by  the  impact  of  waves  and  ioe 
against  the  bottom  and  sides  of  the  ship,  and  in  the  ease  of  high  speed 
planing  craft,  noises  oan  be  created  by  air  propellers  when  these  are 
used  as  propulsors. 

Sonic  vibrations  oooasioned  by  the  operation  of  propellers  can 
be  produced  by  the  suction  foroes  of  the  propeller,  oavitation  on  the 
propeller  blades,  and  propeller  "singing, " 

The  amplitudes  of  the  hydrodynamic  suction  foroes  developed  on 
the  ship's  hull  by  the  propeller's  operation  oan  be  quite  considerable. 
The  methods  of  calculating  the  suction  foroes  were  developed  by  N.  N. 
Babayev  (16),  F.  Lewis  (147),  etc.  The  main  frequencies  of  the  suction 
foroes  ty  correspond  to  the  first  order  of  the  number  of  propeller 
revolutions  and  to  an  order  equal  to  the  number  of  propeller  blades, 
that  is  formula  (235) 

!  <-»;«••  C»3) 

where  n  —  is  the  propeller  shaft  rpm; 

m  —  the  number  of  propeller  blades. 

When  these  frequencies  ooinoide  with'  one  of  the  free-vibration 
frequencies  of  the  ship's  hull  (17,  61,  65),  they  can  set  up  a  strong 
vibration.  In  view  of  the  low  frequencies  of  propeller  vibration,  it 
cannot  by  Itself  produoe  a  considerable  auditory  effect.  But  the  sub¬ 
jective  sensation  of  vibration  can  be  quite  unpleasant;  moreover,  a 
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low-frequency  vibration  ran  produce  *11  sorts  of  squeaks,  rattling  of 
poorly  fastened  metal  structures,  and  a  modulation  of  the  machinery 
noises. 


The  cavitation  noise  of  a  screw  propeller  is  produced  by  the 
closing  of  air  and  water  vapor  oavities  appearing  on  the  propeller 
blades  at  a  certain  critical  speed.  These  vibrations  are  imparted 
through  the  water  to  the  shell  of  the  ship,  producing  a  noise  in  the 
after  oompartnents  that  can  be  subjectively  described  as  "cracking," 
roaring,  "champing,"  and  whistling. 


"Singing"  of  the  propeller  is  a  relatively  rare  phenomenon.  It 
occurs  when  vie  frequencies  of  the  disturbing  hydrodynamic  forces  co¬ 
incide  with  the  natural  frequencies  of  the  propeller  blades.  The 

ringing  noise  can  occasionally  be  heard  through 
the  t&ole  ship*  The  singing  noise  oan  be  elim¬ 
inated  by  sharpening  the  leading  edge  of  the 
blades  (127). 

The  reduction  of  the  suction  forces  on 
the  hull  as  w*»ll  as  the  reduction,  to  a  certain 
extent,  of  the  cavitation  effects  oan  be 
achieved  by  Increasing  the  olearanoe  between 
tiie  propeller  blades  and  the  hull,  particularly 
with  respect  to  those  parts  of  the  propeller 
furthered  removed  from  the  boss.  At  a  dis¬ 
tance  equal  to  0.7  of  the  propeller  disk 
radius,  that  is  where  the  strongest  hydro- 
dynamic  forces  develop,  the  distance  between 
the  edges  of  ths  propeller  blades  and  the  ship 
should  be  at  least  0.15  of  the  propeller  radius 
(Figure  1?8).  It  is  known  from  published  data 
also  that  a  siseable  reduction  In  the  hydro- 
dynamic  forces  acting  upon  the  plating  oan  be 
achieved  by  a  careful  balancing  of  the  pro¬ 
pellers  and  by  the  use  of  5-bladed  propellers 
(116,  lh?>. 


Fig.  178.  Deter¬ 
mining  the  permis¬ 
sible  clearances 
between  the  propel¬ 
ler  blades  and  hull 
of  the  ship. 


Quite  interesting  is  the  possibility  of  reducing  the  vibrations 
of  the  plating  in  the  propeller  area  by  the  use  of  elastic  layers.  This 
ooncept  was  first  voiced  by  N.  N.  Babayev  in  A  vibration  control 

device  of  that  type  was  installed  on  the  hydrographic  ship  "Nerd"  built 
in  Western  German y  in  1955*  It  consists  of  a  30  mm  thick  rubber 
diaphragm  fastened  in  an  aperture  and  fitted  flush  with  the  shell 
plating.  It  was  pointer  out  (167)  that  at  low  and  average  speeds  this 
devioe  reduced  the  noise  in  the  after  oompartnents  by  4-5  decibels. 


figure  179  above  the  device  ueed  on  Soviet  ships*  Ineide  the 
vibration-prone  plating  la  a  trunk  filled  with  water,  the  hydrodynamic 
for oes  produoe  a  vibration  of  the  water  aurfaoe  in  the  trunk  but  thia 
vibration  is  not  transmitted  to  the  hull.  The  trunk  aay  be  closed  off 
above  the  water  aurfaee  or  extended  up  to  the  upper  deek  (dotted  line 
in  Figure  179)* 


figure  179*  Devioe  designed  to  reduoe  the  hull  vibration  oauaed  by 
the  action  of  the  propeller. 

1  -  water-filled  trunk;  2  -  trunk  oover;  3  -  metal 
enoloaure. 


Fron  an  aooustioal  point  of  view,  the  latter  variant  ia  pref¬ 
erable  ae  it  preventa  the  resonant  vibration  of  the  air  ooluan  above 
the  water  aurfaoe  in  the  trunk.  The  arrangement  shorn  in  figure  179 
made  it  possible  to  reduoe  the  vibration  of  the  after  part  of  the  ship 
several  tines  at  frequences  of  the  first  and  third  orders  (94). 
Attempts  to  aehieve  a  similar  reduction  in  the  vibration  by  other 
methods  had  not  been  suooessful.  -  . 

Vibration  energy  oan  be  tranaaitted  to  the  plating  not  only 
through  the  water  but  also  through  the  propeller  struts  and  rudder, 
the  vibration  isolation  of  the  rudder  stook  from  the  surrounding 
struoture  with  sea-water  resisting  rubber  inserts  facilitates  a  reduc¬ 
tion  in  the  vibration  energy  tranaaitted  to  the  rudder  Cade  and  thenoe 
to  the  hull. 

If  none  of  the  above-listed  measures  is  possible  or  in  any  way 
effective  against  propeller-produoed  vibrations,  reoourse  should  be  hud 
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to  the  means  of  isolation  and  vibration  absorption  inside  the  ship.  To 
be  re  comer,  led  first  of  all  is  an  arfang  ament  of  sound  isolating  walls 
about  50-60  mm  from  the  plating  fastened  to  the  frames  using  elastic 
gaskets*,  also,  vibration-absorbing  coatings  on  the  plating  in  the  after 
part  of  the  ship.  It  was  suggested  that  part  of  the  bottom  of  the 
river  passenger  oraft  "Moskvich"  be  oovered  with  bitumen  (  4C> ) .  The 
bottom  of  the  diesel  ship  “Stuttgart"  (170)  was  oovered  with  a  14 
centimeter  thick  layer  of  bitumen  in  the  area  of  its  cycloidal  pro¬ 
peller. 


To  isolate  the  propeller  noise  penetrating  into  the  midship 
part  of  the  ship  through  the  propeller  shaft  tunnel,  light  double 
sound  isolating  partitions  are  installed  in  the  funnel  (131 ).  These 
partitions  are  removable  or  fixed,  depending  on  prevailing  conditions. 

The  plating  of  shallow-draft  river  boats  equipped  with  water- 
jet  propulsion  is  subject  to  considerable  vibration  and  humming  es¬ 
pecially  in  turns  and  when  backing,  because  the  streams  of  water  from 
the  jet  pipes  are  directed  along  the  sides  toward  the  bow.  In  this 
case,  the  airborne  noise  inside  the  ship  can  be  reduoed  (as  in  the  case 
of  the  noise  produced  by  the  impact  of  waves  against  the  plating  of 
ships  equipped  with  hydrofoils)  by  fastening  soundproof  partitions  to 
the  plating  and  bulkheads  using  elastic  materials  and  leaving  a  fairly 
large  gap  between  the  partitions  and  the  plating.  Similar  to  this  are 
the  sound-isolating  devices  used  on  the  sides  of  ioebreakers  to  elimi¬ 
nate  the  noise  inside  the  ship  when  travelling  through  ice. 

Improperly  balanced  shafting  on  the  ship  can  be  a  source  of 
intensive  first  order  vibrations.  Higher  frequencies  produce  resonant 
transverse  and  torsional  vibrations  of  the  shafting  arising  from  the 
presence  of  a  number  of  elastio  and  inertial  elements  in  the  shaft 
system.  The  methods  of  fighting  torsional  vibrations  are  well  known: 
the  Soviet  sehoel  headed  by  V.  P.  Tersklkh  holds  a  leading  place  in 
the  field  of  fighting  torsional  vibrations  in  ships'  propeller  shaft¬ 
ing. 


Vibration  and  unpleasant  noise  of  a  changing  nature,  due  to  the 
nonooincldenoe  of  the  shaft  revolutions,  are  csoasionally  observed  on 
two-  and  three-shaft  ships*  This  vibrrtion  oan  be  eliminated  by  syn¬ 
chronising  and  phasing  the  shaft  rotation. 

In'  air  cushion  craft,  very  intense  noise  oan  be  produoed  by  the 
air  blower  whloh  forms  the  oushion  and  by  the  propeller  installation 
that  produoes  the  thrust*  Effective  soundproofing  measures  must  be 
used,  to  make  such  craft  properly  habitable.  Such  measures  lnoluds  the 
use  of  sound  isolating  housings  and  vibration  isolation  shook  mounts, 
ventilation-type  silencers,  and  sound-screening  partitions  in  the 
vicinity  of  the  air  propeller. 
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56.  P^uciag-theJklse,  of  Waters  urtblng^nd  Other  Chipboard  Systems 

The  problem  of  silencing  the  noise  in  ventilation  systems  was 
dealt  with  in  Chapter  10.  Intense  and  unpleasant  noises  may  arise  also 
in  the  water  pipelines,  the  plumbing  system,  technical  water  systems, 
elevators  and  hoists. 

There  are  referonoes  in  the  literature  to  instances  of  a  water 
pump  installed  on  the  fourth  deck  of  a  large  diesel  ship  that  could  be 
heard  in  the  staterooms  of  the  second  deck  because  of  the  resonance  of 
the  water  column  in  the  pipes.  A  change  in  the  length  of  the  water 
pipe  made  it  possible  to  eliminate  the  resonance  and  reduce  the  noise 
by  26  decibels  (135),  In  another  but  similar  oase  the  noise  produced 
by  a  hydraulic  pump  was  audible  four  docks  above  the  pump  also  because 
of  resonance  phenomena  in  the  hydraulic  line.  The  noise  was  reduced 
when  a  filter  was  installed  in  the  line. 

Noises  travelling  in  liquid-carrying  pipes  can  also  be  reduced 
to  a  large  extent  by  the  introduction  .f  a  devioe  similar  in  principle 
to  a  ventilation  system  muffler  and  schematically  outlined  in  Figure 
180.  This  device  consists  of  a  sleeve  containing  a  layer  of  material 
(soft  foamy  or  porous  material)  whose  acoustic  resistance  is  con¬ 
siderably  less  than  that  of  the  water.  A  sealing  rubber  sheet  is 
inserted  to  prevent  the  poree  from  filling  up.  An  internal  perforated 
pipe  of  thin  sheet  metal  prevents  vortex  formation  and  disturbance  of 
the  flow  where  the  silencer  is  installed. 


Figure  180.  Arrangement  of  a  silencer  on  a  water  pipe, 

1  -  the  pipe;  2  -  metal  sleeve;  3  -  perforated  screen; 
4  -  rubber  diaphragm ;  5  -  MpenoplastH  or  "poroplast. H 


Such  a  silencer  can  eliminate  the  above-mentioned  types  of 
resonanoe  but  not  the  vibrations  propagating  along  the  pipe  walls. 

This  requires  additional  sound  Isolating  joints  or  gaskuts  between  the 
pipe  flanges;  the  usual  methods  of  vibration  absorption  are  considerably 
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las-*  effective  in  the  mse  of  piping.  This  is  duo  to  the  thickness  of 
pipe  walls  and  toe  cons-  Jerable  intensity  of  th e  longitudinal  vibra¬ 
tions  in  the  walls,  which  cannot  be  absorbed  by  damping  coatings.  The 
installation  on  piping  of  vibration-inhibiting;  masses  in  the  form  of 
solid  circular  sectors  (wedges)  gives  good  results.  These  sector 
wedges  can  be  combined  with  tho  expansion  joints  in  the  piping  (133) • 

The  noises  produced  by  the  elevators  and  hoisting  equipment  are 
made  up  of  the  noises  of  their  machinery  and  their  movements.  The  re¬ 
duction  in  tite  physiological  effect  cf  the  latter  noise,  and  its 
localisation,  can  be  achieved  by  separating  the  elevator  shafts  from 
the  hull  structure  by  sound  isolating  mounts  and  the  introduction  of 
rubberised  guide  rollers  moving  up  and  down  "he  shaft.  To  eliminate 
any  .sharp  noises  that  are  conducted  by  metal  structures,  the  elevator 
door  looks  should  be  equipped  with  rubber  inserts  and  the  internal  sur¬ 
face  of  the  elevator  trunk  should  be  coated  with  sound  absorbing  * 
material.  For  means  of  reducing  the  noises  produced  by  hoisting 
machinery  at,  its  source  as  well  as  machinery  used  for  sanitary  and 
daily  purposes,  see  Chapter  19. 

59.  Acoustic  &fiquir«mat»-ifi  the.  mi 

y&Mmi 

One  of  toe  practical  methods  of  noise  abatement  is  a  proper 
arrangement  of  compartments  having  different  noise  levels,  toe  en¬ 
trances  to  these  compartments  and  the  distribution  of  noi se-pr educing 
objects  in  them. 

Instances  of  the  wrong  layout  of  ship's  quarters  are  cited  la 
Figure  18'!.  In  Fleur*  131-a,  the  compartment  containing  noise  auxil¬ 
iary  diesel  generators  la  located  above  the  living  quarters;  moreover, 
the  wall  of  ono  of  the  staterooms  adjoins  the  f ."right  elevator  trunk. 

lh  Figure  101-b  (plan),  the  hatch  from  tho  machinery  space  into 
toe  corridor  is  directly  next  to  the  staterooms  and  opposite  too 
entrance  to  the  sick  bay.  For  acoustic  reasons,  this  hatch  should  be 
moved  to  the  spot  indicated  by  toe  dotted  lines. 

In  Figure  181-c,  the  foundation  of  a  noisy  machine  Is  located 
next  to  a.  water  tank  which,  in  turn,  adjoins  the  wall  of  a  passenger 
lounge.  Obviously,  the  sonic  vibrations  from  toe  foundation  will 
travel  through  too  liquid  to  the  ♦•all  of  the  lounge  causing  non.,  in 
it.  This  noise  could  be  reduced  If  toe  madtuM  were  removed  f.  <  the 
vicinity  of  the  tank  and  placed  on  efficient  vibration  isolation 
mount*,  and  the  foundation  made  fairly  massive. 
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Figure  181.  An  irrational  arrangement  of  the  ship's  quarters  and  the 
machinery  in  than,  from  an  acoustical  point  of  view. 


When  planning  the  layout  of  the  ship's  quarters  and  their  dis¬ 
tribution  throughout  the  ship,  account  should  be  taken  also  of  the  sound 
isolating  nature  of  passageways,  cofferdams  and  similar  seldom  occupied 
quarters  (storerooms,  etc.)  which  could  be  located  between  noisy  and 
quiet  compartments. 

60.  The  Role  of  Acoustics  in  the  Designing.  Construction  and  Opera- 

The  problem  of  acoustics  is  frequently  raised  toward  the  end  of 
the  designing  and  even  the  construction  of  a  ship.  The  result  is  the 
construction  of  ships  with  a  high  nolee  level.  Thus  an  18,000-ton 
turbine  tanker  built  by  the  Weser  plant  in  Bremen  in  1958  was  rejected 
by  'the  customer  because  of  the  high  noise  level  of  the  main  reduction 
gearing.  Two  years  later  the  ship  was  sold  for  tvo-thirds  of  its  con¬ 
struction  oost.  But  when  the  modem  sound-control  measures  are  made 


-  331  - 


use  of  luring  the  oon struct ion  of  ships,  their  noise  level  can  bo  sub¬ 
stantially  reduced  without  speed "1  cost* 

One  of  sudti  measures,  maintaining  the  acoustical  point  of  view 
in  the  planning  of  ship  layouts,  was  mentioned  in  a  previous  paragraph. 
Other  examples  of  the  role  of  acoustics  incluhe:  the  selection  of 
machinery  and  systems  for  their  acoustic  characteristics;  rigid  noie* 
reduction  demands  on  the  plants  producing  the  machinery,  and  the  allo¬ 
cation  of  part  of  the  ship's  useful  load  for  noi so-abating  treatments. 
The  designers  of  ships,  particularly  passenger  ships,  must  devote  as 
much  attention  to  all  these  problem?  as  to  the  speed,  strength  and 
operational  reliability  of  the  ships. 

The  design  bureaus  connected  with  the  shipyards  and  shipbuild¬ 
ing.  plants,  and  the  laboratories  of  these  plants  are  fully  equipped 
for  simple  acoustical  investigations  cr.  "hips.  Such  work  designed  to 
improve  the  aooustic  characteristics  of  the  ships  should  include 
particularly;  the  discovery  of  the  noisiest  machines  and  the  most 
intensive  components  of  their  noise  spectra  (if  such  information  is 
not  furnished  by  the  ,v,anufaotui*ors) ;  the  determination  of  the  extent 
of  muffling  required  in  the  air  ducts;  Inved Ration  of  the  acoustic 
effect  of  vibration  isolation  mounts;  definition  of  the  areas  where 
the  noise  level  is  determined  by  sonic  vibration  and  where  by  the 
airborne  noise  of  the  machines;  the  design  of  resonance  sound  absorbers; 
the  investigation  of  the  resonance  characteristics  of  the  ship's  hull 
structure. 

Acoustic  control  should  be  maintained  during  the  construction 
of  the  ship,  especially  in  connection  with  important  installations 
(vibration  isolation  mounts,  double  so  id  isolating  bulkheads)  which 
will  eventually  be  difficult  of  access.  Highly  desirable  also  is  the 
introduction  of  acoustic  control  in  the  plants  producing  mechanical 
equipment  (for  the  methods  of  such  a  control  see  Chapter  20). 

The  negligent  and  improper  operation  of  the  ship's  machinery 
can  also  raise  their  noise  level.  A  soundproof  structure  may  in  time 
reveal  cracks,  rigid  cross-oennootions,  and  hardened  elastic  inserts 
deteriorating  the  acoustic  properties.  It  would  therefore  be  quite 
useful  to  control  the  proper  operation  of  the  machinery  and  make 
periodlo  checkups  (at  least  during  ship  repairs)  of  the  soundproof 
efficiency  of  the  ship's  compartments.  Whenever  a  ship  is  modernized , 
attention  should  be  paid  to  the  possibility  of  introducing  new  noise 
reducing  improvements. 

The  proper  organization  of  wor1'  in  ships’  acoustics  during  the 
planning,  construction,  testing,  operation  and  repair  of  ships,  and 
the  dissemination  of  acoustic  knowledge  among  a  large  circle  of 


shipbuilders  would  considerably  rsduos  the  noise  level  in  this  type 
of  transport.  It  would  also  eliminate  such  paradoxes  as  shipbuilders 
themselves  preferring  to  travel  on  the  few  remaining  old  quiet  steam¬ 
boats  still  plying  the  rivers  rather  than  on  their  own  diesel  ships. 


PART  III 


CONTROL  OP  NOISE  AND  SONIC  VIBRATION 
IN  SHIPS'  MACHINERY  AND  EQUIPMENT  AT  THE  SOURCE 


CHAPTER  16 

THE  SOURCES  OF  THE  NOISE  OP  SHIPS'  MACHINERY 


61.  The  Origin  of  Noise  In  Machines 

The  problems  Involved  in  the  struggle  with  the  noise  of  machines 
and  meohaniams  at  the  source  are  a  part  of  a  very  complicated  and  as  yet 
inadequately  explored  area  of  technical  acoustlos. 

The  noise  of  machines  is  originated  by  the  elastic  vibrations 
both  of  the  machine  as  a  whole  and  of  its  separate  parts.  These  vibra¬ 
tions  in  various  shipboard  machines  are  produced  by  mechanical,  hydro- 
dynamic  and  electrical  phenomena  which  are  determined  by  the  design  and 
nature  of  operation  of  the  machine,  technological  inaccuracies  in  its 
construction  and,  finally,  the  conditions  of  operation.  Noises  may  be 
divided  into  those  of  mechanical,  aerodynamic  and  electromagnetic  origin. 

The  noises  cf  a  mechanical  origin  are  produced  by  the  following 
factors*  the  inertial  exciting  forces  arising  from  the  movements  of 
machine  parts  at  variable  accelerations;  the  Impact  of  moving  parts  at 
rticulated  joints  due  to  the  unavoidable  clearances;  friotion  in  the 
joints  of  machine  parts. 

Many  shipboard  machines  are  subjected  to  vibrations  by  oscillations 
of  the  working  medium  as  a  result  of  the  hydrodynamic  end  aerodynamic 
prooesaas  occurring  within  the  machine. 

These  aero-hydrodynamic  sources  of  noise  include*  vortioal  processes 
occurring  in  the  working  medium;  vibrations  produced  by  the  rotation  of 
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lad ec  rotors j  pulsations  of  pressure  in  working  medium,  oscillations 
within  the  medium,  occasion  &d  by  non.~urifond.ty  of  the  flow  into  a  rotor, 
iavitati  onal  processes  are  a  .other  source  of  noise  in  hydraulic  -nee  hams  ms. 

Noises  of  an  electromagnetic  origin  arc  produced  in  electric 
■achines  and  equipment.  These  noises  are  caused  primarily  by^fcfce  inter- 
-Ction  of  ferromagnetic.  masses  under  the  influence  of  magnetic  field? 
fhich  vary  in  both  time  and  space. 


Be  j cw  is  a  brief  discussion  of  the  basic  physical  processes  causing 
noises  ir  machines,  A  more  detailed  discussion  of  the  sources  of  noise 
chicn  are  characteristic  of  various  shipboard  Items  of  machinery,  and 
certain  methods  of  reducing  that  noise,  will  appear  in  the  following 
chapters . 

6?  ,  bounces  of  Noise  of  a  Mechanic  Origin 

Any  mechanism  ir;  operation  is  to  some  extent  subjected  to  the 
effect  of  unbalanced  inertial  forces  which  cause  it  to  vibrate. 

Inertial  forces  are,  the  major  exciting  forces  causing  the  vibration 
ot'  reciprocating  engines.  The  formation  of  these  forces  is  due  to  the 
uneven  movement  cf  the  piston-related  parts  and  the  constructional  im¬ 
balance  of  the  connecting  sod  —  crank  mechanism  (in  some  designs  cf 
engines ,) . 

Disturbing  centrifugal  forces  produced  by  unbalanced  masses  appear 
.in  the  rotating  parts  of  machines.  There  Are  usually  some  deviations 
from  the  prescribed  geometric  dimensions  of  these  parts  in  the  course  of 
their  production.  The  material,  from  vtuc-h  the  parts  are  made  may  be 
structurally  i  nhomogeneous .  Any  two  linked  parts  of  a  me  nine  may  nave 
their  centers  displaced  to  Rome  extent.  Ill  this  la  conducive  to  the 
appearance  of  unbalanced  masses  (the  so-called  unbalance  of  rotating 
>'*t  s ) . 


There  are  two  types  of  unbalance  associated  with  rotating  parts, 
static  and  dynamic.  In  the  first,  the  diatricution  of  the  density  of  the 
material  and  technological  inaocuracica  are  such  that  all  the  unbalanced 
vim  uses  can  be  reduced  to  -  single  mass  of  weight  Qrt  which  is  displaced 
in  relation  to  the  rotative  axis  of  the  part,  by  an  amount  r  (Figure  262). 
This  in  accompanied  by  a  general  displacement  of  the  center  of  gravity  of 
the  rotor  (or  of  any  rotating  part)  equal  to 


‘c- 


where  Qp  is  the  weight  of  the  rotor. 
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Figure  182,  Vibration  of  a  machine 
caused  by  jhe  static  imbalance  of 
the  rotor 


The  quantity  £  is  called 
the  rotor  ece*-  ‘ricity. 

The  rotation  of  a  rigid 
rotor  pi-oduc'  an  unbalanced 
centrifugal  force  F  which  is  pro¬ 
portional  to  the  eccentricity  fc  : 

(&*) 

where  in  -  represents  the  mass  cf 
the  rotor. 

u)-tfce  angular  speed  of 
the  rotor. 

Force  F  acts  in  a  plane 
perpend iculi  or  to  the  axis  of 
rotation  causing  the  machine  to 
vibrate  at  the  rotational 
frequency  f  *  _ jfcL _  . 

?nt 


The  vibration  of  the  machine  is  greatly  affeoted  by  the  rotor 
elasticity.  If  the  angular  speed  of  the  rotor  is  close  to  the  frequency 
of  its  free  transverse  vibrations,  the  dynamic  deflection  of  the  rotor 
is  greatly  increased,  involving  an  additional  increase  in  the  unbalanced 
centrifugal  force  F,  Actually,  as  is  seen  in  Figure  183,  the  disturbing 
force  in  an  elastic  rotor  increases  in  proportion  to  the  dynamic  deflec¬ 
tion  s 


F~m  («c  I*  p)  »*. 


(235) 


When  the  disturbing  force  frequency  coincides  with  that  of  free 
rotor  vibrations,  the  dynamic  deflection  of  the  rotor  increases  to  its 
highest  value  and  the  vibration  of  the  machine  reaches  its  maximum,.  The 
angular  speed  uJ0,  for  this  case,  is  called  the  critical  speed.  The 

increase  in  the  amplitude  of  the  rotor  deflection,  at  resonance,  is  limited 
exclusively  by  the  damping  forces  within  the  rotor  and  in  Its  supports. 

In  the  case  of  dynamic  imbalance,  all  the  unbalanced  masses  of  the 
rotor  are  reduced  to  two  mass  weights,  Q}n  and  Qu^,  lying  in  different 
transverse  planes  I  and  II  (Figure  l8h) .  The  rotor  when  turning  at 
an  angular  speed  uJ  produces  an  unbalanced  dynamic  moment t 
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jhfere 


g  -  represents  the  acceleration  of  tb:  force  of  gravity? 


a  and  b  -  the  distances  from  the  center  of  gravity  of  the  rotor., 

0,  to  the  planes  I  and  II j 

rj  and  r^  -  the  distances  from  the  axis  cf  rotation  to  the  unbalanced 
masses  Qjq  and  Qjjg* 


Figure  183.  The  effect  of  rotor 
deflection  on  the  magnitude  of 
the  inertial  exciting  force  F« 


Figure  18'i.  The  exciting  moment 
produced  by  dynamic  imbalance 
of  the  rotor 


The  dynamic  moment  produces  rotary  vibrations  of  the  machine  in 
.be  sox.  and  xoy  planes  (Figure  18k).  Tnc  vibration  frequency  caused  by 
the  dynamic  unbalance  also  corresponds  to  the  rotational  frequency  of 
the  rot, or  f. 

Actually  the  rotors  of  shipboard  machinery  are  always  characterised 
by  both  types  of  the  unbalance ,  In  this  case  the  machine  Is  affected  by 
the  exciting  moment,  as  given  by  formula  (286),  and  the  exciting  force 

F~F j  F Q,*r»)  •  (?3?) 

It  is  commonly  believed  that  the  harmonic  vibrations  of  the 
machine  are  caused  by  the  static  and  dynamic  unbalances  cf  the  rotor, 
but  this  is  true  only  when  there  is  nc  cTsarance  in  the  rvtor  bearings. 
Certain  clearances  in  the  bearings,  however,  are  found  in  all  actual 
machines,  and  these  cause  some  vibratory  motion  of  the  journal  in  the 
bearing  (Figure  The  exciting  force  in  this  case  is  determined 

net  only  by  the  rotational  angle  of  the  rotor  but  also  ty  the  position 


of  the  journal  in  the  bearing.  This  type  of  motion  produces  higher 
harmonica  in  the  vibration  speotrum  with  frequencies  representing  multiples 
of  the  rotation  frequency  —  2f,  3f>  ht,  etc.  The  amplitudes  of  the 
higher  harmonic  components  of  the  vibration  are  much  lower  than  those  of 
the  baeic  harmonic)  they  are  determined  by  the  ratio  of  the  rotor 
eccentriolty  £c  to  the  magnitude  of  the  clearance  in  the  bearings  s* 


Figure  185.  Rotor  vibration  due  to  (a)  bearing  clearance 
and  (b)  oval  shape  of  shaft  journal. 


Another  source  of  vibration  is  the  ovality  of  the  shaf u  jo-'^nal, 
which  causes  a  periodic  displacement  of  the  rotor's  center  of  gra.  «.y. 

Its  center  of  gravity  is  displaced  twice  during  a  single  revolution  — 
from  the  lowermost  position  0^  to  the  uppermost  position  Og  (Figure 
l85-b).  This  produces  an  inertial  disturbing  force  F  which  acts  upon 
the  body  of  the  machine  along  the  z  axis.  The  vibration  frequency  produced 
by  the  ovality  of  the  shaft  journal  is  equal  to  twioe  the  rotational 
frequency. 

The  improper  Installation  of  machinery  is  frequently  the  oause  of 
intensive'  vibrations  1  inaccurate  centering  of  shafts,  sagging  shafts, 
etc.  It  shduld  be  borne  in  mind  that  the  elastic  couplings  used  in  ship¬ 
board  machinery  can  only  reduee  the  adverse  effeot  of  these  factors,  and 
cannot  eliminate  the  effect  entirely. 

The  vibration  amplitude  caused  by  the  angular  or  parallel  dis¬ 
placement  of  shafts  (Figure  186-a,  b)  is  proportional  to  ths  magnitude  of 
suoh  displacement,  and  the  frequency  is  equal  to  the  rotational  frequency 
f.  A  things  in  the  centering  of  the  shafts  connected  by  a  coupling  of 
the  fingered  type  produces  a  vibration  frequency  equal  to 
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whore  ?,y  represents  the  number  of  fi rigors  (pir.s)  of  the  coupling. 

An  initial  warp  of  the 
shaft  (Figure  186 -c)  also  causes 
vibration. 

The  second  of  the  above- 
mentioned  chief  ohuses  of  vibra¬ 
tions  is  met  with  fairly  often. 
Basically  it  consists  of  the 
periodio  and  nonperiodic  im¬ 
pacting  together  of  moving 
parts. 

Many  shipboard  machines 
are  equipped  with  a  power  gear 
tr  ;in.  Any  lack  of  precision 
of  the  gear  manufacturing 
procses  produces  a  distinct 
impact  between  the  engaging 
teeth  and  causes  intensive 
vibrations.  The  vibration 
frequency  in  this  case  is 
determined  by  the  frequency 
of  the  recurrence  of  the  in¬ 
accuracies  and  the  number  of 
revolutions . 

One  of  the  major  sources  of  vibrations  in  piston  maohlnee  is  the 
impact  of  the  piston  against  the  cylinder  liner  during  Its  cross-over  at 
upper  and  lower  dead  centers.  In  this  oaae  the  vibration  intensity  is 
determined  by  the  size  of  tft»  clearance  and  uncreases  with  increased 
clearance.  The  vibration  frequency  corresponds  to  that  of  free  vibrations 
of  t>he  walls  and  covers  of  the  cylinder  block.  The  same  thing  happens 
in  the  crank-piston  rod  assembly  (the  impacts  of  the  piston  against  the 
upper  end  of  the  connecting  rod,  impact  of  the  crank  of  the  lower  end, 
etc.)  and  in  the  intake  and  exhaust  valves. 

Impacting  parts  are  a  source  of  vibration  also  in  roller  bearings. 
Increased  clearances  in  the  bearing  produce  a  chaotic  movement  of  the 
3teel  balls  within  the  clearances.  The  clashes  of  the  eteel  balls 
against  the  rings  and  separator  cause  these  parts  to  vibrate  at  their 
natural  frequencies.  In  direct-current  electrical  machines  the  impacts  of 
accumulator  brushes  against  the  plates  are  a  source  of  vibration. 


Figure  186.  Installation  error’s  which 
cause  vibration  of  machinery. 


Let  us  examine  the  third  cause  of  meohanical  vibrations ,  the 
friotion  of  x ubbing  parts,  The  most  intensive  vibration  Is  caused  by 
dry  friotion.  'fhe  use  of  a  lubricant  reduces  the  forces  of  friction  as 
well  as  decreasing  the  vibration.  Forced  lubrication  creates  a  situation 
wherein  the  rubbing  parts  are  separated  by  a  layer  of  lubricant.  In 
that  case  dry  friction  is  completely  eliminated  and  the  vibration  is 
reduced  to  a  minimum. 

Poorly  finished  shaft  journals  and  bearing  bushings  as  well  as 
inadsquate  lubrication  may  produoe  vibration  due  to  the  action  of  a 
constant  force  (so-called  autovibration).  Similar  self -excited  vibra¬ 
tion  of  the  separators  occurs  in  roller  bearings  due  to  the  different 
diameters  of  the  balls  and  their  resultant  varying  friotion  against  the 
separator. 

63.  .  The  Sources  of  Noise  of  An  Aero-  and  Hydrodynamlo  Origin 

In  hydraulio  meohanlsms  (pumps,  .blowers),  the. rotating  bladed 
wheels  produce  perlodio  pressure  pulsations.  At  any  point  of  their 
swept  area,  the  blades  enter  the  working  medium  differently,  causing  an 
alternating  rarifioation  and  condensation  in  the  flow.  (Figure  18?). 

The  vibration  produced  within  the  medium  in  thi3  process  is  called  the 
"rotational  sound." 

One  of  the  most  intensive  aerodynamic  sources  of  noise  is  vortex 
formation  in  the  flow  inside  the  machine.  A  vor 'cal  noise  is  produced 
by  the  movement  of  a  solid  body  in  a  gaseous  medium,  when  a  body  is  in  a 
flow  of  working  medium,  or  when  the  medium  exits  from  a  nozzle.  Vortices 
and  vortical  noises  are  produced  by  a  change  of  pressure  in  the  working 
medium  (Figure  187).  The  intensity  of  a  vortical  noise  is  determined  by 
the  size  of  the  body  end  the  velocity  of  the  onrush ing  flow.  Vortex 
noise  has  a  continuous  spectrum  occupying  a  wide  range  of  sonic  frequencies. 

Vortex  noise  can  travel  along  the  working  fluid  into  the  atmosphere 
as  well  as  into  the  walls  of  the  machine j  the  latter  in  this  case  produces 
sonic  vibrations  in  other  parts  of  the  machine  as  well  as  airborne  noise. 

A  coincidence  of  the  frequency  of  break-away  of  vortioes  with  that  of  the 
free  vibrations  of  the  body  may  produce  Intensive  resonance  vibrations 
of  that  body. 

A  source  of  intensive  noise  in  ship#'  pumps  is  the  cavitation 
formed  on  the  blade  surfaoes  when  the  peripheral  spead  is  high  and  the 
inlet  pressure  low.  Cavitation  noise,  as  a  rule,  appears  even  in  the 
early  stages  of  cavitation.  Even  the  smallest  source  of  cavitation  which 
hardly  affaots  the  efficiency  of  the  pump  Is  sufficient  to  produoe 
Intensive  noise. 
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Figure  187.  The  creation  of  vortices 
and  the  "rotational  sound"  when 
a  solid  body  is  placed  in  a 
fluid  flow. 


Figure  188.  Cavitation  on  the 
’  rotor  blade  of  a  pump 

1  -  blade 

2  -  the  distribution  of 

negative  pressure  on 
the  blade 

3  -  cavitation  region 


Cavitation  is  formed  in  a  fluid  flow  (Figure  188)  at  points  where 
the  rarificati''n  process  produces  a  break  in  the  fluid’s  continuity.  A 
pocket  is  thus  iv.infcd  and  filled  by  the  air  which  is  dissolved  in  water, 
aiid  in  cases  of  intense  ratification,  by  water  vapor.  When  the  vapor  or 
gas  bubble  subsequently  closes  (due  to  vapor  condensation  or  dissolving 
of  the  gas),  the  water  particles  dash  toward  its  center,  thereby  sharply 
raising  the  pressure.  Ibis  sudden  Increase  in  pressure  is  nothing  more 
nor  less  than  a  sound  impulse.  Like  any  impulse,  it  consists  of  a  number 
of  components  with  different  frequencies,  mostly  in  the  range  of  medium 
and  high  sonic  frequencies.  Cavitation  noise  produces  a  very  strong  effect 
on  the  sense  of  hearing  in  view  of  its  j  nmeroua  high-frequency  components. 

A  similar  phenomenon  is  found  ir  water  pipes  at  elbows  and  valves 
where,  due  to  break-away  of  the  flow,  cavitation  sources  ere  also  formed. 

61 .  The  Sources  of  Noise  of  Electromagnetic  O.igin 

One  of  the  major  sources  of  noise  in  electric  machines  is  the 
stator  vibration  caused  by  alternating  magnetic  fields  ("stator  hum", 
"magnetio  noise"). 

Let  us  examine  the  formation  of  exciting  forces  produced  by 
alternating  magnetic  fields  in  the  oase  of  a  direct-current  electric 
motor  or  generator.  It  is  known  that  between  the  poles  and  the  armature 
of  an  electric  motor  there  are  magnetio  attractive  foroes  which  are 
defined  by  the  following  formula 


Where  b  —  represente  the  instantaneous  value  of  the  magnetic 
field  induction j 

y  —  a  coefficient  of  proportionality. 

The  intensity  of  magnetic  induction  by  ia  a  funotion  of  the  size 
of  the  gap  between  the  armature  and  the  poles  of  the  motor.  As  the 
armature  rotates  through  point  0*  for  example,  the  winding  grooves  on 
its  surface  produce  a  constant,  periodic  Change  in  the  size  of  the  gap 
(from  $1  to  8g)  (Figure  189).  A  full  oyole  of  changes  in  the  magnitude 
of  the  gap  occurs  during  the  length  of  time  it  takes  the  armature  to  turn 
a  distance  equal  to  the  pitch  of  the  grooves  (or  of  the  teeth)  (from 
position  1  to  position  2) .  Obviously,  the  change  In  the  magnetic 

F  occurs  at  thu  same  frequency  and 


lii  general,  the  frequency 
of  magnetic  vibrations  and  noise 
is  defined  by  the  following 
formula 

/w-/M.  (239) 


where  f  -  represents  the 

rotational  frequenoyj 

a*  -  the  number  of 
armature  grooves) 

1  *  1>  2,  3,  .  .  . 

The  disturbing  force  F 
may  be  divided  into  a  radial 
component  Fr  and  a  tangential 
component  F*.  Both*  the  radial 
and  tangential  components 
produoe  a  vibration  of  the 
stator  yoke.  The  vibration  intensity  ean  increase  markedly  when  one  of 
the  natural  frequencies  of  the  stator  vibration  colnoldes  with  the 
fundamental  frequency  of  the  disturbing  forces  Fr  or  Ft  or  of  their 
harmonlos. 

Similar  vibrations  ocour  also  in  alternating-current  machines. 

As  is  known  (112),  a  number  of  higher  harmonic  fields  may  be  produoed 
in  the  air  gap  of  an  asynchronous  otor  in  addition  to  the  main  magnetic 
field.  These  fields  include 1 


Induction  b  and  the  magnetic  force 
aooording  to  the  same  rule. 


Figure  189.  The  cause  of  exciting 
foroea  In  a  direct-current 
electrlo  motor. 


-3 1*2  - 


(a)  higher  harmonic  fielu.  of  the  windings,  produced  by  the  non- 
sinusoidal  distribution  of  the  magneto-motive  fore*-'  in  the  air  gap} 

(b)  fields  in  the  tosth,  produced  by  the  alternating  magnetic 
conductivity  in  the  air  gap  of  the  machine; 

(c)  higher  harmonic  fields  arising  from  various  asymmetries  in  the 
magnetic  circuit  of  the  machine; 

(d)  higher  harmonic  fields  arising  from  the  asymmetry  of  the. 
voltage  supplied  to  the  machine. 

Experimental  investigation  has  revealed  that  the  radial  components 
of  the  tooth  and  winding  fields  play  a  major  part  in  the  formation  of 
magnetic  noise  in  electrical  machines. 

Insufficiently  tightly  packed  motor  and  transformer  plates  can  be 
subjected  to  a  periodic  ’’loosening''  under  the  action  of  alternating 
magnetic  fields.  This  sometimes  causes  a  very  intensive  noise. 

Theoretically,  sonic  vibrations  can-  be  produced  also  by  magneto¬ 
striction,  that  is  by  the  changing  of  the  form  and  dimensions  of  ferro¬ 
magnetic  plates  under  the  action  of  periodic  magnetic  fields.  But  the 
change  in  dimensions  of  aotive  iron  in  ordinary  electric  machines  does 
not  usually  reach  large  values,  and  the  noise  of  magnetostriction  does 
not  reach  the  level  produced  by  the  attraction  of  magnetic  masses. 

65 .  General  Principles  for  Controlling  the  Noise  and  Sonic  Vibration 
of  Machinery  and  Equipment  at  tile  Source 

The  following  design  measures  are  now  being  used  to  reduce  the 
sonic  vibration  and  airborne  noise  of  shipboard  machinery} 

(a)  a  reduction  i ft  the  energy  of  the  disturbing  forces  or  a  re¬ 
distribution  of  them  in  time; 

(b)  a  separation  of  the  natural  vibration  frequencies  of  the  parts 
of  the  machine  from  those  of  the  disturbing  forces; 

(o)  the  use  of  vibration-  and  sound-isolating  treatments  in  the 
structure  of  the  machine j 

(d)  an  increase  in  the  scattering  of  vibrational  energy  (vibration¬ 
damping  and  aound-absorbtlon. 
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As  a  rule,  it  is  impossible  to  reduce  the  noise  to  sny  considerable 
extent  by  using  only  one  of  the  above-mentioned  ito-ans*  Effective  control 
of  the  vibration  and  noise  of  machinery  calls  for  the  use  of  all  possible 
means  of  noise  reduction. 

The  disturbing  forces  can  also  be  reduced  in  the  design  stage  of 
the  machine  by  developing  an  appropriate  design  or  by  selecting  an 
operating  regime  that  would  meet  the  acoustic  requirements. 

The  measures  during  design,  which  reduce  noise,  include:  a  ctiange 
In  the  shape  of  the  blades  in  blowers;  a  reduction  in  the  dimensions  of 
roller  bearings;  the  substitution  of  sliding  bearings  for  ball  bearings; 
a  reduction  in  the  ratio  of  the  masses  of  the  rotating  parts  to  the  fixed 
parts  of  the  machine;  tapering  the  grooves  of  the  rotor  in  electric  motors, 
etc,  A  reduction  in  the  number  of  revolutions  of  rotors  and  of  blower  and 
pump  blades  will  always  reduce  the  exciting  forces.  Another  effective 
method  of  controlling  the  noise  of  machinery  and  equipment  is  by  reducing 
the  velocity  of  the  working  medium. 

The  disturbing  inertial  forces  and  the  vibration  produced  by  im¬ 
balance,  roller  bearings,  oval-shaped  Journals,  poorly  centered  shafts, 
etc,  depend  primarily  on  the  precision  of  manufacture  of  the  various 
parts  and  the  quality  of  the  installation  Job.  An  improvement  in  produc¬ 
tion  technology  for  machines  and  mechanisms  is  an  effective  means  of  con¬ 
trolling  such  vibrations. 

The  reduction  of  vibrations  produced  by  the  friction  of  the  dif¬ 
ferent  parts  upon  each  other  depends  largely  on  the  proper  operation  of 
the  machine.  The  timely  and  proper  lubrication  of  all  the  rubbing  parts 
of  the  machine  will  reduce  vibration  and  noise. 

If  the  noise  of  a  maohine  is  caused  by  intensive  resonance  vibra¬ 
tion  of  its  parts,  the  natural  vibration  frequency  of  eaoh  part  can  be 
tuned  away  from  the  frequency  of  the  disturbing  force  acting  on  that  part. 
This  oan  be  achieved  by  changing  the  stiffness  of  the  parts  (increasing 
or  reduoing  their  thickness,  additional  stiffener? ,  the  replacement  of 
flat-surface  parts  by  nonflat  ones,  eta.),  as  well  as  by  the  introduction 
of  additional  balancing  masses. 

It  is  known  from  the  theory  of  vibrations  that  the  vibration 
amplitude  in  the  region  of  resonance  is  to  a  considerable  extant  determined 
by  the  intemel  damping  quality  of  the  material  from  which  the  part  is  made. 
The  use  of  materials  with  high  damping  characteristics  makes  it  possible 
to  oontrol  the  vibration  and  noise  of  machines  by  sc  littering  the  vibration 
energy  within  the  material.  In  some  cases  it  is  possible  to  introduce 
absorbers  of  airborne  noise  into  the  structure  of  the  machine. 


The  reduction  of  the  vibration  and  airborne  noise  of  machines  can 
be  achieved  by  introducing  vibrato..-  and  sound  -isolating  treatments 
into  their  structure.  Such  measures  reduce  the  transmission  of  dis¬ 
turbing  forces  to  the  external  surfaces  of  machines,  thereby  reducing  the 
radiated  noise. 


CHAPTER  17 


CONTROLLING  THE  NOISE  OP  REDUCTION  OEAT/MO 
AND  MARINE  INTERNAL  COMBUSTION  ENGINES 


66,  Characteristics  of  the  Noise  of  Gear  Transmissions 


The  major  source  of  noise  in  marine  geared  turbine  drives  is  the 
reduction  gears.  The  airborne  noise  of  the  gearing  is  produced  by  the 
natural  and  forced  vibrations  of  the  gear  wheels  and  parts  of  the  reduc¬ 
tion  gear  structure. 

The  vibrations  predominant  in  gear  transmissions  are  caused  pri¬ 
marily  by  the  contact  engagement  of  the  gear  and  pinion  wheels.  The 
frequency  of  these  vibrations  is  ennal  to 

fK3  -  f  at  i  (2UO) 

where  -  is  the  number  of  teeth  on  the  gear  wheel  (pinion) j 

f  -  the  number  of  revolutions  of  the  wheel  per  second} 

i  -  1,  2,  3,  ...  -  -  the  number  of  the  harmonic  of  the 
vibration. 

The  most  important  quantity  in  the  noise  spectrum  is  the  first 
harmonic  (i  ■  1), 

The  vibrations  produced  by  the  accumulated  errors  in  the  circular 
pitch  of  the  pinions  and  gear  wheels  may  play  an  important  part.  In 
that  case  the  frequency  is  determined  by  the  following  formula 

fe  -  fi  (2lil) 

The  format' on  of  unaven  areas  on  the  teeth  during  machining 
(Figure  190)  may  alao  produce  vibrations.  Tue  defective  performance 
of  the  worm  drive  of  the  gear -cut ting  maohine  (irregular  pitch  of  the 
worm  wheel,  play  in  the  worm)  produces  parallel  sections  of  raised  bumps 
and  transitional  areas  ("waves")  on  the  tooth  surfaces  along  the  contact 
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line.  The  peripheral  distances  between  the  lines  of  unevenneaa  eorre- 
spend  to  the  pitch  of  the  dividing  geave  in  the  gear  train  of  the  cutting 
machine,  end  the  vibration  frequency  crimed  thereby  is  therefore  de¬ 
termined  by  3^ ,  the  number  cf  taeth  in  tut  dividing  gears  of  the  gear- 
cutting  machine , 


-  fa,,  1  , 


(20) 


Pig  we  190.  Rough  spots  on  the  aurf.ee  of  gear 
teeth  (indicated  by  arrows). 


A.s  before,  the  firr-b  harmonic,  (i  •  1)  plays  a  major  part  but  it 
too  has  a  high  frequency. 

Occurring  simultaneously  ere  the  vibrations  cf  the  goar  wheels  at 
frequencies  equal  to  the  natural  frequency  of  the  individual  teeth  or  of 
the  vneel  as  a  whole. 

Example  ,?7*  Determine  the  frequency  of  the  major  components  of  the 
airborne  noise  spectrum  of  ship‘s  reduction  gear  with  a  capacity  of 
3,000  hp  and  with  n  *  *4,550  rpm.  The  diagram  of  the  reduction  gear  and 
the  necessary  kinematic  data  are  giv«'r.  in  Figure  191,  The  gear  wheels 
are  cut  by  a  machine  whose  dividing  gear;  have  :he  following  number  cf 
teeth s  2,4  *  120}  360  and  600.  'The  timber  of  teeth  on  the  step  I  (first 
reduction)  pinion  wheel  is  i-t  *35,  and  on  the  step  II  pinion  wheel 
*jr  "  250.  The  number  of  propeller  shaft  revolutions  is  rip  •  180  rpm. 

Solution .  The  rotational  frequency  of  a  high  pressure  turbine 

oifiion  Is 

?i  -  -%r  ■  -  •  ??. 7  op,. 


3b7 


f 


The  frequency  of  the  contact  engagement  of  the  gear  and  pinion  of 
step  I  1st 


fK3  -  fjtji  »  7 5.7  *  35  *  i  -  2650  i  ops. 


The  rotational  frequency  of  the  propeller  shaft  (bull  gear)  iss 


nP  ,  180 
60  60 


30  cps. 


The  frequency  of  contact 
engagement  of  the  bull  gear  and  the 
Step  II  pinion  is: 

fK3  "  aII  *  "  3*250*1  *  750  i  cpa. 


The  frequencies  produced  by 
the  unevennesses  on  the  tooth  sur- 
facee  of  the  step  II  gear,  with 
sd  •  120,  are 

fd  -  fn  zd  1  -  3*120*1  -  360  i  cps. 

By  analogous  computations 
the  frequency  of  cyclical  errors 
produced  by  unevennesses  on  the 
tooth  surfaces  when 


a.  »  360  (f,  *  1,0001  cps)  and 
n  a 

Zd  -  600  (fd  -  1.9001  cps), 
can  be  found. 

The  presenoe  of  a  considerable 
number  of  disturbing  forces  of  an 
impact  nature  in  the  reduction  gearing  (as  may  be  seen  from  the  above 
example)  is  responsible  for  the  intensive  resonance  vibrations  of  the 
parts  of  the  reduction  gear  (torsional,  transvevae  and  axial  vibrations 
of  the  gear  wheels  and  pinions*  and  bending  vibrations  of  the  structure). 

As  a  result  of  this,  marine  reduction  gears  have  n  continuous  noise 
spectrum  covering  a  wide  range  of  frequencies  from  several  tens  of  cycles 
to  several  kilocycles.  Frequencly  distinguishable  in  the  continuous  noise 


Figure  191.  Diagram  of  a  ship's 
reduction  gear  for  a  compound 
turbine  (see  example  57). 

I  -  first  reduction |  II  -  second 
reduction}  1  -  first  reduction 
pinion}  2  -  bull  gear. 
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spectrum  of  such  gearing  are  -veral  ce.^.-.untu  corresponding  to  the 
resonant  as  well  aa  to  the  forced  vibrations  of  its  parts.  Some  typical 
reducing  gear  noise  spectra  which,  according  to  H.  Zink  (172),  are 
actually  found  in  practice,  are  shown  in  Figure  IS1?,  The  author  divides 
these  into  olx  groups. 

Group  1  (Figure  l$2-a),  The  spectrum  is  predominated  by  the  contact 
•engagement,  frequency  and  its  harmonics  2f^  and  If..-*  whose  intensity 
is 'much  lower  than  fj^/  Such  spectra  are  produced  by  a  predominant  tooth 
engagement  impulse  coupled,  with  a  hlt;h  degree  of  damping  (for  example, 
when  there  are  large  errors  in  the  pitch,  too  small  an  amount  of  overlap, 
or  an  error  in  the  angle  of  inclination  of  the  tooth). 

Group  II ,  ■  (Figure  192-b),  The  fyj  frequency  of  the  teeth  is 
hardly  discernible  but  its  2 f|g  or  3fk3  harmori.es  are  prominent. 

Numerous  investigations  have  shown  that  in  this  case  there  are 
also  intensive  gear  vibrations  produced  by  impacts  during  tooth  engagement. 

The  f^  component  corresponds  to  the  frequency  of  the  dividing 
gear  of  the  gear-cutting  machine  (the  low  frequency  components  in  Figure 
192-b  are  not  characteristic,  being  determined  by  external  noises  in  the 
compartment  where  the  measurements  were  made). 

Group  III  (Figure  l?2-c).  A  very  large  number  of  frequency  com¬ 
ponents  is  noted  in  a  wide  area  of  the  spectrum.  'Ibis  is  brought  about 
by  impulse*  generated  by  numerous  causes!  tooth  engagement,  errors  in 
engagement  caused  by  heat  treatments,  etc. 

Group  IV  (figure  192*ds.  The  f,,  fr-  qu^ncy  prominent  in  the  spectra 
is  produced  by  the  errors  of  the  dividing  gear  of  the  gear-cutting  machine. 

Group  V  (Figure  192-e).  Characteristic  of  this  spectrum  is  the 
presence  of  numerous  frequencies!  f  and  f*  are  unbalance  frequencies 
and  their  harmonioe,  f^  engagement  Frequencies  as  well  as  a  variety  of 
frequency  differences .  Such  spectra  may  be  produced  by  the  unbalance  of 
&  pinion  and  coupling,  engagement  errors,  etc. 

Group  VI.  A  spectrum  from  relatively  low-noise  gears  in  which  the 
frequency  of  hhe  discraet,  components  produced  by  the  reduction  gearing  is 
hardly  noticeable  (this  speotrum  is  not  shown  in  Figure  192). 

The  various  methods  of  noise  reduction  (Table  25)  should  be  applied 
according  to  the  type  of  speotrum. 
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6? •  Methods  of  Reducing  the 
ffblae  of  Marine  Reauctlon 
Searing  and  the  dear 
Transmissions  of  Machines 


The  noise  level  of  geared 
transmissions  la  a  function  of 
the  peripheral  velocity  of  the 
gears,  the  dimensions  of  the 
gears  and  the  quality  of  man¬ 
ufacture.  At  a  distance  of  one 
meter  from  the  housing,  the 
noise  level  of  a  reduction  gear, 
depending  on  ite  size,  oan  be 
evaluated  by  the  following 
expression  (bU). 

P  »  10  log  6.6Sa^f3  +  20  do 

(210) 

where  S  -  effective  radiating 

surface  of  the  vibrat¬ 
ing  gear  wheel,  which 
depends  on  its  dimen¬ 
sions  and  form  of 
vibrations j 

a  -  vibration  amplitude 
of  the  gear  wheel; 

f  -  vibration  frequency. 

It  may  be  concluded  from 
relation  (2lO)  that  in  the  design 
of  reduction  gears,  ons  should 
strive  for  a  limitation  of  the 
rotational  speed  of  the  gesr 
and  a  reduction  in  its  size. 

This  can  be  achieved  by  the  use 
of  double  reduction  or  2-step 
gearing.  At  constant  trans¬ 
mitted  horsepower,  reducing  the 
rotational  speed  of  the  wheels 
produoes  a  greater  quieting 
effeot  than  reducing  the  load 
on  the  teeth. 
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A  decrease  in  the  gear  whee?  module  and  an  increase  in  the  number 
of  teeth  within  permissible  limits  wil*  ai;-o  reduce  the  noise  because  of 
the  smaller  site  and  lower  peripheral  speed  of  the  gears* 

Special  types  of  gears  —  globoid ,  helicoid,  double  herringbone  — 
are  as  a  rule  less  noisy  than  straight  tooth  gears. 

The  chief  means  of  reducing'  the  vibration  and  noise  for  any  given 
type  and  power  of  gear  is  an  improvement  in  maohining  precision. 

According  to  (Bli),  the  permissible  error  in  the  pitch  from  the  point  of 
view  of  noise,  as  a  function  of  the  peripheral  speed  of  the  gear,  should 
not  exceed  the  following  tabulated  values) 

U,  m/eec  .....  100  50  20  10  5  2 

■*  microns  ...  16  20  35  70  IkO  350 

The  /I  values  were  calculated  In  such  a  way  as  to  satisfy  the 
requirement  that  the  gear  noise  not  exceed  70  decibels  at  a  diatrnce  of 
one  meter.  These  &  values  oo^noide  well  with  practical  data  on  the 
gear-cutting  precision  required  for  the  production  of  low-nolae  gearing. 

It  has  been  established  that  increasing  the  number  of  teeth  on  the 
dividing  gears  of  the  gear-cutting  machine  reduces  the  magnitude  of 
cyclloal  errors  in  the  gear  being  out.  The  machines  currently  in  use 
therefore  have  a  large  number  of  teeth  on  the  dividing  gears. 

A  correcting  device  designed  by  the  TaNIIfMash  (Central  Scientific 
Research  Institute  of  Technology  and  Machine  Building,  Moscow)  Is  now 
being  used  to  reduoe  the  errors  in  gear  cutting  due  to  the  machine’s 
dividing  gear  train.  Tha  rough  spots  cn  the  teeth  produced  by  errors  of 
in  the  dividing  gear  train  of  the  gear-cutting  machine  are  removed  by 
buffing  and  scraping  the  teeth  as  well  as  polishing  ths  teeth  with  a 
paste  provided  by  the  State  Optloal  Institute  (001). 

Another  important  factor,  determining  to  a  great  axtei.tr  the  vibra¬ 
tion  and  noise  intensity  in  the  band  of  low  and  medium  frequencies,  is 
the  balancing  of  the  pinions  and  gear  wheels  of  reduction  gearing,  espe¬ 
cially  the  fast  revolving  pinions  and  the  rotors  of  the  turbines,  A 
careful  dynando  balancing  of  tha  turbine  rotor,  the  coupling  and  the 
pinions,  as  wtll  as  tha  use  of  the  TsNITTMash  correcting  devioe,  has  mads 
it  possible  to  reduce  the  reduction  gear  noiee  of  a  ship’s  turbo¬ 
generator  from  106  to  96  decibels  (6o), 

The  reduction-gear  noise  of  turbines  If  also  affeoted  by  the  nature 
of  the  lubricant  as  well  as  by  the  design  of  the  nan-toothed  portions  of 
the  gear  wheel.  Thus  by  increasing  the  stiffness  of  attachment  of  the 
the  wheel  rim  to  the  hub.,  the  noiae  level  can  be  reduced  by  6-8  deolbels. 
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Noise  level 


Gear  vibration,  and  consequently  the  noise  it  produces,  can  be 
reduced  by  the  use  ol  various  frictional  dampers.  Rubber  disks  pressed 
on  to  the  axially  facing  surfaces  of  a  gear  wheel  can  serve  as  such  dampers, 

A  reduction  in  the  noise  of  reduction  gearing  and  the  elimination 
of  the  high-frequency  components  of  the  noise  can  be  achieved  by  manufac¬ 
turing  the  gear  wheels  from  materials  with  greater  damping  characteristics 
than  ordinary  structural  steel.  Plastic  materials  have  recently  been 
used  on  an  increasing  scale  for  the  production  of  reduction-gear  parts. 
Efforts  are  being  made  to  use  plastics  for  the  production  of  pinions,  as 
inserts  between  the  gear  rim  and  the  wheel  hub,  for  various  parts  of  the 
housing,  etc.  Merely  the  replacement,  of  the  gearing’s  steel  covers  by  a 
plastic  cover  (polyester-saturated  fiber  glass)  reduces  the  noise  by  2-fi 
decibels,  and  at  high  frequencies*  up  to  15  decibels  (Figure  193). 
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Figure  193*  The  effect  of  the  material  of  the  gear  cover 
on  its  noise  spectrum 


1  -  Steel  cover 


2  -  Plastic  cover 


Another  method  is  tc  use  double-walled  gear  housings  and  fill  the 
space  between  the  walls  with  vibration-damping  material  such  as  bitumen. 
Successful  experiments  were  carried  out  by  the  U.  S.  Navy  in  covering 
reduction  gear  housings  with  a  vibration-absorbing  coating  (163).  The 
gearing  can  be  surrounded  with  additional  sound  isolating  housings  having 
material  for  absorbing  airborne  sound  on  their  inner  surfaces. 

To  reduce  the  vibration  transmitted  to  the  foundation  and  through 
it  to  the  other  ship's  compartments,  It  would  be  wortindiile  to  insert 
vibration-isolating  couplings  between  the  shafts  of  the  various  units 
and  place  the  entire  geared  turbine  assembly  on  vibration  isolation  mounts. 
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The  selection  of  any  particular  <t»ttiod  of  reducing  reduction  gear 
sois-f  should  be  determined  after  th'  first  production  unit  has  been  tested 
-.rid  its  noise  spectrum  studied.  Some  of  the  recommended  methods,  corre- 
spending  to  the  nature  of  the  noise  spectrum,  are  listed  in  Table  20. 

TA3LE  20 

PF.CCEDtffiES  FIR  REDUCING  REACTION  GEAR  NOISE 


Nature  cf 
spectrum 

Major  source  of  noice 

■ 

Recommended  noise 
reduction  procedure 

‘iroup  1 

Errors  in  pitch  ana  angle 
of  inclination  of  the 
teeth 

Polish  the'  teeth  surfaces. 
Shift  the  phase  of  the 
accumulated  error  (in  herring¬ 
bone  gears) 

^roup  £ 

Large  errors  ir»  pitch, 
canoed  by  worn  gear 
cutters  in  the  grar 

cutting  machine 

Re-cut  the  gears  and  pinions 
with  new  nailing  cutters,' 

Cover*  thw  gear  writli  rubber 

facing. 

roup  3 

Pitch  errors  and  random 
■errors  produced  in  the 
process  of  heat  treatment. 

Polish  the  teeth  surfaces 

row;  .’-i 

Rough  spots  on  the  teeth 
produced  by  errors  in  the 
dividing  gears  of  the  gear- 
cutting  machine 

Polish  the  teeth  surfaces} 
scrape  the  rough  a pots  $  apply 

1  polishing  paste.  Recti  the 
gear  wheel  s  with  a  .larger 
number  of  teeth  in  the 
dividing  gear. 

‘'Iroup  0 

1 

! 

' 

! 

Pitch  errors .  Unbalanced 
pinions,  gears  and  cou¬ 
plings.  Radial  and  axial 
pulsation  of  the  toothed 
part  of  the  gr  *.r  wheel 
relative  to  tba  journal. 

Polish  the  teeth  surfaces. 
Carr-'  cut  dynamic  balancing. 
Use  greater  precision  in  man¬ 
ufacturing  gear  and  pinion 
blanks , 

66.  The  Noises  of  Reciprocating  Machinery 

Internal  combustion.  engines  and  particularly  diesel  engines  are 
the  noisiest  of  all  the  machines  on  shipcocxcd.  With  respect  to  their 
origin,  the  noises  of  auoh  engines  can  be  classified  as  aerodynamic  and 
mechanical. 
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The  noises  of  an  aerodynamic  (or  gasodynamic)  origin  include  those 
produced  by  the  inlet  and  exhaust  systems  of  engines,  various  scavenging 
air  pumps  blowers  and  superchargers,  as  'tel 1  as  the  noises  produced  by 
fuel  combustion  in  the  cylinder... 


In  some  cases  the  suction  noises  produced  by  blowers  and  super¬ 
chargers  reaohea  a  level  of  Il£-ll8  decibels.  The  noise  level  produced 
by  the  suction  strokes  of  an  engine  even  without  a  blower  or  supercharger 
can  be  considerable.  The  frequencies  of  the  most  intensive  components 
of  suction  noise  in  an  engine  without  n  supercharger  is  determined  by  the 
following  formula: 


*»o» 

zk 


(2100 


where  zQ  is  the  number  of  cylinders  in  the  block; 

Zy  the  number  of  simultaneously  operating  cylinders  in  one  block; 
k  the  number  of  impulses  of  one  cylinder  per  revolution 
(k  •  1/2  for  a  It-cycle  engine); 

1*1,  2,  3  .  •  • 

The  noise  of  rotor-type  (Roots-type)  blowers  consists  of  vortex 
noise,  the  noise  produced  by  the  pulsations  of  the  air  column  in  the 
pipe,  by  rotational  noise  and  obstacles  in  the  air  stream.  The  noise 
produced  by  a  centrifugal  blower  ia  of  a  similar  composition  including  a 
very  intensive  oomponent  corresponding  to  a  "siren  noise"  (see  formula 
26G).  The  high-frequency,  intensive  noise  of  centrifugal  supercharges 
produces  a  very  unpleasant  physiological  effect. 


The  next  source  of  noise  is  the  combustion  process  in  the  cylinders 
The  great  complexity  of  this  problem  and  the  lack  of  sufficient  experi¬ 
mental  data  are  responsible  for  the  fact  that  we  still  do  not  have  a  well 
established  general  theory  of  noise  produced  during  the  combustion  of  fuel 
On©  of  the  major  reasons  for  that  noise  is  the  rapidity  of  the  increase 
of  pressure  in  the  process  of  combustion. 

In  a  number  of  internal  combustion  engines,  especially  large,  slow 
turning  marine  engines,  combustion  noise  is  r  eh  lower  than  the  total 
noise  level  and  is  masked  'y  other  more  powerful  sources  of  a  meohanical 
nature.  The  mechanical  sources  of  noise  in  diesel  engines  include: 
the  crank -connecting  rod  gear;  the  fuel  injection  system;  the  valve 
gear;  the  various  auxiliary  meohanisms  installed  on  the  engine  and  their 
drives  (particularly  geared  drives). 


As  revealed  by  Soviet,  investigations  (bC),  the  most  important 
noiseforrdng  element  in  reciprocating  engines  are  the  impacts  in  the 
crank-connecting  rod  gear,  particularly  the  knocking  of  the  pistons  against 
the  cylinder  liners  during  cr.-ss-cver. 

It  is  known  that  during  each  revolution  of  the  crankshaft  the  piston 
shifts  from  one  side  to  the  other  several  times,  moving  in  the  plane  of 
the  connecting  rod's  metier. .  The  gap  between  the  piston  and  the  cylinder 
liner  causes  the  piston  to  take  on  a  certain  velocity  in  the  transverse 
direction,  impacting  shortly  thereafter  against  the  wall  of  the  cylinder. 
These  knocks  produce  an  intensive  iteration  of  the  cylinder  walls  at  their 
natural  frequency,  resulting  in  a  noise  level  which  is  3-9  decibels  higher 
than  the  noise  coming  from  other  sources  in  the  engine. 

The  intensity  of  the  noise  produced  by  impacts  of  the  pistons 
against  the  cylinder  liners  is  determined  by  the  following  factors!  the 
number  of  revolutions  per  minute,  the  magnitude  of  the  clearances  in  the 
bearings,  the  weight  of  the  piston  and  the  connecting  rod,  the  magnitude 
and  nature  of  the  forces  acting  upon  the  piston,  the  ratio  of  the  crank 
radius  to  the  length  of  the  caaiocting  rod,  the  material  and  the  thickness 
of  the  cylinder  block  and  cylinder  heads,  the  number  of  cycles  of  the 
engine,  the  number  of  cylinders,  and  the  lubrloant  vlsoosity. 

Inasmuch  as  piston  impact  (piston  "slap")  is  the  major  source  of 
noise  in  most  engines,  the  noise  levels  of  engines  can  be  determined  by 
a  single  formula.  For  this  purpose  we  use  the  empirical  formula  proposed 
by  V.  I.  Zinchenko  (UO)  to  measure  the  noise  level  at  a  distance  of  one 
meter* 


/S  -  15.8  log  Fa  <  B1  db  (2U5) 

where  Fs  •  Un  ~\/~i  i8  the  noise  factor  for  an  engine  with  compression 
ignition  (D-cylinder  diameter,  i  -  number  of  cylinders,  n  -  rpm)j 

<=ss  70  decibels  in  the  case  of  2-cycle  and  U-cycle  engines  with 
a  cast  iron  block. 

Formula  (2U5)  holds  true  in  the  interval  Ffl  •  150  —  850  meters 
per  minute. 

Example  58.  Determine  the  noise  of  a  marine  diesel  engine  from  the 
following  data*  cylinder  diameter  D  *  300  mm,  nwber  of  cylinders  i  -  b, 
number  of  revolutions  n  •  300  rpm. 
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Solution.  The  nolee  faotor  of  the  engine  Is: 


Fb  ■  Dn  VT  -  0.3  *  300  VT  «  180  m/min. 

Aecording  to  formula  (2ii£), 

^  -  15.8  log  Fa  ♦  70  -  15.8  log  180  +  70  «  106  db 

In  addition  to  the  piston  impacts,  the  noise  in  Internal  com¬ 
bustion  engines  is  also  caused  by  the  crank-eonneoting  rod-piston  linkage 
(crank  and  top-end  bearings)  and  the  effeot  of  inertial  forces  on  that 
linkage. 

In  some  oases  engine  noise  can  be  produced  by  the  torsional  vibra¬ 
tions  of  the  crankshaft  (118).  In  the  case  of  torsional  vibrations,  the 
movement  of  the  crankshaft  is  such  that  the  min  journals  vibrate  within 
the  bearing  olearanoes  in  different  directions  and  impact  against  the 
bushings  at  the  critioal  shaft  frequency.  The  result  is  a  low  frequency 
roaring  or  rattling  noise.  Figure  191:  shows  the  relationship  between 
the  total  noise  level  of  a  6-cylinder  engine  and  the  number  of  revolutions. 
When  n  ■  1,280  rpm,  intense  torsional  shaft  vibrations  are  produced  by 
the  exciting  forces  of  the  6th  order  of  the  rpm.  This  produoes  a  sharp 
increase  in  the  engine  nodes  level. 

Naturally,  all  engines  are  designed  in  such  a  way  as  to  avoid 
critical  regimes  in  the  operating  region  of  their  revolutions.  But  many 
engines  operate  fairly  dope  to  a  critioal  regime j  in  such  cases  the 
torsional  shaft  vibrations  are  an  additional  source  of  noise. 

The  fuel  apparatus  can 
also  be  a  source  of  noise  in 
marine  internal  oombustion 
anginas  due  to  the  hydraulic 
and  mechanical  knocks  (the 
lifting  and  the  seating  of 
the  sprayer  needles,  the  in¬ 
jection  process,  impacts  upon 
the  cams  and  the  vibration  of 
camshaft).  The  operation  of 
the  oamshaft  mechanism  is 
aocompanled  by  noise  produced 
by  the  impact  of  the  valves 
upon  their  seats,  impacts  on 
the  cams,  tooth  oontaot  noises 
in  the  driving  pinions,  etc. 

But  ae  pointed  out  above,  ir  most  engines  the  major  source  of  mechanical 
noise  is  the  impacts  of  the  piston  at  oroes-over  (dead  centers). 
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Figure  191:.  Effect  of  torsional 
vibration  of  the  crankshaft 
upon  engine  noise.  The  arrow 
shows  the  critioal  spaed* 


(y,  'f  actors  to  be  Considered  in  Future  Wor-k  on  Noise  Reduction 
In  Marine  Reciprocating  i'  nglnea 

As  has  been  mentioned,  one  of  the  very  Intense  noises  in  internal 
combustion  engines  is  produced  by  blowers  and  supercharger*.  The  noise 
of  reciprocating  blowers  and  compressors  can  be  reduced  at  the  source  by 
increasing  the  cross  section  of  the  flow-conducting  elements  and  estab¬ 
lishing  a  proper  phase  distribution.  To  reduce  the  unpleasant  noises  of 
the  rotor-pinion  (Roots-type)  blowers,  which  have  sharp  tonal  components, 
it  would  be  worthwhile  to  install  a  reactive  muffler  tuned  to  the  funda¬ 
mental  frequency  and  its  basic  harannios  at  the  blower  inlet.  The  high 
frequency  noise  of  centrifugal  blowers  can  easily  be  quieted  by  active 
mufflers  (see  paragraph  b3)»  Similar  mufflers  are  also  used  to  reduce 
exhaust  noises. 

The  fight  against  the  noise  produced  by  the  combustion  process 
should  be  carried  out  by  the  following  methods  (lo) : 

(a)  an  increase  in  the  temperature  of  the  cyclej 

(b)  replacing  aluminum  blocks  with  cast  iron  blocks,  thereby 
usually  reducing  the  noise  by  5-6  decibels  without  changing  the  thloknese 
of  the  cylinder  walls; 

(a)  increasing  the  thickness  of  the  cylinder  walls  in  the  vicinity 
of  the  combustion  chamber; 

(d)  organising  tb^  oombuation  process  (including  fuel  treatment) 
in  such  a  way  as  to  prevent  the  appearance  of  shock  waves  in  the  cylinder, 
reducing  the  rate  of  increase  of  pressure  and  eliminating  the  sharp 
pressure  change  which  occurs  during  the  translation  from  the  process  of 
compression  to  the  process  of  combustion. 

The  operation  of  an  engine  on  the  so-called  M-prooe&3  is  an  example 
of  a  rational  working  cycle  from  an  acoustic  .olnt  of  view.  In  this  case, 
as  experiments  show,  the  noise  of  the  engine  is  hardly  different  from 
that  which  it  produces  when  turned  over  by  another  power  source  (without 
combustion) . 

When  an  engine  operates  on  the  M-process,  the  fuel  is  injected  by 
the  noasle  in.  two  directions  into  a  spherloal  combustion  chamber  located 
in  the  piston.  Most  of  the  fuel  enters  the  combustion  chamber  in  the  form 
of  a  jet,  directed  against  the  ocmbuation  chamber  walls  and  covering  a 
considerable  portion  of  their  surface  with  a  thin  film.  About  $%  of  the 
fuel  la  atomized  in  the  air  and,  bursting  into  flame,  ignites  the  rest 
of  the  fuel,  evaporating  it  from  th*  chamber  walls. 
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The  reduction  of  the  cotbuetion  noise  cf  &r>  engine  uaing  the  M- 
process  is  achieved  by  gradual  igr&vion  (a  "soit"  combustion  process) , 
low  injection  pressure*  and  less  complete : fuel  atomisation.  A  noise 
reduction  is  also  facilitated  by  the  fact  that  combustion  occurs  in  a 
spherical  chamber  with  thick  walla.  Besides,  the  trunk  portion  of  the 
pistons  is  well  lubricated  with  oooling  oil.  A  layer  of  oil  between 
the  oylinder  liner  and  the  piaton  also  reduces  the  intensity  of  the 
mechanical  piaton  impacts  against  the  oylinder  walls  at  cross-over. 

In  any  type  of  working  process , 
the  intensity  of  the  mechanical  noise 
produced  by  the  impacts  of  the  pistons 
can  be  reduced  by  reducing  the  clear¬ 
ances,  the  piston-associated  weights 
and  the  number  of  the  engine's 
revolutions.  For  this  purpose  it 
is  recommended  to  use  a  displaced 
crank-conneotlng  rod-piston  gear 
(Figure  1S5).  The  displacement 
of  the  cylinder  axis  a  in  relation 
to  the  crankshaft  axis  results  In 
a  redistribution  of  ths  normal 
pressure  N  and  a  reduction  of  it 
at  croee-over.  Moreover,  the  rate 
of  change  of  the  normal  pressure 
dN 

££  is  also  reduced.  The  intensity 

of  the  impact  noiss  is  therefore 
less  than  in  the  ease  of  ordinary 
crank  gear. 

It  is  best  to  displace  the 
crank-pleton  red  gear  by  an  amount  equal  to  20-5CK  of  the  crank  radius. 

With  such  an  arrangsment  ths  noias  level  Is  reduced  by  5-7  decibels  in 
comparison  with  anginas  having  a  normal  crank-gear.  Regardless  of  a  re¬ 
arrangement  of  the  axes*  the  crankshaft  of  the  engine  should  be  well 
balanced. 

The  noise  of  the  valve  gear  and  the  fuel  injection  system  is  con¬ 
siderably  intensified  by  the  vibrations  of  the  cylinder  blook  cover.  This 
noise  can  ba  reduced  by  placing  the  covers  on  vibration  Isolating  gaskets 
and  fastening  them  with  vibration-isolated  bolts.  Vibration-  and  sound- 
isolation  of  ths  fuel  injection  system  also  help  to  reduce  tha  noise,  as 
does  the  installation  of  hydraulic  drives  for  the  auxiliaries  (especially 
in  high-speed  diesels) .  The  replacement  of  the  conventional-type  valve 


Figure  195.  Displaced  (I) 
and  normal  (II)  orankgear. 
a  -  displacement  of  the 
axes. 
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system  by  sleeve  valves  should  produce  good  results.  Some  specialists 
(to)  recommend  that  the  development  of  a  more  powerful  engine  should  be 
carried  out  not  by  increasing  the  number  of  revolution  or  the  cylinder 
diameter,  but  by  supercharging  arxi  developing  a  better  muffler  for  the 
supercharger  inlet. 

The  most  radical  measure  for  reducing  the  noise  of  diesel  engines 
on  passenger  ships  is  a  reduction  in  the  number  of  revolutions,  that  is 
a  return  to  the  slow  turning  diesel.  As  shown  in  chapter  5,  the  noise 
level  of  slow  turning  diesels  is  lt-16  dscibels  lower  than  that  of 
high  rpra  diesels  of  the  same  horsepower.  A  further  reduction  in  the 
noise  is  possible  only  by  sound  isolating  and  (found-absorbing  treatments 
in  the  engine  room  itself  (soundproof  housing,  partition  g,  sound- 
absorbing  coatings,  local  abscrbers). 


It  should  not  be  forgotten  that  steam  engines  are  among  the 
quietest  marine  engines.  The  noise  produced  by  a  steam  engine  is  20-25 
decibels  lower  than  that  cf  a  diesel  of  the  same  horsepower  and  is,  as 
a  rule,  within  the  range  of  permissible  norms  (see  Table  6).  In  certain 
types  of  ships,  where  noise  is  absolutely  impermissible,,  the  only  logical 
type  of  eni^Lne  to  use  would  be  the  steam  machine. 


« 
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CHAPTER  18 


9 

THE  NOISE  OP  ELECTRICAL  MACHINERY  AND 
MBiflODS  OP  REDUCING  IT 


70.  Research  •on.  the  Noises  of  Electrical  Machinery 

There  are  three  types  of  noises  in  rotating  electrical  machines  t 
magnetic  noises  caused  by  alternating  megnetle  fields,  mechanical  noises 
caused  by  rotor  unbalance,  vibrations  in  roller  bearings,  friction  and 
Impacts  of  the  brushes,  etc.}  and  airborne  noises  produced  by  the  cooling 
fan  and  by  the  air  floe  in  the  passages  of  the  machine. 

A  thorough  investigation  of  eleotrical  machinery  noises  under 
different  operating  conditions  was  made  In  the  USSR  as  far  back  as  the 
nineteen  thirties  (113). 


rotational 

frequency 


fan  roller 
bearings 


m  tn  *»  im  m 

Frequency,  ops 


Figure  196.  Noise  spectra  of  an  asyn¬ 
chronous  motor  (sound  pressure  In 
dynes /cm2) 

-  -  o  -  -  o  Initial  motor 

-  •  -  e  -  ventilator  fan  removed 

-  o  —  o  —  roller  bearings  replaced 

with  plain  bearings 


An  Investigation  of 
the  noise  is  made  by  measur¬ 
ing  the  total  noise  level  as 
well  as  the  level  of  the 
spectral  components.  A  com¬ 
parison  of  the  noise  apeotra 
obtained  at  the  different 
regimes  and  operating  con¬ 
ditions  makes  It  possible 
to  determine  the  oausea  of 
the  noise  and  plan  the 
methods  of  reducing  It* 

Cited  In  Figure  196 
is  an  example  of  noise 
apeotra  produced  by  an 
alternating-current  machine 
with  a  short  circuited  rotor 
(n  •  1  kw,  n  •  3,000  rprn). 

In  the  50-cycles  per  aeoond 
freqoKioy  range.  In  this 
case,  the  noise  is  produced 
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primarily  by  an  unbalanced  rotor  and  by  magnetic  vibrations  at  the  circuit 
frequency  (£>0  cycles).  The  spectrum  component  at  a  frequency  of  5?0  cps 
is  the  aerodynamic  noise  of  the  fan.  In  the  band  of  1,2*00-10, COO  cps, 
the  noise  is  produced  by  the  roller  bearings . 


Figure  197.  The  spectrum  of  airborne  noise  and  vibration 
of  a  ship's  electric  converter  at  n  *  3 OCX)  rpm  and 
Ne  ■  1^.1  kw*  a  -  airborne  noise  in  dbj  b  -  vibration. 

1  -  A  funda?nental,  caused  by  rotor  imbalance;  2  -  fundamental, 
due  to  ventilation  noiee  from  rotation  of  the  rotor;  3  -  funda¬ 
mental  of  ventilation  noise  from  the  cooling  blading;  l  -  funda¬ 
mental  of  magnetic  noise  of  the  generator;  5  -  fundamental  of 
magnetic  noise  of  the  motor;  6  -  fundamental  of  brush  noiso 
of  the  motor. 


The  complete  'elimination  of  the  ventilator  fan  noise  in  the  case 
under  consideration  resulted  in  a  reduction  of  noise  intensity  by  only 
2  deoibels.  But  the  replacement  of  the  roller  bearingB  by  plain  (sliding^ 
bearings  has  reduced  the  motor  noiee  by  7  deoibels,  which  is  a  goed 
achievement. 

Figure  197  shows  another  example  of  the  noise  spectra  and  vibra¬ 
tions  of  a  ship's  electrical  converter. 
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71.  Reducing  the  Magnetic  Noise  of  Electrical  Machines 
and  Transfcrmers 


It  follow  from  the  material  outlined  in  paragraph  61*  that  the 
simplest  method  of  reducing  the  magnetic  nois**  is  go  reduce  the  magnetic 
induction  in  the  clearances  of  the  machine j  for  axamr*!U,  reducing  the 
use  of  iron  in  the  magnetic  circulr  or  increasing  the  air  clearance. 
This,  however,  involves  an  increase  in  the  weight,  size  and  cost  of  the 
machine. 


A  more  rational' arrangement  would  be  skewed  armature  grooves. 
Skewing  of  the  armature  or  rotor  grooves  facilitates  a  more  uniform 
distribution  of  the  magnetic  flux  in  the  air  clearance  and  reduces 
the  intensity  of  the  teeth  magnetic  fields,  thereby  also  significantly 
reducing  the  noise  of  the  machine. 


Figure  1?8  shows  the 
relationship  between  the 
noise  level  of  an  electric 
motor  ar<d  the  amount  of 
groove  skew  (in  an  idling 
motor)  (113).  A  consider¬ 
able  effect  oan  be  achieved 
by  skewing  the  grooves  of 
the  rotor  by  one  tooth 
width ?  a  greater  skew  does 
not  reduce  the  noise. 

The  magnetic  noise 
of  an  engine  can  also  be 


Skew  in  millimeters 


Figure  198.  Relationship  between  the  noise 
level  and  the  skew  of  the  grooves  in  an 
asynchronous  electric  motor  (when  idling). 


reduced  by  dividing  the 
length  of  the  armature 
into  a  number  of  electric¬ 
ally  independent  portions, 
out  cl  line  with  each  other. 
Thus  produces  a  mutual  com¬ 
pensation  of  parasitic 

magnetic  fields  within  the  machine.  The  use  of  semi -closed  grooves,  as 
well  as  special  forma  of  the  pole  shoe  designed  to  inorease  the  inter¬ 
pole  clearance  around  the  shoe  edges,  can  reduce  the  amplitude  of  the 
disturbing  foroes  of  tha  higher  harmonic  fields. 


When  developing  now  machines,  oare  should  be  taken  to  avoid  the 
coincidence  of  the  disturbing  force  frequencies  with  those  of  the  natural 
vibrations  of  the  stator.  The  resonance  can  be  tuned  out  by  making  the 
resonant  part  stiff sr  or  changing  its  shape. 
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The  Method  of  isolating  th«  disturbing  forces  from  +he  stator 
yoke  and  the  brine  frame  has*  been  successfully  tu»ed  on  lerge  turbogenerators 
a 3  v/el'i  as  on  email  electric  machines.  For  this  purpose,  thv  stator 
mandrels  are  fastened  to  the  yoke  by  elastic  steel,  springe,  and  the  stator 
itself  is  attached  to  the  frame  by  vibration-isolating  rubber  bushings 
(Figure  199 5 « 


If  the  above-listed  methods 
do  not  reduce  the  machine  noise  to 
ary  e on? id arable  extent,  they  should 
b ■  supplemented  by  covering  the 
stator  with  a  damping  coating.  But. 
this  measure  is  effective  only  when 
the  magnetic  noise  is  caused  by 
intensive  resonant  vibrations  of  the 
parts.  By  way  of  example ;1  w®  should 
like  to  recall  the  case  when  a 
jO-irv.  thick  damping  coating  produced 
a  16-decibel  reduction  in  the  resonant 
vibration  of  a  large  stator  yoke 
(diameter  about  l.$  meters)  at  a 
frequency  of  1,100  cps  (ll<9). 


A  periodic  compression  of 
the  laminated  blocks  occurs  in 
transformers  when  the  active  iron 
is  not  adequately  pressed.  This  is 
due  to  the  periodic  magnetic  re¬ 
versals  vihi.’h  produce  attracting  and 
repelling  forces.  The  fundamental 
frequency  of  the  pulsations  in  the  Iron  and  of  the  concomitant  noise 
equals  twice  the  frequency  of  the  circuit.  There  is  also  a  number  of 
more  or  less  conspicuous  higher  harmonic  components.  Similar  vibrations 
ere  observable  in  alternating-current  motors  end  generators.  To  eliminate 
these,  the  cores  must  be  pressed  into  solidity  and  damped  with  some 

viscous  material  (bitumen,  layers  of  bake lit e-trea ted  felt,  etc,). 


Figure  199,  Isolating  the  Ora¬ 
tion  of  an  electric  motor  body 
from  its  base  frame 

1  -  rubber  ring*  2  -  stator; 

3  -  base  frame. 


72,  Reducing  the  Vibrations  Caused  by  Mechanical  Sources 

The  main  sources  of  la*  -frequency  vibrations  and  mechanical  noise 
in  electrical  machinery  are  the  centrifugal  forces  produced  by  the  static 
and  dynamic  unbalance  of  the  rotors.  Normally  the  rotors  of  small  and 
medium  bower  electrical  machines  are  subjected  only  to  static  balancing. 


Static  balunoing,  however,  cannot  be  done  with  a  great  degree  of 
accuracy  (about  5  microns  of  residual  displacement-  of  the  rotor’s  center 
of  gravity)  (n7).  Moreover,  static  valarcing  cannot  eliminate  the 


disturbing  moments  produced  b y  dynardc  unbalance,  therefore  the  electrical 
machines  v/hose  rotors  hare  been  subjected  to  static  balancing  alone  can 
experience  intensive  vibrations  both  of  the  machine  as  a  whole  and  of 
its  separate  parts. 

The  expected  level  of  acceleration  of  sonic  vibration  at  the 
supports  of  a  vibration  isolated  machine  can  be  determined  by  a  formula 
from  reference  (63)1 

/3y  •  20  log  Fy  -  12  db  (2U6) 

where  Fv  *  £  ,,  un^D_  -  is  the  so-called  vibration  factor  of  the 

*  machine, 

c  nhri  -  mgr* 

Cj  *  -  the  static  unbalance  of  the  rctor,  cm, 

m 

r.  and  r«  -  the  distances  of  the  unbalanced  masses  from 
the  rotational  axis, 

4 

and  mg  -  the  unbalanced  masses  in  the  planes  of  balancing, 

A  the  plus  sign  is  used  when  the  unbalanced  masses 

and  r?v>  are  on  the  same  side  of  the  axis,  the 
minus  sign  is  used  when  m^  and  mg  are  diametrically 
opposite, 

n  -  is  the  rotor  rpm, 

u  -  the  ratio  between  tne  rotor  mass  m  and  the 
machine's  mass  K. 

The  quantity  Dz  is  the  coefficient  of  dynamicity  of  the  machine  and 
is  determined  from  the  following  expreaeiont 


In  this  expression 


In  the  latter  expressions 

oJ  -  is  the  angular  speed  of  the  rotor? 

Y  -  the  loss  coefficient  of  the  material  of  the  isolation 
mount? 

h  -  the  distance  from  the  rotational  axis  to  the  plane  of 
installation  of  the  mounts} 

h/j  -  the  distance  from  the  machine’s  center  of  gravity  to  the 
plane  of  installation  <,  ‘  the  mounts} 

Jb  -  the  distance  between  thvi  planes  of  balancing} 


365  - 


f 


A  and  B  -  the  distances  between  the  center  of  stiffness  0  and  the 
points  of  attachment  of  the  mounts  in  the  lateral  and 
longitudinal  directions; 

and  iy  -  the  radii  of  inertia  of  the  machine  in  relation  to  the 
y  x  and  y  axes; 

yj  Bx  and  uiBy  *  the  circular  frequencies  of  frse  rotational  vibrations 
of  the  machine  on  the  mounts  in  relation  to  the  x  and 
y  axes; 

^Oz,  ^Qv»  *^0x  "  the  circular  frequencies  of  free  vibrations  of  the 
^  machine  in  the  directions  of  the  z,  y  and  x  axes; 

7V  and  A  ?  -  the  circular  frequencies  of  free  double-coupled 
1  d  vibrations  of  the  machine  on  the  vibration  isolation 

mounts  in  the  zoy  plane. 

The  >  ]  and  7l  2  frequency  values  can  be  fount  from  the  following 
formula: 


The  X  3  and  \  ^  frequency  values  can  be  determined  from  that  expres¬ 
sion  by  changing  uJpy  and  iy  to  and  ix,  respectively. 

The  quantity  ia  called  the  specific  dynamic  imbalance  in  each 
balancing  plane.  Thi6  quantity  is  determined  by  the  following  formula 

W  1  IVsb 


where  the  plus  sign  is  used  when  the  inertia  forces  of  mass  and  vt^ 

coincide  in  direction,  and  the  minus  sign  when  the  inertia  foroes  of  the 
masses  are  directed  in  opposite  directions. 

Formula  (2I16)  describes  the  vibration  characteristics  of  a  machine 
under  the  action  of  its  own  unbalanced  forces .  It  can  be  used  not  only 
to  calculate  the  sonic  vibration  level  of  machines  on  vibration  isolation 
mounts,  but  also  to  determine  the  vibration  of  maohlnes  installed  without 
such  mounts  on  ship’s  foundations,  which  almost  always  have  a  finita 
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stiffness,  In  the  latter  case  the  calculation  requires  alM  a  knowledge 
of  the  attached  masses  and  the  coefficients  of  stiffness  of  the  founda¬ 
tion. 
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Fig-ore  200.  Relationship  between  the  vibration  level  at  the 
supports  of  the  machine  and  tha  vibration  factor  Fv. 
Vibration  levels  are  in  decibels  re  3  x  1C“2  cm/aec-2. 

8  -  i  3  decibels  —  margin  vt  nrror  of  vibration- 
measuring  apparatus 


Figure  200  shows  the  acceleration  level  of  the  vibrations  at  the 
supports  of  certain  experimental  machines  and  installations  as  a  function 
of  the  vibration  faetor  Fv.  As  may  be  seen  from  this  graph,  the  deviatioi 
of  the  experimental  points  from  the  theoretical  curve  both  in  the  case  of 
statlo  and  dynamic  imbalance  dost  not  exceed  a  3  decibels,  that  is,  it  is 
within  ths  limits  of  error  of  the  measuring  instruments.  An  acceleration 
of  3  x  10“2  ero/eeo2  is  taken  as  tha  aaro  vibration  level. 

Exanpla  5?.  Determine  the  vibrational  aooeleratlon  level  at  the 
supports  ofa'machine  (Figure  182)  from  the  following  data* 
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Q-,  *  5  grans;  r-,  -  10  cm;  Qh2  *  3  grama;  r2  *  1*  cm;  a  •  15  cm; 
b  »  20  cm;  y*  •  0.1;  m  -  ~|2L  kg  seoe  cm**1;  M  »  kg  sec2  cm”1; 

iy  ■  15  cm;  A  »  20  cm;  B  »  25  cm;  cg  **  1,000  kg/cm. 

Solution,  Inasmuoh  as  in  a  maohine  of  this  type,  h»h#»0, 
than  according  to  formula  (21*7),  tha  ooafficiant  of  dynasdoity  win  be 

*t*y 


In  this  case  tha  vibrations  of  tha  machina  in  the  diraction  of 
all  the  coordinates  will  be  independent  (uncoupled) . 

Let  us  determine  the  eiroular  free  vibration  frequencies  of  the 
machine,  vhioh  are  required  for  purposes  of  th ;  calculation. 

The  free  vibration  frequency  of  the  maohine  in  the  direction  of 
the  z  exist 

seo-1. 

V  M  V  i20 


axis  yt 


The  frequency  of  tha  rotational  vibration  of  tha  machine  around 
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In  the  sane  -way  we  .find  the  factor  fly  (for  the  case  of  uncoupled 
rotational  vibrations  of  the  machine) t  ‘ 


Pa- 


K-  -IF 


•8,46. 


The  static  rotor  infealancet 

•  am  mm  L12niiIH. 

30.1000 


-4,67. 10-*  cm. 


The  specific  dynamic  imbalance  of  the  rotort 

f  m!*&±±J!!!££  --  <S»  10*  IS +  3.12.201.961  ...  Irt^4 

^  till  Qrt.OAt  in/lA  4t  ***’*•• 


30. 981- 1000-36 


CM. 


f 


The  coefficient  of  dynamicity  of  the  machine* 


*>,-*,  +  >.5  +  -8.45-160. 

V*  4,67*10~4.16j 


The  mass  ratio: 


UM  J?L  mm  JIM!  _  A  Oft 

P  M  120961  °,/5* 


TH  vibration  factor:  ■* 

Fv  —i&n'D,— 4£7 . 10-*4 .0.25*  30002. 160m  1,6801,000 

The  vibration  level  at  the  machine's  supports : 

^fy  •  20  log  Fy  — 12  •  20  log  1,660,000  «« 12  *  92.5  db 
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The  noise  produced  by  an  unbalanced  rotor  usually  has  a  low  frequency 
and  does  not  greatly  affect  the  human  ear.  Bui  as  was  already  pointed  out, 
the  disturbing  forces  produced  by  the  imbalance  have  higher  harmonic  com¬ 
ponents  which  may  fall  in  nicely  with  the  natural  frequency  of  one  of  the 
parts.  This  can  sharply  increase  the  machine's  noise. 

Moreover, ,  a  low  frequency  vibration  can  bring  about  a  rattling 
of ,any  loose  metal  parts  ojr  a  very  unpleasant  modulation  of  the  noise 
of  other  sources, 

A  .careful  dynamic  balancing  of  the  rotors  on  theii'  own  bearings 
on  precision  electronic  balancing  machines,  the  elimination  of  resonance 
regimes  from  the  machine's  operating  range,  an  increase  in  the  stator 
mass,  and  an  iricrease  in  the  distance  between  che  machine  supports  makes 
possible  a  considerable  reduction  in  the  level  of  sonic  vibrations  in 
machines  due  to  the  imbalance  of  their  rotating  parts. 

Roller  bearings  are  another  source  of  intensive  mechanical  vibra¬ 
tion  and  noises  in  eleotrical  machines. 

Differences  in  the  walls  of  the  inside  rings  of  bearings  produce 
an  unbalanced  centrifugal  foroe  and  a  dynamic  moment.  The  vibration  of 
the  machine  in  this  osse  is  similar  to  that  occasioned  by  the  presence 
of  static  and  dynamic  imbalances  in  the  rotor. 


The  noise  and  vibra¬ 
tion  of  a  bearing  are  par¬ 
ticularly  effected  by  the 
"ripples"  (Figure  201)  on 
the  roller  paths,  £"in 
insignificant  "ripples" 

(0.$  micro",  high)  can 
produce  very  Intensive 
structure-borne  and  air¬ 
borne  noise.  The  funda¬ 
mental  vibration  frequency 
depends  on  the  relationship 
between  the  number  of  waves 
2y  and  the  number  of  balls 

Zb  (62)* 


Figure  201.  Rough  spots  "ripples" 
on .the  internal  raceway  of  a  roller 
bearing,  which  art  responsible  for 
bearing  vibration  and  noise. 
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where  db  -  is  the  ball  diameter 

:0  -  the  diameter  cf  the  circle  passing  through  the  centers 
c  of  the  bells j 

q  -  the  greatest  common  denominator  of  a  and  z^. 


lr.  this  expra-  ion  uiie  minus  sign  is  used  for  the  external  ring 
and  the  plus  sign  for  the  internal  one.  The  frequency  of  these  vibra¬ 
tions  is  mostly  in  thr  range  o.  £ CO-5 , 000  ops,  that  is  in  the  range  of 
the  natural,  frequencies  of  the  machine* a  parts  and  in  the  region  of  the 
greatest  sensitivity  of  the  human  ear. 


The  radial  cl  arance  in  the  bearing  results  in  sn  uneven  distribu¬ 
tion  of  the  loading  on  the  balls  and  therefore  to  a  varying  displacement 
of  the  rotor  at  various  positions  of  the  balls  in  relation  to  the  load. 
The  result  is  a  vibration  bf  the  rotor's  center  of  gravity  which  also 
leads  to  the  vibration  of  the  machine  ,  The  vibration,  frequency  produced 
y  the  i-th  harmonic  of  the  die  urbing  force  is 

fz  -  4-  (  1  -  4b-  )  zb  1  (255') 


The  extent  of  rotor  vibration  depends  on  the  type  of  bearing  and 
,he  relation  between  the  loading  and  clearance  in  the  bearing  (6L,  15?) 
Investigations  have  shown  tliat  there  are  two  optimal  clearances  in  a 
bearing  which  can  reduce  the  rotor  vibration  to  aero,  and  that  weans  a 
minimuw  of  vibration  end  noise. 


Another  reason  for  the  intensive  vibration  of  roller  bearings  is 
an  oval  shape  of  the  balls.  The  vibration  frequency  produced  by  ovality 
of  the  balls  is 

D 

f  *  f  'V  (1  *  — i  2^,  (256) 

o  db  D2 

o 

Example  60*  A  rotor  rotates  on  ball  bearings  type  Ko.  20?  at  a 
speed  0?  n  « 1,000  rpm.  The  internal  bell  race  has  30  "ripplea". 
Determine  the  fundamental  vibration  frequencies  produced  by  the  wavy 
oath  of  the  internal  ball  race,  by  the  bearing  clearance,  etc.  Deecrip- 
lon  of  bearing*  *  9,  D0  ■  *>7,5  mm,  *11  am. 


371 


■Solution, 
wall  o*“Wc  ring, 


The.  ;>ibrc*ion  freouoney  product d  by  differences  in  the 


f  -  —IL  *  »  $0  cps. 

60  60 

The  vibration  frequency  produced  by  the  ripples  (formula  25U)» 

f  •  JL  (1  -  -db_l  Vb  »  (  1  .  )  .  3C»9  _  «  p,680  cpa. 

w  2  Do  Q  ^  57,5  3 

The  vibration  frequency  produced  by  the  clearance  in  the  bearing 
(formula  255) 

f  *  JL  (  1  -  Jl.)  t  •  J2L  (1  -  ~=~)  9  -  182  eps. 

E  2  D„  b  2  57.5 


The  vibration  frequency  produced  by  tue  oval  shape  of  the  balls 
(formula  256) 

D  d.2  ’  ^ 

f „  *  f  —i.  (1 - L  )  *  SB  ■  (1 - li—  )  •  9  •  2,860  cps. 

°  6b  »T  11  e?.SJ 

As  seen  in  the  above  example,  the  vibration  frequencies  occurring 
in  roller  bearings  have  a  very  wide  range.  It  should  also  be  borne  in 
mind  that  each  of  the  above-mentioned  disturbing  forces  has  a  number  of 
higher  harmonic  components  and  that  vibrations  o'  varying  frequencies  can 
occur  also  as  a  result  of  differing  ball  sisea,  poorly  machined  parts 
and  other  osuses. 

To  reduce  the  noise  of  roller  bearings,  all  the.  above-mentioned 
inaccuracies  should  be  avoided  at  all  costs.  Major  attention  should  be 
concentrated  on  reducing  the  surface  ripples  of  the  internal  and 
external  ball  races  and  the  reduction  of  the  non-uniformity  and  ovality 
of  the  rolling  parts.  Noise-tested  and  precision  iiftde  bearings  that  tend 
to  reduce  noise  and  vibration  should  be  used  in  marine  ships  and  other 
types  of  transport  vehicles.  The  use  of  quiet  bearings  in  electric 
motors,  as  we  have  seen,  makes  it  possible  to  reduce  their  noise  level 
by  Li-5  decibels  (Figure  196).  The  substitution  of  Class  B  (cyrillic) 
bearings  for  ordinary  bearings  results  in  a  reduction  of  sordc  vibra¬ 
tions  (in  acceleration)  by  20-25  decibels  (Figure  202). 

Theoretically,  small  diameter  bearings  with  a  large  number  of 
rolling  bodies  are  lees  noisy  than  large  diameter  bearings  with  fewer 
rolling  bodies.  "Needle-type"  tigol’chatyyel  bearings  are  among  the 
quietest  of  roller  bearings. 
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Large  olearancer  in  the  seats  of  the  bearing  retainers  produce 
retainer  noise".  This  can  be  reduced  by  making  the  separators  (bearing 
•■efcainers;;  from  neterial a  with  a  high  damping  characteristic  (pelyamJdic 
'"B'tra ,  t.ertclite).  The  retainer  must  have  *  limited  "floating  clearance" 
nd  minimal  clearances  in  the  bell  seate . 


•s 


rpm 


Figure  202.  The  effect  of  the  type 
of  bearing  on  the  level  of  vibra¬ 
tional  accelerations  of  a  ship's 
electric  converter. 

1  -  class  hi  [cyrillic]  ballbearings j 
c  -  class  B  [cjTillio]  ballbearings} 
3  -  plain  bearings. 


The  noise  produced  by 
roller  bearings  is  to  a  large 
extent  determined  by  the  care¬ 
fulness  of  their  installation 
in  the  machine,  particularly 
by  the  way  the  rings  are  placed 
and  fitted  onto  the  shaft  and 
into  the  body  of  the  machine, 
and  the  cleanliness  of  the 
journal.  It  is  recommended 
that  the  oecri.  gs  be  fitted 
tightly  onto  the  shaft  journals 
and  into  the  seats  of  the 
bearing's  housing  (?5) .  The 
seats  must  be  well  machined 
with  a  minimum  deviation  from 
a  true  cylindrical  form.  The 
bearing  should  be  installed 
without  its  being  canted  or 
pinched. 

The  noise  of  tfc»  bearings 


is  also  affected  by  the  care 

given  them  in  the  course  of  their  operation.  An  unlubricated  (dry) 
bearing  will  produce  a  graft  deal  of  noise  because  of  the  intensification 
of  vibration  of  its  parts  due  to  dry  friction.  The  noise  of  a  heavily 
lubricated  bearing  in  an  engine  ia  about  3  decibels  lower  than  that  of 
a  dry  bearing.  A  dirty  bearing  will  increase  the  vibration  and  noiee  of 
r-he  much,  ue,  especially  in  the  high-frequency  range. 


Theoretical  and  experimental  researches  have  shown  that  the  noise 
cf  aerially  produced  roller  bearings  cannot  be  reduced  below  a  certain 
limit  (65-70  decibels).  A  further  reduction  in  the  noise  level  would 
require  a  much  higher  machining  precision  of  the  parts,  which  is  technically 
difficult  and  economically  Impractical.  In  view  of  that  circumstance, 
noise  control  should  be  carried  cut  on  the  machine  itaelf.  To  reduce  the 
airborne  noise  radiated  direct 1>  by  the  bearings,  it  is  recommended  that 
they*  be  closed  with  tight- fitting  covers  to  prevent  the  propagation  of  the 
noise  into  the  surrounding  medium.  If  a  high  noise  level  is  caused  by 
intensive  resonance  vibrations  of  the  parts,  the  resonance  should  he 
tuned  out  by  increasing  the  stiffness  of  the  parts. 
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Good  results  can  be  achieved  in  the  medium  and  high-frequency 
ranges  by  the  introduction  of  vibration-  and  sound-isolating  devices 
between  roller  bearings  and  the  stator.  Intermediate  bushings  made  of 
elastic  materials,  such  as  rubber  and  plastic.?,  should  be  used  for  that 
purpose.  This  would  reduce  the  total  level  of  sente  vibration  and  noise 
by  9-12  decibels.  Bushings  and  gas koto  made  of  paper-  cardboard,  babbit 
or  lead,  as  reoommended  by  some  researchers,  do  not  reduce  noise  and 
vibrations  to  any  appreciable  extent. 

Plain  bearings  should  be  used  for  particularly  quiet  machines. 

This  produces  a  considerable  reduction  in  the  noise  of  the  high-frequency 
spectral  components. 

The  bearing  noise  level  tends  to  rise  after  lengthy  operation  due 
to  the  uneven  wear  of  the  bearing  seats  and  the  appearance  of  waves  on 
the  bearing  surfaces.  The  proper  maintenance  of  the  bearings  in  the  course 
of  operation  and  the  timely  replacement  of  worn-out  bearings  (wherever 
possible)  are  therefore  necessary  preventive  anti-noise  measures  to  be 
carried  out  in  present-day  shipboard  practice, 

A  third  source  of  mechanical  noise  in  electrical  machines  are 
the  brushes  and  the  commutator.  As  the  rotor  revolves,  the  commutator 
plates  impact  upon  the  brushes  and  produce  a  vibration  of  the  brush 
holders  and  the  brushes  themselves.  The  frequency  of  the  brush  noise 
is  determined  by  the  following  formula* 

fbr  -  fzj^i  (257) 

vtoere  z^  -  is  the  number  of  commutator  plates} 

i  *  1,  2,  3...  -  the  noise  harmonics. 

To  reduce  the  brush  noise,  the  coiwiutator  should  be  very  well 
pressed  together  and  its  surface  properly  and  cleanly  finished}  the 
deviation  of  the  commutator  surface  from  a  true  cylindrical  form  should 
be  reduced  to  a  minimum.  Deeply  grooved  (eroded)  commutators  are  -  as  a 
rule,  noisier  than  those  with  shallow  grooves  or  without  them. 

The  brush  holder  and  ’-rushes  should  be  fairly  rigid  with  a 
minimum  clearance  between  them  (113).  Well  ground  smooth  brushes  made 
of  soft  materials  can  reduce  the  noise  by  8-10  decibels. 

73 ,  Reducing  the  Cooling  Fan  Noise  of  Electrical  Machines 

A  dlreot  cause  of  intensive  ventilation  noise  in  electrical 
machines  is  the  periodic  vortical  motion  of  the  air  flowing  through  it. 

The  amount  of  vortex-formation  is  determined  by  the  design  of  the  fan  and 


the  speed  of  the  air  Ho*.  Inasmuch  as  the  speed  of  the  air  flow  in  a 
machine  seldom  exceeds  8-10  meters  per  second,  major  attention  should  be 
focused  on  the  design  arrangement  of  the  fan. 

The  investigation  of  electrical!-;  driven  pumps,  carried  o..t  by 
S.  Ya.  Novozhilov,  shows  that  the  noise  produced  by  the  fan  of.  a  motor 
is  6-10  decibels  higher  than  that  coining  from  other  sources  in  the 
machine.  A  radial  gap  in  the  fan  which  Is  too  small  produces  a  strong 
disturbance  in  the  air  flow  resulting  in  an  unpleasant  "siren" -type 
noise.  As  the  gap  is  widened,  the  "siren"  noise  is  reduced.  An  optimal 
radial  gap  is  10-1556  of  the  ventilator  diameter.  A  further  increase  in 
the  gap  would  markedly  reduce  the  fan  output  without  any  appreciable 
effect  on  the  noise. 

An  increase  in  the  fan  diameter  (at  a  given  rpn)  causes  an  in¬ 
crease  in  the  peripheral  velocity,  resulting  in  a  higher  noise  level. 

When  designing  a  fan,  one  should  select  a  minimum  diameter. 

As  an  example  of  an  unsuccessful  design  solution,  there  is  presente 
in  Figure  203-a  the  original  arrangement  of  the  cooling  fan  blading  in  a 
PNV-68  electric  motor,  which  is  used  to  drive  certain  types  of  shipboard 
pumps.  Two  thirds  of  the  peripheral  seotion  of  the  blading  do  not  par¬ 
ticipate  in  the  work  as  there  is  no  outlet  for  the  air  in  this  area. 

This  reduces  the  output  to  a  third  of  the  normal  level.  At  the  same  time, 
too  small  a  clearance  between  the  blading  and  the  housing  of  the  fan 
produces  a  great  deal  of  noi.£  - . 


i 


Figure  203,  Original  (a)  and  improved  (b)  cooling 
fan  design  of  a  FNV-68  electric  motor 
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The  cooling  device  of  this  electrio  motor  has  bren  improved  with 
a  view  to  reducing  its  noise.  The  fan  originally  having  an  external 
diameter  of  296  mm  was  replaced  by  a  199  mm-diameter  fan  with  twioe  as 
many  blades.  An,  intermediate  body  of  variable  thickness  was  installed 
near  the  cooling  fan  blading  forming  a  spiral  duct  (Figure  203-b). 

This  measure  reduced  the  motor’s  noise  by  six  decibels,  A  similar 
improvement  of  the  fan  in  an  MAP  elactrlc  motor  reduced  its 

noise  level  by  9  decibels. 

The  structure  of  the  fan  itself  must  be  sufficiently  rigid.  In 
some  cases  it  is  found  worthwhile  to  damp  the  blading  by  surface  friction 
(in  hollow  riveted  blades)  or  by  vibration-absorbing  coatings, 

Fan  noise' can  be  drastically  reduced  by  radically  changing  the 
principle  of  the  fan's  operation  (by  the  use  of  tangential  fans*  see  the 
next  chapter)* 

A er-' dynamic  noise  originates  not  only  in  the  machine's  fan  but 
also  as  the  air  flows  around  all  the  rotating  parts  of  the  machine.  To 
reduce  fan  noise,  it  is  recommended  to  streamline  the  leading  edges  of 
parts  of  the  rotor  and  its  entire  external  surface  over  its  entire 
length. 


The  silencing  of  an  electrical  machine  calls  for  the  simultaneous 
elimination  of  noises  coming  from  different  sources.  An  example  of  such 
overall  silencing  ,  the  2.5  kw.  electrio  motor  of  the  OR  series,  demon¬ 
strated  by  the  Siemens  Company  at  the  "Less  Noise"  exhibition  of  the  Third 
International  Congress  on  Acoustics.  Plain  bearings  and  spray  lubrica¬ 
tion  (by  means  of  a  ring  imnsraed  in  an  oil  bath)  were  used  in  that  motor. 
Cooling  openings  were  abolished,  the  heat  being  transferred  into  the  air 
through  30  mm-hlgh  fins  installed  on  the  motor  body.  The  rotor  shaft 
was  installed  in  a  mount  on  rubber  rings}  moreover  the  motor  also  had 
very  soft  vibration  isolation  mounts  (free  vibration  frequency  1-2  cpe)j 
measures  had  been  taken  to  reduce  the  magnetic  noise. 

All  the  above-listed  measures  conibined  to  reduce  the  neiqe  of 
the  motor  to  less  then  30  decibels.  The  only  way  one  could  tell  Whether 
the  motor  was  working,  without  absolute  quietness  in  the  building,  was 
by  the  little  glitters  of  the  shaft  (about  1,120  rpm).  The  use  of  such 
motors  for  ship's  service  purposes  (in  ventilators,  air  conditioners  and 
various  pumps)  would  permit  a  substantial  reduetion  in  tha  noise  of  such 
systems  on  shipboard. 

It  is  muoh  more  difficult,  of  course,  to  achieve  such  a  sharp 
reduction  in  the  noise  level  of  electric  machines  of  high  power.  But 
even  in  this  oase  it  would  be  possible  to  reduce  the  noise  10-15  decibels 
below  the  level  of  existing  machines  without  a  substantial  lnoreaae  in 
cost  by  using  the  whole  gamut  of  measures  designed  to  reduce  noise  at  the 
source* 
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CHAPTER  xy 


CONtROUJJIO  the  noise  OF  SHIPBOARD  VFNtILAtUES, 

PUMPS'  AMD  SHIP'S  SERVICE  SYSTEMS 

7 i)  •  General  Characteristics  of  Ventilator  and  Pump  Noises 

The ' noise  of  ventilators  varies  from  ?C-£C  la  1-0-120  decibels, 
depending  on  their-  capacity  and  design.  The  ventilation  noise  spectra 
lie  within  a  wide  range  of  frequencies  (from  25  to  6,000  cycles  per 
second) . 


One  of  the  cnief  cause o  of  ventilation  noic-  is  vortex  formation 
in  the  air  channels  of  the  ventilator.  The  sound  power  t.C  the  vertical 
noise  emitted  by  the  blade  wheel  of  a  ventilatoi  is  defined  by  the 

following  expression: 

W  -  k  JL  U6  I)2  •  (258) 

where  k  -  is  the  coefficient  that  takes  into  account  the  geometrical 
form  of  an  object  in  a  flow,  the  direction  of  flow  and  the 
Reynolds  and  Mach  numbers j 

U  -  peripheral  velocity  of  the  blade  wheel j 

D  -  diameter  of  the  blade  ■wheel] 

p  and  c  -  density  of  the  medium  and  the  speed  of  sound  in  it. 

Formula  (258)  shows  tha*  the  chief  factors  affecting  vortical 
noise  is  the  peripheral  velocity  of  the  blade  wheel  and  its  size.  Vortex 
formation  in  a  working  medium  is  intimately  connected  also  with  the  frontal 
resistance*  of  a  body.  The  k  factor  is  reduced  when  tK  frontal  resistance 


*  "frontal  resistance"  is  the  Russian  expression  for  total  drag  - 
[Translator) 
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of  tb©  body  is  reduced.  Consequently,  in  principle,  the  higher  the 
efficiency  of  the  ventilator,  the  lower  its  vertical  noise  level. 

The,  vortical  noise  frequency  1.  determined  primarily  by  the 
frequency  of  vertex  break -avtey,  which,  in  turn,  depends  on  the  transverse 
dimensions  of  the  body  and  the  speed  cr*  the  air  flow.  This  frequency  can 
be  found  from  the  following  expression* 

f  *  Sh  IL_ _ _  i  ity)) 

v  d  sin  « 

•where  Sli  -  represents  the  Strouhal  number; 

d  -  a  geometrioal  dimension  of  the  body; 
oc  -  the  angle  of  its  position  (Figure  187); 

i  «•  1 ,  2 ,  3,  * .  • 

The  Strouhal  number  Sh  is  deuartoined*  experimentally;  in  the  case 
of  a  piste  and  a  cylinder,  pF" m  Chlti  ~  0.'!. 

Of  major  importance  in  a  vortical  noise  spectrum  are  the  first 
harmonic  components.  However,  since  the  speed  and  direction  of  the  flow 

in  the  ventilator  constantly  change  along  the  blades,  the  individual  blade 
elements  emit  a  noise  of  different  frequency.  This  explains  the  continuous 
noise  spectrum  in  a  wide  band  of  frequencies. 

Another  source  of  Aerodynamic  noise  in  ventilators  is  the  non¬ 
uniformity  of  the  flow  of  the  working  medium.  Inasmuch  na  the  nature  of 
this  noise  is  similar  to  that  of  vortical  noise,  the  sound  power  produced 
by  nonuniform  flow  can  al3o  be  determined  by  formula  (25 8),  the  only 
difference  being  a  different  k  value. 

The  frequency  of  the  noise  prod r1  by  nonuniform  air  flow  is 
determined  by  formula 

fn  •  f  ab  i  (26C) 

where  ab  is  the  number  of  bladeej 
i  —  1,  2,  3,  ... 

The  first  (fundamental)  harmonic  ia  the  most  important  one.  A* 
mentioned  earlier,  the  noise  produced  by  a  nononlform  air  flow  is  called 
"siren”  noise,  because  of  its  unpleasantness. 
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The  mechanical  noise  -  •:  ventilators  is  caused  primarily  by  rot  or 
imbalance  in  the  driving  motor  (wi-h  its  cooling  fan)  and  the  vibration 
of  the  antifriotion  bearings.  3oth  of  these  factors  o<m  produce  Intensive 
resonance  vibrations  of  the  exterior  walls  and  driving  parts.  With  an 
increase  in  the  peripheral  speed  of  fcne  ventilator,  the  aerodynamic  noise 
be  coitus  mere  intensive  than  mechanical  noise  and  is  almost  always  pre¬ 
dominant.  inasmuch  as  the  peripheral  speed  of  shipboard  oentrifugal  venti¬ 
lators  is  10-1.5  meters  per  second,  their  mechanical  noise  may  be  disregarded. 

The  noise  level  of  marine  ventilators  can  bo  defined  by  the  following 
formula  (15): 

P  -  ll  log  -2L  +  6  db  ( ?6l ) 

% 

where  Q,  H  and  h  -  represent  the  ventilator  capacity,  pressure  and 
^  efficiency. 

The  values  of  ft  obtained  from  formula  (26l)  correspond  to  measure¬ 
ments  taken  at- a  distance  of  0.5  meter  from  the  ventilator. 

Example  61.  Determine  the  noise  level  of  a  ship's  centrifugal 
ventilator  having  the  following  characteristics:  Q  »  800  n’/bour, 

H  *  60  mm  of  water  and  ^  *  0.62. 

Solution.  Using  formula  (261),  we  find: 

6  «  la  log  JL  +  6  *  11  log  .hOO^O  +  6  *  75  db. 

r  \  0.62 

Figure  2Cl(  shows  the  graph  of  formula  (261).  The  points  corre¬ 
spond  to  experimental  data  for  ships'  ventilators  with  various  values  of 
the  parameter  QH  « 

* 

Similar  causes  of  noise  are  in  principle  Inherent  also  in  centrifugal 
and  propeller-type  pumps.  But  the  cavitation  of  the  working  fluid  in 
pumps  is,  as  a  rule,  a  greater  source  of  sonic  vibration  and  noise. 

Figure  205  shows  a  diagram  of  the  noise-forming  sources  in  a 
centrifugal  pump.  The  intense  vortex  formation  during  the  flow  of  a  fluid 
in  a  centrifugal  pump  is  due  bo  the  break-away  of  the  flow  from  the  blade 
surface  (zone  a),  the  formation  of  s  surface  of  discontinuity  where  the 
flow  leaves  the  blades  (zone  b),  and  the  existence  of  circulation  at  the 
entrance  to  the  impeller  and  at  pressure  relieving  openings  (zone  c).  In 
this  vortex  formation  process,  the  pressure  in  some  vortices  may  drop 
below  the  saturation  pressure  resulting  in  the  liberation  of  the  dissolved 
air  from  the  water  (air  cavitation). 
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Noise  level  in  db 


Figure  20b.  The  relationship  between  total  noise 
level  and  capacity  for  shipbowd  ventilators.  Th* 
cur\e  is  bftaed  on  formula  (26 1),  and  car.  be  used 
for  calculations. 


Figure  20$ »  The  vortex -formation  and  cavitation 
•ones  In  the  wheel  of  s  centrifugal  pump. 
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If  the  operation  of  the  pump  occurs  with  a  low  suction  pressure, 
the  pressure  on  the  suction  side  («t  th«i  inlet  edge)  of  the  blades  may 
drop  to  the  vapor-formation  level,  the  resultant  boiling  of  the  liquid 
producing  "steam”  (vapor)  cavitation  (sons  d,  Figure  205),  As  was 
mentioned  above,  both  types  of  cavitation  are  conducive  to  intensive 
noise  formation,  mostly  at  frequencies  ovar  1,000  ops.  The  lower  the 
suction  pressure,  the  higher  the  oavitation  noise  level  of  the  pump. 
Figure  206  shows  the  relationship  of  the  discharge  pressure  Hjj  and  the 
level  of  sonic  vibrations  of  a  centrifugal  pump  to  the  suction  pressure 
and  air  content  of  the  water,  as  obtained  by  !1.  A.  Khoroshev.  As  the 
suction  pressure  p  is  reduced,  cavitation  develops  further  and  becomes 
ah  increasingly  intensive  source  of  vibration. 


IN  ♦  M!  I  M  H 

Suction  pressure  in 
meters  of  water. 


Figure  206.  The  relationship  of  the  vibration  of  a  cen¬ 
trifugal  pu&p  to  the  suotion  pressure  and  the  relative 
air  content  of  the  water* 

Curve  1  -  Discharge  pressure  Hn  vs  suction  pressure  p. 

Curves  2  to  $  -  Vibration  level  £  vs  suction  pressure 
p  and  the  air  content  *q  of  the  wst&r.  Curve 
2,  q  ■  Oj  Curve  3.  q  •  O.OOT3|  Corn  U,  q  •  0.055j 
Curve  5*  q  •  0.136. 
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75  .  Reducing  the  Noise  of  Ventilators  s  >d  Pomps  by  Changing 
Their  Design  Parameters 


The  moat  effective  method  of  reducing  the  noise  of  ordinary 
ventilators  is  to  reduce  or  limit  the  peripheral  speed  of  the  blades.  A 
tip  speed  not  exceeding  15-20  meters  per  second  Is  suggested  for  cen¬ 
trifugal  ventilators. 


if 

Another  design  factor  affeoting  the  noise  of  a  ventilator  is  the 
aiae  of  the  blade  “wheel.  Ihe  change  in  ventilator  noise  level  produced 
by  altering  the  blade  dictator  from  Dj  to  Dg  may  be  found  in  the 
following  expression 


A  p  -  20  log 


t)2 

~*T 


db 


(262) 


The  ventilator  noise  is  very  largely  affected  by  obstacles  at 
either  the  inlet  or  outlet  aide  of  the  wheel,  whi'A  produce  r,  nonuniform 
air  flow.  To  reduce  the  noise  producod  by  such  an  air  flow  in  axial 
ventilators,  the  bearing  supports  should  be  streamlined  ard  a  commutator 
with  a  gradually  changing  cross  section  should  be  installed  at  the  inlet. 

The  noise  of  oentrifugal  ventilators  produced  by  a  nonurdform  air 
flow  is  frequently  caused  by  too  large  a  ventilator  tongue.  The  determining 
criterion  in  this  matter  is  the  distance  between  the  blade  wheel  rad  the 
tongue*  Located  too  dose  to  the  wheel,  the  tongue  can  raise  the  noise 
level  by  12  decibels.  The  distance  between  the  tongue  and  the  wheel 
should  therefore  be  at  least  J.^l"<  of  the  blade  diameter.  The  noise 
depends  on  the  shape  of  the  vsntil  tor  tongue.  A  tongue  with  a  skewed 
section  over  its  whole  length  is  the  m?t  affective  noise  reducer. 

The  noise  of  oentrifugal  ventilators  is  determined  by  the  number 
of  blades.  In  some  oases  an  increase  in  the  number  of  blades  oan  reduce 
the  noise  by  3-5  decibels. 

The  noise  of  a  ventilator  can  be  substantially  reduced  (by  7-8 
decibels)  by  improving  its  air-flow  passages.  Figure  207  shows  a  diagram 
of  a  "straight -through"  ventilator,  and  Figure  208  the  results  of  tests 
on  it. 


Ons  of  the  characteristics  of  a  straight-through  ventilator, 
according  to  Figure  207,  is  that  ita  driving  motor  is  located  inside  the 
ventilation  channel  itself.  The  noise  of  a  straight-through  ventilator, 
as  a  unit,  was  found  to  bs  7  decibels  lower  than  that  of  an  ordinary 
ventilator. 


Figure  207.  A  "straight-through'*  electrically  driven 
ventilator. 

1  -  air  inlet  duct)  2  -  ventilator  blading)  3  -  guide 
van* 3  U  -  motor  housing)  5  -  electric  motor)  6  -  rubber 
gaskets)  7  -  motor -cooling  venta)  8  -  ventilator  easing. 
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Figure  208.  Noise  apeotra  of  a  normal  (1;  and  a  "straight 
through"  (2)  ventilator  with  an  output  0  *s  2,000 
oubio  maters  per  hour. 
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Axial  ventilators  are  faster,  and  the  noise  they  produce  at  the 
same  output  capacity  is  characterised  by  higher  frequencies  and  is  there¬ 
fore  more  unpleasant  than  the  noise  of  centrifugal  ventilators. 

When  the  Reynolds  numbers  ore  low  (Re  <  80,000),  the  lift 
coefficient  is  reduced  and  the  total  drag  coefficient  is  decreased.  The 
result  is  a  lower  efficiency.  Working  within  the  range  of  low  Reynolds 
numbers  are  small  ventilators  with  low  peripheral  speeds  as  well  as 
ventilators  designed  for  light  and  ratified  gases.  The  efficiency  of 
such  ventilators  is  usually  vary  low  (1«1C%).  The  Laing  Company  (li>6) 
has  recently  developed  a  special  type  of  ventilator  to  work  at  low 
Reynolds  numbers.  These  have  come  to  be  known  as  "tangential"  ventilator.* 

»  ^ 

The  "delivery  convergence"  principle  is  used  in  these  ventilators 
to  increasis  their  efflolenoy.  Under  the  new  principle,  unlike  ordinary 
ventilators,  different  quantities  of  air  pass  through  the  different 
channels  of  a  circular  set  of  blades  (profiles),  and  most  of  the  gas 
flow  is  concentrated  within  a  very  narrow  arc  of  the  channels.  This 
leads  to  a  considerable  increase  in  local  velocities  and,  consequently, 
higher  local  Reynolds  numbers  and  greater  ventilator  efficiency.  The 
distinctive  characteristic  of  the  new  ventilators  is  that  the  air  flows 
transversely  toward  the  axis,  and  twioa  flows  through  the  blading, 
turning  itself  by  almost  180°  (Figure  209). 

Operating  at  very  low  Reynolds  numbers,  such  ventilators  can 
develop  a  considerably  greater  efficiency  than  the  best  of  ordinary 
maohinee.  The  exhaust  velocity  of  a  tangential  ventilator  is  consider¬ 
ably  higher  than  the  peripheral  velocity.  Thus  at  the  same  exhaust 
velocities,  the  peripheral  speed  of  tangential  ventilator  is  only  7-9% 
of  the  peripheral  speed  of  ordinary  ventilators. 

The  result  of  these  favorable  qualities  of  tangential  ventilators 
is  that  their  noise  if  considerably  lower  (by  25-30  decibels)  than  that 
of  ordinary  ventilators.  Figure  210  shows  the  loudness  level  as  a  functic  • 
of  exhaust  velocity  for  axial  and  tangential  ventilators.  Moreover, 
tangential  ventilators  are  very  small  in  else.  The  ventilator*  produced 
by  the  Laing  Company  are  now  being  used  for  pressurising  and  exhausting 
systems,  for  cooling  and  air-conditioning  systems,  for  drawing  off  gas 
leakage,  for  boiler -combustion  chambers,  etc.  The  wide  use  of  these 
ventilators  on  shipboard  is  to  be  expected. 

The  measures  for  reducing  the  nolee  of  centrifugal  and  axial  pumps 
are  in  large  part  similar  to  the  abovo-diacusaed  methods  for  controlling 
the  noise  of  ventilators. 
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Figure  209.  The  direction  of 
gas  flow  in  tangential 
ventilators. 


velocity  in 
m/sec . 

Figure  210,  The  relation¬ 
ship  between  the  loudness 
level  of  ventilators  and 
thoir  fxhauat  velocity. 


-  axial  ventilator j 

-  tangential  ventilator. 


For  the  noiseless  operation  of 
a  centrifugal  pump,  it  fs  necessary  1 

that  it  work  at  the  point  of  maximum  2 

efficiency.  At  this  point,  the  pump's 
operation  is  characterised  by  a  minimum 

of  hydraulic  impacts,  because  the  exit  angle  of  the  flow  from  the  impeller 
blades  corresponds  to  the  designed  angle.  The  farther  the  pump's  operation 
from  its  maximum  efficiency,  the  greater  the  vortex  formation  and  the 
hydraulic  impacts,  and  the  Igher  the  noise  level. 


A  decrease  of  the  cavitation  noiae  in  a  pump  calls  for  the  following! 
a  reduction  in  the  redial  velocity  at  the  inlet  to  the  iwpeller  by  en¬ 
larging  the  inlet}  the  use  of  thin  double  curvature  blades  having  a 
small  relative  thickness,  and  alee  curving  the  blade  profile  at  the 
inlet  (sickle-shaped  blades). 


An  exoeseively  large  diameter  of  the  pump  inlet,  intended  to  reduce 
the  flow  velocity,  may  intensify  the  noise  In  the  pump  rather  than  reduce 
it.  To  develop  into  a  llmlnat  flow,  the  flow  at  the  inlet  of  the  pump 
should  be  as  close  as  possible  to  the  oenterline  of  the  shaft  (126).  A 
considerable  Increase  In  the  suction  diameter  may  be  rsoommended  only 
for  condensate  pumps  and  pumps  working  with  hot  liquids,  where  there  is 
a  possibility  of  boiling  of  the  liquid. 

Cavitation  noise  in  pumps  produced  by  vapor  cavitation  can  be 
considerably  lessened  by  admitting  a  small  quantity  of  air  near  the 
inlet.  (Sea  Figure  206).  The  air  bubbles  oan  damp  the  vibration  of  the 
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cavitations!  bubbles.,  and  also  reduce  the  intensity  of  the  sound  im¬ 
pulses.  Moreover,  the  air  bubbles  also  disperse.  (tc  a  certain  extent) 
the  high  frequency  sound  eaves*  This  contributes  to  a  reduction  In 
the  vibration  and  noise  of  the  pump  unit. 

Caro  should  bo  taxon  to  prevent  cavitation  during  the  pump's 
operation,  and  efforts  should  be  maie  to  have  the  pump  work  with  a 
support  [Russian:  poriporj. 

?6.  The  Application  of  Vibration  Isolation  and  Vibration  Absorption 
Treatments  in  Ventilators  and  Pumps 

Some  redxieMon  in  the  noise  of  ventilators  and  pumps  can  be 
achieved  by  the  use  of  vibration-  and  sound-isolation  treatments. 

Since  it  is  made  of  thin  sheet  metal,  a  ventilator  casing  can 
produce  intensive  resonance  vibrations  under  the  action  of  disturbing 
forces  generated  by  roller  bearings  and  aerodynamic  forces.  This  in¬ 
creases  the  noise  of  ths  ventilator. 

The  vibration  and  noise  of  the  casing,  catuaed  by  the  motor  drive, 
can  be  reduced  by  introducing  an  elastic  connection  between  the  electric 
motor  and  the  shell,  A  vibration-isolating  gasket  of  rubber  or  other 
elastic  material  can  serts  this  purpose.  This  idea  was  incorporated  in 
the  design  of  a  n straight-thromgh"  ventilator  (Figure  207),  and  the 
vibration  of  its  supports  was  thereby  reduced  10  decibels  below  that  of 
a  conventional  electric  vents la tor. 

The  resonance  vihratiorrs  of  the  casing  can  be  reduced  by  cwsnrig 
Its  surface  with  &  damping  coating.  To  achieve  thie,  the  production  of 
ventilator  casings  from  plastics  is  worthwhile. 

Rubber  bearings,  which  are  effective  as  a  vibration-isolating 
insert  between  the  rotor  and  the  pum{  casing,  are  now  being  used  In 
hydraulic  machinery.  Such  bearings  re  luce  the  trajismiesiau  of  disturbing 
forces  to  the  casing  and  therefore  doorcase  the  sonic  vibration  of  the 
machine. 

Rubber  or  plastio  Insets  have  been  successfully  used  in  valve 
aeats  to  reduce  the  valve  impact  in  piston  pumps.  The  valves  themselves 
otn  also  be  made  of  3uch  materials .  They  are  not  only  leas  noisy  in 
operation  but,  according  to  published  data,  have  a  longer  serviee  life. 

The  pump  should  bo  thoroughly  vibration-isolated  from  the  hull 
structure  of  the  ship  by  the  use  of  appropriate  isolation  mounts.  Vibra¬ 
tion  isolating  rubber  sections,  measuring  5  to  15  pip®  diameters  in 
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length,  should  be  Installed  in  the  inlet  and  die charge  lines  of  the 
pump.  It  is  not  recommenced  to  place  isolatior  mounts  under  each 
separate  mechanism  of  a  pump  unit  whose  drive  is  independently  installed 
and  connected  to  it  only  by  a  coupling.  The  uneven  loaa  and  vibration 
of  the  pump  and  its  driving  Kotor  could  put  them  out  of  alignment  and 
raise  the  noise  level.  In  this  case  a  single-st-oall'd  '‘floating 
frame'*,  installed  on  vibration  isolation  mounts,  should  be  used  for  bcch 
the  pump  and  ite  power  source. 

?7 •  Fighting  the  Noise  of  Ships  Plumbing  Systems  at  the  Source 

The  intensity  of  the  noise  produced  by  the  housekeeping  facilities 
on  shipboard  can  reaoh  some  70-60  decibels  and,  being  sporadic  in  nature, 
it  produces  a  very  unpleasant  effeot  upon  the  pass-ngers  and  crew.  This 
noise  is  partleulax‘ly  unpleasant  at  night  when  the  general  noise  level 
in  the  staterooms  and  cockpits  is  relatively  low.  Such  noise  may 
originate  from  the  water  pipes,  sewage  system,  beating  system,  bathrooms, 
showers,  etc. 

The  usual  sounds  produced  in  water  pipes  are  a  kind  of  raurmering 
noise,  which  is  sometimes  loud.  This  is  caused  by  turbulent  flow  in  the 
pipes  or  the  swirling  of  the  water  in  the  faucets,  sinks,  washbasins 
and  bathtubs.  Air  volumetric  resonance  also  frequently  ocours  in  the 
wash  tubs,  sinks  and  bathtubs  which  raises  the  noise  intensity.  The 
so-called  "backlash”  (water  hammer)  noises  produced  by  closing  the 
faucets  or  similar  devices  are  unpleasant. 

Vortex  formation  and  cavitation  in  the  pipelines  and  faucete  are 
another  powerful  source  of  noise.  The  reason  for  these  processes  are 
sharp  elbows  and  faulty  faucet  construction.  The  most  widely  used  type 
of  water  pipe  faucet  (disc  type)  is  usually  quiet  when  the  water  outflow 
is  very  slowj  but  intensive  vortex  formation  and  noise  begin  when  the 
water  reaehes  a  certain  speed  This  noise  rises  sharply  when  the  open 
valve  is  in  a  certain  position  for  whioh  the  frequency  of  vortex  forma¬ 
tion  ooincides  with  that  of  the  natural  vibration  of  the  pipes  in  their 
hangers.  The  intensive  resonance  vibrations  of  the  pipe  produce  &  loud 
roar  and  rattling  noise,  especially  if  it  is  inadequately  fastened. 

Cavitation  originates  also  from  the  discontinuous  flow  around 
the  valve  disk,  which  produces  vapor  and  air  bubbles.  At  they  move, 
these  bubbles  eollapse  with  &  loud  craok  whioh  is  oarrlcd  over  the 
pipes  for  considerable  distances. 

'  To  reduce  the  noise  of  various  origins  in  the  pipelines,  the  speed 
of  the  water  flowing  in  them  should  be  reduced  to  two  meters  per  second. 
The  water  pressure  in  the  systems  used  for  housekeeping  purposes  should 
not  exceed  two  atmospheres. 
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The  Marring  noise  produced 
by  faucets  and  valves  could  be 
eliminated  by  abandoning  the 
widely  used  valve  with  a  flat 
disk.  It  should  be  replaced 
by  a  noiseless  valve  with  a 
streamlined  disk  and  seat.  If 
the  old  disc -type  faucet  is 
still  In  use,  the  disc  should 
be  fastened  tightly  to  the 
stem.  But  under  no  circum¬ 
stances  should  fast-working 
plug -type  faucets  be  used. 

The  reduotion  of  pressure  in 
the  faucet  should  be  gradual, 
not  sodden,,  end  this  helps 
reduce  the  noise. 

Water  and  oil  pipes  should 
be  equipped  with  throttling 
devices  which  have  a  gradual 
change  in  speed  end  pressure. 

The  noiseless  throttle  de¬ 
veloped  for  hydraulic  installa¬ 
tions  in  ships  (99)  operates  on  that  principle.  The  gradual  reduotion 
in  pressure  in  this  case  is  achieved  by  having  the  oil  flow  along  a 
helical  channel  (Figure  211).  The  speed  of  flow  thus  remains  constant, 
and  the  drop  in  pressure  is  aohieved  by  the  lengthening  of  the  throttling 
ohaimel. 

The  total  airborne  noise  level  of  a  helical  throttle  does  not 
exceed  70  decibels,  For  the  same  pressure  drop  and  equal  output,  the 
noise  of  a  helical  throttla  la  15-20  decibels  lower  than  that  of  a 
diaphragm-type  throttla,  and  20-25  decibels  lower  than  that  of  an 
ordinary  throttle.  Suoh  throttles  can  be  successfully  used  also  for 
water  piping. 

Die  noise  of  vaahstanda  can  be  reduced  by  making  the  delivery 
pipes  considerably  smaller  than  the  drain  pipe.  This  prevents  the  over 
flow  of  water  in  the  sink  and  eliminates  the  noise  produced  by  a  large 
amount  of  water  as  it  runs  down  the  drain)  the  drain  pipe  should  leave 
the  sink  below  the  level  of  the  stopper  to  prevent  the  possible  nolee 
formation  by  the  air  that  might  get  into  the  drain  pipe. 

The  noise  produoed  by  toilet  (vaterkloaet)  facilities  la  caused 
by  the  rushing  water  down  the  dumber  and  the  rising  water  under  the 
floet.  To  reduce  the  noise  of  the  flushing  water,  the  water  tank  should 
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be  placed  close  to  the  top  of  the  chamber  and  equipped  with  a  push-button 
(rather  than  pedal)  control.  The  noise  of  the  water  entering  into  the 
tank  oould  be  reduced  by  the  use  of  a  plastic  diffuaer  between  the  pipe 
opening  and  the  bottom  of  the  tank.  The  valve  device  should  be  stream¬ 
lined,  A  noiseless  flushing  device  involving  the  use  of  the  above-listed 
measures  was  demonstrated  at  the  Third  International  Congress  on  Acoustics. 

Much  attention  should  be  devoted  to  the  arrangement  of  the  pipes, 
and  the  planning  of  sanitary  and  daily  housekeeping  service  compartments. 
Vertical  pipes  should  not  be  placed  near  the  walls  of  passenger  cabins. 

The  installation  of  any  kind  of  sanitary  faoilitias  near  the  bulkheads 
of  adjoining  staterooms  should  also  be  avoided.  It  is  always  desirable 
to  have  the  various  pipelines  fastened  to  the  ship's  structure  by  elastic 
vibration-isolating  supports  (See  also  paragraphs  52  and  58), 


CHAPTER  20 


THE  ACOUSTIC  TESTING  OF  MACHINERY 

t 

78.  Chambers  and  Test  Stands  for  the  Ac o-ua tic  Testing  of 
Machines ,  and  the  Methods  of  Tasting 

Theoretically,  both  reverberation  chambers  and  sound  damped 
chambers  can  be  used  at  the  machinery  manufacturing  plants  for  measuring 
the  noies  level  of  machinery  and  equipment.  The  former  make  it  possible 
to  determine  the  average  value  of  the  density  of  sound  energy  radiated 
by  a  machine,  and  the  latter  the  spatial  characteristics  of  the  noise 
directionality  and  average  noise  level  of  a  machine.  The  second  type 
of  chamber  is  usually  preferable. 

The  chambers  should  be  located  as  far  away  as  possible  from  any 
source  of  noise  and  have  well  aound-isolated  walla  (2-3  courses  of 
bricks  thick).  In  the  better  types  of  chambers,  the  internal  box  (the 
actual  chamber)  is  installed  on  vibration  isolation  mounts  within  a 
building  with  massive  walls  as  shown  in  the  diagram  in  Figures  212  or 
102.  The  chamber  is  usually  equipped  with  sound-isolated  double  doors. 

The  walls  and  ceilings  and  wherever  possible  the  floor  are  covered 
with  sound-absorbing  materials.  The  latter  m ay  consist  of  wedges  or 
cones  of  cotton  wadding,  glass  felt,  special  plastics  (fiberglass)  and 
microporous  rubber.  The  thickness  of  the  sound  absorber  &  (in  meters) 
is  related  to  the  lowest  frequency  fm  of  the  measurements  envisaged  in 
the  chamber  as  follows! 


S  « ( -r  to 

where  0  represents  the  velocity  of  sound  in  air. 

Thus  when  f_  ■  100  oyolee  per  seoond,  the*  sound  absorber  is 
three-quarters  of  a  meter  thick.  This  thickness  should  be  taken  into 
account  when  designing  the  chamber. 

In  sound  damped  chambers  it  is  possible  not  only  to  measure  the 
noise  levele  of  machinery  but  also  to  trace  the  noies  formation  to  the 
individual  t  laments  of  the  machine  and  oheck  the  effectiveness  of  work 


390 


on  the  noise  xeductior  of  machines.  In  the  latter1 II  two  oeses  the  machine 
is  put  into  operation  by  external  po.#er  sotsrces  vhioli  are  acoustioally 
isolated  from  the  machine  under  test  figure  212).  Finally,  it  is  also 
possible  to  measure  in  these  chambers  the  vibration  Isolation  of  isolating 
devices  and  the  drop  in  the  vibration  level  et  vibration  isolation  mounts. 


Figure  212.  Sound  damped  chamber  for  measuring  and  in¬ 
vestigating  the  noise  of  machines 

I  -  outer  building}  2  -  chamber?  3  -  sound  damper) 

it  -  double  sound -isolated  door)  $  -  steel  screen  (chamber 
floor))  6  -  vibration  isolation  mounts)  ?  -  machine 
under  test)  8  -  foundation)  9  -  sound  Isolating  packing) 
10  -  vibration  Isolation  mounts  of  the  machine) 

II  -  foundation  vibration  isolation  mounts)  12  -  measuring 
microphone;  13  -  additional  chamber  for  external  drive) 

1U  -  external  power  source)  15  -  sound  isolated  lead-in 
of  external  drive  shaft 


The  measurement  ana  analysis  of  the  noise  produced  H  hy  a  maehir e 
are  made  under  normal  operating  conditions  under  load,  IWTTIhe  measurements 
are  nac? 1  at  j~!»  points  at  distances  of  0.5-.L  meter  fro*  tM&Hh©  machine,  and 
repeated  «?-;  time3.  The  results  of  the  measurement'1:  arttt  t-then  averaged. 
When  the  difference  oe tween  the  noise  levels  measured  at  tt  rthe  various 
points  does  not  exceed  L  decibels,  the  arithmetical  war. tu  *of*  the  results 
of  measurements  at  all  the  points  can  be  taken .  1  J  the  eosec hatter  ir-  the 

noise  level  readings  at  the  various  points  is  within  the  It  Hiatts  of  5-10 
decibels,  a  power  (square)  summation  should  be  used  tor taHee-teminirg 
the  average,  level.  The  approximate  value  of  the  averages  asotrnd  level 
in  this  case  would  be 


r  cp 


2  db 


(261) 


where  8  »*  —  is  the  average  level  obtained  by  arithnetletti.cal  summation. 

r  '-P i. 

When  the  scatter  in  the  noise  levels  at  various  poltorints  is  greater 
than  10  decibels,  the  reason  for  the  discrepancy  should boo*©  investigated 
(interference  effects,  greater  noise  emitted  by  the  nachimiijDn©  in  certain 
directions,  etc.). 


Figure  213.  Testing  a  transformer  in  a 
sound  dainpe’d  chamber. 


It  la  occDBacasionally 
necessary  to  caaonpare  the  results 
of  noise  msaamarwenten-bs  made  ir. 
chambers  with  thtfclfcose  made  on 
shipboard.  Then»*r?*  is,  as  a  rule, 
less  sound  absonorrption  in  ships* 
compartments  thsihaAn  in  sound- 
measuring  chiitebefei-s,  and  the 
noise  level  In  a  *  sound -measuring 
chambers  will  thtttJBieref  ore  be 
less  than  hat  11  rin  the  ship  by 
the  following  aHaarwount  s 

w  "eSc 

(265) 

where  A^,  cc^  inaatind  S^.  represent 
respectively  thedh  .e  values  of  the 
aosorbticn,  the  a©«  average  co¬ 
efficient  of  abscfb •sorption,  and 
the  average  area*©*®  covered  fcy 
the  scumd-absorfar-bing  material 
in  the  chaiaber, 
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The  similar  quantities  will  &  e,;  suttacrij  i.  appl;,  to  the  ship. 


The  acoustic  Interferences  (urn.  *nt#d  noise)  encountered  when 
measuring  the  noise  in  ships  are  considerably  greater  than  In  special 
chambers.  Such  measurement*  are  considered  reliable  only  if  the  measured 
levels  (the  noise  level  of  the  machine  plus  interfei-^nce)  exceeds  the 
level  of  the  interference  at  corresponding  frequencies  by  1C  decibels 
or  more.  In  exceptional  oases,  she.)  that  requiremsi.h  cannot  be  met,  a 
correction  chart  is  used  (Figure  211;) . 


Figure  211;.  Correction  factor 
for  noise  gage  readings  at  high 
•  interference  levela.  The  dif¬ 
ference  in  the  noise  gage 
readings  when  a  machine  is  operat¬ 
ing  and  when  it  is  not  operating 
is  plotted  on  the  horizontal  axis. 


temple  62.  The  noise 

level  oTT *  machine  being  tested 
on  a  test  stand  in  the  manufac¬ 
turing  plant  is  85  decibels. 

The  interference  level  when  the 
machine  is  not  operating  is 
82.5  to  83  daoibels.  What  is 
the  true  noise  level  of  the 
machine? 

Solution.  The  differences 
in  the  overs IT* noise  level  (the 
noise  of  th  machine  plus  inter¬ 
ference)! 

f*  m+n  •  2  to  2.5  db. 

According  to  the  curve  in 
Figure  >1U,  the  correction  is 
^  o  -h  decibels.  The  true 
noise,  level  of  the  machine  is; 
y6a"85-h*8l  decibels. 


The  measurements  and  analysis  of  noi^u  in  chambers  can  ba  success¬ 
fully  combined  with  the  measurements  and  analysis  of  sonic  vibration. 

This  calls  for  a  nonresonant  foundation  under  the  Chamber,  such  as  a 
massive  concrete  block,  "decoupled"  from  the  surrounding  structure  by 
vibration-isolating  gaskets.  The  frequency  of  free  vibrations  of  the 
foundation  on  such  gaskets  should  be  3-U  times  loner  than  the  minimum 
vibration  frequency  to  be  msaeumd  on  the  machine.  Only  under  that 
condition  can  the  foundation  be  considered  as  separated  from  the  surround¬ 
ing  structure  during  low  frequency  measurements. 

Vibration  levels  oan  be  measured  with  respect  to  the  vibrational 
acceleration  or  vibrational  velocity.  As  In  the  case  of  noise  measure¬ 
ment,  the  mean  figure  of  a  number  of  vibration  measurements  at  various 
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points  of  th«  machine  or  foundation  is  taken.  One  difficulty  in  comparing 
the  measurement  results  in  that  no  aero  threshold  has  yet  been  established 
for  vibration,  and  therefore  the  various  measuring  instruments  have 
different  zero  levels  (3  x  10~2  cm/seo2,  3*5  x  10“*-  cm/sec2,  6.31  x  10“** 
cm/aeo2,  etc.).  A  vibrational  acceleration  of  3  x  10*2  cm/sec2  (see 
paragraph  16)  is  herewith  recommended  as  the  zero  level. 

Let  us  assume  that  a  vibration  neasur  ag  inetrunent  with  a 
different  zero  threshold  (which  we  ehall  designate  as  '•/qo)  &v,>s  * 
vibration  level  of  /fl*.  Then  the  vibration  level  ft  ^  respect  to 
the  recommended  threshold  y01  •  3  x  io-2  cm/sec2  will  be 

•  e 

P1  “  *  20  log  -  pi  t  A  db  (266) 

where  the  correction  is 

A  -  20  log  ♦  31  db  (26?) 

The  plus  sign  before  the  correction  is  used  whwn  yQg  <  ygj, 
and  the  minus  sign  when  y^  >  VqI* 

Example  63.  Whan  using  a  measuring  instrument  with  a  aero 
threshold  of  ■  6.31  x  KT^  em/sec2,  the  vibration  level  of  a  machine 
at  a  given  frequency  is  10$  deoibels.  What  would  the  vibration  level  be 
with  respect  to  a  threshold  of  y^  K  3  x  10“2  cm/sec  -? 

Solution.  The  correction  is 

-  20  log  (6.31  *  10“^)  +  31  -  -33  db. 

Since  yQg  <  y01,  it  is  not  neceeeary  to  ohange  the  sign  in  the^ 
correction.  The  vibration  level  above  the  threshold  of  3  x  10**2  cm/sec4 
will  be 


P  x  -  105  -  33  •  72  db. 

A  recently  developed  special  instrument  (27)  can  be  oonveniently 
used  for  vibration  i  r  acoustic  tests  of  serially- produced  machines  and 
equipment  in  addition  to  the  ordinary  noise  gauges  and  vibration  meters. 
This  Instrument,  oalled  "degree  of  noise  reduction"  meter,  makes  It 
possible  to  establish,  with  a  margin  of  error  of  1  decibel,  the  particular 
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sound  or  vibration  frequency  bands  -viihin  wh3ch  the  eaenine  does  not 
cor-fo.m  to  the  prescribed  norm,  *  spaoial  sua'le  Uraicates  the  per¬ 
centage  of  n’erhinea  tested  which  do  net  meet  the  requirements  or  the 
perc*n&age  of  time  within  which  these  i <? quii'«mervtu  nre  exceeded  In 
particular  frequency  hands  (under  oonditicnr  of  strong  pulsating  noises) * 

? 9 .  The  Ha') or  Sources  of  Error  in  Measuring  V else  end  Vibration 

Tinder  production  conditions,  it  is  quite  possible  to  achieve  an 
accuracy  in  the-  reeasui'ement  of  sound  and  vibration  levels  of  the  order 
cf  2  decibels.  But  tb:us  calls  for  the  elind.rtsuu.on  or  diminution  of  the 
effects  of  a  number  of.  factors  that  tend  tc  make  the  measurements  less 
precise. 


One  of  the  frequent  e  or  roes  of  error  in  measuring  noise  in  the 
open  air,  in  ventilation  ducts,  in  an  exhaust  gas  flow,  etc.  is  the 
excitation  of  thy  sensitive  microphone  element  due  to  vortex  formation 
around  it.  By  the  use  of  special  wind-proof  netting  and  screens  (Figure 
£1$)  this  effect  can  be  greatly  rednci  i,  even  to  aero.  The  netting  is 
transparent  tc  sound,  and  at  the  same  time  reduces  the  intensity  of  the 
vortices  or  shifts  their  sonic  spectrum  into  the  ultrasonic  frequency 
region  (2?).  Tm  effectiveness  and  s o'ttid-pem-eaT  J ity  of  the  wind- 
protection  device  car.  be  -“heeled  by  comparing  tho  measurements  of  sound 
level  s  when  using  protected  an.  unprotected  mi;  ,-opV  ones  in  freo  atmosphere 
and  in  the  path  of  an  air  stream. 

When  measurlJig  the  noise  at  high  soirao  frequencies,  where  the 
wave-length  is  comparable  to  the  dimensions  of  t  <e  microphone,  the 
diffraction  of  the  sound  waves  at  the  microphone  may  become  a  source 
of  error.  In  view  of  the  reflection  of  a curd  from  the  body  of  the  micro¬ 
phone  and  the  measuring  instrument,  the  sound  pressure  on  the  microphone's 
membrane  increases  by  U-S  decibels  or  more.  The  diffraction  distortions 
can  be  reduced  to  a  minimum  by  th*  use  of  small  microphones  placed  10*20 
centimeters  from  the  instrument .  If  this  is.  not  possible,  the  diffrac¬ 
tion  correction  should  be  established  by  comparing  the  leadings  of  the 
given  microphone  with  those  of  %  "point"  microphone  in  a  free  sound 
field. 


With  email  microphones  it  is  possible  tc  avoid  another  error, 
namely  the  error  due  to  directionality  of  the  microphone,  i.e.,  its 
differing  sensitivity  in  different  directions. 

Before  taking  «ucy  noise  or  vibration  measurement  ,  one  must  make 
surfe  that  there  is*  no  interference  due  to  the  microphone  effect  of 
electronic  tubes,  which  is  caused  by  shaking  of  the  measuring  instrument. 
Ir  the  case  of  a  .strong  vibration  of  a  foundation,  which  is  a  frequent 


occurrence  in  the  engine  room  of 
ships,  the  Measuring  instrument 
should  b«  placed  on  sponge  rubber 
or  even  he  id  in  the  hand.  To  wake 
sure  that  there  is  no  interference 
from  thw  ib:!.'" ropbone  effect  of  tubes, 
the  microphone  should  be  covered 
with  a  oap  (01  the  vibration  probe 
removed  from  the  vibrating  surface), 
and  a  reading  of  the  instrument 
taken.  The  microphone  effect  my 
ee.vur  not  only  when  the  instrumnt 
itself  is  making,  but  also  in  the 
case  of  shaking  of  the  cable  con¬ 
necting  the  vibration  probe  or  micro- 
phone  to  the  instrument. 

Another  significant  source*  of 
error  when  working  with  piezo-elec¬ 
tric  miorophones  and  vibration  pick¬ 
ups  is  the  weak  signal  at  low  fre¬ 
quencies  due  to  the  high  internal 
resistance  of  the  pie20  crystal,  and 
also  the  weak  signal  due  to  damping 
in  the  cables  ft  high  frequencies. 

The  correction  for  this  {if  it  is 
not  compensated  for  by  a  special 
feature  withir  the  instrument),  as 
well  as  the  corrections  for  the 
effect  of  temperature  upon  the 
sensitivity  of  the  piezoelectric 
elements,  are  indicated  in  the 
descriptions  of  the  instruments  and 
in  the  instructions  for  their  use. 

Errors  arising  in  a  noise 
and  vibration  analysis  with  a 
na  row  band  analyser  at  high  sonic 
frequencies  may  be  due  to  the  uneven 
rotation  of  the  machine,  which 
produces,  as  it  were,  a  frequency 
modulation  of  the  noise.  We  know 
from  theory  (107),  that  in  the  case 
of  a  small  degree  of  modulation  2F 
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(the  so-called  "band  of  Havering"),  the  spec* mm  of  a  frequency -modulated 
vibration  ae  well  as  the  spectrum  of  an  airp Ll  tube-moo  ilated  vibration 
consists  of  component,,  of  the  fundamental  frequenc,  f  and  two 
components  ("side  bands")  with  frequencies  f 0  +  F  and  fQ  «  P. 

If  the  difference  in  the  side  bands  exceeds  the  width  of  the 
analyser  pass  band,  both  of  them  fall  outside  of  the  sensitivity  channel 
of  the  given  frequency,  and  the  level  indicated  by  the  analyser  will  be 
lowered.  This  level  is  further  reduced  with  increasing  modulation,  as 
a  considerable  part  of  the  ener.^y  is  concentrated  in  components  Which 
are  still  further  removed  from  the  fundamental  frequency. 

Example  6k •  Determine  the  possibility  of  using  an  analyser  with 
a  pass  band  width  of  U  cps  for  measuring  the  level  of  the  tenth  harmonlo 
of  the  noise  produced  by  a  ventilator  rotating  at  a  speed  of  2,1*00  rpm. 
The  irregularity  of  the  ventilator's  rotational  speed  within  a  single 
revolution  is  2$. 


Solution.  The  frequency  of  the  tenth  narmonlc  is 


f 


2,U(X)  x  10 

60 


*  U00  cps. 


The  band  of  wavering  of  the  harmonic,  f.  ■  O.Q2f  ■  8  eps,  exceeds 
the  width  of  the  analyzer  pass  band,  and  errors  in  the  analysis  are 
therefore  inevitable.  For  bach  a  condition  an  analyser  with  a  constant 
relative  paee  band  width  which  is  greater  than  the  rotational  irregularity, 
that  -I  greater  than  2jf,  is  preferable  to  the  analyzer  given  in  the 
example. 

Just  as  too  large  a  microphone  produces  diffraction  distortions 
of  the  sound  field  at  high  frequencies,  a  vibraiio..  pickup  with  too  much 
mass  attenuates  vibration  by  ibs  effect  an  the  vibration  surface.  The 
reduction  of  the  vibration  amplitude  A  fi  can  be  simply  expressed  by 
use  of  the  vibration  pickup's  impedance  z  and  the  surfaoe's  impedance 

aB  (5D  * 

A  "  20  log  (1  ♦  )  db  (268) 


The  attenuation  of  vibrations  of  frequency  f ,  as  a  function  of  h, 
the  thickness  of  an  extensive  plate  supporting  a  vibration  pickup  of 
moss  m,  1st 


Ap- lOlcgf  I  +7,8 db, 


(269) 
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where  E,  p,  yi  —  represent  the  elastic  modulus,  density  and  Poisson’s 
ratio  of  the  plate  material. 

Obviously,  the  magnitude  of  the  error  is  affeoted  principally  by 
the  plate  thickness.  This  formula  is  accurate  up  to  a  frequency  range 
of  2,000  cps  (5).  At  higher  frequencies,  the  reduction  of  the  vibration 
by  a  vibration  pickup  of  finite  mass  may  be  l«aa  then  the  attenuation 
given  by  the  formula. 

With  respect  to  a  steel  plate,  formula  (269)  gives  the  following 

&  &  -  10  log  (1  ♦  U.6  *  10“13  >>  (270) 

h 


where  m  is  expressed  in  grams,  h  in  centimeter'-: . 

The  formula  can  be  further  siiqp lifted  for  the  cast  of  higher 
attenuation  values,  that  is,  for  greater  mass  of  the  pickpup,  higher 
values  of  frequency  and  smaller  plats  thlokneaaae,  as  follows t 

A  /S  &  20  log  JlL  -  123  db  (271) 

h^ 

If  a  calculation  baaed  on  this  formula  produo ea  &  fi  <  6  decibels , 
or  should  even  lead  to  a  negative  result,  It  means  that  formula  (270) 
should  he  used.  In  view  of  the  complexity  of  the  interaction  process 
between  an  actual  vibration  piokup  and  the  surface,  the  above  formulae, 
baaed  as  they  are  on  an  approximate  theory,  should  be  used  for  a  quick 
estimate  of  the  conditions  under  which  a  vibration  piokup  of  a  given 
ness  can  be  used,  rather  than  for  determining  the  actual  corrections  to 
the  vibration  piokup* a  reading. 

Example  65.  la  it  possible  to  use  a  vibration  pickup  weighing 
100  grails TraF  measuring  the  vibration  of  a  1.5  mm-thick  sound  isolating 
housing  at  frequencies  up  to  1,000  ops,  without  any  appreciable  errors? 

How  far  oan  the  error  be  reduced  by  measuring  the  vibration  of  the  same 
housing  with  a  10-gram  vibration  pickup? 

Solution.  Let  us  try  to  determine  the  piokup*  s  reduction  of  the 
housing  *  svIKrition  at  the  highest  frequency  a-oovdlng  to  formula  (271)* 

A  0  r-s  20  log  1Q0*10^-  -  123  *10  decibels 

(045T 

Wa  shall  do  the  same  with  a  10-gram  vibration  piokup  (formula  2?0)t 
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A  fi  -  10  log  i  ♦  ij-4-io 


.  ^  102  X  10‘s 

>•10  '  — — - r - 

(o.isW 


0*5  decibels. 


Consequently,  the  "point”  vibration  pickup  will  not  produce  any 
distortions  in  the  measurements  whereas  distortions  of  the  vibration 
spectrum  tending  to  reduce  the  high-freqiuenoy  components  are  Inevitable 
In  the  case  of  the  100-gram  pickup. 

When  measuring,  by  means  of  pick-ups  cl  finite  mass,  the  average 
vibration  levels  in  a  frequency  band,  the  error  eannci  se  separated  from 
the  measured  results  because  of  the  vibration  pickup’s  reaction  upon 
the  vibrating  body.  The  magnitude  of  this  error  depends  essentially  on 
the  nature  of  the  frequency  epectrum  of  the  vibrations .  A  frequency 
analysis  of  the  vibration  is  therefore  always  preferable  to  measuring 
the  average  vibration  level. 

Ideal  as  the  ”point”  pieso^vibratien  pickup  may  be  as  a  measuring  I 
instrument,  it  may  still  produce  distortions .  Distortions  can  c ,cur 
at  low  frequencies  when  poor-quality  filters  are  used  to  assiet  in  the 
measurements,  and  are  occasioned  by  the  eoctreae  ssneitivity  of  a  piezo¬ 
pickup  at  high  eonic  frequencies.  Distortions  at  low  frequencies  are 
magnified  whenever  the  noise  spectrum  contains  a  large  number  of  high- 
frequency  components. 

Let  n  be  an  index  characterising  the  degree  of  the  ohang*  in  the 
spectrum  of  vibrational  aeoeleration  with  frequency.  A  spectrum  „ith  a 
6-decibel  rise  per  octave  would  then  correspond  to  n  •  1,  a  constant 
frequency  spectrum  to  n  *  0,  a  spectrum  with  a  6-deoibel  drop  per  octave 
to  n  •  -1,  etc.  Let  as  assume  farther  that  la  the  difference 

between  the  sensitivity  of  some  low-frequency  filter  within  its  pass 
band  (at  frequency  fjj)  and  the  ’’residual"  sensitivity  of  the  same  filter 
at  the  highest  operating  frequency  of  the  piezo-pickup,  f«.  In  well-  i 

made  filters  this  quantity  amounts  to  5>G*60  decibels  or  more,  but  in  " 

commercial  filters  it  sometimes  does  not  exceed  25-30  decibels.  Generally, 
vibration  pickup  resononoe,  enhancing  the  role  of  the  high-frequency 
portion  of  the  spectrum,  may  occur  at  a  frequency  of  f9,  and  also  some 
discrete  component  of  the  spectrum  may  ba  present*  shall  designate 
the  resonance  peak  amplitude  in  the  characteristics  of  trie  vibration 
pickup  by  A  p  ,  and  the  amplitude  of  the  discrete  exponent  of  the 
vibration  epeotrum  at  this  frequency  by  A.  c.  Taking  all  the  foregoing 
into  consideration,  it  is  possible  to  state  the  condition  for  the  absence 
of  distortions  from  ths  measurements  of  the  vibration  level  at  the  frequency 
fjj  in  the  following  form  (5b)  t 
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Let  us  assume  that  —  Ag  «—  A,,  *■»  40  deei"-  ;1»,  which  my  be 
close  to  actual  conditions.  Then 


<?73) 


where  N  represents  the  number  of  octaves  between  the  frequencies  f  and 

fVi  H 

Example  66.  There  is  a  5  decibel  resonance  peak  (piezo-crystal 
resonance)  in  the  frequency  characteristics  of  a  pickup  at  its  highest 
operating  frequency,  fB  *  13,000  cps.  The  difference  between  the 
sensitivity  of  the  low-frequency  filters  in  their  pass  band  and  at  the 
frequency  is  U5  decibels.  Determine  the  possibility  of  undistorted 
measuring  or  components  having  a  frequency  of  25-50  cps  for  the  case  of 
a  spectrum  characterized  by  constant  amplitudes  of  tfv  frequency  com¬ 
ponents  of  vibratory  acceleration  and  for  the  case  of  a  spectrum  with  a 
5-decibel  rise  per  octave. 

Solution.  Vie  determine  that 

-  A  p  •  16  -5  -  hO  decibels 

Nine  octaves  are  contained  in  the  25-13,000  ops  frequency  band. 
According  to  foraula  (273),  the  following  condition  should  exist  i 


The  case  n  ■  0  corresponds  to  a  spectrum  with  constant  frequency 
components,  and  the  oonditlon  for  undistorted  measurements  in  the  latter 
spectrum  at  low  frequencies  is  therefore  fulfilled . 

Let  us  determine  the  value  of  n  in  the  spectrum  with  a  5-decibel 
rise  per  octave.  We  have) 

20  log  AiLjn/s>  5, 

hence  n  • . -  —  &  >  - ,  that  is,  ths  above -required  condition 

k  log  2  h  3 
oannot  be  achieved . 
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-o  .',v,  •>it»fcortion*'-  - ou id  be  «xocrt*.-*d  *r.  the  'Latter*  <.•*•?> 

‘je.y.i effect  c  t-be  high-? reaucr/ v  po^i--  of  ij-e  3 net* truer,. 

.u-oorr;  f  i  !  te*  ,  :apa!  1;-,  of  cutting  ou*  t'  e  high  frequences.  shotlj  Vt 
•is»fid  to  reiiio*'-  these  distortion.',  fve^surmert-  can  .too  made  at  If*.' 
frequencies  (up  tc  200-300  opr)  by  ?.  pi^zo  viorati  ■  pickup  «i*/  a 
relative'*;/  io«  natural  frequence  (l,h0o-?,000  cv*  > ;  >  abov  :■:  oh  tor:  vc 
sensitivity  of  such  a  vibration  pickup  crops  sharp!”',  a.',  a  consequents 
»f  which  the  high-frequency  portion  of  the  .•spectrum  bee?  not  affect  the 
read  j.,v .  fee  fact  that  such  vibratior.  piokupa  ha »*e  an  appreciable  ir.a£  * 
\s<fit  *Jr.an ter  •'.}  is  not  very  important  ir.  ti.in  case,  as  *.,!*•  actio--  of 
the  vibration  pickup  to  a  vlbrat,..ng  surface  at  low  ..  requeue  ies  is 
•'•elativnly  small  (see  formula  270}  Wide— band,  ” point'* -type,  inertia- 

lass  pieto-vibrati on  pickups  should  be  used  at-  higher  frequencies.  At 
those  frequencies  it  is  important  to  hav-'  a  ‘s-'lia'o"; contact  cetweer.  tr.c 
viorstior.  pickup  and  t.be  surface,  and  that  can  be  done  by  screwitf?  it  or. 
or  gluing  it,  or,  as  seme  authors  suggest ,  by  inserting  a  lead  gasket  cv 
an  oil  'layer. 

dC .  Ca  lib  rating  and  J becking  _!>'  uise-  and  Vibrat  ton -Vo  during  Apparatus 

One  of  the  conditions  for  accurate  .measurement '  us  the  proper 
taring  ar.fi  call ore ting  of ’the  measuring  circuits.  It  is  relatively 
easy  to  check  the  electrical  circuits  of  such  systems.  This  is  done  by 
means  of  the  caliorating  devices  Ideated  in  the  variuw?  loops  of  the 
circuit  (amplifiers,  recording  instruments,  analysers). 

Somewhat  more  complicated  is  the  call oration  and  checking  of  the 
electro-acoustical  transducers  in  the  sy.-tom,  nap ely  the  microphones  and 
vibration  pickups.  iheoret.icall.'  theiv*  calibraT.  -v  car  be  carried  out 
either  by  removing  them  from  vi*  electrical  system  and  using  an  electronic 
voltmeter  as  m  indicator  (a  step-by-step  call brat  von) .  or  by  calibrating 
teem  in  place  in  the  electrical  system  van  overall  calibration).  The 
latter  type  of  calibration  is  preferable  v>  practice  ,  as  it  automatically 
takes  into  account  the  possible  accidental  mismatch  of  electrical  im¬ 
pedances  at  the  connections  between  he  different  elements  in  the  system 
&  matter  which  affects  the  aenslti -'ity  characteristics  of  the  system  as 
a  whole. 
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Figure  216.  Calibrating  a  noise-measuring  device  by  the 
comparison,  method. 
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X oise-measuring  systems  can  >j  calibrated  and  checked  in  noise- 
measuring  chambers  of  the  typo  shown  in  figure  21.' »  Ordinarily  used 
for  this  purpose  is  the  comparison  wgttog  (Figure  214),  wheroby  the  sound 
level  registered  by  a  dev^ceT,  wi'leYTest,  is  compared  with  the  level 
indicated  by  the  calibrating  device  h.  An  output  device  consisting  of  a 
tonal  generator  1  (or  noise  generator  and  one- third  octave  filters), 
amplifier  2  and  wide-band  loudspeaker  3  is  used  to  produce  the  sound. 

The  calibrating  devices  themselves  are  calibrated  at  government  checking 
stations  by  a  Rayleigh  diac  or  by  primary  calibrating  microphones. 

Stationary  vibration  test  stands  as  well  as  portable  vibro-plates 
and  mechanic al  vibration  generators  are  used  to  calibrate  vibration  pick¬ 
ups,  In  contrast  to  the  procedure  for  noiae-meaauring  systems,  one  can 
find  the  characteristic*  of  absolute  sensitivity  for  vibration-measuring 
devices  without  the  uss  of  any  secondary  calibrating  instruments.  This 
is  done  by  comparing  the  values  of  the  parameter  to  which  a  pickup  placed 
upon  the  vibroplate  reacts  (vibrational  velocity  or  acceleration),  with 
the  reading  of  the  pickup.  Up  to  a  frequency  of  several  hundred  cycles 
per  second,  the  absolute  vibrational  amplitudee  of  too  pickup  on  a 
vibro-plate  can  be  measured  by  a  direct  reading  through  a  microscope. 

At  higher  frequencies,  use  is  made  of  interferometer  apparatus  or  calibra¬ 
tion  schemes  based  upon  the  method  of  reciprocity  ($8) . 

Vibrational  devices 
designed  to  calibrate  vibration 
meters  at  sonic  frequencies  (81, 
$8)  are  described  in  Russian 
technical  periodicals.  Figure 
21?  ahova  s  simple  electrodynsmlo 
device  of  that  typo  developed  by 
the  author  jointly  with  A.  N. 
Lapenko.  The  basis  of  the  in¬ 
strument  is  s  pair  of  powerful 
permanent  magnets  placed  one  on 
top  of  the  other.  Two  sound 
colls  linked  by  a  rigid  connec¬ 
tion  ere  pieced  in  the  clearances 
between  these  magnets.  Such  a 
vibro-plate  system  ensures  a 
strictly  piston-type  of  motion, 
that  is,  an  absence  of  trans¬ 
verse  or  rotational  displacements. 
The  vibration  plate  has  a  massive 
base,  and  is  installed  upon  an 
elastic  rubber  gasket  in  such  a  way  that  its  frequency  of  free  vibration 
on  the  gasket  lias  below  the  range  of  operating  frequencies . 


Figure  217.  A  piston-' ,ype  vibro-plate 
for  the  absolute  calibration  of 
vibrometers  at  low  and  medium  sonic 
frequencies , 
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The  vibration  pickup  which  '  <  be.i tes  -yj,  visible  in  the  figure, 
is  screwed  on  to  the  plata  above  the-  upcer  sound  boil.  The  vibrations 
of*  the  pickup  can  tie  observed  threugo  a  mvoroecone  fo-usea  on  one  of  the 
shiny  lots  on  the  lateral  surface  of  the  probe  v-sfuch  dots  can  be  made  by 
touching  the  surface  with  Tine  emery  e^rth) .  when  the  vibration  plate 
"is  excited,  the  luminous  dots,  „s  seen  through  tun  microscope's  eye¬ 
piece,  stretch  out  Into  bands  or  .arrow  ellipses  whose  vertical  diwen- 
uio n,  indicated  on  the  eyepiece  scale,  corresponds  to  the  doable  amplitude 
of  fcr  pickup’s  vibrations.  A  reading  of  the  pickup’s  meter  can  be  taken 
at  the  same  time,  or  *»-  if  the  ?>ensitivity  of  a  separately  installed 
vibration  pickup  is  being  measured  —  a  reading  of  a  hip h -resistance 
electronic  voltmeter  connected  to  the  vibration  pickup  can  be  taken.  The 
above-described  simple  instrument  for  calibrating  vibration  pickups  up  to 
a  frequency  of  U0O-500  cycles  per  second  can  asily  be  produced  in  any 
plant  laboratory, 

The  sensitivity  of  v.oiae-  and  vibiatl on-measuring  devices  must 
be  controlled  not  only  during  the  preparations  for  measurements  but  also 
during  the  course  of  such  measurements. 

When  usin'  noise-meay ur tag  devises,  such  control  can  be  maintained 
by  the  introduction  of  standard  sources  of  sound  (pisirnphonea,  “ball 
clocks'1)  for  checking  the  noise  gages. 

A  similar  principle  of  comparison  with  a  mow  or  less  constant 
source,  of  vibration  can  be  applied  also  to  vibra uion -measuring  devices. 

A  well -isolated  metal  plate  on  which  is  installed  a  harrier  vibrator  with 
a  con..tant  rpm  of  its  driver  could  be  used  as  a  standard  source  of  sonic 
vibration.  A  standardized  vibration  pickup,  securely  fastened  to  a 
precisely  fixed  spot  on  the  metal  plate  and  not  participating  in  the 
measurements,  can  be  used  to  maintain  additional  control  over  the  vibra¬ 
tion  level.  The  readings  of  .hat  vibration  pickup  car.  be  compared  with 
the  readings  of  the  working  pickups  when  they  are  periodically  placed 
on  the  plate  (also  at  precisely  fixed  points). 
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